
Wilbert F.   to em 



IMIUSTRIAL 
REFRIGERATION 

HANDBOOK 



Other McGraw-Hill Books of Interest 

CHEN and DEMSTER Variable Air Volume Systems for 
Environmental Qualily 

GLADSTONE and HUh4PHREYS Mechanical Estimating 
Guidebook for HYAC 

GLADSTONE et a1 W A C  Testing. Adjusting, and Balancing 
Field Manual 
GRlMM and ROSALER HYAC Systems and Components 

Handbook 
HAINES and WILSON W A C  Systems Design Handbook 
HARTMAN Direct Digital Controls for W A C  Systems 
LEVENHAGEN and SPETHMANN W A C  Controls and Systems 
MULL W A C  Principles and Applications Manual 
PARMLEY W A C  Design Data Sourcebook 
RlSHEL W A C  Pump Handbook 
ROSALER W A C  Maintenance and Operations Handbook 
SUN Air Handling Systems Design 
WANG Handbook of Air Conditioning and Refrigeration 

To order or receivc ~ i t i o ~ l  information on rhese or any other 
M&~w-Hill titles, in the United Sta fes please call 1-800-7224726. 
In other ccnmhies, contact your Iwal Mdirow-Hill representative. 



INDUSTRLAL 
REFRIGERATION 

HANDBOOK 

Wilbert F. Stoecker 

McGraw-Hill 
N m  York San Fnncuco Wubington, D.C. Auclrtnd Bogota 

C a n w s  Lubon London .Madrid Mexico City MiLn 
Montreal New Delhi San Juan Singapore 

Sydney Tokyo Toronto 



Library of Congress Cataloging-in-Publication Data 

Stoecker, W. F. (Wilbert F.) 
Industrial refrigeration handbook I Wilbert F. Stoecker. 

p. cm. 
Updated ed. of: Industrial refrigeration. ~1988-~1995.  
Includes index. 
ISBN 0-07-06 1623-X (alk. paper) 
1. Refrigeration and refrigerating machinery. 1. Stoecker, W. F, 

(Wilbert F.) Industrial refrigeration. II. Title. 
TP492.S788 1998 
62 1.5'6-4~2 1 97-47344 

CIP 

Copyright Q 1998 by the McGraw-Hill Companies, Inc. All rights 
resewed. Printed in the United States of America Except as permitted 
under the United States Copyright Act of 1976, no part of this 
publication may be reproduced or distributed in any form or by any 
means, or stored in a data base or retrieval system, without the prior 
written permission of the publisher. 

ISBN 0-07-06 1623-X 

The sponsoring editor /or this book was Harold 3. Crawford, the 
editing supervisor was Paul R. Sobel, and the production supervisor 
was Tina Cameron. It was set in Times Roman by Wiibert F. Stoecker. 

Printed and bound by R. R. Donneiiey & Sons Company 

Information contained in this work has been obtained 
by The McGraw-Hill Companies, Inc. -("McGraw- 
Hill") from sources believed to be reliable. However, 
neither McGraw-Hill nor its authors guarantee the 
accuracy or completeness of any information 
published herein and neighter McGraw-Hill nor its 
authors shall be responsible for any errors, omissions, 
or damages arising out of use of this information. 
This work is published with the understanding that 
McGraw-Hill and its authors are supplying 
information but are not attempting to render 
engineering or other professional services. If such 
services are required, the assistance of an appropriate 
professional should be sought. 

. 
This book is printed on recycled, acid-free paper containing a 
lninimum of 50% recycled, de-inked fiber. 



CONTENTS 

PREFACE 

\s 1 THE FIELD OF INDUSTRIAL 
REFRIGERATION 

Industrial refrigeration as distinguished from comfort 
air conditioning 
What is industrial refrigeration? 
Refrigerated storage of unfrozen foods 
Frozen food 
Refrigeration in food processing 
Freeze drying 
Industrial air conditioning 
Refrigeration in manufacturing plants 
Refrigeration in construction 
Ice rinks and facilities for other winter sports 
Refrigeration in the chemical industry 

,/ 2 PROPERTIES, CYCLES AND UNITS 
2.1 Using SI units 
2.2 Some base and derived SI units 
2.3 Conversion between SI and I-P units 
2.4 Conversions of temperature, enthalpy, and entropy 
2.5 Some important SI constants 
2.6 Refrigerant properties 
2.7 Two kinds of pressure: gauge and absolute 
2.8 Saturation temperatures and pressures 
2.9 Density and specific volume 
2.10 Enthalpy 
2.11 Superheated vapor and subcooled liquid 



vi INDUSTIUAL REFRIGERATION HANDBOOK 

The pressure-enthalpy diagram 
Saturated liquid and vapor lines 
Lines of constant temperature 
Specific volume 
Entropy 
The ideal refrigeration cycle-the Carnot cycle 
Achieving the Carnot cycle with a real refrigerant 
Efficiency of a refrigeration cycle-the coefficient of 
performance 

2.20 Conditions for high COP of the Carnot cycle 
2.21 Steady-flow energy equation 
2.22 State of refrigerant expressed by quality 
2.23 Analysis of a Carnot cycle using refxigerant enthdpies 
2.24 Refrigeration capacity expressed in I-P units-tons of 

refrigeration 
2.25 Dry versus wet compression 
2.26 Throttling valve versus an expansion engine 
2.27 The standard vapor-compression cycle 
2.28 Horsepower per ton 
2.29 Variations in the standard vapor-compression cycle 
2.30 Usefulness of the thermodynamic foundation 

, 3 MULTISTAGE SYSTEMS 
3.1 Multistage compression in industrial refrigeration 
3.2 Losses in the expansion valve process 
3.3 Flash-gas removal 
3.4 Liquid subcooling 
3.5 Interstage desuperheating-intercooling 
3.6 Analysis of the intercooling process 
3.7 Intercooling in an oil-cooled screw compressor 
3.8 Two evaporator-temperature levels and one compressor 
3.9 Standard two-stage system with one evaporating 

temperature 
3.10 Refrigerant flows in a flash tank/intercooler 
3.11 Optimum intermediate pressure 
3.12 Twestage compression with two temperature levels of 

evaporation 
3.13 Shortcuts in multistage system design calculations 
3.14 Compressor selection and control 
3.15 Side port of a screw compressor for liquid subcooling 
3.16 Deciding between single- and two-stage compression 
3.17 Groundwork now laid 

! 4 RECIPROCATING COMPRESSORS "/ 
4.1 Types of compressors 
4.2 The role of reciprocating compressors 
4 . 3  An overview of the performance of reciprocating 

compressors 
4.4 Effect of the evaporating temperature on volumetric 

efficiency 



CONTENTS 

Influence of evaporating temperature on refrigerating 
capacity. 
Influence of condensing temperature on refrigerating 
capacity 
Power required by a reciprocating compressor 
Adiabatic compression efficiency 
Effect of evaporating and condensing temperatures on 
system efficiency 
Effect of liquid subcooling on catalog ratings 
Effect of superheating of suction vapor on catalog 
ratings 
Pressure drop between evaporator and compressor 
Construction details 
Maximum pressure ratios and pressure differentials 
Discharge temperatures and water-cooled heads 
Lubrication and oil cooling 
Compressor speed 
Capacity regulation 

5 SCREW COMPRESSORS 
Types of screw compressors 
How the screw compressor works 
Performance characteristics of a basic screw compressor 
Adiabatic compression efficiency of a screw compressor 
Effect of evaporating and condensing temperatures on 
refrigerating capacity 
Pressure drop between evaporator and compressor. 
Catalog specifications of liquid subcooling and suction 
superheating 
Capacity control and part-load performance 
Variable-speed drive of screw compressor 
Variable volume ratio compr&ssors 
Oil injection and separation 
Oil cooling methods 
Oil cooling by refrigerant injection 
Oil cooling with a thermosyphon heat exchanger 
Economizer circuit using a side port 
The screw compressor a s  the low-stage compressor 
Vibration and noise 
Screw compressor packages 
Motor selection 
The place of the screw compressor in the market 
Maintenance and service of screw compressors 
Single-screw compressors 

6 EVAPORATORS-AIR COILS AND LIQUID 
i /  CHILLERS 

6.1 Where the refrigeration load enters the system 
6.2 Types of evaporators 



. . . 
Vlll  INDUSTRIAL REFRlGERATlON HANDBOOK 

Evaporator heat transfer 
Extended surface (fins) 
Temperature difference: between entering fluid and 
mkiger an t 
Refrigerant boiling inside tubes 
Methods of supplying refrigerant to evaporators-direct 
expansion, flooded evaporators and liquid recirculation 
Optimum evaporating temperatures 
Construction of air coils 
Definition of terms applied to air coils 
Properties of air-the psychrometric chart 
Dew-point temperature 
The straight-line law 
Condition of air passing through a coil 
How selection and operation of a coil affect its 
performance 
Selecting an air coil from a catalog 
Humidity control in refrigerated rooms 
Fan and motor performance and selection 
The number and placement of coils 
Frosting of low-temperature coils 
Methods of defrost 
Hot-gas defrost 
Provisions external to the defrost control group 
Procedures for a safe hot-gas defrost 
Water defrost 
Aluminum versus steel coils for ammonia 
Direct-expansion ammonia coils 
Antifreeze-sprayed coils 
Shell-and-tube evaporators 
Sprayed tube liquid chillers 
Plate-type evaporators 

i 7 CONDENSERS 
7.1 Types of condensers used in industrial refrigeration 
7.2 The  condensing process 
7.3 Condensation inside tubes 
7.4 Heat-rejection ratio 
7.5 Performance of air and water-cooled condensers 
7.6 Cooling towers 
7.7 Evaporative condensers 
7.8 Nominal sizes and rates for evaporative condensers 
7.9 Comparison of evaporative c~ndenser  with the 

water-cooled condenser and cooling tower combination 
7.10 Influence of wet-bulb temperature on evaporative 

condenser capacity 
7.11 Catalog selection-two methods 
7.12 Capacity control 
7.13 Capacity control-varying the flow rate of spray water 



7.14 Capacity control-varying the air flow rate 
7.15 Judicious reductions in air-flow rate 
7.16 Subcooling the refrigerant in the condenser 
7.17 Positioning the condenser 
7.18 Winter operation of evaporative condensers. 
7.19 Purging the condenser of air 
7.20 Intentional subcooling in a condenser 
7.21 Piping of high-pressure receivers 
7.22 Draining condensatmingle condenser 
7.23 Pressure profiles in a condenser 
7.24 Draining condensate-parallel condensers 
7.25 Draining condensate-thermosyphon oil cooling 
7.26 Size of equalizer lines and thermosyphon vapor lines 
7.27 Supplementary cooling requirements provided by 

evaporative condensers. 
7.28 Water treatment in evaporative condensers 
7.29 The condenser as a part of the system 

8 LIQUID RECIRCULATION 
,/" 8.1 Liquid recirculation and liquid overfeed 

8.2 Mechanical pumping and gas pumping 
8.3 Advantages and disadvantages of liquid recirculation 
8.4 Circulation ratio 
8.5 Top feed versus bottom feed of refrigerant 
8.6 Mechanical pump system 
8.7 Positive-displacement pumps 
8.8 Centrifugal pump--open type 
8.9 Net-positive-suction head (NPSH). 
8.10 Centrifugal pump-hermetic 
8.11 Piping features surrounding the pump. 
8.12 The liquid distribution system and pump selection 
8.13 Pumping liquid refrigerant with gas pressure-the 

twc-pumping vessel system 
8.14 Gas pumping-the controlled-pressure receiver 
8.15 Energy analysis of gas pumping 
8.16 Relative merits of gas and mechanical pumping 
8.17 When to choose liquid recirculation 

i/ ," 9 REFRIGERANT PIPING 
9.1 Size and configuration of pipe 
9.2 Categories of piping 
9.3 Pressure drop of fluids flowing in circular pipes 
9.4 Pressure-drop determinations using charts 
9.5 Optimum pipe size 
9.6 Pressure drop in fittings 
9.7 Drop in saturation temperature as selection criterion 
9.8 Selecting the pipe size 
9.9 Rise in elevation of liquid flowing in a pipe 
9.10 Downward sloping pipe 
9.11 Avoiding drainage to compressors and to evaporators 



x INDUSTRIAL REFRlGERATTON HANDBOOK 

9.12 Liquid content in horizontal Iiquidlvapor return lines 
9.13 Suction risers in direct-expansion halocarbon systems 
9.14 Sizing the liquid/vapor return line 
9.15 Lifting Iiquid from the evaporator in vertical risers 
9.16 Pipe safety 
9.17 Choice of materials for refrigerant piping 
9.18 Pipe insulation 
9.19 Piping in perspective 

J' 10 VESSELS 
10.1 Vessels in industrial refrigeration systems 
10.2 Levels in liquid reservoirs 
10.3 Volume of liquid in a partially filled horizontal vessel 
10.4 Liquid/vapor separation-vertical vessel 
10.5 Liquidlvapor separation-horizontal vessel 
10.6 High-pressure receiver 
10.7 Flash-tankldesuperheaters 
10.8 Low-pressure receiver 
10.9 Surge drum for a flooded evaporator 
10.10 Suction-line accumulator 
10.11 Thermosyphon receiver 
10.12 Oil pots 
10.13 Separation enhancers 
10.14 Vessel sizing in perspective 

11 VALVES AND REFRIGERANT CONTROLS 
! ,' 11.1 Types of valves 

11.2 Manual shutoff valves 
11.3 Manual expansion or balancing valves 
11.4 Check valves 
11.5 Solenoid valves-direct-acting 
11.6 Solenoid valves-pilot-operated and 

gas-pressure-operated 
11.7 Gas-powered suction stop valves 
11.8 Pressure-regulating valves: direct-acting, pilot-operated, 

and externally compensated 
11.9 Liquid level controls-high- and low-side float valves 
11.10 Liquid level controls-mechanical and float switch 
11.11 Liquid level controls-apacitance level sensor 
11.12 Proper placement of the float chamber 
11.13 Superheat-controlled expansion valves (thermo or T X  

valves) 
11.14 Superheat-controlled valves for industrial refrigeration 
11.15 Valve and control selection 

1 2  REFRIGERANTS 
12.1 CFCs and the upheaval in the refrigeration industry 
12.2 The  ozone layer and global warming 
12.3 Numerical designations of refrigerants 
12.4 Refrigerant blends 



12.5 Azeotropic mixtures 
12.6 Saturation pressures and temperatures 
12.7 Physical properties 
12.8 Low-temperature halocarbon refrigerants 
12.9 Cycle performance 
12.10 Safety of refrigerants 
12.11 Compatibility with the materials refrigerants contact 
12.12 Which refrigerants will serve industrial refrigeration in 

the future? 
12.13 Ammonia vs. HCFC-22 

13 SAFETY 
13.1 Safety is paramount 
13.2 Safety considerations for ammonia plants compared to 

those using halocarbons 
13.3 Overview of ANSIIASHRAE Standard 15-94 
13.4 Additional codes 
13.5 Vessels 
13.6 Piping and valves 
13.7 Relief devices 
13.8 Ventilation of machinery rooms 
13.9 Fire protection in refrigerated. warehouses 
13.10 Leak detection and ammonia sensors 
13.1 1 Personal protection against ammonia 
13.12 Discharge of ammonia-directly to atmosphere 
13.13 Discharge of ammonia-absorption in water 
13.14 Discharge of ammonia-flaring 
13.15 Large releases of ammonia 
13.16 Beyond the codes 
13.17 A plant safety plan 

14 ELECTRICAL CONTROL AND 
INSTRUMENTATION 
14.1 Instrumentation and control 
14.2 Ladder diagram symbols 
14.3 Ladder diagrams 
14.4 Ladder diagram for a screw compressor 
14.5 1,mplementing the ladder diagram 
14.6 Instrumentation for monitoring a refrigeration plant 
14.7 The rise of computer monitoring and control 
14.8 Levels of understanding and performance 
14.9 How a monitoring and control system functions 
14.10 Temperature transducers 
14.11 Pressure transducers 
14.12 Status indicators 
14.13 Forms of communication between the computer and 

sensors or actuators 
14.14 Digital- teanalog and analog-tedigital conversion 
14.15 Parallel communication-numbers and characters 



xii INDUSTRIAL REFRIGERATION HANDBOOK 

14.16 Serial data transmission, RS-232 and RS-422 
14.17 Modems 
14.18 The computer system as a communicator 
14.19 Actuators 
14.20 Proportional-integral control mode 
14.21 Programmable controllers 
14.22 Refrigeration applications vs. building automation 

systems 
14.23 Power outages 
14.24 Piping and instrumentation diagrams 

15 LUBRICATION AND OIL HANDLING 
15.1 Oil in the refrigeration system 
15.2 Some types of refrigeration oil 
15.3 Some terms used to characterize oils 
15.4 Viscosity 
15.5 Solubility of refrigerants in oils 
15.6 Solubility of R-22 in mineral oils and its implications 
15.7 Effect of oil on heat transfer in ammonia and R-22 

evaporators 
15.8 contaminants in oil 
15.9 Coalescing oil separators 
15.10 Removing oil from the low side of the ammonia system 
15.11 Removing the oil from the low side of a halocarbon 

system 
15.12 Oil that is soluble in ammonia 
15.13 Oil for CFC and HCFC alternatives 

16 CONSERVATION, RECLAIM, AND 
STORAGE OF ENERGY 
16.1 Designing the plant to conserve energy 
16.2 Other design decisions affecting energy requirements 
16.3 Operation and maintenance of the system to conserve 

energy 
16.4 Heat reclaim 
16.5 Sources and potential needs of heat 
16.6 Matching the heat source with the need 
16.7 Preheating water with heat from both desuperheating 

and condensation 
16.8 The influence of the heat exchanger and its design on 

the performance of the system 
16.9 Elevating the condensing temperature to recover heat 
16.10 Evaluating a potential heat-reclaim project 
16.11 Leveling the refrigeration load 
16.12 The ice builder i n d s  freezingTphase 
16.13 Savings in energy costs translatable t o  profits 

17 THE REFRIGERATION AND FREEZING OF 
FOOD 
17.1 What the refrigeration engineer needs to know 



... 
CONTENTS X l l l  

17.2 Storage temperatures recommended for unfrozen fruits 
and vegetables 

17.3 Relative humidity 
17.4 Cooling rates with forced air cooling 
17.5 Cooling and storage of unfrozen meat and poultry 
17.6 Removal of field heat from fruits and'vegetables by 

hydrocooling 
17.7 Vacuum cooling 
17.8 Refrigeration of unfrozen dairy products 
17.9 Refrigeration of bakery products 
17.10 The freezing process 
17.11 Freezing equipment 
17.12 Storage temperatures for frozen food 
17.13 Product refrigeration loads 
17.14 Freezing rates 
17.15 Cryogenic freezing 

18 REFRIGERATION LOAD CALCULATIONS 
18.1 Multiple purposes of load calculations 
18.2 Heat transfer through single materials 
18.3 Conductance 
18.4 Convection and the convection coefficient 
18.5 The resistance concept 
18.6 Overall heat-transfer coefficients for walls, roofs, and 

floors. 
18.7 Wall and roof panels 
18.8 Design temperatures 
18.9 Infiltration through open doorways 
18.10 Inhibiting infiltration loads 
18.11 Calculating the refrigeration load for docks 
18.12 Load from lights, motors, people, and other internal 

loads 
18.13 Deirost .heat 
18.14 Product load 
18.15 Load calculations in perspective 

19 REFRIGERATED STRUCTURES 
19.1 Refrigerated enclosures 
19.2. Space planning 
19.3 Insulation 
19.4 Vapor barriers 
19.5 Characterizing vapor barriers. 
19.6 Prevention of frost heaving by underfloor heating 
19.7 Preventing condensation in high-humidity rooms 
19.8 Doors 
19.9 Construction methods 
19.10 Roof and wall/roof sections 
19.11 Floor and wall/floor sections 
19.12 Columns 
19.13 Convertible spaces 



xiv INDUSTRIAL REFRIGERATION HANDBOOK 

20 SECONDARY COOLANTS-BRINES AND 
ANTIFREEZES 
20.1 Secondary coolants 
20.2 Phase diagram of a secondary coolant 
20.3 Freezing temperature 
20.4 Sodium chloride 
20.5 Calcium chloride 
20.6 Ethylene glycol. 
20.7 Propylene glycol 
20.8 Polydimethylsiloxane 
20.9 D-limonene 
20.10 Other secondary coolants. 
20.11 Incentives for new developments in secondary coolants 

21 REFRIGERATION BELOW -40 DEGREES 
21.1 Refrigeration at temperatures below -40 degrees 
21.2 Some applications of low-temperature refrigeration 
21.3 Systems and refrigerants 
21.4 Multistage systems 
21.5 Cascade system 
21.6 Fade-out vessel 
21.7 Choosing the type of evaporator. 
21.8 Autocascade systems 
21.9 Heat-transfer fluids 
21.10 Heat-transfer coefficients 
21.11 Oil handling 
21.1 2 Insulation 
21.13 Materials 
21.14 Documenting the design, constructing, and operating 

procedures 

APPENDIX 
INDEX 



PREFACE 

This Industrial Refrigeration Handbook is a combination and update of 
Volume I (1988) and Volume I1 (1995) Industrial Refrigeration, first published 
by Business News Publishing Company. The agreement between the original 
publisher and the McGraw-Hill Book Company has allowed all of the material 
to be consolidated into one book and has offered yet another possibility to provide 
new editions, particularly of Volume I. 

The response to Volumes I and I1 has been gratifying. At least a portion 
of this acceptance has been due to these books being the only comprehensive 
books devoted to industrial refrigeration. In writing the first volume, the author 
was forced to make a selection of chapter topics and stop a t  some point in order 
to maintain a manageable book size. There were a number of additional subjects 
that  merited inclusion, so a second volume had always been anticipated. Now 
the entire work appears under one cover. 

The Industrial Refrigeration Handbook continues to target as its audience 
industry professionals, whether they are designers, contractors, operators, man- 
ufacturers of components, or sales and application engineers. The book concen- 
trates on practice, but also chooses the fundamentals that  provide the skeleton 
onto which the flesh of applications hang. In the world of operating plants, theory 
is often dismissed as an unnecessary parlor game. This book attempts to counter 
this impression by showing that  the combination of theory with field observa- 
tions and practical experience enhances the ability to explain the behavior of 
systems and solve operating problems. Without the framework of theory a new 
specific answer must be found for each new problem rather than being able to 
propose an entire group of solutions based on fundamental principles. 

The author cannot claim personal credit for most of the ideas and a p  
proaches in this book. Most of the facts presented in this book are known to 
someone else or even a number of people. The book attempts to bring a body of 
this dispersed knowledge together in an organized form. Much of the substance 
of this book flows from following the North American and European literature 
on industrial refrigeration and from close contact and perpetual questioning of 
some of the outstanding professionals in the field of industrial refrigeration. 
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Because the book embraces the experience of so many practicing profession- 
als, any effort to acknowledge all whose ideas are incorporated in this book will 
omit many names. There are, however, members of four groups who have been 
rich sources of experience. These organizations are the International Institute of 
Refrigeration, with headquarters in Paris, whose meetings have always enjoyed a 
strong emphasis on topics in industrial refrigeration and bring worldwide results 
from research and field experience into print. The second group is represented in 
the refrigeration committees of the American Society of Heating, Refrigerating 
and Air-Conditioning Engineers (ASHRAE). Especially valuable has been my 
association with the International Institute of Ammonia Refrigeration (IIAR) as 
Scientific Advisor for twelve years and member of the Research Committee. The 
members, officers, and Board of Directors of IIAR are a collective authority on 
industrial refrigeration. The final association that  has been valuable in exposing 
issues and topic that appear in many locations of the book is my role in the semi- 
annual Industrial Refrigeration Workshop. As associate director and one of the 
presenters in this week-long course, the opportunity to  learn from the research 
of the other university staff members, the current practice and experience of the 
industry instructors, and the field problems confronted by the participants in 
the workshop are a gold mine of knowledge. 

Chapter 1, The Field of Industrial Refrigeration, presents a panorama of the 
wide, but still generally recognized, segments of industrial refrigeration. Chap- 
ter 2, Properties, Cycles and Units, first covers SI units, which are used by 
most of the world and slowly being adopted in the United States. The major 
portion of this chapter focuses on the thermodynamic principles surrounding re- 
frigeration. Chapter 3 concentrates on multistage, expecially twestage, systems 
because they are so commonly used in the low-temperature systems typical of 
industrial refrigeration. 

The next several chapters concentrate on the major components found in 
all refrigeration systems, namely compressors, evaporators, and condensers. Two 
major types of compressors serve the field of industrial refrigeration, reciprocat- 
ing compressors (Chapter 4) and screw compressors (Chapter 5). The two major 
types of evaporators are air coolers and liquid coolers, which are dealt with in 
Chapter 6. Low-temperature air-cooling evaporators becomes frosted and thus 
require periodic defrost, which is usually accomplished by hot gas in industrial 
systems. The most popular type of condenser in industrial refrigeration service 
is the evaporative condenser, which is the emphasis of Chapter 7. 

The next group of chapters connect the major components. Chapter 8, 
Liquid Recirculation, explains and analyzes a popular method of distributing 
refrigerant to the various locations throughout the plant. Chapter 9 explores the 
unique piping requirements in industrial refrigeration, and Chapter 10 addresses 
vessels. Vessels are common in industrial refrigeration and not, for example, in 
large air conditioning systems. Chapter 11 shows the wide range of valves and 
refrigerant controls needed for effective operation of the plant. 

The chapter on refrigerants, now Chapter 12, has been completely rewritten 
in this and the predecesor editions, because the greatest upheaval in the history 
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of the refrigerant indhstry has been the need to convert from CFCs to non-ozone- 
depleting refrigerants. Chapter 13 concentrates on safety, which is a requirement 
in using all refrigerants, but especially in systems using ammonia, which is the 
most widely used refrigerant in industrial refrigeration. The development of the 
microprocessor has profoundly affected all industrial operations, and Chapter 
14, Electrical Control and Instrumentation outlines the impact on industrial 
refrigeration systems. The special provisions needed in industrial refrigeration 
for lubricating the compressors and handling the oil are studied in Chapter 15, 
and the perennial objective of operating the plant in an energy-efficient manner 
is considered in Chapter 16. 

The most significant application of industrial refrigeration is in the refiig- 
eration and freezing of food and how the refrigeration plant serves these roles 
and the special equipment needed are examined in Chapter 17. Proper design 
of the industrial refrigeration plant demands an accurate calculation of the re- 
frigeration load, and these procedures are shown in Chapter 18. Buildings and 
spaces operating a t  low temperature require special treatment, as described in 
Chapter 19. For many years the field of brines and antifreezes has been stable 
and even static, but in the last few years new secondary coolants have been 
developed and these may open new applications (Chapter 20). The final text 
chapter, Chapter 21, addresses the subsection of industrial refrigeration, namely 
the ultra-low-temperature systems which bring a new set of requirements not 
normally encountered in conventional industrial refrigeration. 

The appendix is intended to be more complete than most refrigeration 
books to bring into one location the thermodynamic data of the most-used in- 
dustrial refrigerants. 

W. F. Stoecker 
Professor Emeritus, University of Illinois 

1997 
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CHAPTER 

THE FIELD OF 
INDUSTRIAL 

REFRIGERATION 

1.1 INDUSTRIAL REFRIGERATION 
AS DISTINGUISHED FROM COMFORT 
AIR CONDITIONING 

Both air conditioning and industrial refrigeration have a common objective, cool- 
ing some substance. Both types of systems are constructed of common hardware- 
compressors, heat exchangers, fans, pumps, pipe, duct, and controls. The pre- 
dominant working fluids are air, water, and refrigerants. A refrigeration system 
is an integral part of both systems. 

While much is shared by both fields, there are enough differences in the 
systems, components, design practices, and business methods to justify separate 
treatment of industrial refrigeration. By almost every standard, the size of the 
comfort air conditioning industry dominates over industrial refrigeration, includ- 
ing the number of units sold and installed, gross monetary sales, and the number 
of engineers and technicians employed. Nevertheless, industrial refrigeration is 
a lively business of significant size, provides many technical challenges to its 
practitioners, and serves a crucial role in industry and society. 

While there is always a danger in isolating one's area of technical activ- 
ity and thus losing the input from related fields, industrial refrigeration should 
not be considered a branch of comfort air conditioning. Industrial refrigeration 
is characterized by special rather than standard jobs, and the fraction of total 
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cost devoted to  engineering and design usually is higher than with air condi- 
tioning. Many problems can occur in the lower temperatures typical of indus- 
trial refrigeration plants that  do not occur in the usual comfort air conditioning 
temperatures. The refrigeration plant for an air- conditioning system is usu- 
ally a factory-assembled package ready for connection to electrical, water, and 
air services. In industrial refrigeration, built-up systems are more common than 
complete packages because of the great variety of installations. 

Another distinguishing feature is that industrial refrigeration systems usu- 
ally consist of parallel compressors, condensers, and evaporators in contrast t o  
packages with one of each of these components serving a comfort air condition- 
ing assignment. When an industrial refrigeration plant is expanded, i t  is usually 
done by installing an additional compressor, condenser, and/or evaporator. 

Another comparison is that air conditioning systems are usually character- 
ized by duct networks carrying air and piping networks carrying water. Industrial 
refrigeration systems only occasionally employ air duct networks, but commonly 
incorporate extensive refrigerant distribution networks. 

This chapter continues with an exploration of the activities encompassed 
by industrial refrigeration, then briefly describes some of the refrigeration as 
signments that illustrate the rich diversity of applications. 

1.2 WHAT IS INDUSTRIAL 
REFRIGERATION? 

One characteristic of industrial refrigeration is the temperature range it em- 
braces. While evaporating temperatures may be as high as 15OC (60°F), the 
range extends down to about -60' or -70°C (-76' or -94'F). At temperatures 
much lower than about -70°C (-94OF) another industry called cryogenics takes 
over, producing and using liquefied natural gas, liquid nitrogen, liquid oxygen, 
and other low-temperature substances. If industrial refrigeration were described 
as the refrigeration that occurs in the food, chemical, and process industries, then 
probably two- thirds of the applications would be covered. Figure 1.1 shows the 
machine room of a refrigerated warehouse, which is one of the many examples of 
industrial refrigeration in the food industry. Another significant application ex- 
ists in the manufacturing industry and in laboratories where special conditions, 
especially low temperatures, must be maintained. While the low temperature 
range may be the best single means of characterizing industrial refrigeration, 
some industrial heat pumping applications that reject heat at  much higher tem- 
peratures than ambient could also be called industrial refrigeration. 

The remainder of this chapter briefly describes some of the major applica- 
tions of industrial refrigeration in food processing and preservation and in the 
chemical, process, and construction industries. 
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FIGURE 1.1 
The machine room of a refrigerated warehouse that maintains a temperature of -23.S°C 
(-10°F) in the spaces where frozen food is stored. ( T h e  I faske l l  C o m p a n y )  

1.3 REFRIGERATED STORAGE OF 
UNFROZEN FOODS 

The shelf life of most foods is enhanced by storage a t  low temperatures. Figure 
1.2 shows the shelf life of several food products as a function of temperature1. 
The life of all products shown increases as the storage temperature drops, but for 
certain food products, such as bananas and certain kinds of apples, the optimum 
storage temperature is higher than the freezing temperature. For the products 
shown in Figure 1.2 and for most meats, fish, fruit, and vegetables, the storage life 
can be prolonged by maintaining the product at  low temperatures. Many foods 
are stored in the unfrozen state and rarely are frozen, for example, bananas, 
apples, tomatoes, lettuce, cabbage, potatoes, and onions. The optimum storage 
temperatures of several products, from the perspective of both preservation and 
economy, are shown in Table 1.1. Some fruits can be stored at  temperatures 
slightly below O°C (32OF) without freezing, because the water in the fruit is 
in solution with sugars and other substances providing a lower freezing point 
than O°C (32OF). Certain meat and poultry products maintain their quality 
better when stored superchilled at temperatures about -l°C (3Q°F) a t  which 
temperatures they remain unfrozen. 

Immediately following harvest, the fruits or vegetables are often warm. 
While the products would cool eventually if stored in a refrigerated room, the 
rate of such cooling might be too slow. Sometimes a precooling process3 (dis- 
tinguished from room cooling) is applied. Forced air cooling, application of ice, 
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FIGURE 1.2 
Rough indication of shelf life of several food products at various temperatures. The products 
are (1) chicken, (2) lean fish, (3) beef, (4) bananas, (5) oranges, (6) apples, (7) eggs, and (8) 
applies stored in controlled carbon dioxide atmosphere. 

hydrowoling where the product is inundated with chilled water, and vacuum 
cooling are examples of methods of post-harvest cooling. These methods are ex- 
amined further in Chapter 17, The Refrigeration and Freezing of Food. Vacuum 
precooling is one of the methods used wherein a load of product, such as lettuce, 
is placed into a chamber and a vacuum pulled until a small amount of liquid wa- 
ter on the leaves evaporates. The process provides rapid internal cooling of the 
lettuce head. Sometimes refrigeration plants are loaded on truck trailers (Figure 
1.3) and moved to growing areas during the harvest season. 

1.4 FROZEN FOOD 

The history of frozen food goes back to middle 1800's. As early as 1861 fish was 
frozen with ice and salt and stored for 8 to 10 months. The first successful ocean 
shipment of frozen meat was on the French ship Paraguay in 1878 when i t  sailed 
from Buenos Aires to France. In 1880 the S.S. Strathleuen transported a load 
of frozen meat from Australia to  England. In North America during a scientific 
expedition to Labrador in the years 1912-1915 expedition member Clarence Bird- 
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TABLE 1.1 
Recommended storage temperatures for severd unfrozen food products2. 

seye noticed that  fish frozen at  subzero temperatures maintained their quality 

Storage temperature 

for long periods of time. 

Product 

Apples 
(some varieties) 

Avacdos 

Bananas 

Cabbage 
Cheese 
Lettuce 

Pears 
Poultry 
Strawberries 
Tomatoes 

The  modern era for frozen foods began with the discovery of quick freezing. 
By freezing the product within several hours (or several minutes in the case of 
food in small particles) rather than days, the build-up of microscopic ice crystals 
in the interior of the product is avoided. The frozen food market in the U.S. has 
grown from 180,000 kg (400,000 Ib) in 1942 to  6 billion kg (13 billion Ib) in 1995. 

Popular methods of freezing food include air-blast freezing (where low- 
temperature air passes a t  high velocity over food packages), contact freezing 
(packed or unpacked food is placed between refrigerated plates), immersion freez- 
ing (food is immersed in low-temperature brine), belt freezers which force low- 

C 

- 1 to -0.5 

3 to 4 

4 to 13 

13 to 14 

0 

0 to 1 

0 to 1 

- 2 to 0 

-1 to 2 

-0.5 to 0 

3 to 4 

temperature air a t  high velocity from underneath the belt, spiral freezers where 

(OF) 
(30 to 31) 

(38 to 40) 

(40 to 55) 

(56 to 58) 

(32) 
(32 to 34) 

(32 to 34) 

(29 to 31) 

(30 to 35) 

(31 to 32) 

(38 to 40) 

the product is conveyed on a conveyer belt within a low-temperature chamber, 
and cryogenic freezing using liquid carbon dioxide or nitrogen. 

In the distribution chain, frozen foods must be stored, perhaps first in large 
refrigerated warehouses, then later in small quantities near the grocery market. 
Storage temperatures for frozen foods are typically between -20°C (-5'F) and 
-23OC (-10°F), although some products such as fish and ice cream are usually 
stored a t  lower temperatures. Warehouses storing fish often maintain temper- 
atures as low as -30°C (-22OF). A food like ice cream behaves similarly t o  
brine or antifreeze. The water begins to  freeze a t  a certain temperature which 
concentrates the remainder and lowers its freezing temperature. The range of 
temperatures through which ice cream passes as it freezes starts at  about -2OC 
(2B°F) and ultimately reaches -30°C (-22OF). Ice cream is packaged at  about 
-5OC (23OF) a t  which temperature it is stiff, but will still flow. Then it moves 
to  a hardening room kept at  -30°C (-22'F) for complete freezing. 



FIGURE 1.3 
Refrigeration plant on a tmdc trailer for location near the field for post-harvest cooling of 
agricultural products. (Poat-Harveat Technologies) 

1.5 REFRIGERATION IN FOOD 
PROCESSING 

The usual purpose for refrigerating and freezing foods is to preserve their quality, 
which technically is changing what would be natural processes of deterioration. 
Refrigeration may also play a role in facilitating a change in the character or 
chemical structure of food-alled processing here. Some foods incorporating 
refrigeration in their processing are cheese, beverages (such as beer, wine, and 
juice concentrates), and instant coffee. The procedure for making cheese varies 
from one type to another, but all cheeses are made from milk to which is added 
a starting organism to cause the formation of curds and whey. Once the whey is 
drained, the curds form the basis of the cheese. Refrigeration serves a role in the 
manufacture of most cheeses during the curing step. Depending upon the type, 
the cheese is held at between 10°C (50°F) and 20°C (68OF) for a period ranging 
from several days to several months. 

Although it might not be obvious to the general public, refrigeration is an 
important function in the bakery industry. Some applications include ingredient 
cooling and dough mixing; freezing of bread for later holding, thawing, and sale; 
refrigerating unfrozen dough products; freezing of dough for the food service 
industry and supermarkets; and the freezing of fried and baked products for sale 
to consumers for microwaving or toasting. 

With beer, two main chemical reactioils occur in the brewing operation: (1) 
converting grain starches into sugar; and (2) fermentation, which converts the 
sugar into alcohol and carbon dioxide. The fermentation process is exothermic, 
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so if heat were not removed, the temperature would rise and ultimately terminate 
fermentation. Refrigeration maintains the fermenting mixture between 7OC and 
13OC (45OF and 55OF), and also cools the storage facilities where the beer is kept 
for two or three months until i t  matures. 

The  production of wine also demands refrigeration. Following fermentation, 
the wine is held in refrigerated storage a t  10°C (50°F) in insulated stainless steel 
tanks for six months to  two years. In addition, wines require a cold stabilization 
process to precipitate potassium bitartrate (PB). P B  is a harmless but unaes- 
thetic crystal and would be particularly noticeable in bottles of white wine. P B  
will precipitate naturally a t  10°C (50°F), but only over a lengthy period. To 
accelerate the process, the wine is chilled to  -4OC (25OF) for ten days. 

To concentrate some foods that  are sensitive to  high temperatures, water 
may be removed by evaporation or by freezing. One concept is t o  employ a refrig- 
eration system as a heat pump with the condenser providing heat for vaporiza- 
tion of the water in the product and the evaporator liquefying this water vapor. 
Because of its high first cost this application is rare while the heat-pumping 
principle of thermocompression is preferred. In thermocompression the e v a p e  
rated water vapor itself is pumped with a high-volume-flow compressor from 
the product fluid t o  a condenser. Of the concentrating techniques that  apply 
refrigeration, freeze concentration4 is the most popular. Some of the products 
tha t  can be concentrated by freezing include citrus fruit juices, vinegar, beer and 
wines, coffee and tea extracts, sugar syrups, and aroma extracts. The most-used 
procedure is t o  bring the solution in contact with refrigerated surfaces on which 
a thin layer of ice freezes. The ice is continuously removed by scraping and then 
separated from the concentrated solution. 

Another example of refrigeration being used for food processing is in the 
drying of fish.5 Figure 1.4 schematically shows air a t  a low humidity and mod- 
erate temperature removing moisture from the product. Some water is then 
removed as the air passes through the evaporator of the refrigeration unit that 
provides thermal load for the refrigeration system. The discharge gas from the 
refrigerant compressor divides, some passing t o  the air-cooled condenser that 
warms the air and the other portion to an auxiliary condenser tha t  essentially 
removes the energy introduced t o  the circuit by the compressor. This concept is 
particularly applicable in localities where the cost of electricity is moderate. 

1.8 FREEZE DRYING 

Freeze drying is a process that  finds application in both the food industry as 
well as some process industries, such as pharmaceuticals. The processes include 
first freezing the product, then removing the water by sublimation in which the 
water in a solid state converts directly to  vapor without passing through a liq- 
uid state. To carry out the sublimation process, heat is carefully added t o  the 
product being maintained under a vacuum in chambers such as one shown in 
Figure 1.5. To achieve the vacuum a combination of refrigeration and mechan- 
ical pumping is employed. The mechanical pump mostly removes air and other 
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FIGURE 1.4 
Heat pump for drying fish. 

noncondensible gases, while the refrigeration system chills an evaporator to per- 
haps -50°C (-58OF). Water from the.product deposits on the evaporator coils 
in the form of frost. Refrigeration thus serves the initial freezing process as well 
as the evaporator coils of the vacuum chamber. 

The pharmaceutical industry uses freeze drying for certain products where 
the removal of water a t  higher temperatures would damage the product. The 
percentage of food that is preserved by freeze drying is very low, but the process 
finds a role for certain applications. Once a food product is freeze dried, it needs 
no further refrigeration and at  the time of preparation of eating the addition of 
water restores the product to a taste remarkably close to the original quality. 

1.7 INDUSTRIAL AIR 
CONDITIONING 

if all air conditioning were to be classified into two groups-comfort air con- 
ditioning and industrial air conditioning-the basic difference would be in the 
objective. Comfort air conditioning is performed for people, while industrial air 
conditioning is directed toward processes. On the air side, industrial air con- 
ditioning differs in one or more features: level of temperature, need for precise 
humidity control, a higher standard of filtration, and the removal of contami- 
nants. Industrial air conditioning appears in such applications as printing plants, 



TEE FIELD O F  INDUSTRIAL REFRIGERATION 9 

FIGURE 1.5 
A vacuum chamber for freeze drying. ( VirTis Company) 

where humidity control is essential for proper registration of multicolor printing; 
textile plants, to  help prevent fibers from breaking and to reduce static electric- 
ity; the manufacture of photographic materials; clean rooms for manufacturing 
of electronic equipment; and in a wide variety of laboratories. One difference 
between refrigeration for comfort and for industrial air conditioning might be in 
the higher precision of temperature control usually demanded for industrial air 
conditioning. 

1.8 REFRIGERATION IN 
MANUFACTURING PLANTS 

There are frequent and varied needs for refrigeration in the machining, forming, 
and fabrication of products made from metals, plastics, and other materials. 
An example is the cooling of the fluid sprayed on the point-of-contact between a 
machine tool and metal. In many factories, a network of pipes carries compressed 
air for air motors and other users of air power throughout the plant. When air, 
particularly humid air, is compressed and brought back to  room temperature, 
water in the compressed air may condense and adversely affect the operation 
of equipment using the compressed air. To condense the water where it can be 
removed, some compressed air systems use a refrigerated heat exchanger located 
immediately after the air compressor. 

Many manufacturing plants operate environmental test chambers to  du- 
plicate or even exaggerate extreme conditions to  which the product might be 
subjected during normal use. These extremes almost always include high and 
low temperatures and high and low humidities. Environmental test chambers 
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call for refrigeration to achieve their low temperatures. The task of the  refriger- 
ation plant in usually to provide a source of low-temperature air. 

1.9 REFRIGERATION IN 
CONSTRUCTION 

Two important uses of refrigeration in large construction projects are the cooling 
of large manses of ~ o n c r e t e , ~  and the freezing of soil to facilitate e x ~ a v a t i o n . ~  Dur- 
ing the hardening of concrete, its chemical reaction is exothermic, and if heat 
were not removed, the high temperatures would stress the concrete. Concrete 
may be cooled by chilling the sand, gravel, water, and cement before mixing, or 
by imbedding chilled-water pipes in the concrete. Another application of refriger- 
ation is the freezing of wet soil in the vicinity of excavations to prevent cave-ins. 
The typically pipes are driven into the soil surrounding the area where excava- 
tion is to occur. Then cold brine circulates through the pipe coils and freezes the 
soil in its vicinity. When the frozen zones overlap, excavation can proceed. 

Another special application of refrigeration related to construction is when 
a refrigeration plant maintains permafrost in its frozen state beneath a building 
or other facility in cold climates. If the heat from the structure were permitted to 
thaw the permafrost, the structure would sink. An example of this application8 is 
a hybrid thermosyphon serving a power plant in Gakona, Alaska. The permafrost 
is maintained frozen in winter by thermosyphon heat exchangers and in the 
summer by a mechanical refrigeration plant. 

1.10 ICE RINKS AND FACILIT1E.S 
FOR OTHER WINTER SPORTS 

Some ice rinks serve specific purposes, such as for recreational or speed skating, 
hockey, and curling, while others are general purpose that at  different times 
are used for different types of events. Desired ice temperatures

g 
are typically 

-5OC (23OF) for hockey, -3.5OC (26°F) for figure skating, and -2'C (28'F) for 
recreational skating. The ice is maintained at  a thickness of approximately 25 
m m  (1 in) by passing either cold brine or direct refrigerant (R-22 or ammonia) 
through a grid of pipes in the ice. The brine or refrigerant temperature is usually 
held about 5OC (g°F) below the desired ice temperature. 

In addition to the widespread availability of ice rinks, some high-visibility 
facilities are constructed every four years for Olympic games for speed skating, 
figure skating, bobsledding, and tobogganing. 

1.11 REFRIGERATION IN THE 
CHEMICAL INDUSTRY 

The pharmaceutical industry has already been.mentioned as a user of refrigera- 
tion in freeze-drying processes. An approach that seems popular in tha t  industry 
is also to chill a fluid and distribute this cold fluid (glycol antifreeze or alcohol, 
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FIGURE 1.6 
Turbocompressors compressing propane in a Texas LPG fractionation piant. (York Interna- 
tional Corporation) 

for example) to the location where refrigeration is needed. Low-temperature al- 
cohol may chiil the jacket of a vessel, or glycol may be sent to air-cooling coils 
located in a room where filling of powder is taking place that must be maintained 
at a low humidity. 

The chemical, petrochemical, and oil-refining industries often need large- 
sized refrigeration plants. Some important operations often requiring refrigera- 
tion are: 

separation of one gas from another by liquefying more of one gas 
condensation of gases, such as capturing gas venting from a liquid storage 
tank 
solidification of one substance in a mixture to separate it from others 
maintenance of a stored liquid at  low temperature to control pressure in the 
containing vessel 
removal of reaction heat 
humidity control for hygroscopic chemicals 

Two major concepts in providing the refrigeration are direct and indirect. 
In direct refrigeration the product itself is the refrigerant and is compressed, con- 
densed, and throttled to form liquid at a low temperature. The petrochemical 
industry frequently uses propane, ethane, and ethylene, for example, as refriger- 
ants. Often these chemical plants are large and traditionally use high-capacity 
centrifugal compressors as shown in Figure 1.6. The facility shown is in a lique- 
fied petroleum gas fractionation plant where 8 twestage centrifugals compress 
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FIGURE 1.7 
A packaged refrigeration plant to serve a process industry. (Tomco Equipment Company) 

propane in the refrigeration cycle. An a1ternat;e approach is to provide indirect 
chilling through the use of a skid-mounted package that employs ammonia or 
a suitable halocarbon refrigerant. The ammonia or halocarbon refrigerant from 
the package serves the heat exchanger performing the cooling, or in some cases 
a pump delivers a low-temperature secondary refrigerant to the heat exchanger. 
The skid-mounted package in Figure 1.7 provides low-temperature refrigeration 
through a combination of two circuits, one using R-22 and the other carbon 
dioxide. 

A list of just a few of the industries and the temperature range of their 
refrigeration needs is: precooling air prior to separationlo, -100°C (-148°F); 
condensation of hydrocarbon vapors" taking place at  -55OC (-67°F); and in 
the manufacture of such chemicals as arnmonia/urea, aniline dyes, butadiene, 
butyl rubber, chlorine, pesticides/herbicides, synthetic rubber, vinyl chloride, 
and xylenes, as well as in the recovery of solvenh. 
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CHAPTER 

REFRIGERANT 
PROPERTIES, 

REFRIGERATION 
CYCLES 
AND SI 
UNITS 

2.1 USING SI  UNITS 

The Metric Conversion Act of the United States, signed into law in December 
1975, encouraged the adoption of the SI (Systeme International d'unites) but 
permitted the conversion to be voluntary. Nations that had traditionally used the 
inch-pound (I-P) system, such as Canada, the.United Kingdom, and Australia, 
made the change to SI mandatory and simply got on with the job. Nations that  
traditionally used the metric system also had to adjust to some new units. The 
new unit of pressure, for example, is pascal, which replaced kg/m2, and watt 
replaced kcal/hr as the unit for refrigerating capacity. Because the process was 
voluntary in the United States, the conversion was herky-jerky and in some cases 
consisted of no conversion a t  all. Finally realizing the penalty in trying to  conduct 
international business with an outdated set of units, President Reagan signed the 
Omnibus Trade and Competitiveness Act, mandating that all federal agencies 
adopt the metric system for procurements, grants, and other business activity by 
the end of 1992. In the private sector, ASHRAE President Damon Gowan (1990- 
1991) challenged ASHRAE to set a date by which time all ASHRAE publications 



TABLE 2.1 
Base SI units. 

Quantity 

length 

second 
electric current ampere 

will be expressed in SI units. Gowan's leadership greatly influenced ASHRAE's 
Long Range Plan of 1991, which specifies that "ASHRAE shall implement a 
policy by 1997 that  all publications use the international system of units (SI)." 
Other technical organizations in the United States are attempting to  move on 
with the conversion process. For example, the American Society of Mechanical 
Engineers is attempting to convert all of their codes and standards to  SI  in the 
near future. 

The practice of this book is to use dual units, with SI as the primary set 
and I-P in parentheses. Graphs will be shown with SI units on one axis and I-P 
on the opposite axis. In numerical examples the statements of the problems are 
expressed in dual units, the work is executed in SI, and the results presented in 
dual units. The conversion between SI and I-P units is a frequent requirement, 
so this chapter initially presents the multiplying factors for these conversions. 
The conversions are then grouped in consolidated form in the appendix, Tables 
A.la t o  A.lk. Conversions of temperatures and enthalpies are the only situations 
where shifts as  well as the application of multiplying factors are needed. 

2.2 SOME BASE AND DERIVED SI 
UNITS 

Table 2.1 shows the base SI units that are important in industrial refrigeration. 
Derived from these base units are some other frequently used units, shown in 
Table 2.2. 

To avoid confusion, negative exponents are sometimes used for terms in 
the denominator. For example, the base units for pressure may be expressed as 
kg/(m'.s2) or kg.m-'.s-2. 

The unit of force is the newton, defined through Newton's law as: 

force = (mass)(acceleration) 
1 N = (1 kg)(l m/s2) 

The unit of energy is the joule, which is the application of a force through 
a distance, 



TABLE 2.2 
Some derived SI units with special names. 

Quantity Name Symbol Expression Expression in 1 JintermsOfltemuofS1 1 
1 1 I other units I base units I 

frequency 

force 

pressure 

energy 

power 

electric potential 

electric resistance 

hertz 

newton 

pascal 

joule 

watt 

volt 

ohm 

There are standard prefixes for multiples'and submultiples of SI units! and 
these are shown in Table 2.3. For example, 1/1000 of an ampere is a milliampere, 
abbreviated a s  mA. 

The  orthodox use of SI permits only those units and multiples listed in 
Tables 2.1, 2.2, and 2.3, with the following two exceptions: degrees Celsius (OC) 
for temperature, and liter (L) for volume. The SI system bowed to  the use of 
these exceptions in order for the numerical values of temperature and volume to 
appear in more convenient magnitudes. The relationship between degrees Celsius 
and Kelvin and between the liter and cubic meters are: 

specific heat 

thermal conductivity, 

Temperature, OC = Temperature, K - 273.15 
Volume, L = 1000 (Volume, m3) 

2.3 CONVERSION BETWEEN SI AND 
I-P UNITS 

J1kg.K 

W/m.K 

Multiplication by an appropriate factor will convert a quantity expressed in one 
set of units into the other with two exceptions, temperature and enthalpy. For 
these variables, a shift is also required because of the arbitrary da tum planes, 
as will be explained in Section 2.4. The quantities in both the SI and the I-P 
systems likely t o  be encountered in industrial refrigeration practice are listed in 
Table 2.4. The  conversion factors are tabulated1 in the appendix, Tables A.la 
through A.lk. 

mZ/(s2.K) 

m.kg/(sz.K) 



TABLE 2.3 
Multiples and submultiples of units. 

Example 2.1. Convert the following: 
(a) 920 kg/m3 to Ib/ft3 

(b) 2 in. of water to Pa 
(c) 1,000,000 Btu to GJ 
(d) 0.24 Btu/lb.OE' to kJ1kg.K. 

Multiplying factor 

1,000,000,000,000 = 10" 
1,000,000,000 = lo9 

1,000,000 = lo6 
1,000 = lo3 
0.001 = 10-~ 

0.000 001 = 10-6 
0.000 000 001 = lo-' 

0.000 000 000 001 = lo-'' 

Solution. (a) From Table A.lb, (920 kg/m3)(0.06243) = 57.43 Ib/ft3 

(b) From Table A.ld, (2 in. of water)(249.08) = 498.1 Pa  
(c) From Table A.lf, (1,000,000 Btu)(1055.06) = 1.005.10~ J = 1.005 GJ 
(d) From Table A.lg, (0.24 Btu/lb.'F)(4187) = 1005 J/kg.'F = 1.005 kJ/kg.OF 

2.4 CONVERSIONS OF 
TEMPERATURE, ENTHALPY, AND 
ENTROPY 

Prefix 

tera 

giga 
mega 
kilo 
miui 
micro 

nano 
pic0 

For all the quantitites listed in Table 2-4, t he  process of conversion between SI 
and I-P units requires only the  multiplication by a constant, except for temper- 
atures, which are based on arbitrary datum planes. There is thus a need t o  shift 
as well as proportion when converting between Celsius and Fahrenheit. O n  t he  
other hand,  since absolute temperatures have a base of zero, only a conversion 
factor need be applied when converting between Kelvin and  Rankine, namely, 

Symbol 

T 
G 

M 
k 
rn 

C1 

n 

P 

temperature, K = (temperature, R)(5/9) 
temperature, R = (temperature, K)(9/5) 

To  convert between O C  and OF, 
temperature, OC = (temperature in OF - 32)(5/9) 
temperature, OF = (temperature in OC(9/5) + 32 



TABLE 2.4 
Corresponding units in the SI and I-P systems. 

Quantity 

Length 

Area 

Volume 

Mass 

Density 
Specific volume 

Velocity 

Acceleration 

Force 

Pressure 

Volume flow rate 

Mass flow rate 

Temperature 

Energy 

Power 

Enthalpy 

Specific heat 

Entropy 

Viscosity 

SI units 

m 

ma 

m3 

kg 

kg/m3 
m3 /kg 

m/s 
m/s2 

N 

Pa = N/m2 

EP U N ~ S  

inch, in; foot, ft I---- 

Thermal conductivity 

Heat transfer coefficient 

' ina, ft2 

in3, ft3 

pound. lb 

lb/ft3 

ft3/lb 

fps, fpm, fph 
ft/s2 

'bl 
psi, psf, ft of water, 

in. of water, in of Hg 
cfm, cfs, gpm 

Ibis, lb/m, lb/hr 

OF or R 

ft-lb, Btu 

Btu/hr, hp, tons of 
refrigeration 

Btu/lb 
Btu/lb.OF 

Btu1lb.R 

lb,/ft.s, lb,/ft.hr, 

centipoise 

Btu/hr.ft.OF 

~ t u / h r . f t ~ . ~ ~  

W/m.K 

W/m2.K 

Example 2.2. (a) What  is 95OF in Celsius? 
(b) Wha t  is -40°C in Fahrenheit? 

Solution. (a) temperature = (95 - 32)(5/9) = 3S°C. 
(b) temperature = (-40)(9/5) + 32 = -40°F. 

The two temperature scales coincide a t  -40'. 

The symbol for enthalpy is h,  and the standard datum plane for enthalpies 
in the I-P system is that the enthalpy of saturated liquid a t  -40°F iszero. The 
datum plane for enthalpies in ST units is 200 kJ/kg for saturated liquid at O°C. 
These different datum planes result in a unique conversion for each refrigerant. 
The  multiplying factor applies t o  differences of enthalpy as shown in Figure 2.1. 
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h32a F sahYated liquid 

FIGURE 2.1 
Conversion of refrigerant enthalpies. 

In  equation form, 

(h ,  Btu/lb - h32~)2.326 = h ,  kJ/kg - 200 kJ/kg (2.1) 

where h32F = h of saturated liquid at 32'F, Btu/lb 
Equation 2.1 converts into one of two equations, depending upon whether 

the  conversion is from SI t o  I-P or vice versa, 

h ,  kJ/kg = 200 + (h, Btu/lb - h32P: Btu/lb)(2.36) (2.2) 

h ,  Btu/lb = h 3 2 ~ ,  Btu/lb + (h ,  kJ/kg - 200)(0.4299) @.3) 

T h e  values of the enthalpy of saturated liquid a t  32'F in Btu/lb for some 

important refrigerants are available from the tables in the appendix and  are also 
listed in Table 2.5. 

Example 2.3. (a) An R-22 property table shows the enthalpy at a certain con- 
dition to be 111.4 Btu/lb. What is the enthalpy in kJ/kg? 
(b) Ammonia at a certain condition has an enthalpy of 341.8 kJ/kg. What is the 
enthalpy in Btu/lb? 

Solution. (a) Using Equation 2.2, 

(b) Using Equation 2.3, 
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TABLE 2.5 
Enthalpies in Btu/lb of saturated liquid at 32'F for use in Equations 2.2 and 2.3. 

R-23 

R-507 

R-125 

R-134a 
R-717, ammonia 

Refrigerant 1 hf at 32 F, Btuflb 

Entropy in the two systems of units also has different bases. In the SI 
system the datum plane is an entropy value of 1.0 kJ1kg.K of saturated liquid at  
O°C (32OF), while the base in the I-P system is 0 Btu1lb.R for saturated liquid 
a t  -40°F. 

The conversion procedure corresponds to that  used for enthalpy, but will 
not be pursued further since the need for converting entropies between the two 
systems of units in industrial refrigeration work is rare. 

R-22 

2.5 SOME IMPORTANT SI 
CONSTANTS 

19.24 

Several frequently used constants expressed in the SI system are: 

standard gravitational acceleration = 9.80665 m/s2 

standard atmospheric pressure = 101,325 Pa 
universal gas constant, 72 = 8314 J / (mol  K) 
gas constant for air, R,i, = 287 J/kg.K 

In addition to fundamental constants, several important properties are ap- 
plicable to air and water. Nominal values are: 

density of water = 1,000 kg/m3 

density of air = 1.2 kg/m3 

specific heat of liquid water = 4.19 kJ1kg.K 
specific heat of air a t  constant pressure = 1.004 kJ/kg-K 
specific heat of air a t  constant volume = 0.717 kJ1kg.K 

Example 2.4. What is the mass of air in a room of dimensions 6 x 9 x 3 m (19 
ft, 8 in. x 29 ft ,  6 in. x 9 ft, 10 in.) if the air temperature is 25OC (7T°F) and the 
barometric pressure is 101.3 kPa (14.7 psi)? 
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Solution. The perfect gas equation which is applicable to air is 

where p = pressure, Pa 
v = specific volume, m3/kg 
R = gas constant for air = 287 J1kg.K 
T = absolute temperature, K 

Then the specific volume is: 

The room has a volume of (6)(9)(3) = 162 m3 (5735 ft3), so the mass of 
air contained in the room is: 

162/0.845 = 191.7 kg (423 Ib) 

2.6 REFRIGERANT PROPERTIES 

In the next several sections the thermodynamic properties of refrigerants that  are 
important in designing and analyzing systems will be explained. These properties 
include temperature, pressure, specific volume, density, enthalpy, and entropy. 
Numerical values of these important thermodynamic properties are presented in 
either tabular or graphical form. The most widely used graph is the pressure- 
enthalpy diagram, which will be examined. A state in which refrigerants often 
exist within refrigeration systems is called saturated, and in this state the tem- 
perature and pressure have definite relationships. 

Throughout the explanation and discussion of properties we will be con- 
scious that  the chief importance of the properties is their effect on the refrig- 
eration cycle. The refrigeration cycle will be explored later in the chapter, but 
to keep it in mind a schematic diagram of the famiIiar basic cycle is shown in 
Figure 2.2. It consists of four components-the compressor, condenser, expan- 
sion device, and evaporator. Also indicated on Figure 2.2 are the states (liquid 
or vapor) of the refrigerant a t  various points in the system. 

2.7 TWO KINDS OF PRESSURE:' 
GAUGE AND ABSOLUTE 

Gauge pressure is the magnitude indicated by a precise gauge. Most pressure 
gauges, including the bourdon-tube type (Figure 2.3) commonly used in refrig- 
eration practice, actually indicate the difference between the pressure of the fluid 
and atmospheric pressure. The bourdon-tube gauge incorporates a flexible tube 
that  tends to  straighten as the pressure increases. For a given fluid pressure 
the gauge will indicate a different value if the barometric pressure changes, The 
actual fluid pressure is called the absolute pressun and is related to  the gauge 
pressure by the equation: 



High-pressure vapor Low-pressure vapor 

FIGURE 2.2 
The basic refrigeration cycle. 

absolute pressure = gauge pressure + atmospheric pressure 

Tables and graphs are based on absolute pressures, so tha t  the multitude 
of different atmospheric pressures that might exist at  the site of the refrigeration 
plant do not have to be known. Many tables do, however, show gauge pressures, 
but these are derived from the absolute pressure with the assumption of stan- 
dard atmospheric pressure of 101.325 kPa (14.7 psi, where psi is the abbreviation 
for pounds of force per square inch). To identify which type of pressure is being 
designated, we shall use the following designations: absolute pressure 

in SI units: kPa 
gauge pressure in SI units: kPa gauge 
absolute pressure in I-P units: psia 
gauge pressure in I-P units: ~ s i g  

Example 2.5. Jim in New Orleans reads 125 kPa (18 psi) on his pressure gauge, 
while Ann in Denver reads the identical value on hers. In New Orleans, a t  the 
moment, the atmospheric pressure is 100 kPa (14.5 psia), while in Denver it is 
currently 90 kPa (13 psia). What are the absolute pressures of the refrigerant in 
the systems at  these two locations? 
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FIGURE 2.3 
A bourdon-tube pressure gauge. 

Solution. In New Orleans the refrigerant exists at an absolute pressure of 125 + 
100 = 225 kPa (18 + 14.5 = 32.5 psia), while in Denver the refrigerant pressure 
is 125 + 90 = 215 kPa (18 + 13 = 31 psia). 

2.8 SATURATION TEMPERATURES 
AND PRESSURES 

When liquid and vapor coexist in a vessel and there is an equilibrium of tempera- 
ture and pressure, the condition is called saturated. The liquid is called saturated 
liquid and the vapor is called saturated vapor. Figure 2.4 shows several vessels, 
two containing water and two ammonia. In its saturated state the pressure has 
a definite relationship to the temperature. As the temperature increases, the 
pressure also increases. 

The tables of thermodynamic properties at saturated conditions of refrig- 
erants dealt with in this book are presented in the Appendix, Tables A.2 through 
A.12. Table 2.6 is an excerpt of the temperatures and corresponding saturation 
pressures of ammonia extracted from Tables A. l l  and A.12. At saturated condi- 
tions, if the pressure is known, the temperature of the refrigerant can be found 
from the table, and similarly, if the temperature is known, the pressure can be 
found. 



Water 

t = 2 0 ' ~  ( 6 8 ' ~  
p = 2.337 kPa 
(0.339 psia) 

t=20 C(68 F) e 
t = 20'~ (68'F) 
p = 858.8 kPa 
(124.4 psia) 

t = 20'~ (68%) 
Liquid €3 

FIGURE 2.4 
Pressure-temperature relationships for water and ammonia at saturated conditions. 

Example 2.6. What is the temperature of R-507 if the refrigerant is saturated 
and a t  a pressure of 1931 kPa (280 psia)? 

Solution. Interpolate between pressures of 1925.5 kPa corresponding to  41°C 
and 1972.4 kPa corresponding to 42'C to find the saturation temperature of 
41.1°C (106OF). 

In what situations in a refrigeration plant do saturated conditions occur? 
Certainly in vessels containing both liquid and vapor. But saturated conditions 
prevail in condensers and evaporators as well, as illustrated in Figure 2.5. Actu- 
ally saturated conditions do not precisely occur in these heat exchangers, because 
equilibrium does not exist between liquid and vapor. In order to achieve heat 
transfer there must be temperature differences between the refrigerant vapor, 
refrigerant liquid, abd the tube wall. For practical purposes, however, measur- 
ing the pressure in a condenser or evaporator is a means of determining the 
temperature of, respectively, the condensing or boiling refrigerant. 

Example 2.7. The reading of a pressure gauge on an ammonia evaporator is 
131 kPa gauge (19 psig). What is the evaporating temperature? 

Solution. Assuming that the atmospheric pressure is 101.3 kPa (14.7 psiaj, the 
absolute pressure is 232.3 kPa (33.7 psia). From Table A.12 or A.13 by interp* 
lation, the evaporating temperature is -15.3OC (4.s0F).  



TABLE 2.6 
Excerpt of the saturation temperaturt+pressure table for ammonia. 

Temperature Pressure 

FIGURE 2.5 
The refrigerant is essentially saturated in condensers and evaporators. 

2.9 DENSITY AND SPECIFIC 
VOLUME 

Two additional properties that are valuable are the density and the specific 
volume of the refrigerant, as illustrated in Figure 2.6. The density is the mass 
of refrigerant occupying a unit volume and expressed in units of kg/m3 (lb/ft3). 
The specific volume is the inverse of density and is thus the volume occupied 
by unit mass and expressed in units of m3/kg (ft3/lb). Usually density is used 
for liquids and specific volume for vapor, which results in numerical values in a 
convenient magnitude. 



of a gas Air density is approximately 
w 0.0047 kg/m3 (0.075 lb/ft3) 

FIGURE 2.6 
Density and specific volume 

Example 2.8. A flow rate of 0.3 kg/s (40 Ib/min) of ammonia circulates through 
a refrigeration system operating a t  a condensing temperature of 30°C (86OF) and 
an evaporating temperature of O°C (32OF). Liquid leaves the condenser saturated 
and vapor leaves the evaporator saturated. .What are the volume flow rates of 
liquid leaving the condenser and of vapor leaving the evaporator? 

Solution. From Table A.12 or Table A.13, Properties of Ammonia a t  Saturated 
Conditions, the density of saturated liquid at  30°C (86OF) is 595.4 kg/m3 (37.20 
Ib/ft3) and the specific volume of saturated vapor a t  O°C (32OF) is 290.2 L/m3 or 
0.290 m3/kg (4.648 ft3/lb). The volume flow rate of liquid leaving the condenser 
is 

(0.3 kg/s)/(595.4 kg/m3) = 0.0005039 m?/s or 0.504 L/s (1.07 dm) 

and leaving the evaporator 
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FIGURE 2.7 
(a) Heat added to a gas in a nonflow process, and (b) in a flow process. 

2.10 ENTHALPY 

To analyze the energy characteristics of a refrigeration system the rates of heat 
flow and compressor power must be quantified. A key term in facilitating such 
calculations is enfhalpy. For almost all situations we will encounter, we could - - 
think of enthalpy as heat content. The precise definition of enthalpy is 

h = u + pv or in I-P units: h = u + pv/J 
where h = enthalpy, kJ/kg (Btu/lb) 

u = internal energy, kJ/kg (Btu/lb) 
p = pressure, kPa(lbf/f t2)  
v = specific volume, m3/kg (ft3/lb) 
J = conversion factor = 778 ft-lb,/Btu 

To illustrate the difference between internal energy and enthalpy, consider 
two processes of heating air from one temperature to another, as shown in Figure 
2.7. In Figure 2.7a the process occurs in a closed vessel, while in Figure 2.7b the 
air flows through a heat exchanger. To increase the temperature of air from 20°C 
(6B°F) to 30°C (86OF), for example, the required quantity of heat that must be 
transferred differs in the two situations. In the process of Figure 2.7a the quantity 
of the heat that must be added per unit mass in the vessel is Au, while in the 
flow process of Figure 2.7b the quantity of heat added to each unit mass flowing 
through the heat kxchanger Ah. The point is that the quantity of heat added 
in each of the processes of Figure 2.7 could be considered as a change in heat 
content, and because these quantities differ, the term heat content is ambiguous. 

Almost all processes occurring in refrigeration plants are of the flow type, 
like in Figure 2.7b, so the change in enthalpy applies, and this is why we almost 
exclusively use enthalpy in making energy calculations. To summarize, the rate 
of heat transfer in kW (Btu/min) in a heat exchanger, such as the evaporator 
in Figure 2.8a, is the product of the mass rate of flow m kg/s (lb/min) and the 
difference of enthalpies in kJ/kg (Btu/lb) leaving and entering the evaporator. 



FIGURE 2.8 
(a) Rate of heat transferred in a heat exchanger, (b) Power delivered to a compressor. 

Likewise, the power in kW (Btu/min) supplied to the compressor in Figure 2.8b, 
assuming no heat losses or gains from the environment, equals the mass rate 
of refrigerant flow multiplied by the increase in enthalpy of the refrigerant in 
passing through the compressor, 

A process that  illustrates a frequently used term is shown in Figure 2.9, 
where saturated liquid enters a heat exchanger and leaves as saturated vapor. 
The enthalpy of saturated liquid is designated by the term hf and that of the 
saturated vapor is h g .  The change in enthalpy in converting saturated liquid t o  
saturated vapor is called the latent heat and given the symbol h f g .  The  tables of 
properties of refrigerants at  saturated conditions in the appendix list the values 
of h f  and hg .  All the terms in these saturation tables have now been introduced 
with the exception of the entropy, whose significance will be addressed during 
the development of the pressure-enthalpy diagram in Section 2.12. 

Example 2.9. A condenser receives saturated R-22 vapor at  a flow rate of 1.5 
kg/s (463 lb/min) and condenses it to saturated liquid. (a) What is the temper- 
ature of the refrigerant leaving the condenser, and (b) what is the rate of heat 
extraction from the refrigerant? 

Solution. (a) .Neglecting pressure drop of the refrigerant as it flows through the 
condenser, the pressure at  the inlet and outlet are the same, and since the refrig- 
erant is saturated, the temperature at  the outlet of the condenser is also 30°C 
(86OF). 

(b) From Table A.2 or A.3, the values of enthalpy of saturated liquid hf 
and of saturated vapor hg a t  30°C (86OF) are 236.6 kJ/kg (34.9 Btu/lb) and 
413.6 kJ/kg (111.1 Btu/lb), respectively. The rate of heat transfer q is thus: 

q = m(h2 - hl )  = (1.5 kg/s)(236.6 - 413.6 kJ/kg), or 
q = -265.5 kW (- 15,100 Btu/min). 

The negative sign on the thermal quantities only indicates that heat is 
flowing from the fluid. 
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FIGURE 2.9 
Latent heat in converting saturated vapor to saturated liquid 

2.11 SUPERHEATED VAPOR AND 
SUBCOOLED LIQUID 

The state of refrigerant that  we have focused on so far is the saturated condi- 
tion, where liquid and vapor coexist and are in equilibrium-thus have the same 
temperature and the same pressure. We progress now to two additional states: 
superheated vapor and subcooled liquid. The starting point to reach these con- 
ditions can be chosen as in Figure 2.10. In Figure 2-10a some of the saturated 
vapor from the vessel is removed and heated to raise its temperature. The state 
of the vapor is changed to superheated, because the temperature of the vapor is 
above the saturation temperature at  the existing pressure. No liquid can exist 
simultaneously with superheated vapor, except temporarily until the liquid is 
vaporized by the higher-temperature vapor. Superheated vapor exists a t  various 
locations throughout refrigeration systems. One place is at  the entrance to  the 
compressor, where vapor from the evaporator, even if it leaves the evaporator 
saturated, probably receives some heat in the suction line to the compressor. 
Refrigerant leaving the compressor is almost certainly superheated. 

An opposite process can be performed t o  obtain subcooled liquid, as in 
Figure 2.10b. Here some saturated liquid is removed from the vessel and cooled 
to drop its temperature below that of the saturation temperature. No vapor can 
exist, except temporarily in nonequilibrium, with subcooled liquid. Subcooled 
liquid can exist a t  numerous points throughout the refrigeration system, such as 
at the exit of the condenser. Subcooled liquid can also be generated by increasing 
the pressure of saturated liquid by sending it through a pump. If there is little 
or no change in temperature through the pump, the outlet liquid possesses a 
temperature lower than the saturation temperature corresponding to the new 
higher pressure. 
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FIGURE 2.10 
(a) Superheated vapor formed by adding heat to saturated vapor at constant pressure, and (b) 
subcooled liquid formed by removing heat from saturated liquid at constant pressure. 

2.12 THE PRESSURE-ENTHALPY 
DIAGRAM 

A valuable tool for those analyzing refrigeration systems is the pressure-enthalpy 
diagram. This diagram provides the information to  determine the magnitudes 
of various properties and is also useful in displaying processes that are taking 
place in the plant. While there is some duplication of information provided by 
the saturation tables and the pressure-enthalpy diagram, some data are found in 
one source and not in the other. Other coordinates could have been chosen for a 
chart on which refrigerant properties are presented. Why pressure and enthalpy 
were chosen for the coordinates is not known for certain, but pressure is an 
easily-measured value in a refrigeration system and enthalpy is a key variable in 
analyzing the energy effectiveness of a plant. The pressure-enthalpy diagram is 
particularly valuable for finding properties in the superheated vapor region. The 
general form of the pressure-enthalpy diagram is shown in Figure 2.11, and the 
sections that  follow will build up the chart, one property at  a time. 

2.13 SATURATED LIQUID AND 
VAPOR LINES 

The major regions on the pressure-enthalpy diagram are defined by the lines of 
saturated liquid and saturated vapor. Considering first the saturated liquid line, 



FIGURE 2.11 
The prwure-enthalpy diagram. 

Vapor 

Li uid 

FIGURE 2.12 
A vessel with saturated liquid at (a) a low temperature, pressure, and enthalpy, and (b) at a 
high temperature, pressure, and enthalpy. 

the orientation of this line can be predicted by picturing a vessel containing both 
liquid and vapor as in Figure 2.12. The refrigerant in Figure 2.12a a t  state 1 is 
saturated, because both liquid and vapor are present. If this liquid is heated, 
the temperature rises, and the pressure r k  too. The conversion from state 1 
to state 2 is furthermore one where the heat content or enthalpy increases. The 
only purpose of showing the process is to  illustrate that on a pressure-enthalpy 
diagram, such as in Figure 2.13, the line representing saturated liquid moves 
upward to  the right. 

The next step in building the pressure-enthalpy diagram is t o  show the 
saturated vapor line, which also appears on Figure 2.13. Figure 2.9 presented 
a conversion from saturated vapor to saturated liquid in which the change of 
enthalpy is called the latent heat, h,,. For each of the temperatures in Figure 2.13 
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FIGURE 2.13 
Saturated liquid and saturated vapor lines on a pressure-enthalpy diagram. 

there is a unique value of h j ,  that  permits locating the point on the saturated 
vapor line opposite the corresponding point on the saturated liquid line. 

The complete outline of the pressure-enthalpy diagram is shown in Figure 
2.14, which defines the various states of existence of the refrigerant: subcooled 
liquid, liquid/vapor mixture, and superheated Sapor. The region to  the left of the 
saturated liquid line is subcooled liquid, which would be formed by the process 
in Figure 2.10b. The region enclosed within the saturated liquid and saturated 
vapor lines represents a mixture of liquid and vapor. Close to  the saturated 
liquid line the fraction of liquid in the mixture is high and close t o  the saturated 
vapor line the fraction of vapor is high. To the right of the saturated vapor line is 
superheated vapor, which would be generated in the process illustrated in Figure 
2-10a. A special condition is the point at  the very top of the saturation curves: 
called the critical point. At this point liquid and vapor are indistinguishable. The 
magnitudes of the critical temperature and pressure have practical significance, 
because refrigerating cycles that operate near the critical point are, in general. 
not very efficient. 

If the position of a point can be located on the diagram, the value of the 
pressure can be determined by moving horizontally to  the pressure scale, and 
the enthalpy can be. read by moving vertically to  the enthalpy scale. 

2.14 LINES OF CONSTANT 
TEMPERATURE 

Several lines of different constant temperatures are shown on the pressure-enthalpy 
diagram of Figure 2.15. The lines are shown in the three regionssubcooled liq- 
uid, liquid/vapor mixture, and superheated vapor. In the mixture region the lines 
are horizontal, because saturated conditions exist here. Thus, a given pressure, 
which is described by a horizontal line, establishesa certain temperature. In 
the subcooled liquid region the lines of constant temperature are vertical. This 
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Critical 

FIGURE 2.14 
The complete outline of the pressun-cnthalpy diagram. 

orientation may be explained by acknowledging that  the liquid is essentially in- 
compressible. Thus if the pressure of liquid a t  a given temperature in a cylinder 
is increased by applying a force through a piston, the piston doesn't move. Since 
in order t o  exert work on the liquid the force must move through a distance, 
but the piston remains motionless. So increasing the pressure changes neither 
the temperature nor the enthalpy, and the constant-temperature line is vertical. 
The fact that  lines of constant temperature are vertical in the subcooled liquid 
region has some implications that  will be illustrated in Example 2-10. 

Example 2.10. Ammonia exists at a temperature of lS°C (5g°F) and a pressure 
of 855 kPa (124 psia). (a) What is the state of the refrigerant, and (b) what is 
its enthalpy? 

Solution. (a) At a pressure of 855 kPa (124 psia) the saturation temperature is 
20°C (68'F). Since the prevailing temperature of lS°C (5g°F) is lower than this 
saturation temperature, the liquid is subcooled. 
(b) The saturation tables can be used to find the enthalpy and the question is 
whether to look up the value of enthalpy of liquid at the existing temperature 
or the existing pressure. The temperature determines the enthalpy of subcooled 
liquid, so corresponding to 15OC (59°F) the enthalpy is found to be 270.2 kJ/kg 
(107.7 Btu/lb). 

While Figure 2.15 might suggest that  lines of constant temperature will 
appear in all the regions of the pressure-enthalpy diagram, there is no need to 
show the lines in the subcooled liquid region,. because we know that the lines 
there are vertical. Similarly, the lines in the mixture region are horizontal, so 
there is no need t o  show them. The lines are useful in the superheat region, and 
it is here that  they are shown on the working pressure-enthalpy diagrams. 
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FIGURE 2.15 
Lines of constant temperature on the pressure-enthalpy diagram. 

Example 2.11. What is the enthalpy of ammonia existing at a temperature of 
30°C (86OF) and a pressure of 500 kPa (72.5 psia)? 

Solution. At a pressure of 500 kPa (72.5 psia) the saturation temperature (from 
Table A.12 or A.13) is 4.2OC (39.6OF). The actual temperature is higher than the 
saturation temperature, so the refrigerant is superheated. The saturation tables 
do not apply, but the condition can be located in the superheat region of the 
pressure-enthalpy diagram, Figure A.12 or Figure A.13. The point is located at 
the intersection of the horizontal pressure line at 500 kPa (72.5 psia) and the line 
of constant temperature of 30°C (86OF). From this point move either up or down 
to the horizontal enthalpy scale to read 1532 kJ/kg (650 Btujlb). 

2.15 SPECIFIC VOLUME 

As explained in Section 2.9, the specific volume is the volume occupied by unit 
mass of the substance, thus possesses units of m3/kg (ft3/lb). To provide numbers 
of convenient magnitudes, liters per kilogram (L/kg) is sometimes chosen as the 
unit in SI. Typically, specific volumes are used in reference to gases while the 
reciprocal of specific volume, density, is applied to  liquids. Two situations where 
knowledge of the specific volume of a refrigerant is important are in computing 
vapor velocities in pipes and in computing the volume flow rate in a compressor. 

The influences of the temperature and the pressure on specific volume of a 
vapor are illustrated in Figure 2.16. In Figure 2.16a a given mass of refrigerant 
contained in a cylinder maintained a t  a constant pressure experiences a rise in 
temperature from state A to state B. The gas expands, resulting in an  increase 
in volume, and because the mass remains constant the specific volume increases 
as well. In Figure 2.16b the process from state C to  state D takes place at  
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erature pressure 

FIGURE 2.16 
(a) An increase in specific volume as the temperature increases at constant pressure, and (b) 
a decrease in specific volume as the pressure increases at constant temperature. 
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FIGURE 2.17 
Constant specific volume lines on the pressure-enthalpy diagram. 

constant temperature that is maintained by appropriate cooling. The light weight 
is replaced by a heavy weight which compresses the gas, decreasing its specific 
volume. 

On the pressure-enthalpy diagram, which is our focus at  the moment, lines 
of constant specific volume appear as shown in Figure 2.17. The paths of the 
two processes illustrated in Figure 2.16, A-B and G D ,  indeed verify the increase 
in specific volume in process A-B and the decrease of specific volume in process 
C-D. 

Example 2.12. What is the specific volume of R-22 at a temperature of 30°C 
(86OF) and a pressure of 280 kPa (40.6 psia)? 
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Solution. From the pressure-enthalpy diagram for R-22, Figure A . l  or A.2, at 
the intersection of the pressure and temperature lines, the specific volume is found 
.to be 0.100 m3/kg (1.6 ft3/lb). 

2.16 ENTROPY 

Entropy is a property that in the study of thermodynamics provides useful in- 
sight on such tasks as evaluating the the effectiveness of processes. Observation 
of any of the saturation tables of refrigerants in the appendix shows values of 
entropy given for saturated liquid and saturated vapor. While the concept of 
entropy is necessary for a thorough study of thermodynamics, we will not delve 
deeply into the nature of the property. Our uses of entropy will be limited to 
two applications (1) the compression of a refrigerant vapor which ideally is rep- 
resented by the constant entropy lines, and (2) use of entropy to  help describe 
an  ideal refrigeration cycle, as will be applied in Section 2.17. 

It is not necessary to  understand entropy completely for our limited pur- 
poses, but for the inquisitive person the definition of entropy expressed in terms 
of a heat-transfer process is: 

ds = ($) 
r e v  

where s = entropy, kJ/kg-K (Btu1lb.R) 
q = magnitude of heat transfer, kJ/kg (Btu/lb) 
T = absolute temperature, kelvin (rankine) 

The letter d preceding s and q indicates a very small or differential quantity 
as illustrated in the graph of a heat-transfer process as shown on temperature- 
entropy coordinates in Figure 2.18. Revision of Equation 2.6 gives 

which in Figure 2.18 shows that the area under the curve represents the quantity 
of heat transferred, dq. 

The subscript rev has important thermodynamic implications and requires 
that  the process take place with no losses such as friction. In the reversible 
compression of a spring, for example, the spring must be able to repay precisely 
the same force a t  each position of compression that  was exerted to compress 
the spring. In the thermal process, heat must be transferred while the source of 
heat and the object are at the same temperature. Such a condition would permit 
the process to  reverse itself by giving up heat from the object to the original 
source with no temperature differences. Of course, we know that there must be 
a temperature difference for heat to flow, which indicates that the reversible 
process is the ideal and is the basis of comparison of our actual process. 

We will return to  graphs displayed on the temperature-entropy coordinates 
in the next section, which introduces refrigeration cycles, but first we continue 



FIGURE 2.18 
The area under a curve of a heat-transfer process when shown on temperature-entropy coor- 
dinates represents the magnitude of heat transfer. 

the development of the pressure-enthalpy diagram and, in particular, predict the 
pa th  of lines of constant entropy in the superheat region. A key property of lines 
of constant entropy in the superheat region on the pressure-enthalpy diagram is 
tha t  they represent an ideal compression: 

lines of constant entropy on p-h diagrpm = compression lines 

An ideal compression is considered one with no  heat transfer in or ou t  of the 
compressor (called a n  adiabatic process) and is reversible (as described above). 
If we accept the fact t ha t  the lines of constant entropy represent an  ideal com- 
pression, we can predict their orientation on  the pressure-enthalpy diagram, as in 
Figure 2.19. In  a compression process we expect the pressure t o  increase and  also 
the enthalpy t o  increase, as was proposed in Figure 2.8a. The lines of constant 
entropy thus trend upward t o  the right in the superheat region. 

Example 2.13. R-22 saturated vapor a t  a temperature of -15OC (s0F) is com- 
pressed in a process with neither friction nor heat transfer to a pressure of 1400 
kPa (203 psia). How much work is exerted on each kg (lb) of refrigerant corn- 
pressed? 

Solution. Referring to the pressure-enthalpy diagram for R-22, Figure A.l or 
Figure A.2, locate saturated vapor at a temperature of -15OC (S°F) where the 
entropy is 1.775 kJ1kg.K (0.226 Btu1lb.R). From the saturation tables or from 
the pressure-enthalpy diagram, the enthalpy of the vapor at the beginning of 
compression is 399 kJ/kg (105 Btu/lb). Move upward to the right dong the 
constant-entropy line until reaching the pressure of 1400 kPa (203 psia), which is 
the condition at the end of compression. Here the enthalpy is 438 kJ/kg (121.6 
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FIGURE 2.19 
Constant entropy lines on the pressure-enthalpy diagram. 

Btu/lb), and, incidentally, the temperature is 62'C (144OF). The work of com- 
pression is the difference in enthalpy during the process: 

Work of compression = Ah = 438 - 399 = 39 kJ/kg (16.7 Btu/lb) 

2.17 THE IDEAL REFRIGERATION 
CYCLE-THE CARNOT CYCLE 

We move now from the study of refrigerant properties to  the examination of 
cycles. A method of achieving continuous refrigeration is to pass a working sub- 
stance, called a refrigerant, through a series of processes, one of which can extract 
heat a t  low temperature. One such cycle is the Carnot refrigeration cycle, which 
is an ideal one and the most efficient possible between given temperature levels. 

Why even consider a cycle that  is unattainable? There are several reasons. 
One is that  the Carnot cycle offers a convenient means of showing the influ- 
ence of operating temperatures. Another is that the Carnot cycle gives a quick 
check on the effectiveness and ratios of heat-transfer rates of a real system. If 
a calculation during a design of a plant shows an efficiency superior to  that  of 
the Carnot cycle, that calculation is suspect. The components that  comprise the 
Carnot refrigeration cycle are a compressor, two heat exchangers, and an engine, 
arranged as shown in Figure 2.20. 

Furthermore, the processes must be conducted in specific ways: 
1-2. Compression with no friction and no transfer of heat. 
2-3. Heat rejection while the refrigerant maintains a constant 

temperature. 



heat exchanger I n 

Low-temperature 
heat exchanger 

FIGURE 2.20 
A Carnot refrigeration cycle. 

3-4. Expansion in the engine with no friction and no transfer of 
temperature. 
4-1. Heat absorption while the refrigerant maintains a constant 

temperature. 
Because processes 1-2 and 3-4 are frictionless, they are thermodynamically 

reversible, a term introduced in Section 2.16. Furthermore, because no heat is 
transferred to the surroundings, the processes are adiabatic. Reversible adiabatic 
processes take place a t  constant entropy, as indicated in Section 2.16, so the 
Carnot cycle consists of two constant-entropy and two constant-temperature 
processes, as shown in Figure 2.21 on the coordinates of absolute temperature 
and entropy. 

As Figure 2.18 showed, the area under a line on the T-s diagram represent- 
ing a reversible process indicates the amount of heat transferred. Thus, the area 
on Figure 2.21 under the process 2-3 represents the amount of heat rejected in 
that process, and the area under line 4-1 indicates the amount of heat absorbed 
in the refrigeration process. 

Example 2.14. In a Carnot refrigeration cycle the following temperatures and 
entropies prevail: 

TI = 250 K (450 R) 
T2 = 300 K (540 R) 
32 = 1.2 kJ1kg.K 
5-3 = 0.9 kJ1kg.K. 



FIGURE 2.21 
Carnot cycle displayed on temperature-entropy coordinates. 

What  are the magnitudes of refrigeration q, and the  heat rejected q, per kg of 
refrigerant circulated in the cycle? 

Solution. Because of the rectangular shape of the Carnot cycle, the remaining 
temperatures and entropies can be established: 

T3 = T2 = 300 K (540 R) 
T4 = TI = 250 K (450 R) 
31 = 32 = 1.2 kJ1kg.K 
34 = 33 = 0.9 kJ1kg.K 
T h e  magnitude of refrigeration q. is represented by the area under line 4-1: 

and the area under line 2-3 represents the heat rejected q, 

Another important piece of information that  can be calculated about a 
Carnot cycle is net work per unit of mass  circulated. Figure 2.20 shows the 
compressor receiving and the engine providing work. An energy balance states 
tha t  the energy into the cycle equals tha t  leaving: 

q, + net work into cycle = q, 

The  difference between q, and q,  is net work, 

Net work into cycle = q, - q, = (T2 - T1)(s2 - s s )  (2.8) 

In Example 2.14 the net work would be 90 - 75 = 15 kJ/kg (6.45 Btu/lb). 



Constant- 

FIGURE 2.22 
The Carnot cycle shown on the pressure-enthalpy diagram. 

2.18 ACHIEVING THE CARNOT 
CYCLE WITH A REAL REFRIGERANT 

If the Carnot cycle is the most efficient possible between two temperature levels, 
the goal should be to reproduce it in practice. We acknowledge that  friction- 
less compressions and expansions are not possible, but the goal of constant- 
temperature heat transfer is worthy of pursuit: Such a process is achievable if a 
real refrigerant is condensed or evaporated at  constant pressure, during which 
the state is saturated. A Carnot cycle fitting within the saturation lines of the 
p-h diagram is shown in Figure 2.22. Alternate axes on which the cycle can 
be displayed are the temperature-entropy coordinates of Figure 2.23 with the 
rectangular diagram of the Carnot cycle placed within the envelope. 

Pick up the description of the cycle in process 4-1 where the refrigerant 
evaporates a t  constant pressure. The evaporation terminates at  point 1 with 
some liquid still mixed with the vapor. Point 1 is placed such that ,  after an 
isentropic compression to  the high pressure, the position will be point 2 on the 
saturated vapor line, or perhaps even within the liquid-vapor mixture region. 
The next process, 2-3, is a constant-pressure condensation, which is a constant- 
temperature process as well. The condensation terminates at  saturated liquid, 
point 3. The isentropic expansion in the engine carries the process into the rnix- 
ture region back to  point 4. 

Several equipment problems would likely result from attempting to  operate 
the cycle of Figures 2.22 and 2.23. The revisions of this idealized cycle into a 
practical one will be described in Sections 2.25 and 2.26. A degree of practicality 
already has emerged in the use of a condenser for high-temperature heat rejection 
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FIGURE 2.23 
The C m o t  cycle using a seal refrigerant confined within the saturated liquid and vapor lines 
on temperature-entropy coordinates. 

and an evaporator for low-temperature heat absorption. Before addressing the 
changes needed to convert the Carnot cycle to a practical refrigeration cycle, 
several conclusions can be drawn from the Carnot cycle which carry through to 
actual plant operation. These conclusions apply to the efficiency of a refrigeration 
cycle that  is explained in the next section. 

2.19 EFFICIENCY OF A 
REFRIGERATION CY CLE--THE 
COEFFICIENT OF PERFORMANCE 

The efficiency of power-generating cycles is defined as the ratio of the energy 
output to the energy input. This definition works well for power cycles, but 
would be ambiguous for a refrigeration cycle. The thrust of the efficiency of a 
power cycle may be adapted to  the refrigeration. cycle by defining the efficiency as 
the desired quantity divided b y  what must be paid t o  achieve the desired quantity. 
The desired quantity is the refrigeration, and the expenditure is the net work. 
To avoid confusion this term is not called an efficiency, but instead called the 
coeficient of performance, and abbreviated COP. 

desired quantity 
Coefficient of performance = COP = 

expenditure 
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For the Carnot cycle, since from Equation 2.8 the net work is q, - qa, the COP 

Since we would like to  expend the least power for a given refrigeration rate, we 
seek a high value of the COP. 

2.20 CONDITIONS FOR HIGH COP OF 
THE CARNOT CYCLE 

A high COP is desirable since it indicates that the work necessary to  motivate the 
cycle will be small for a given amount of refrigeration. Examination of Equation 
2.9 shows that decreasing the condensing temperature Tz increases the COP. 
Also, an increase in the evaporating temperature TI increases the COP, from its 
influence on both the numerator and the denominator. A one-degree increase in 
evaporating temperature exerts greater influence than a one-degree decrease in 
condensing temperature. The influence of these temperatures is one of the useful 
insights provided by the Carnot cycle and carries through to  actual refrigeration 
plants. These objectives permeate the endeavor to operate refrigeration plants 
efficiently, so for micimum power requirements for a given refrigeration capacity: 

maintain the condensing temperature as low as possible, and 
maintain the evaporating temperature as high as possible. 

Knowing which way to  change TI and Tz does not imply that we have 
complete liberty to  set their values. If we did, we would simply operate with 
Tl = Tz, which results in a COP of infinity. Then we could achieve all the 
refrigeration we needed without an energy expenditure. The refrigeration cycle 
pumps heat from one temperature level to a higher one. In Figure 2.24, for 
example, the Carnot cycle pumps heat from a cold room at  -20°C (-4OF, 253.15 
K, 456 R) and discharges heat to  atmosphere a t  a temperature of 35OC (95OF, 
308.15 K, 555 R). The temperature TI can be no higher than the cold room 
temperature of -20°C (-4OF), and T2 can be no lower than the atmospheric 
temperature of 35OC (95OF). The coefficient of performance of the cycle operating 
between the absolute temperatures of 253.15 and 308.15 K (455.67 and 554.67 
R) is: 

253.15 
COP = - 455.67 = 4.60 

308.15 - 253.15 - 554.67 - 455.67 
The suggestion that  Tl could be the same as the temperature of the cold 

room and that Tz could be the same as the temperature of the atmosphere con- 
tinues the concept of reversibility. A reversible heat-transfer process is one where 
heat is transferred even though there is no difference in temperature. Such a con- 
dition is an  idealization and is physically impossible. In order to  transfer heat in 
a real system, Tl must be lower than the cold room temperature and Tz must be 
higher than the atmospheric temperature. These temperature differences, ATl 



PROPERTIES. CYCLES A N D  UNITS 45 

FIGURE 2.24 
Temperature limitation imposed on the refrigeration cycle. 

and ATz, respectively, as shown in Figure 2.24, lower TI and raise T2, decreasing 
the COP. To achieve a high COP, then, the focus shifts to the A T s  and the 
at tempt t o  keep the ATs as small as possible. In actual refrigeration plants, the 
magnitudes of the ATs are largely controlled by the amount of area chosen for 
the condenser and evaporator. Reduction of A T  to zero requires infinite heat 
transfer area and thus infinite cost. Chapter 6 on evaporators and Chapter 7 on 
condensers treat the choice of size of these components in economic terms. 

Example 2.15. A refrigeration system in a food processing plant operates with 
an  evaporating temperature of -20°C (-4OF) and discharges heat t o  the  atmo- 
sphere a t  2S°C (77OF). If the temperature a t  which heat is discharged were raised 
to  50°C (122'F), the energy could be used for process heating. If the system o p  
erates on the  Carnot cycle and the cost of electric energy is $0.07 per k w h ,  
what  would be  the  additional cost of compressor energy to  raise the condensing 
temperature to  a level that  would provide 1 G J  (948,000 Btu) of process heat? 

Solution. T o  make a fair comparison, both cycles should be analyzed using the 
same magnitude of refrigeration, as shown in Figure 2.25. T h e  amount of refrig- 
eration, as established from Figure 2.25b is: 

Refrigeration = (1 . lo9 J )  = 783 MJ  (742,000 Btu) 
323.2 

T h e  work W required for the refrigeration-only cycle is: 

W = (783 MJ)  ( 298.2 - 253.2 ) = 139 MJ (131,900 Btu) 
253.2 

T h e  work required for the heat-pump cycle is: 

323.2 - 253.2 ) = 216 MJ  (205,200 Btu)  



FIGURE 2.25 
(a) Refrigeration-only, and (b) heat-pumping cycle in Example 2.15. 

To obtain 1 GJ (948,000 Btu) of process heat the additional cost of com- 
pressor energy is 216 - 139 = 77 MJ (73,300 Btu). The cost of electric energy 
is expressed on a kwh basis. One MJ = 1,000 kJ, and 1 kJ = 1 kWs or 1/3600 
kwh. So 1 MJ = 1,000/3600 = 0.278 kwh. The additional cost of electricity to 
recover 1 GJ of process heat is: 

Cost = (77 MJ per GJ)(0.278 kWh)($0.07 per kwh) 
Cost = $1.50 per GJ (948,000 Btu) 

which needs to be compared with the cost of heat from a fossil-fueled boiler. 

2.21 STEADY-FLOW ENERGY 
EQUATION 

An important tool of thermodynamics applicable to  refrigeration practice is the 
steady-flow energy equation. We have already used, perhaps unknowingly, special 
cases of the the steady-flow energy equation in Section 2.10 when explaining 
enthalpy and its use. We stated in Equation 2.4 that the rate of heat transfer 
in a heat exchanger such as a condenser or evaporator equals the product of the 
mass rate of flow and the difference of enthalpi& in and out of the exchanger. We 
also indicated in Equation 2.5 that  the power required by a compressor (in the 
absence of heat gain or  loss) was the product of the mass rate of flow and the 
enthalpy difference. The steady-flow energy equation relates the energy terms 
of the process shown schematically in Figure 2.26. The form of the equation is 
slightly different in SI and I-P units, so both will be shown. 
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FIGURE 2.26 
Initial and final positions, (states 1 and 2) in a steady-flow stream undergoing energy changes. 

In SI, the equation is: 

and in I-P units: 

where 
rh = 
h = 
v = 
Z = 
q = 

P = 
J = 
9 = 

gc = 

mass rate of flow of fluid, kg/s (Ib/s) 
enthalpy, J/kg (Btu/lb) 
velocity, m/s (ft/s) 
elevation above arbitrary datum plane, m (ft) 
rate of heat transfer into fluid, W (Btu/s) 
energy rate (shaft power) performed by fluid, W (Btu/s) 
conversion constant, 778 ft.lb/Btu 
local gravitational acceleration, m/s2 (ft/s2) 
standard gravitational acceleration, 32.2 ft/s2 

To arrive a t  Equation 2.4, q = m(hz-hl) ,  Equations 2.10 and 2.11 indicate 
the requirement that  there was no work done ( P  = 0) and that there are negligible 



FIGURE 2.27 
Quality expressed a9 the ratio of lengths (a) on a pressure-enthalpy diagram, and (b) on a 
temperature-entropy diagram. 

changes in velocity and elevation. Equation 2.5, P = riz(hl - h z ) ,  implies that  in 
addition to negligible changes in velocity and elevation, the process is adiabatic, 
thus q = 0. 

The steady-flow energy equation is a useful tool in other situations experi- 
enced in refrigeration systems. An application that will be used soon will be to 
explain what occurs in an expansion valve. 

2.22 STATE OF REFRIGERANT 
EXPRESSED BY QUALITY 

A thermodynamic property that  turns out to be a poor choice of terms is quali ty,  
because it has nothing to do with the purity or desirability of the fluid. Instead 
it defines the fraction of vapor in a sample of the liquid/vapor mixture: 

mass of vapor 
Quality, x = 

total mass of liquid and vapor 

In the diagram of Figure 2.27 the quality x is represented by the ratio of 
distances on the enthalpy and entropy scales. 
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I Refrigerant: ammonia 

FIGURE 2.28 
(a) Schematic diagram of the refrigeration plant, and (b) the pressure-enthalpy diagram of the 
system in Example 2.16. 

2.23 ANALYSIS OF A CARNOT CYCLE 
USING REFRIGERANT ENTHALPIES 

An important reason for analyzing refrigeration cycles is to design and/or trou- 
bleshoot problems in the capacities of evaporators and condensers and in the 
power requirements of compressors. Before leaving the Carnot cycle, the proce- 
dure for calculating energy flow rates using refrigerant enthalpies will be illus- 
trated. The same concepts apply to  actual operating cycles. 

Example 2.16. A refrigeration plant shown in Figure 2.28a operates on the 
Carnot cycle shown in Figure 2.28b. The refrigerant k ammonia and circulates 
with a flow rate of 0.32 kg/s (42.3 Ib/min). The condensing temperature is 30°C 
(86OF), and the evaporating temperature is -lO°C (14'F). 



Compute: 
(a) the enthalpies a t  all points in the cycle, 

(b) the refrigeration rate, 
(c) the power required by the compressor, 
(d) the power delivered by the  engine, 
(e) the rate of heat rejected a t  the condenser, and 
(f) the COP. 

Solution. (a) Because the cycle is a Carnot cycle, the compression, 1-2, and the 
expansion through the engine, 3-4, are isentropic. Thus, 31 = 3 2 ,  and 33 = 3 4 .  

Processes 2-3 and 4-1 take place a t  constant temperature. Values of enthalpy 
and entropy for points 2 and 3 can be  read directly from the saturation property 
table for ammonia, Table A.12 (Table A.14). Point 2 is saturated vapor and 3 is 
saturated liquid, both a t  30°C (86OF). 

h2 = 1486 kJ/kg (630.5 Btu/lb) 
32 = 5.264 kJ/kg.K (1.188 Btu/lb.R) 
hg = 342 kJ/kg (138.6 Btu/lb) 

= 1.489 kJ/kg.K (0.287 Btu/lb.R) 
Point 1 is a mixture of liquid and vapor a t  -lO°C (14OF) where the entropy 

31 = 3 2 ,  and 32 is the entropy of saturated vapor a t  30°C (86OF). T h e  quality a t  
point 1, z l ,  is given by the equation, 

where s f  and 3 ,  are the entropies of saturated liquid m d  vapor, respectively, a t  
-lO°C (14OF). Thus, 

The expression for z l  in terms of enthalpies is 

from which h l  can be computed as h l  = 1320.9 kJ/kg (559.4 Btu/lb). 
In a similar manner h4 can be calculated, 

then h4 = 327.7 kJ/kg (132.4 Btu/lb). 
Summarizing, 

h l  = 1320.9 kJ/kg (559.4 Btu/lb ) 
hz = 1486 " (630.5 " ) 
h 3  = 342 " (138.6 " ) 
h4 = 327.7 " (132.4 " ) 

(b) The refrigeration developed by each unit mass of refrigerant is called 
the refrigerating effect, which is: 



The refrigerating capacity, q, is the product of the mass rate of flow and the 
refrigerating effect, 

(c) The power required by the compressor PC is: 
PC = (flow rate)(hz - hl )  = (0.32 kg/s)(1486 - 1321) 
PC = 52.8 kJ/s = 52.8 kW (70.8 hp) 

(d) The power delivered by the engine P ,  is: 
P ,  = (flow rate)(hs - h4) = (0.32 kg/s)(342 - 328) 
P ,  = 4.5 kJ/s = 4.5 kW (6.0 hp) 

(e) The rate of heat rejected at the condenser, q, is: 
q, = (flow rate)(h2 - h3) = (0.32 kg/s)(1486 - 342) 
q ,  = 366.1 kJ/s = 366.1 kw (20,820 Btujmin) 

(f) The coefficient of performance of the cycle is the refrigerating rate di- 
vided by the net power. The net power is the compressor power less the power 
provided by the engine, 52.8 - 4.5 = 48.3 kW (2747 Btujmin). Then the COP is 

317.8 kW - 18,070 Btu/min 
COP = = 6.58 

48.3 kW - 2747 Btujmin 

An alternate method of computing the COP for the Carnot cycle is through 
the use of Equation 2.9, 

14 + 459.7 
COP = = 6.58 

(86 + 459.7) - (14 + 459.7) 

2.24 REFRIGERATION CAPACITY 
EXPRESSED IN I-P UNITS-TONS OF 
REFRIGERATION 

T h e  standard unit of refrigerating capacity in the I-P system of units is the ton  
of refrigeration, where 

1 ton of refrigeration = 12,0b0 Btu/hr  = 200 Btu/min 

T h e  origin of the te rm suggests the  early history of refrigeration in ice 
plants. A one-ton ice plant could freeze 2,000 lb of ice per day, which corresponds 
to 

(2000 lb)(144 Btu/ lb,  latent heat) 
= 12,000 Btu/hr 

24 hr 

T h e  refrigerating capacity in Example 2.16 is 18,070 Btu/min, or 

(18,078)/(200 Btu/min per ton) = 90.4 tons. 
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FIGURE 2.29 
Wet versus dry compression. 

2.25 DRY VERSUS WET 
COMPRESSION 

In this section and the next, we progress from the Carnot cycle toward a more 
realistic cycle called the standard vapor-compression cycle. TWO processes in the 
cycle shown in Figure 2.28b are revised-compression and expansion. We exam- 
ine first the compression process, 1-2, displayed in Figure 2.29. The compression 
in the Carnot cycle is called wet compression, because it occurs completely in 
the mixture region with some liquid present. 

Some operating problems are associated with wet compression. With recip- 
rocating compressors, liquid on the cylinder walls diminishes lubrication effec- 
tiveness. Also, if liquid droplets remain unvaporized a t  the end of compression, 
the incompressible liquid may be forced into limited clearance volume and valves 
could be damaged. A further difficulty is that of controlling the fraction of liquid 
at  point 1 to provide saturated vapor at  point 2 after compression. 

As will be discussed in Chapter 5, oil is injected t o  seal the space between 
the rotors of a screw compressor, and this oil can be cooled by direct injection 
of refrigerant. Laboratory tests show, however, that  the expected improvement 
of performance with wet compression is not realized. 

Instead of the wet compression of path 1-2, the standard vapor compression 
cycle assumes dry compression wherein the vapor entering the compressor is 
saturated vapor at  point 1'. The cornpression.then proceeds to point 2' in the 
superheated vapor region. There are two influences on the efficiency of the cycle 
by the change from wet to  dry compression+ne an advantage and the other a 
disadvantage. The advantage is that the refrigerating effect increases from (hi 
- h4) to  (hl,  - h4), thus from 993 kJ/kg (427 Btu/lb) to  1123 kJ/kg (483 
Btu/lb), in the conditions of Example 2-16. On the other hand the work of 
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compression also increases from (hz - h l )  of 165 kJ/kg (71 Btu/lb) to (hzt - 
hl,) of 198 kJ/kg (85 Btu/lb). Thus the improvement in capacity is 13.1% while 
the additional work expended is 20.0%. The change to  dry compression therefore 
reduces the C O P  of the cycle. 

2.28 THROTTLING VALVE VERSUS 
AN EXPANSION ENGINE 

The  Carnot cycle envisions the liquid a t  point 3 in the cycle dropping in pressure 
through an engine, and the power developed by the engine helping to drive 
the compressor, thereby reducing the net power that  must be supplied t o  the 
compressor. Building the hardware to accomplish this task has been an illusive 
goal, because the challenges include a reliable engine that  handles a mixture of 
liquid and vapor, a simple way of transferring the power developed in the engine 
t o  the compressor, and regulating the flow rate of refrigerant through the engine 
so that the evaporator is supplied with the correct flow rate of refrigerant. A 
flow rate supplied to  the evaporator that is too low penalizes the rate of heat 
transfer, and a flow rate too high could flood liquid out of the evaporator into 
the compressor. 

The difficulties of manufacturing engines that work reliably with the mix- 
ture of liquid and vapor are formidable, so most refrigeration systems accomplish 
the necessary drop in pressure from point 3 to point 4 in a controlled throttling 
valve, called an ezpansion value. Currently a t  least one commercial refrigeration 
system uses an expansion engine3, which is applied t o  a water chiller using R- 
134a as the refrigerant. The engine is a turbine that delivers its power t o  the 
compressor through a direct shaft connection. Across the expansion valve, shown 
schematically in Figure 2-30, the refrigerant property relations prevailing derive 
from the steady-flow energy equation, Equations 2.10 and 2.11. 

There is no shaft taking out work, so 7J = 0, and even if the line is oriented 
vertically, the change in energy due to  the change in elevation is negligible. While 
there will be a velocity change because the refrigerant a t  point 4 contains some 
vapor and has a higher specific volume, the magnitude of the change in kinetic 
energy, V2/2 (V2/2g) is negligible. The final assumption is that the rate of heat 
transferred t o  or from ambient is zero. After all such simpliflciations are made, 
the steady-flow energy equation for the expansion valve reduces to: 

The substitution of an expansion valve for the expansion engine results in a 
pressure-enthalpy diagram as in Figure 2.31. This revision from the Carnot cycle 
imposes a double penalty: the net power requirement is increased because of the 
loss of the contribution of the engine, and the refrigerating effect is decreased. 
In Example 2.16 the work of engine was h3 - h4 or 342 - 328 kJ/kg = 14 kJ/kg 
(6.0 Btu/lb), and when the expansion valve is substituted this useful work is 
eliminated resulting in an 8.5% increase in power. The refrigerating effect changes 
from 993 kJ/kg (427 Btu/lb) t o  979 kJ/kg (421 Btu/lb) which is a reduction of 
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Expansion valve 

where: 5 = 24 

v, = v, 
P =  0 
q = o  

FIGURE 2.30 
Refrigerant flow through an expansion valve. 

FIGURE 2.31 
Pressure-enthalpy diagram showing the substitution of'an expansion valve for an expansion 
engine. 

1.4%. The conversion to the expansion valve is even more penalizing than the 
change to dry compression. 

2.27 THE STANDARD 
VAPOR-COMPRESSION CYCLE 

From the revisions to the Carnot cycle we are led to a popular convention 
for analyzing refrigeration cycles-the standard vapor- compression cycle. The 
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0 Condenser a - 0 

Expansion (a) 
valve 

- 
Evaporator 

FIGURE 2.32 
The standard vapor compression cycle with (a) the flow diagram, and (b) the pressure-enthalpy 
diagram. 

schematic diagram of the equipment and the points on the pressure-enthalpy 
diagram that correspond to key positions in the cycle are shown in Figure 2.32. 
The following are the specifications of the four. processes: 

1-2, constant-entropy compression to the condensing pressure 
2-3, constant-pressure desuperheating and condensation to saturated liquid 
3-4, constant-enthalpy expansion through the expansion valve to the low 

pressure 
4- 1 ,  constant-pressure evaporation to  saturated vapor 

Example 2.17. An R-22 system that develops a refrigerating capacity of 150 
kW (42.6 tons of refrigeration) operates on the standard vapor-compression cycle 
with an evaporating temperature of -S°C (23OF) and a condensing temperature 
of 3s°C (9s0F). Compute the following: 



(a) evaporating and condensing pressures 
(b) enthalpies a t  all points in the cycle 
(c) mass flow rate of R-22 circulating through the system 
(d) volume flow rate measured a t  the compressor suction 
(e) power required by the compressor 
(f) coefficient of performance 

Solution. (a) From Table A.2 (A.3), properties of R-22 at saturated conditions, 
the evaporating pressure is 421.7 kPa (61.18 psia) at -5'C (23'F) and the con- 
densing pressure is 1355.1 kPa (196.6 psia) at 35OC (95'F). 

(b) The enthalpy at  point 1 is that of saturated vapor at  the evaporat- 
ing temperature, and the enthalpy at  point 3 is that of saturated liquid at  the 
condensing temperature. The enthalpy at  point 2 is found by moving along a 
constant-entropy line from point 1 to the condensing pressure. The enthalpy 
leaving the expansion valve, h r ,  is the same as that entering, h3.  The values are: 

(c) Each kg (lb) of refrigerant that circulates through the system performs 
402.7 - 242.8 = 159.9 kJ/kg (68.7 Btu/lb) of refrigeration. In order to accomplish 
150 kW (42.6 tons) of refrigeration, the mass rate of flow of R-22 m must be 

or in I-P units 

. (42.6 tons)(200 Btu/min per ton) 
m =  

68.7 Btu/lb 
= 124 lb/min 

(d) The volume rate of flow Q at the compressor suction (point 1) is the 
mass rate of flow multiplied by the specific volume at that position which is 55.2 
L/kg or 0.0552 m3/kg (0.884 ft3/lb). 

(e) The compressor power is the product of the work of compression in 
kJ/kg (Btu/lb) and the mass rate of flow. The work of compression is hz - hl 
or 431.8 - 402.7 = 29.1 kJ/kg (12.5 Btullb'). So the power requirement for an 

Compressor power = (0.938 kg/s)(29.1 kJ/kg) 
ideal compressor is 

Compressor power = 27.3 kW (36.6 hp) 
(f) The coefficient of performance is the ratio of useful refrigeration to the 

power required, thus 
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2.28 HORSEPOWER PER TON 

The C O P  has been used frequently throughout this chapter as a measure of the 
effectiveness of the system and is a term that is widely used in the design and 
analysis of systems. In the United States another measure of the efficiency of the 
system that  is sometimes used is the term horsepower per ion of refrigeration. 
These two terms can be readily converted from one to  another by the equation 

4.715 
Horsepower per ton = - 

COP 

In Example 2.17, for example, the effectiveness of the system in horsepower per 
ton is (36.6 hp)/(42.6 tons) = 0.86. This value could have been derived from the 
COP of 5.50 using Equation 2.14, 

Horsepower per ton = 4.715/5.50 = 0.86 

2.29 VARIATIONS IN THE STANDARD 
VAPOR-COMPRESSION CYCLE 

The standard vapor-compression cycle is a useful concept, and the quantitative 
values that  it provides are useful in the design and analysis of refrigeration sys- 
tems. Certain idealizations are inherent in the standard cycle and we look ahead 
to  the performance characteristics of real systems. For this reason, translation of 
the results to  operating systems will be considered in the next section. We need 
to  know, however, how real systems deviate from the standard vapor-compression 
cycle, and the first modification is in the flow diagram of the cycle as shown in 
Figure 2-33. Most industrial refrigeration systems incorporate a receiver, which 
accumulates the liquid coming from the condenser and feeds it to the evaporator 
as needed. The level of liquid in the receiver rises and falls as liquid shifts in 
and out  of the evaporator and condenser at  various operating conditions. The 
presence of the receiver does not change the cycle diagram as appears in Figure 
2.32b. 

Several deviations from the standard vapor-compression cycle that are typ- 
ical of operating systems are shown in Figure 2.34. These variations include 
drops in pressure in the condenser and evaporator as well as in the connecting 
piping. Also there may be a small amount of subcooling of the liquid leaving the 
condenser and superheating of the vapor leaving the evaporator. If the type of 
condenser is one where refrigerant condenses in the tubes (in contrast to  con- 
densing in the shell of a shell-and-tube condenser), the pressure will drop as the 
refrigerant passes through the heat exchanger. Similarly, the pressure of refrig- 
erant drops in an  evaporator when boiling in the tubes. The refrigerant leaving 
industrial refrigeration condensers may be slightly subcooled, but subcooling is 
not normally desired since i t  indicates that sbme of the heat-transfer surface 
that  should be used for condensation is used for subcooling. At the outlet of the 
evaporator it is crucial for protection of the compressor that there be no liquid, 
so to be safe it is preferable for the vapor to  be slightly superheated. 



FIGURE 2.33 
Addition of a liquid receiver to the refrigeration cycle. 

FIGURE 2.34 
Deviations of the real cycle from the standard vapor-compression cycle. 
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2.30 USEFULNESS OF THE 
THERMODYNAMIC FOUNDATION 

In the study of cycles, this chapter has proceeded toward the goal of real cy- 
cles starting with the very most efficient one, the Carnot cycle, and then to the 
standard vapor-compression cycle. The standard vapor-compression cycle lies 
somewhere between the Carnot cycle and actual system operation in its expres- 
sion of reality. The Carnot and standard vapor-compression cycle provide insight 
into the character of refrigeration, and these cycles have additional value as tools 
to numerically estimate the performance of actual plants. 

First consider the relationship of the Carnot and the standard vapor com- 
pression cycles. Converting the Carnot cycle to the standard vapor-compression 
cycle (Sections 2.25 and 2.26) introduced some inefficiencies into the cycle. If 

designates the COP of the standard vapor-compression cycle and 
COPcarnot that of the Carnot cycle, the ratio of COPs, COPatd uc/COPcarnotl 
for most industrial refrigerants is an approximate function of the temperature 
difference between condensing and evaporating temperatures, as shown in Figure 
2.35. For quick estimates of the COP of a standard vapor-compression cycle, data 
of Figure 2.35 can be applied to the simply-computed Carnot COP, Tevap/(Tcond 
- Teuap). In Example 2.17, the temperature difference between condensing and 
evaporating is 40°C (72OF) which from Figure 2.35 suggests a ratio of COPs of 
about 0.83. When applied to  the COPcar,,t of 268.15/40 = 6.7 the prediction of 
the COPatd.,, = (0.83)(6.7) = 5.56 which agrees well with the value calculated 
in Example 2.17. 

The next comparison is between the performance indicated by the standard 
vapor-compression cycle and the performance of actual hardware. To translate 
the C O P  of the standard vapor-compression cycle to  actual equipment, simply 
multiply by the compressor efficiency. Usual compressor efficiencies range from 
80% for low pressure ratios to  70% for high pressure ratios. Test this procedure 
with the operating conditions of Example 2.17. If a compressor efficiency of 80% is 
assumed, the predicted COP would be (5.50)(0.80) = 4.40 corresponding to  1.07 
hp/ton. Catalog data  of a six-cylinder ammonia compressor manufactured by 
Vilter Manufacturing Corporation, operating at  35OC (95OF) and -5OC (23OF) 
condensing and evaporating temperatures, respectively, quotes a refrigerating 
capacity of 368 kW (104.6 tons) and a power requirement of 81.2 kW (108.9 hp). 
Thus, the actual horsepower per ton is 1.04 corresponding to  a COP of 4.53. 

Another occasion where the procedures explained in this chapter are used 
is in computing flow rates a t  various points in the refrigeration cycle. The mass 
flow rates, the volume flow rates, and the velocities are necessary, for example, 
in computing the pressure drop of the refrigerant flowing in pipes. 

Plant managers and operators strive constantly to conserve energy and 
Section 2.20 explained that  a fundamental approach to energy conservation is to 
provide the compressor with as high a suction pressure and as low a condensing 
pressure as possible. It is useful to know what magnitudes of improvement are 
possible by raising the evaporating temperature and reducing the condensing 
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FIGURE 2.35 
Approximate ratio of the coefficients of performance of the standard vapor-compression cycle 
to the Carnot cycle for most industrial refrigerants. 

temperature. T h e  expression for the  Carnot  COP provides a good est imate of 
possible improvements. 

E x a m p l e  2.18. What is the percentage improvement in the COP (horsepower 
per ton) of elevating the evaporating temperature 1°C and reducing the condens- 
ing temperature 1°C at  the following two operating conditions: (a) S°C (40°F) 
evaporating and 30°C (86OF) condensing temperatures, respectively, and (b) 
-lO°C (14OF) evaporating and 3S°C (9S°F.) condensing temperatures, respec- 
tively. 

Solution. (a) The base C O P  is (5 + 273.15)/(30 - 5) = 11.126. The COP that 
results when the evaporating temperature is raised lo is (6 + 273.15)/(30 - 6) = 
11.631 or a 4.5% increase in C O P  per OC (2.5% per OF). Reducing the condensing 
temperature by 1°C raises the COP to (5 + 273.15)/(29 - 5) = 11.59 or a 4.2% 
increase in COP per OC (2.3% per OF). 



(b) The base COP is (-10 + 273.15)/(35 - (-10)) = 5.848 and a com- 
putation similar to that of part (a) yields an improvement in COP of 2.4% per 
OC (1.33% per OF) for a 1°C increase in evaporating temperature and a COP 
improvement of 2.3% per OC (1.26% per OF) for a reduction in condensing tem- 
perature. 

A few comments and interpretations applicable to  Example 2.18 are as 
follows. The Carnot COP was used directly for the percentage improvement 
calculations because the corrections of Figure 2.35 and the compressor efficiency 
would simply cancel out. However, the corrections for the translation of Carnot to  
the standard vapor-compression cycle (Figure 2.35) is also affected by the change 
in evaporating or condensing temperature and contributes a secondary effect 
on the calculation. Each OC increase in evaporating or decrease in condensing 
temperature improves the COP ratio by about 0.04 (0.022 per OF). Thus the 
calculation using only the Carnot COP slightly underestimates the potential 
improvement. 

A further observation from Example 2.18 is that the percentage improve- 
ment in the COP in part (a) with its smaH lift of temperatures is greater than in 
part (b) with its large lift of temperatures. A superficial and erroneous conclu- 
sion is that a change in temperature of a given amount is not as important with 
high temperatures lifts as it is with low temperature lifts. The opposite conclu- 
sion is correct, however, when the analysis is extended to the energy requirement 
which ultimately appears on the electric bill. For a given kW of refrigeration the 
power requirement in the plant (now including the data of Figure 2.35 and the 
compressor efficiency) for the operating conditions of part (a) would be 

(1 kW refrigeration) 
Power, kW = 

(COP~atnot)(O.9 from Figure 2.35)(0.80 compressor effic.) 

Power = 0.125 kW per kW of refrigeration 
A similar calculation for the conditions in part (b) shows a power requirement of 
(1 kW)/I(5.848)(0.81)(0.78 efficiency)] = 0.27 kW. Application of the percent- 
age improvement of a 1°C higher evaporating temperature calculated in Example 
2. 18 shows a power reduction of 0.0056 kW with the conditions of part (a) and 
0.0065 kW under the operating conditions of part (b). The effect on compressor 
power per unit refrigerating capacity is thus more prounouced a t  high tempera- 
ture lifts. 

Knowledge of the fundamentals of refrigerant properties and cycles has 
equal importance t o  the refrigeration engineer that the ability to tackle and block 
has to  a football player and possession of a sense of rhythm has to  a musician. 
The fundamentals are the foundation on which to  construct the practice. Good 
refrigeration engineers frequently return to theie fundamentals in their design of 
new plants and in the analysis of problems in existing systems. 
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CHAPTER 

MULTISTAGE 
SYSTEMS 

3.1 MULTISTAGE COMPRESSION IN 
INDUSTRIAL REFRIGERATION 

A significant fraction of industrial refrigeration plants operate with a large dif- 
ference between evaporating and condensing temperatures-perhaps 50°to 80°C 
(lOOOto 150°F). This large temperature lift imposes both problems and oppor- 
tunities for the system. An opportunity is to use multistage compression, which 
although increasing the first cost over single-stage compression, also alleviates 
some problems and can save on total compressor power. In multistage compres- 
sion, the refrigerant basically flows in series through two or more compressors 
with special processes performed on the refrigerant between stages. This chapter 
concentrates on two-stage compression, but the principles could be extended to  
three-stage compression which is an arrangement sometimes used in extremely 
low-temperature installations. 

The use of two-stage compression opens up the opportunity to use two key 
processes which characterize multistage systems-flash gas removal and inter- 
cooling. It is instructive to examine these processes individually before combin- 
ing them, as they exist in real systems. The number and temperature level of 
evaporators in the system imposes another variation on the configuration of mul- 
tistage systems. The chapter concludes with an examination of cascade circuits, 
which are a form of multistage systems. 



Saturaded liquid p = 289.9 kPa (42.1 psia) 
t = 30 C (86°F) t = -10°C (14%) 

_.) 

p = 1164 kPa (168. h = 342 kJ/kg 
h = 342.0 kJkg (138.7 Btdb) 

(1 b ) Fraction liquid = 0.9 15 

FIGURE 3.1 
Expansion of saturated Liquid (a) in a one-step process and (b) in a partial expansion folloced 
by separation then continued expansion separately of liquid and vapor. 

3.2 LOSSES IN THE EXPANSION 
VALVE PROCESS 

First focus on the process that occurs in the expansion valve, where liquid en- 
ters and a mixture of liquid and vapor leaves. The familiar vertical line on the 
pressure-enthalpy diagram, such as process 3-4 in the standard vapor compres- 
sion cycle of Figure 2.32, indicates a progressive increase in the fraction of vapor. 
This vapor is unable t o  absorb heat from the evaporator, but requires compres 
sor power to  return it to  the condenser pressure. To seek more insight into this 
process, explore the expansion of ammonia-saturated liquid at  30°C (86OF) and 
a pressure of 1163.8 kPa (168.8 psia) to  a pressure of 289.9 kPa (42.1 psia) cor- 
responding to a saturation temperature of -lO°C (14OF). Figure 3.la shows the 
process taking place in one step. Figure 3.lb shows the equivalent process but 
with the expansion occurring as follows: (a) a drop in pressure to 572.1 kPa (83.0 
psia), (b) a separation of the liquid and vapor, (c) separate expansion of liquid 
and vapor to  the final pressure of 289.9 kPa (42.1 psia), and finally (d) combining 
the mixture of liquid and vapor at  point 6 with the vapor a t  5 to achieve at  point 
7 the same conditions that occurred after the single-stage expansion. Table 3.1 



TABLE 3.1 
Conditions at the statepoints in ~ i ~ u r e  3.lb. 

shows conditions a t  the statepoints of Figure 3.lb with the flow rates that would 
occur for a total flow rate of 1 kg/s. 

The purpose of comparing the two techniques for conducting the expansion 
is to  focus on the flash gas tha t  progressively develops as the expansion proceeds. 
In particular, when the vapor at  point 3 is expanded to  the low pressure this vapor 
is useless for refrigeration. Its enthalpy is too high to achieve any refrigeration in 
the evaporator, and its temperature of - 2 . 1 5 0 ~  (28.1°F) is actually higher than 
the -lO°C (14OF) that  will be the evaporating temperature. In order to  drop the 
temperature of the vapor a t  point 5 to  -lO°C (14OF), a small amount of liquid 
a t  6 must vaporize to  match the state a t  point 7 to  that which occurs in the 
single-stage expansion. Not only is the vapor at  point 3 useless for refrigeration, 
the continued expansion t o  the low pressure only entails the expenditure of power 
to  recompress it. The conclusion is that  the vapor a t  point 3 should be removed 
and compressed back to the condensing pressure without expanding it further 
to the low pressure. This objective defines the function of flash-gas removal. 

Point 

1 

2 

3 

4 

5 

6 

7 

3.3 FLASH-GAS REMOVAL 

Suitable equipment t o  partially expand the refrigerant and then remove the flash 
gas is shown schematically in Figure 3.2. Liquid refrigerant from the condenser 
or high-pressure receiver passes through a level-control valve. The liquid, being 
more dense than the vapor, separates and flows on to the expansion valve of 
the evaporator. A flash-gas compressor draws off the vapor from the separating 
vessel or flash tank and compresses it to  the condensing pressure where it joins 
the vapor from the main compressor. 

Because the level-control valve in Figure 3.2 is appearing for the first time in 
this book, it is important t o  realize that  it performs the function of an expansion 
valve. In controlling the level of liquid in the vessel, the valve opens wider if the 
liquid level begins to  drop. Similarly, if the liquid level begins to  rise, the valve 
closes more. The pressure in the flash tank is controlled by the pumping capacity 

Temperature 
OC 
30 

8 

8 

8 

-2.15 

-10 

-10 

OF 
86.0 

46.4 

46.4 

46.4 

28.1 

14.0 

14.0 

Pressure 
kPa 
1164 

572.1 

572.1 

572.1 

289.9 

289.9 

289.9 

psia 
168.8 

83.0 

83.0 

83.0 

42.1 

42.1 

42.1 

Flow rate, kg/s 
liquid 

1.000 

0.915 
- 

0.915 
- 

0.856 

0.855 

Enthalpy 
vapor 
- 

0.085 

0.085 
- 

0.085 

0.059 

0.145 

kJ/kg 
342.0 

342.0 

1469.9 

237.2 

1469.9 

237.2 

342.0 

Btu/lb 
138.7 

138.7 

623.5 

114.8 

623.5 

114.8 

138.7 
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valve 

FIGURE 3.2 
A two-stage compression system with flash-gas removal. 

of the flash gas compressor in relation to the flow rate of liquid passing on to 
the evaporator. For a given flow rate of liquid leaving the vessel, a low pumping 
capacity of the flash-gas compressor results in a high intermediate pressure. This 
is true, because a t  steady-state operation the flow rate of vapor that forms due to 
flashing must equal the rate of removal by the compressor. If this pumping rate 
is low, the process adjusts by generating only a low flow rate of vapor, which 
is associated with a small drop in pressure through the valve. The pressure- 
enthalpy diagram displaying the statepoints of the refrigerant in the equipment 
of Figure 3.2 is shown in Figure 3.3. 

Example 3.1. An ammonia system operating with an evaporating temperature 
of -30°C (-22OF) and a condensing temperature of 35OC (9S0F) separates flash 
gas a t  a temperature of -2OC (28.4OF) and delivers it t o  the condenser through 
a separate compressor. If the refrigerating capacity is 200 kW (56.9 tons of re- 
frigeration), what are the  power requirements if the system operates (a) single 
stage, and (b) with flash-gas removal? 

Solution. a. Single-atage. In single-stage compression the  enthalpies are as fol- 
lows: 

leaving the evaporator = 1423.6 kJ/kg (603.6 Btu/lb) 
leaving the  compressor = 1796.9 kJ/kg (764.1 Btu/lb) 

leaving the condenser = 366.4 kJ/kg (149.1 Btu/lb) 
The mass rate of flow through the system is: 

and the  power requirement is: 



FIGURE 3.3 
Pressure-enthalpy diagram of flash-gar removal process in Figm 3.2. 

Compressor power = (0.189 kg/s)(1796.9 - 1423.6 kJ/kg) 
= 70.55 kW (94.61 hp) 

b. With flash-gas removal. In the system of Figure 3.3 the following enthalpies 

apply: 

The  mass ra te  of flow through the evaporator, m l ,  is: 
nil = (200 kW)/(hl - hp) = 0.162 kg/s (21.45 lb/min), 
and 

= nie = nil = mil = 0.162 kg/s (21.45 Ib/min). 

The  mass rate of flow of flash gas, n i ~ ,  can be calculated from a mass and 
energy balance about the separating vessel: 

and 
m7 h7 = ni3 h3 + mshs 



or: 
or: ( m ~  + 0.162)366.4 = m~(1459 .7 )  + (0.162)(190.7) 

Then: 

The power requirements of the compressors are: 
Main compressor: 
ni l (h l  - h l )  = 0.162(1796.9 - 1423.6) = 60.47 kW (81.1 hp) 
Flash-gas compressor: 
m3(h4 - h3)  = 0.0260(1633.5 - 1459.7) = 4.52 kW (6.06 hp) 

The total compressor power = 60.47 + 4.52 
= 64.99 kW (87.2 hp). 

The percentage saving resulting from flash-gas removal is: 

The magnitude of saving from flash-gas removal depends on the thermo- 
dynamic properties of the refrigerant and the magnitude of the temperature lift 
from the evaporator t o  the condenser. Figure 3.4 shows the percent saving in 
total compressor power for several refrigerants and for a range of evaporating 
temperatures. Flash gas is removed a t  an optimum intermediate temperature, 
and this temperature will be explained further in Section 3.10. The percent saving 
increases as the evaporating temperature drops, which supports the contention 
that flash-gas removal and, in general, two-stage compression are most effective 
at  low evaporating temperatures. 

The halocarbons exhibit higher percent savings than does ammonia, but it 
should not be assumed that two-stage systems provide greater improvement in 
efficiency when using halocarbons. The other process associated with two-stage 
compression (intercooling) must yet be incorporated. 

3.4 LIQUID SUBCOOLING 

Some of the same benefits of direct flashing of liquid into vapor a t  the intermedi- 
ate pressure can be achieved by liquid subcooling. A popular method of subcool- 
ing, shown in Figure 3.5, immerses a pipe coil in the liquid of the intermediate- 
pressure vessel. Warm liquid from the condenser enters the heat-exchanger coil 
and transfers heat to  the lower-temperature liquid. Liquid subcooling is a form 
of flash-gas removal, because some liquid in the vessel vaporizes and is drawn off 
at  the intermediate pressure. 

Compared to direct flashing of Figure 3.2, the liquid subcooler has the ad- 
vantage of maintaining the liquid a t  a high pressure. Therefore, the subcooled 
liquid can travel long distances and endure some drops in pressure without flash- 
ing into vapor. The liquid leaving a direct flash.tank is saturated and flashes into 



I 

I I I I I 
-40 -30 -20 -10 0 10 20 

Evaporating temperature, 'C 

FIGURE 3.4 
Percent saving in total compressor power resulting from flash-gas removal at the optimum 
intermediate temperature. 
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FIGURE 3.5 
A liquid subcooler using a coil immersed in the liquid of an intermediate-pressure vessel. 
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FIGURE 3.6 
Liquid subcooling with an external shell-and-tube heat exchanger with boiling refrigerant con- 
trolled by an expansion valve. 

vapor when the pressure drops due to  friction or a rise in elevation. Also, since the 
liquid is cool, it will absorb heat from the warm ambient, which may also cause 
flashing. The disadvantage of the subcooler in comparison to the direct flash tank 
is that liquid cannot be cooled all the way down to the saturation temperature 
of the liquid because the heat exchanger must, operate with a temperature dif- 
ference between the leaving subcooled liquid and the intermediate-temperature 
liquid. 

The selection of the length of tube of the immersed subcooler is not usually 
the result of a detailed heat-transfer calculation. Instead, the fabricator often 
inserts as much tube as convenient, and the system lives with the result. In 
certain cases it may be profitable to design the coil more carefully to baIance 
the installed cost against the saving. The overall-heat-transfer coefficient, which 
is the U-value in the equation: 

q = UA(Mean temperature difference) (3.3) 

where: 
q = rate of heat transfer, W (Btu/hr) 

U = overall-heat-transfer coefficient, W/m2.K 
(Btu/hr.ft2.0F) 

A = heat transfer area, m2 (ft2) 

The U-value is a function of the boiling heat-transfer coefficient a t  the out- 
side of the tube and the convection coefficient of the flowing liquid refrigerant 
inside the tube. Using some typical values of boiling heat-transfer coefficients 
suggested by Ayubl for R-22 and ammonia, approximate U-values can be calcu- 
lated and are: 
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FIGURE 3.7 
Liquid subcooling with an external heat exchanger of the thermmyphon type. 

U-values of i m m e r s e d  coil subcoolers,  
W/m2.K (Btu/hr.ft2."F) 

75 (13) 125 (22) 
275 (49) 

A guideline sometimes used by one designer2 is to install a heat-transfer 
area of immersed coil of 2.5 m 2  for every 100 kW (1 ft2 per ton) of refrigeration 
capacity a t  the evaporator. A heat exchanger of this size conforms with the data 
in the table to  provide a reasonable temperature drop of liquid. 

Another class of heat exchangers for subcooling liquid is shown in Figure 
3.6, which depicts a shell-and-tube heat exchanger in which the boiling liquid 
is regulated by a thermostatic (superheat-controlled) expansion valve. The heat 
exchanger in Figure 3.7 is of the thermosyphon type, which is provided with 
liquid from the flash tank and this liquid partially vaporizes in the vertical tubes 
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FIGURE 3.8 
Comparison of compressions between two given pressures with differing initial temperatures. 

of the exchanger and circulates by natural convection. Higher heat-transfer coef- 
ficients are usually possible with the external heat exchangers in comparison to 
the immersed type of Figure 3.5, and they are much more practical for a retrofit 
installation. 

3.5 INTERSTAGE 
DESUPERHEATING-INTERCOOLING 

The foregoing two sections have isolated for separate analysis the process of 
flash-gas removal-one of the two major processes that is available in two-stage 
compression. The other major process is desuperheating of the discharge vapor 
from the low-stage compressor. The two principal advantages of interstage desu- 
perheating, or intercooling, are the saving in compressor power and the reduction 
in discharge temperature from the low-stage compressor. 

Both of these advantages can be demonstrated on the pressure-enthalpy 
diagram, as in Figure 3.8, for a compression between two given pressures. The 
initial temperature of the refrigerant in compression A is high compared to that of 
compression B. A general observation of the compression lines (lines of constant 
entropy) is that they become flatter as they move to  regions of greater superheat. 
The consequence of this change of slope is that the increase in enthalpy during the 
compression, which indicates the power required in the compression, is greater 
with high inlet temperatures. In Figure 3.8, AhA is greater than AhB. Another 
observation from Figure 3.8 is that the discharge temperature after Compression 
B is lower than that after Compression A. This feature is particularly important 
in reciprocating compressors, but is also significant in screw compressors, despite 
the internal cooling inherently provided during compression by the sealing oil. 
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FIGURE 3.9 
Desuperheating vapor by bubbling it through liquid in the intercooler. 

Two of the methods of achieving intercooling are shown in Figures 3.9 and 
3.10. The traditional method, Figure 3.9, is to  immerse the outlet of the discharge 
line of the low-stage compressor below the liquid level in the intercooler providing 
bubbling of vapor through the liquid. Some of the liquid in the vessel evaporates 
to provide desuperheating of the vapor. The method will usually achieve a close 
approach of the temperature of the discharge vapor to  the liquid temperature. 
The second approach3 is to  spray liquid into the discharge line from the low- 
stage compressor, a s  in Figure 3.10, and in so doing vaporize some of the liquid 
to  desuperheat the discharge vapor. 

The concept of bubbling superheated vapor through the liquid in the vessel, 
as shown in Figure 3.9, is effective as a heat-transfer process, but has several 
disadvantages. One is that in order to be effective, the outlet of the low-stage 
discharge line should be between 0.6 to 1.2 m (2 to  4 ft) below the surface of 
the liquid. Due to  the static head of the liquid, the point of discharge will be 
a t  a slightly higher pressure than at  the surface of the liquid. The compressor 
must, therefore, expend more energy to  overcome this additional pressure. A 
second disadvantage of the bubbler desuperheater is that  the process churns the 
liquid and vapor in the vessel. Because one of the functions of the vessel is to  
separate liquid from vapor so that only dry vapor passes on to the compressor, 
the turbulence makes this task more difficult. 

While usually not able to achieve the degree of desuperheating possible in 
the bubbler, the spray method of Figure 3.10 causes less disturbance in the vessel. 
In some cases the supply of liquid comes directly from the condenser through an 
expansion valve. The superheat-control (thermostatic) expansion valve, which 
will be discussed further in Chapter 11, mounts a sensor on the vapor line to  the 
high-stage compressor, and if the vapor temperature is too high, the valve opens 
to admit more refrigerant. A failure of this valve would permit liquid to continue 
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FIGURE 3.10 
Desuperheating vapor by spraying liquid into the discharge line. 

to pour into the vessel. An approach that avoids this danger is possible when 
liquid is pumped from the vessel in the liquid recirculation concept (Chapter 
8). Centrifugal pumps handling liquid close to its saturated condition require a 
small flow rate even when the demand drops to zero. This bypass flow can simply 
serve as the desuperheating spray. 

3.6 ANALYSIS OF THE 
INTERCOOLING PROCESS 

Just as flash-gas removal was analyzed separately, the intercooling process will 
also be explored independently. The flow diagram of a two-stage system us- 
ing only intercooling is shown in Figure 3.11a and the corresponding pressure- 
enthalpy diagram in Figure 3.11b. 

Intercooling is often used in two-stage air compression, and in this appli- 
cation water from a cooling tower or the tap is the cooling medium. The cooling 
water is assumed to be free-of-charge, so all of the reduction in power in the 
high-stage compressor represents a net saving-in power. When intercooling re- 
frigerant, however, the cooling water that is normally available is not cold enough 
to desuperheat the refrigerant to the saturation temperature. The vaporization 
of some refrigerant, which must then be compressed by the high-stage compres- 
sor, is an expenditure of power that must be deducted from the reduction in 
power attributable to the lower inlet temperature. 

Example 3.2. The intercooling system shown in Figure 3.11a operates with 
ammonia at the following saturation temperatures: evaporating, -3S°C (-31°F); 
intermediate, O°C (32OF); and condensing, 35'C (95OF). What is the saving in 
power of the intercooled cycle, expressed in percent, compared to single-stage 
operation? 
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FIGURE 3.11 
(a) Twc-stage a ystem with intercooling only, and (b) the corrmponding pressure-enthalpy di- 
agram. 
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Solution. The following enthalpies apply to the system and pressureenthalpy 
diagram in Figure 3.11: 

Assuming an arbitrary refrigeration capacity at  the evaporator of 100 kW 
(28.4 tons of refrigeration), the flow rate through the evaporator and low-stage 
compressor is: 

The flow rate through the high-stage compressor, ms, can be calculated 
from a mass balance: 

m6 + ni2 = ma 

combined with an energy balance: 

Combining Equations 3.4 and 3.5 yields: 

The  total power, Pi,,, of the two compressors is: 

Pint = mz(h2 - hi)  + mj(hr  - ha) 

Pi,, = 0.09526(1621.4 - 1416.2) + 0.1090(1628.2 - 1462.7) 

Pinc = 19.55 -I- 18.03 = 37.58 kW (50.4 hp) 

In single-stage compression the power requirement, P,., is: 

Pa. = nil(h, - hl)  = 0.09526(1834.4 - 1416.2) = 39.84 kW (53.4 hp) 

The  percentage saving is power due to  intercooling is thus: 

Saving = 

In Example 3.2 the difference in  power requirement at t r ibutable  t o  inter- 
cooling appears in the  high-stage compressor. w h e n  intercooling is applied, t h e  
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FIGURE 3.12 
Percent saving in total compressor power resulting from intercooling at the optimum interme- 
diate temperature. 

flow rate of refrigerant handled by the high-stage compressor increases, but the 
work of compression for each kg (lb) of refrigerant decreases. With the state- 
points shown in Figure 3.11bI the comparison of high-stage power is as follows: 

Without intercooling With intercooling 
6 ( h ,  - h2) nia(h.4 - ha) 

0.09526(1834.4 - 1621.4) 0.1090(1628.2 - 1462.7) 
20.29 kW (27.2 hp) 18.03 kW (24.2 hp) 

As was true of flash-gas removal only, the intercooling process with arn- 
monia becomes more effective as the evaporating temperature drops, as  Figure 
3.12 shows. For the three halocarbon refrigerants shown, however, intercooling 
provides little or no improvement in the power requirements in contrast to the 
results indicated in Figure 3.4 where the halocarbons react more positively to 
flash-gas removal than does ammonia. Since flash-gas removal and intercooling 
are so frequently used in conjunction with one another, the combination of the 
influences will be shown later for the standard two-stage system. 
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3.7 INTERCOOLING IN AN 
OIL-COOLED SCREW COMPRESSOR 

Although Chapter 5, Screw Compressors, explains more thoroughly the features 
and operation of screw compressors, an intriguing situation surrounding inter- 
cooling of these machines will be addressed here. Screw compressors operate 
with oil injected into the refrigerant during compression. This oil absorbs some 
of the heat of compression and leaves the compressor with the refrigerant a t  a 
moderately high temperature. After separation from the refrigerant, as in Figure 
3.13, the oil is cooled in a heat exchanger before it returns for injection into the 
compressor. In one concept of oil cooling, the heat from the heat exchanger flows 
directly to the condenser. Figure 3.13 applies to the low-stage compressor whose 
discharge gas is to  be intercooled. 

Figure 3.13 shows that the refrigerant leaves the compressor a t  a tempera- 
ture of approximately 60°C (140°F) instead of.the 110 to 120°C (230 to  250°F) 
typical of a reciprocating ammonia compressor. Furthermore, when the popular 
thermosiphon type of oil cooler is used, the heat removed from the oil passes di- 
rectly to the condenser without requiring any refrigerant to vaporize and cool it 
in the intercooler. The efficiency of the intercooling process is thereby improved. 
Continued desuperheating with refrigerant to a temperature approaching the sat- 
uration temperature a t  the intermediate pressure is, however, still desirable. This 
continued desuperheating is advisable because directing 60°C (140°F) vapor to  
the high-stage compressor would result in unacceptably high oil and refrigerant 
temperatures leaving the high-stage compressor, particularly for ammonia. Also, 
the benefits of intercooling from 60°C (140°F) are still waiting to be achieved. 

3.8 TWO EVAPORATOR- 
TEMPERATURE LEVELS AND ONE 
COMPRESSOR 

Multipressure systems are usually understood to be those with two stages of 
compression, but a frequently-encountered configuration consists of only one 
compressor and two or more evaporators operating a t  different temperatures. 
The usual approach to accommodate this arrangement is shown in Figure 3.14, 
where the compressor operates with the same saturated suction temperature as 
the lowest-temperature evaporator. A pressure-regulating valve, also called an 
evaporator-pressure regulator or a back-pressure valve, regulates the pressure in 
the higher-temperature evaporator. 

This arrangement is used where a low temperature in an evaporator may 
be undesirable, or even damaging. Examples include refrigerated spaces storing 
unfrozen food where air temperatures below freezing may injure the product. 
Another example is a liquid-chilling evaporator, where if the liquid freezes the 
tubes could burst. The throttling of the suction vapor in the line from the high- 
temperature evaporator introduces a thermodynamic loss. The application of the 
evaporator-pressure regulator of Figure 3.14 finds application mostly in small- 
and medium-sized systems where the additional investment cost and complexity 
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FIGURE 3.13 
A partial intercooling provided by oil cooling in a low-stage screw compressor. 
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The two features made available by two stages of compression-flash- gas removal 
and intercooling-have been analyzed separately. A system4 with two stages of 
compression and one level of evaporating temperature usually incorporates both 
processes, as shown in Figure 3.15. The corresponding pressure-enthalpy diagram 
is shown in Figure 3.16. The flash-gas removal may be achieved either by direct 
flashing of liquid at  the interstage pressure (Figure 3.2) or with a liquid subcooler 
(Figure 3.5). One of the variations of intercooling, Figures 3.9 or 3.10, may also 
be chosen. 
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Example 3.3. An R-507 two-stage system with flash-gas removal and intercool- 
ing provides 200 kW of refrigeration a t  an evaporating temperature of -40°C 
(-40°F) when operating with a condensing temperature of 3S°C (9S°F). The 
intermediate temperature is -5OC (23OF). 

(a) What are the enthalpies of the refrigerant a t  all points in the system? 
(b) Compute the flow rates through each compressor. 
(c) What are the power requirements of the compressors? 
(d) What would be the power required in a single-stage R-507 system with 

these evaporating and condensing temperatures, and the percentage saving in 



FIGURE 3.14 
Using an evaporator-pressure regulator to elevate the temperature of one evaporator in a system 
with one compressor. 

power through the use of a two-stage system? 

Solution. (a) The enthalpies of R-507 at  the positions designated in Figures 3.15 
and 3.16 are: 

Position Enthalpy, kJ/kg Enthalpy Btu/lb 
1 340.5 84.0 

2 366.8 95.3 

3 360.5 92.6 

4 382.6 102.1 
5 and 6 249.5 44.9 
7 and 8 193.2 20.7 

(b) The flow rate through the low-stage compressor, which is the same as 
the flow rate through the evaporator is: 

The flow rate through the high-stage compressor, m ~ ,  can be found through 
a combined mass and heat balance about the flash-tank/intercooler. The mass 
balance is: 

m 6 + m 2  = n i r + n i s  

The flow rate ml has already been calculated as 1.358 kg/s (179.6 Ib/min), and, 
from examination of the flow diagram, equals n 2  and n r .  The energy balance is 
represented by the equation: 



FIGURE 3.15 
A standard two-stage system with flash-gas removal and intercooling. 

The flow diagram shows that m e  = m ~ ,  thus the energy balance equation be- 
comes: 

so the flow rate through the high-stage compressor, m 3 ,  is: 

(c) The power requirements of the compressors are, respectively: 
low-stage: 1.358(366.8 - 340.5) = 35.71 kW (47.9 hp) 

high-stage: 2.124(382.6 -360.5) = 46.93 kW (62.9 hp) 
total power: 35.71 + 46.93 = 82.64 kW (110.8 hp) 

(d) A single-stage R-507 system operating between -40°C (-40°F) evape 
rating and 3S°C (9S°F) condensing temperatures would require 108.7 kW (145.8 
hp) compressor power, so the percentage saving through the use of the two-stage 
system is: 

3.10 REFRIGERANT FLOWS IN A 
FLASH TANK/INTERCOOLER 

Figure 3.17 shows another way to visualize the processes that take place in the 
flash-tank/intercooler of a two-stage system. A stream that is 100% liquid enters 
at  the left from the condenser. A large portion of this liquid is cooled and passes 
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FIGURE 3.16 
Presswenthalpy diagram for the standard two-stage system of Figure 3.15. 

on to  the evaporators, and the cooling of this liquid is accomplished by the 
vaporization of some of the incoming liquid. Another portion of the incoming 
liquid stream vaporizes to desuperheat the vapor received from the low-stage 
compressor. 

3.11 OPTIMUM INTERMEDIATE 
PRESSURE 

When the intermediate pressure in a two-stage system is selected a t  a very high 
value or a very low value, the benefits are reduced. In fact, if the intermediate 
pressure is the same as either the condensing or the evaporating pressure, the 
system reverts to single stage. We are led to the conclusion, then, that there 
must be some optimum intermediate pressure that  results in minimum total 
power requirements. In the two-stage compression of air with ideal compression 
in both compressors, the optimum intermediate pressure is the geometric mean 
of the suction and discharge pressure, 

The optimum intermediate pressure in a two-stage refrigeration system is 
quite close, but  not equal, to  that  shown in Eq. 3.6. The reason for the deviation 
is tha t  the cooling process in air compression is without cost, but in the refrig- 
eration system there is a power cost associated with compressing the refrigerant 
vapor that performs the cooling. Figure 3.18 shows a graph of the total power in 
a two-stage R-22 system operating with an evaporating temperature of -30°C 
(-22OF) and a condensing temperature of 35OC (95OF). The optimum inter- 
mediate pressure in two-stage refrigeration systems is slightly higher than that  
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FIGURE 3.17 
Refrigerant streams in a flash-tank/desuperheater. 

indicated by Eq. 3.6, because of the bias toward a higher intermediate pressure 
to  reduce the flow rate of refrigerant performing the desuperheating. 

A conclusion that can be drawn from Fig. 3.18 is that the curve showing the 
power is quite flat, so a few degrees difference in intermediate temperature has 
little practical influence on power required by the plant. The relative insensitiv- 
ity of the power to  the intermediate temperature is particularly apparent when 
comparing the values shown in Fig. 3.18 to the power required in single-stage 
compression, which is 36.1 kW (48.4 hp), for these evaporating and condensing 
temperatures. The noncritical nature of the intermediate temperature is fortu- 
nate, because in those systems with evaporators a t  the intermediate temperature, 
(see Sec. 3.121, the temperature requirements of these evaporators dictate the 
intermediate saturation temperature. 

3.12 TWO-STAGE COMPRESSION 
WITH TWO TEMPERATURE LEVELS 
OF EVAPORATION 

Many plants serve evaporators a t  several different temperature levels. Exam- 
ples are particularly frequent in the food refrigeration industry where a facility 
maintains some space a t ,  for example, -23OC (-10°F) for storing frozen food 
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FIGURE 3.18 
Total power required in a two-stage R-22 system with a refrigerating capacity of 100 kW (28.4 
tons of refrigeration) se a function of the saturated intermediate temperature. The evaporating 
temperature is -30°C (-22OF), and the condensing tekperature is 35OC (95OF). 

another space a t  2OC (36OF) for unfrozen fruits and vegetables. The  flow dia- 
gram of a refrigeration system to  meet such varied temperature needs is shown 
in Figure 3.19. This system uses a subcooler for the liquid passing to  the low- 
temperature evaporator. The  intermediate- temperature evaporator is fed with 
liquid from the condenser or in some cases liquid mechanically pumped from 
the subcooler/intercooler. While i t  would be possible to  direct the refrigerant 
leaving the medium-temperature evaporator directly to the suction line of the 
high-stage compressor, this stream is normally passed to the vessel. This arrange- 
ment is mandatory when the medium-temperature evaporator receives pumped 
liquid and operates with liquid overfeed. Return t o  the vessel is also a good pre- 
caution as well when expansion valves control the liquid flow to  the evaporator 
and may fail, which would allow liquid t o  flood out of the evaporator. 

When the plant operates with two temperature levels of the evaporation, 
the  intermediate pressure is regulated to  meet the temperature needs of the 
medium-temperature evaporator. The intermediate pressure thus may not match 
the optimum for minimum total power, but ai Figure 3.18 shows, a moderate 
variation in this pressure results in only a small penalty in increased power. In 
designing a system with two levels of evaporating temperature, the flow rate of 
refrigerant through the low-stage compressor is unaffected by the existence of the 
medium-temperature evaporator. The high-stage compressor, on the other hand, 
must accommodate the flow attributable t o  the medium-temperature evaporator 
plus tha t  normally associated with the low-stage compressor, flash-gas removal, 
and desuperheating. 



FIGURE 3.19 
A twestage system with both low- and medium-temperature evaporators. 

3.13 SHORTCUTS IN MULTISTAGE 
SYSTEM DESIGN CALCULATIONS 

This chapter has explained how to  compute capacity requirements of the low- 
and high-stage compressors in two-stage systems. The precise method requires 
the application of mass and energy balances around the intermediate-pressure 
devices. Repeated two-stage calculations are tedious, although design and sales 
organizations that perform frequent analyses can readily computerize these cal- 
culations. Even for the manual process, the calculations can be simplified through 
the use of a graph such as Figure 3.20. 

A chart such as Figure 3.20 can accurately represent the mass and energy 
balance equations, because it is only the evaporating and the intermediate tem- 
peratures that influence this calculation. The application of Figure 3.20 is simply 
to multiply the kW (tons of refrigeration) capacity of the low-temperature evap- 
orator by the multiplying factor to find the required refrigeration capacity of the 
high-stage compressor. The values of the ratios from Figure 3.20 show higher 
quantities than obtained with the procedures explained in this chapter. The rea- 
son is that Figure 3.20 acknowledges the inefficiencies of the booster compressor, 
which causes a greater load on the desuperheater than would be true of an ideal 
compression. The calculation procedures of this chapter can be made more real- 
istic by using the actual power of the low-stage compressor rather than the ideal 
isentropic power. 

Figure 3.20 applies when the low-stage compressor is of the reciprocating 
type and to some configurations of screw compressor installations. The features 
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FIGURE 3.20 
Ratio of required capacities of the high-stage to the low-stage compressor in a single-evaporator 
ammonia two-stage system. (Courtcry  of Viltcr Manufacturing Corporation) 

of screw compressor systems will be explained in greater depth in Chapter 5, 
but at  the moment only those equipment characteristics will be discussed that 
are necessary to understand the analysis of two-stage operation with a low-stage 
screw compressor. To seal the spaces between the rotors of a screw compressor, 
oil is injected which intermingles with the refrigerant being compressed. The oil 
absorbs some of the compression heat and must be cooled before reinjection. 
Two popular methods of oil cooling-direct injection of liquid refrigerant and 
cooling with a thermosiphon heat exchanger-are shown in Figures 3.21 and 
3.22, respectively. 

In Figure 3.21, liquid refrigerant is injected directly into the compressor, 
and its vaporization neutralizes the heat added by compression. The discharge 
vapor leaving the compressor is not completely desuperheated, and the remain- 
der of the desuperheating process takes place in the flash tank/intercooler with 
the vaporization of more liquid refrigerant. From a thermodynamic standpoint, 
i t  makes no difference whether refrigerant vaporizes within the compressor or 
within the flash tank/intercooler to  perform the superheat. Consequently, the 
factors shown in Figure 3-20 apply to  systems where the oil in the low-stage 
compressor is cooled by direct admission of refrigerant. 
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FIGURE 3.21 
Cooling the oil injected into a low-stage screw compressor by direct admission of liquid refrig- 
ermt. 
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A different, and usually more favorable, situation results with the arrange- 
ment in Figure 3.22 where the oil is first separated from the the refrigerant vapor 
that  is discharged from the compressor, then cooled in a thermosiphon heat ex- 
changer. The thermosiphon heat exchanger receives liquid refrigerant, boils a 
portion of it in cooling the oil, and thus maintains natural convection circula- 
tion. The vapor generated in the thermosiphon heat exchanger passes directly 
to the condenser with the result that  some of the heat of compression in the 
low-stage compressor is rejected directly to atmosphere. The amount of liquid 
that  would otherwise be allocated to desuperheating and which must be com- 
pressed by the high-stage compressor is reduced by 15 to 30%. More precise data 
of the percentage will be presented in Chapter 5, Screw Compressors, but it is 
sufficient here to call attention to the fact that  the multiplying factor of Figure 
3.20 is reduced for the compressor cooling arrangement in Figure 3.22. 

Motor 

3.14 COMPRESSOR SELECTION AND 
CONTROL 

= Compressor 

For a given temperature of the low-temperature evaporator and a given condens- 
ing temperature, the intermediate pressure is controlled by the relative pumping 
rates of the low- and high-stage compressors. The basic rules for controlling 
pressures, and thus the saturation temperatures, in a tw-stage system are: 

fiigerant Oil 
and oil, 60aC ( 1 4 0 3  Separator 

6 0 " ~  (140°F) I 

Liquid refrigerant from the condenser 
for compressor cooling 

Regulate the pressure of the low-temperature evaporator by the pumping 
capacity of the low-stage compressor 
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FIGURE 3.22 
Cooling the oil injected into a low-stage screw compressor by an external thermosiphon heat 
exchanger which in turn is cooled by boiling refrigerant. 

Regulate the intermediate pressure by the pumping capacity of the high- 
stage compressor 

Following these rules for control of the pressures is not an unreasonable assign- 
ment, because suction pressure control of both reciprocating and screw industrial 
compressors is quite standard. 

The two stages of compression must work in conjunction, because the high- 
stage compressor must pump the same mass flow rate as the low-stage compressor 
plus the extra flow rate attributable to flash-gas removal and desuperheating, as 
well as that  of an intermediate-temperature evaporator. The responses of mass 
flow rates and saturation temperatures to an increase in the refrigeration load in 
the low-temperature evaporator are shown in Figure 3.23. The system is assumed 
to  have been in a steady-state operating condition, when a t  time T the refriger- 
ation load on the low-temperature evaporator suddenly increases. This increase 
in load may appear as an abrupt increase in air temperature on the evaporator 
coil. The  first response is for the evaporating temperature and pressure to in- 
crease. With a higher evaporating temperature the low-stage compressor is able 
to pump a higher flow rate which raises the intermediate pressure. Quickly the 
suction pressure controllers on both compressors sense values that  are too high, 
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FIGURE 3.23 
Response of flow rates and saturation temperatures cd a two-stage system to an increase in 
refrigeration load. 

so the controllers increase the flow rates of both compressors. The new steady- 
state conditions will settle at  higher flow rates than original. A portion of the 
increase in flow rate is due t o  the initial increase in evaporating and intermediate 
pressures, and the other part is due to the controllers increasing the compressor 
capacities to restore the pressures to  their settings. 

3.15 SIDE PORT OF A SCREW 
COMPRESSOR FOR LIQUID 
SUBCOOLING 

One-of the options available on a screw compressor is a side p o d  which provides 
an entry into the gas spaces during the compression process. This feature allows 
gas to be compressed from the intermediate to  the discharge pressure, avoiding 
the power requirement of the compression from the suction to the intermediate 
pressure. One of the arrangements that  uses the side port forms what is often 
called an economizer, as in Figure 3.24. This configuration is similar to  the 
subcoolers in Figures 3.5 and 3.6, except that the separate compressor for the 
flash gas is not necessary. 

The economizer is a low cost method of achieving some of the benefits of 
two-stage compression, but requiring only a single compressor. The efficiency is 
not as high, however, as two-stage compression with two separate compressors. 
Also there are intricacies in the performance characteristics when using the side 
port of a screw compressor. These characteristics will be explained in greater 
detail in Chapter 5, after the construction and principles of operation of the 
screw compressor have been explored. 
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FIGURE 3.24 
Using the side port of a screw compressor as an economizer to subcool Liquid. 

3.16 DECIDING BETWEEN SINGLE- 
AND TWO-STAGE COMPRESSION 

The designer of a low-temperature refrigeration system must decide whether to 
choose a single- or a two-stage arrangement. I t  is hard to imagine any facility 
where the first cost of the two-stage system is not greater than a single stage 
plant. The savings in energy and the other advantages of the two-stage design 
must, therefore, compensate for the higher first cost. 

Figure 3.25 shows the savings of two-stage operation in comparison to  sin- 
gle stage, incorporating flash-gas removal and intercooling, and asssuming ideal 
compression. The savings increase as the evaporating temperature drops, which 
is one reason why two-stage systems are so popular for low-temperature refrigera- 
tion. Designers usually begin considering two-stage systems when the evaporator 
temperature drops below about -lO°C (15OF). 

The extent of savings achieved by two-stage operation, as shown in Figure 
3.25, is a function of the properties of the refrigerant. I t  is interesting that  the 
least efficient refrigerants in single-stage systems experience the greatest percent 
savings when converted to two-stage. In fact, the two-stage operation with an 
evaporating temperature of -40°C (-40°F) of ammonia, R-22 and R-134a are all 
equally efficient, even though in single-stage operation ammonia is most efficient, 
followed by R-22 and R-134a. 

If the plant uses reciprocating compressors, a two-stage arrangement may 
be necessary to limit the pressure ratio of the compressor to  the typical value 
of about 8. If the condensing temperature is 35'C (95OF), the pressure ratio of 
8 is exceeded at  evaporating temperatures below -6OC (21°F). This limitation 
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:ondensing temperature 3 5 " ~  (S 

FIGURE 3.25 
Percent savings in power of two-stage systems employing flash-gas removal and desuperheating 
in comparison to single-stage operation. 

on the pressure ratio does not apply to  screw-type compressors which are ca- 
pable of operating with ratios as high as 20. But another influence is that of 
compression efficiency, since Figure 3.25 is based on 100%-efficient compressors. 
The efficiency of a compressor deteriorates as the pressure ratio increases, so the 
compressors in a two-stage system operate more efficiently. Use as an example 
the case of a two-stage system where the evaporator operates a t  -40°C (-40°F), 
a t  which condition Figure 3.25 indicates for ammonia a saving of 14.5%. If actual 
compressors are considered, the efficiency under single-stage operation might be 
68%, while a t  the lower pressure ratios of two-stage operation the efficiency of 
each compressor might be 75%. The saving when considering actual compressors 
and their inefficiencies would climb to  22.5%. 

3.17 GROUNDWORK NOW LAID 

This chapter and the previous one has provided the thermodynamic basis for 
the work to  follow. With this background, the study can now proceed to  the 
components of the system, including the compressor, evaporator, and condenser. 
The chapters on these components, as well as those on piping, vessels, control 
and operation call on the three fundamental fields: thermodynamics, fluid me- 
chanics and heat transfer. These three fundamental subjects are among the most 
important bases needed in technical work in refrigeration. 
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CHAPTER 
4 

RECIPROCATING 
COMPRESSORS 

4.1 TYPES OF COMPRESSORS 

The main types of compressors used in industrial refrigeration are screw, recipre 
cating, centrifugal, and rotary vane. Another type that is manufactured in large 
numbers is the scroll compressor, but so far these compressors are not available 
in the size normally encountered in industrial refrigeration. Rotary-vane com- 
pressors are still in use as low-stage compressors, but very few new ones are 
installed. 

Centrifugal compressors have been standard in large-capacity chemical and 
process industry plants where they are driven by electric motors or by steam or 
gas turbines. Centrifugal compressors are also widely used for chilling water 
in air-conditioning applications. Manufacturers use such refrigerants as R-123 
and R-134a in these packages. After condensmg the longer list of compressor 
types, the two that remain, and the ones that will be addressed in this book, 
are reciprocating and screw compressors. This chapter focuses on reciprocating 
compressors, while Chapter 5 concentrates on screw compressors. 

Two styles of construction of compressors are open and hermetically sealed. 
In the open-type compressor, as in Figure 4.1, the shaft extends out of the com- 
pressor and is connected externally to the electric motor which drives the com- 
pressor. In the hermetically-sealed motor-compressor unit, the entire assembly 
is encapsulated and only the refrigerant lines and electrical connections, and no 
rotating shaft, penetrate the housing. These hermetically sealed units are always 
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FIGURE 4.1 
A 16cylinder open-type reciprocating compressor for industrial refrigeration. ( Vil tcr  Manu - 

facturing Corporat ion) .  

used for domestic refrigerators, window-type air conditioners, and other small 
appliances. They are expected to  run for decades with no leaks of refrigerant. 

Some larger-size compressors are semi-hermetic, where the heads of the 
compressors can be removed to  gain access to  the pistons and valves for servicing. 
Semi-hermetic compressors available on the market are generally limited to a 
maxixnum refrigeration capacity of about 150 kW (40 tons of refrigeration). 

In either a hermetic or semi-hermetic unit, the refrigerant is in contact with 
the windings of the motor, so halocarbon refrigerants which do not attack cop- 
per are used in this type of compressor. Since ammonia will react with copper, 
ammonia compressors are of the open type. At one time the shaft seal was a trou- 
blesome cause of ammonia leaks, but the quality of shaft seals has progressively 
improved. Nevertheless, the development of a hermetic ammonia compressor re- 
mains an attractive goal, and such approaches as using aluminum windings for 
the motor, encapsulating the rotor so that  ammonia does not contact the motor 
windings1, or connecting the motor and compressor through a magnetic drive2 
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are all approaches being considered. On the other hand, an open-type compres- 
sor is usually more efficient than the hermetic type, because the suction vapor 
in a hermetic compressor passes over the motor to cool it,  and in so doing the 
vapor is superheated, thereby requiring more power for compression. 

A central emphasis of this chapter is th'e effect of suction and discharge 
pressures on the refrigeration capacity and power requirement of the compres- 
sor. The suction and discharge pressures are the primary influences of the rest 
of the system on the compressor. The nature of the refrigeration load a t  the 
evaporator strongly influences the suction pressure, and the ambient conditions 
translate through the condenser to control the discharge pressure. The perfor- 
mance characteristics that are most important to the user of the compressor 
are the refrigerating capacity and the power requirement. The compressor has a 
dominating influence on system performance, so the ability to predict influences 
of changes in conditions imposed on the system, such as fluid temperatures at  
the evaporator or air temperatures a t  the condenser, requires an understand- 
ing of compressor performance. Certain idealizations will initially be the basis 
of explaining the performance characteristics, but then the chapter shows that 
these idealized trends prevail in real compressors. The latter part of the chapter 
explains some capabilities and limitations of the reciprocating compressor and 
also describes auxiliaries necessary for reliable operation. 

4.2 THE ROLE OF RECIPROCATING 
COMPRESSORS 

In the early 1970s the builder of a large refrigeration facility would install a row 
of reciprocating compressors in the machine room to provide the compression 
requirements. Today, the same owner would choose one or two screw compressors 
to achieve the same capacity. At one time, reciprocating compressors were the 
standard choice for industrial refrigeration plantssomet imes  combined with 
rotary-vane compressors. The high-volume capacity of the rotary-vane machine 
suited it for the low stage in a two-stage system. The screw compressor has 
made inroads into the reciprocating compressor market to  such an extent that  it 
is appropriate to evaluate the role of the reciprocating compressor for industrial 
refrigeration. 

Here are some observations regarding the current role and future prospects 
of the reciprocating compressor in industrial refrigeration. During the several 
decades of its shrinking market, some manufacturers of reciprocating compres- 
sors disbanded their production. The result is that  only the strong producers of 
reciprocating compressor remain today. Sales ~f reciprocating compressors seem 
to  have stabilized a t  this lower level in North America, while in Europe and Asia 
the reciprocating compressors has maintained a strong position. The service and 
repair requirements remain less sophisticated for the reciprocating compressor. 

Customers often prefer the screw compressor because of lower maintenance 
costs. The screw compressor might be run for 30,000 to 60,000 hours before over- 
haul, while plant operators have traditionally serviced reciprocating compressors 



annually. However, many manufacturers of reciprocating compressors are recom- 
mending that while the cylinder heads should be removed annually for a routine 
inspection that the machines can be operated between 10,000 and to  20,000 hours 
before overhaul. What has happened to the requirement of annual overhaul? To 
a considerable extent i t  had been a tradition, and in some cases was encouraged 
by the manufacturer to further the profitable sale of repair parts. When the op- 
erating conditions are not abusive, annual overhauls of compressors may not be 
necessary due to the improved quality of materials and manufacturing processes 
available today. 

The efficiencies of the reciprocating and screw compressors are of the same 
order of magnitude a t  full load. In refrigeration capacities less than about 350 
kW (100 tons of refrigeration) the reciprocating compressor is slightly more effi- 
cient. At part load, the reciprocating compressor with cylinder unloaders almost 
always enjoys a higher efficiency than the screw compressor. The first cost of a 
single reciprocating compressor is normally less than that of a screw compressor 
of the same pumping capacity. The first cost~comparison switches in favor of 
the screw compressor in large sizes when one screw compressor can provide the 
capacity of multiple reciprocating compressors. The screw compressor can work 
against higher compression ratios than can the reciprocating compressor. Thus, 
a screw compressor is capable of operating single stage from a low-temperature 
evaporator in a two-stage system during periods of low capacity demands. 

The maximum refrigeration capacity of the largest reciprocating compres- 
sor available on the market in a typical high-stage application is approximately 
900 kW (250 tons of refrigeration), while one large screw compressor can deliver 
over 4000 kW (1200 tons). The owner of a large-capacity plant will achieve lower 
capital costs by choosing screw compressors, and accommodate the machines in 
much less space. If the refrigeration demand on the plant is greater than that 
capable of being provided by one reciprocating compressor, two units would be 
needed, which is more costly than one screw compressor, but the reciprocating 
compressor installation has the advantage of having one unit as a backup if the 
other is out of service. 

I t  must be accepted that the reciprocating compressor will provide only 
a portion of the compressor capacity for the industry of the future. Its place is 
likely to be in plants of less than 1000 kW (300 tons), and many such plants exist. 
In many packaged refrigeration applications, such. as ice makers, reciprocating 
compressors are usually favored. The treatment of reciprocating compressors 
in this book reflects the evaluation that reciprocating compressors, although 
providing much less capacity for the industry than the screw compressor, are 
still extremely important. Furthermore, some of the analyses of the performance 
of reciprocating compressors translate directly to screw compressors as well. 
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4.3 AN OVERVIEW OF THE 
PERFORMANCE OF RECIPROCATING 
COMPRESSORS 

The refrigeration professional who selects and operates compressors should have 
a clear understanding of how the evaporating and condensing temperatures af- 
fect the refrigerating capacity and power requirements of the compressor. The 
compressor is often called the heart of the refrigeration system, but it must in- 
teract with the other components of the system. Each component affects the 
performance of the total system, and the two operating variables to  which the 
compressor is most sensitive are the evaporating and condensing temperatures. 
The two performance characteristics of most importance to the designer and 
operator are the refrigerating capacity and the power requirement. 

Throughout this book and throughout the industry the compressor is char- 
acterized as having refrigerating capacity. Of course, refrigeration takes place at  
the evaporator, not the compressor. Indicating that the compressor possesses a 
certain refrigerating capacity in kW (tons of refrigeration) means that  the com- 
pressor is capable of pumping the flow rate of refrigerant that will provide the 
stated refrigeration capacity a t  the evaporator. 

A portion of this chapter is devoted to showing and explaining the in- 
fluences of evaporating and condensing temperatures on the refrigerating ca- 
pacity and power reqttirement of the compressor. The designer and operator 
of refrigeration systems must constantly reckon with how the conditions im- 
posed on the compressor-the saturated suction temperature and the condensing 
temperature-influence the two key performance factors, the refrigeration capac- 
ity and the power requirement. Beyond knowing the trends, the implications of 
these trends are crucial. In addition to  a citirig these performance trends, the 
next several sections will explain from thermodynamics and the pumping char- 
acteristics of reciprocating compressors why the trends occur. 

4.4 EFFECT OF THE EVAPORATING 
TEMPERATURE ON VOLUMETRIC 
EFFICIENCY 

The volumetric efficiency is a key term in explaining trends in the refrigerating 
capacity and powei requirement of reciprocating compressors. The volumetric 
efficiency of a compressor, 7, in percent, is defined by the equation: 

volume rate entering compressor, m3/s (ft3/min) 
q v  = (100) (4.1) 

displacement rate, m3/s (ft3/min) 

The displacement. rate is the volume rate swept through by the pistons during 
their suction strokes. The volumetric efficiency is less than 100% because of 
such factors as leakage past the piston rings, pressure drop through the suction 
and discharge valves, heating of the suction gas when it enters the cylinder by 
the warm cylinder walls, and the reexpansion of gas remaining in the cylinder 



following discharge. The volumetric efficiency can be calculated from catalog 
data of the compressor, as in Example 4.1. 

Example 4.1. What is the volumetric efficiency of an eight-cylinder Viter 
458XL ammonia compressor operating at 1200 rpm when the saturated suction 
temperature is -1°C (30.2"F) and the condensing temperature is 30°C (86"F)? 
The bore and stroke of the compressor are 114.3 by 114.3 mm (4-112 by 4-112 
in). The catalog lists the refrigerating capacity at this condition as 603.1 kW 
(171.5 tons). 

Solsrtion. The volume swept by one piston during a stroke is: 
swept volume = (r 0.1143~14 m2)(0.1143 m) = 0.001173 m3 (0.0414 ft3) 

The displacement rate is the displacement volume of one cylinder multiplied by 
the number of cylinders and the number of strokes per second: 

displacement rate = (0.001173 m3)(20 rev/s)(8 cylinders) 
= 0.1877 m3/s (397.7 cfm) 

The mass flow rate can be computed by dividing the refrigerating capacity by 
the refrigerating effect. The enthalpy of ammonia leaving the condenser and en- 
tering the evaporator is 342.0 kJ/kg (138.7 Btn/lb) and the enthalpy leaving the 
evaporator is 1460.8 kJ/kg (619.6 Btu/lb). The mass flow rate m is: 

The specific volume of the refrigerant entering the compressor is 0.3007 m3/kg 
(4.82 ft3/lb), so the actual volume flow rate is: 

volume flow rate = (0.539 kg/s)(0.3007 m3/kg) 
= 0.1621 m3/s (343.4 d m )  

Equation 4.1 can now be applied to compute qv: 

0.1621, m3/s 
qv = volumetric efficiency = (100) = 86.4% 

0.1877 m3/s 

The variable that most directly controls the volumetric efficiency is the 
pressure ratio--the ratio of the absolute discharge pressure to the absolute suc- 
tion pressure. Figure 4.2 shows q,, calculated in the manner of Example 4.1, using 
catalog data for an 8-cylinder ammonia compressor operating at  1170 rpm. 

Of the factors that  influence the volumetric efficiency, asignificant one is the 
reexpansion of refrigerant that remains in the cylinder when the piston completes 
its discharge stroke. The gas remaining a t  the end of the discharge stroke is called 
clearunce gas and is the amount retained in the clearance volume. The effect of the 
clearance gas and clearance volume is shown in Figure 4.3 on a piston/cylinder 
laid on its side. The volumes in the pressure-volume graph correspond t o  those 
shown in the cylinder below. The  clearance volume is designated as V,, and as 
the piston starts its suction stroke the gas trapped in the clearance volume must 
first expand down to the suction pressure before refrigerant can be drawn on the 
cylinder. 

If a t  a particular time the suction pressure is p , ~ ,  the piston moves until 
the pressure in the cylinder is p,l a t  which point the volume in the cylinder is 
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Pressure ratio 

FIGURE 4.2 
Band of volumetric efficiencies of an &cylinder Sabroe 108L ammonia compressor operating at 
1170 rpm. 

Vl. It is a t  this position that refrigerant can be drawn into the cylinder, so the 
intake volume would be (& - Vl). Define a new type of volumetric efficiency and 
call it the clearance volumetric eficiency, quc. Keeping with the philosophy of 
volumetric efficiency as expressed in Eq. 41, the clearance volumetric efficiency 
is: 

The magnitude of V, is a function of the design and construction of the 
compressor, and most manufacturers try to keep this volume to  a minimum. Vc is 
often expressed as a percentage of the swept volume in a term called the percent 
clearance, m 

Percent clearance = m = (4.3) 
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of piston 

FIGURE 4.3 
Pressure-volume diagram comsponding to several piston positions. 

Add zero in the form of Vc - V, to the numerator of Eq. 42. Then: 

Finally, the volume Vl can be related to V, by assuming that the expan- 
sion of the clearance gas to the suction pressure is an isentropic expansion-the 
reverse of an isentropic compression. The relationship of pressures and specific 
volumes in an isentropic process between point a and point b can be approxi- 
mated by the relationship: 

where the exponent n is unique for each substance. For ammonia the value of n 
is about 1.28 and for R-22 its value is approximately 1.11. 
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The term Vl/Vc in Eq. 4.4 can be expressed in terms of the pressure ratio, 
The expression for the clearance volumetric efficiency then becomes: 

Example 4.2. The percent clearance of the ammonia compressor whose actual 
volumetric efficiency is shown in Fig. 4.2 is 3%. At a pressure ratio of 5.0, what 
is the clearance volumetric efficiency? 

Solution. Applying Eq. 4.6, 

At a pressure ratio of 5.0, Figure 4.2 showed the actual volumetric efficiency 
qv of that compressor to be 80%. The ideal volumetric efficiency would be loo%, 
and this ideal value is diminished by the various real processes (reexpansion of 
clearance gas, fluid friction, cylinder heating, etc.). The clearance volumetric 
efficiency of 92.5% in Example 4.2 explains approximately one-third of the drop 
of volumetric efficiency from 100% to  the actual value of 80%. 

4.5 INFLUENCE OF EVAPORATING 
TEMPERATURE ON REFRIGERATING 
CAPACITY. 

Along with the power requirement, the refrigerating capacity is a key charac- 
teristic of a compressor. The meaning of refrigerating capacity of a compressor 
should first be explained, because no refrigeration takes place a t  the compres- 
sor. For a compressor to  possess a certain refrigerating capacity means that  the 
compressor is capable of compressing the flow rate of refrigerant from its suction 
pressure to  its discharge pressure that  will provide the specified heat-transfer 
rate at  the evaporator. 

The overall equation that expresses the refrigeration rate is: 

where: , 

q, = refrigeration rate, kW [(tons of refrigeration)200] 
V, = displacement rate, m3/s (ft3/min) 
qv = actual volumetric efficiency, percent 
v,  = specific volume of gas entering the compressor, 

m3/kg (ft3/lb) 
Ah,, = refrigerating effect, kJ/kg (Btu/lb) 

Equation 4.7 expresses in compact form what was executed in stepwise 
fashion in Example 4.1, and will now be used to  show the trend in performance 
variables as influenced by the evaporating temperature with a constant condens- 
ing temperature. We arbitrarily choose a condensing temperature of 30°C (86OF) 
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FIGURE 4.4 
Effect of evaporating temperature on volume rate of flow measured at the compressor suction 
of an &cylinder compressor with a displacement rate of 0.123 m3/s (260 cfm) operating with 
a condensing temperature of 30°C (86'F). 

and predict the refrigeration capacity over a range of evaporating temperatures. 
Furthermore, calculations will be performed for the compressor whose volumetric 
efficiency is shown in Figure 4.2 and which has a displacement rate V ,  of 0.123 
m3/s (260 cfm). 

The volume rate of flow is available from a part of Eq. 4.7: 

where V = volume rate of flow measured a t  the compressor 
suction, m3/s (cfm) 

This trend is shown in Figure 4.4, where as the evaporating temperature 
drops the pressure ratio increases and the volumetric efficiency drops off. 

The next objective will be to show the trend in the mass rate of flow m, 
which can be done by introducing the specific vol'ume of the suction gas v,:  

where m = mass rate of flow, kg/s (lb/min) 

The magnitudes of specific volumes are unique for each refrigerant, so we 
will arbitrarily illustrate the principles using ammonia from this point on. Figure 
4.5 shows the variation in specific volume of saturated vapor leaving the evap- 
orator and entering the compressor. As the evaporating temperature drops, the 



FIGURE 4.5 
Variation in the specific volume of ammonia suction vapor with evaporating temperature. 

volume flow rate decreases and the specific volume increases, both effects causing 
a decline in the mass flow rate. This trend is shown in Figure 4.6. 

The final term to be brought into ~ ~ u a t i o n  4.7 is the refrigerating effect, 
Ah,,, which is the change in enthalpy experienced by the refrigerant as it passes 
through the evaporator. Because the catalog data on which the volumetric effi- 
ciencies of Figure 4.2 are based specifies 5.6OC (lO°F) subcooling of the liquid 
entering the expansion device and 5.6OC (lO°F) of useful superheat leaving the 
evaporator those additions to the refrigerating effect are incorporated in the 
graph of Figure 4.7. The refrigerating effect is only mildly influenced by the 
evaporating temperature. 

This foregoing sequence of graphs culminates in the goal of showing the 
effect of evaporating temperature on the refrigeration capacity, Figure 4.8. The 
values shown in the figure are realistic and match catalog data. This fact is not 
surprising, because the volumetric efficiency (Figure 4.2) used to develop Figure 
4.8 was actually calculated from a revised form of Equation 4.7 using catalog 
data for the refrigerating capacity. 

An immediate observation from Figure 4.8 is that the refrigerating capac- 
ity always decreases as the evaporating temperature drops. At high evaporating 
temperatures the decrease in refrigeration capacity is approximately 4% per OC 
(2.2% per OF) and at low evaporating temperatures, near the maximum pressure 
ratios of reciprocating compressors, the decrease in refrigerating capacity is a p  
proximately 9% per OC (5% per OF). Since the usual objective is to achieve high 
refrigerating capacities, what can be done to maintain a high evaporating tem- 
perature? The temperature of the product or process is usually imposed on the 
designer and operator, which fixes the maximum ideal evaporating temperature. 
But the evaporating temperature must be lower than the temperature of the 
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FIGURE 4.6 
Influence of the evaporating temperature on the mass rate of flow of ammonia for the recipr* 
cating compressor introduced in Figure 4.4. 

Evaporating tempmlmcy OF 

10 20 30 

FIGURE 4.7 
Refrigerating effect for ammonia as  a function of the evaporating temperature, with a condens- 
ing temperature of 30°C (1OoF) assuming 5.6'C (10") of liquid subcooling and 5.6OC (lO°F) 
suction superheat. 



FIGURE 4.8 
Effect of the evaporating temperature on refrigerating capacity of the ammonia compressor in 
Figure 4.4. The condensing temperature is constant at 30°C (86OF). 

product or process in order to  provide the temperature difference that motivates 
the flow of heat. It is in the potential reduction of this temperature difference 
that some latitude might exist to elevate the evaporating temperatures. Choos- 
ing a larger heat-transfer area for the evaporator or improving the heat-transfer 
coefficients by such measures as higher fluid velocities are possibilities under the 
control of the designer and operator. 

4.6 INFLUENCE OF CONDENSING 
TEMPERATURE ON REFRIGERATING 
CAPACITY 

In a manner similar to that used to explore the effect of evaporating temperatures 
on the refrigeration capacity, the influence of condensing temperatures can be 
examined. Equation 4.7 once again becomes the tool, and all the terms change 
as the condensing temperature varies with the exception of the specific volume 
entering the compressor, v , ,  which is a function of the evaporating temperature 
only. For the compressor whose volumetric efficiency is shown in Figure 4.2, the 
effect of condensing temperature on the refrigerating capacity for an evaporating 
temperature of -lO°C (14OF) is shown in Figure 4.9. 

The refrigerating capacity always decreases as the condensing temperature 
increases, so the measures that are discussed in Chapter 7 on condensers are po- 
tential tools to  keep the condensing temperature low. Compared to the influence 



FIGURE 4.9 
Effect of condensing temperature on the refrigerating capacity of an &cylinder ammonia com- 
pressor with a displacement rate of 0.123 m3/s (260 dm) operating with an evaporating tem- 
perature of -lO°C (14'F). 

of the evaporating temperature, each degree change in the condensing temper- 
ature affects the refrigerating capacity to  a lesser extent than a degree change 
in evaporating temperature. The reason for this difference is that changes in the 
evaporating temperature also exert a considerable effect on the specific volume 
entering the compressor, while the condensing temperature does not. 

The comparison of the influences of evaporating and condensing tempera- 
tures on the refrigerating capacity also appears on the complete map of refrig- 
eration capacity, as shown in Figure 4.10, as controlled by the evaporating and 
condensing temperatures. 

4.7 POWER REQUIRED BY A 
RECIPROCATING COMPRESSOR 

The previous several sections have concentrated on the refrigerating capacity that 
a reciprocating compressor develops and how the evaporating and condensing 
temperatures governs it. The other major characteristic of any compressor is its 
power requirement. One way to  approach the question of how the evaporating and 
condensing temperatures affect the power requirement is to appIy the equation: 
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FIGURE 4.10 
Effect of both the evaporating and condensing temperatures on refrigeration capscity for the 
8-cylinder ammonia compressor. 

where: 
P' = Power required if the compression is adiabatic and 

frictionless, kW (Btulmin) 
Ahideal = ideal work of compression, kJ/kg (Btullb) 

Equation 4.10 is semi-realistic, because the actual mass rate of flow, m ,  
is available from Figure 4.6. On the other hand, the change in enthalpy during 
the compression, Ahideal, used in Equation 4.10 is ideal. This combination is 
effective, however, in showing the trend in the power requirement. 

Explore first the effect of evaporating temperature on the work of com- 
pression, as shown in Figure 4.11. With a given condensing temperature, the 
ideal work of compression decreases as the evaporating temperature increases, 
until the work of compression shrinks to zero when the evaporating temperature 
reaches the same value as the condensing temperature. 

Figure 4.12 shows the trends of m,  Ahideal, and the power as the evapo- 
rating temperature changes while the condensing temperature remains constant. 
Starting a t  very low evaporating temperatures an increase in this temperature 
provides a progressive increase in the mass rate of flow. Figure 4.11 suggests 
that the Ahidear progresses from its high value a t  low evaporating temperatures 
to zero when the evaporating temperature reaches the condensing temperature. 
Equation 4.10 specifies that the compressor power is the product of these two 



108 INDUSTRIAL REFRIGERATION HANDBOOK 

FIGURE 4.11 
Effect of evaporating temperat- on the ideal work of compression. 

terms, so the power would be expected to be low at  both very low and very 
high evaporating temperatures. between those extremes the power requirement 
reaches a peak. The trends indicated by the power curve in Figure 4.12 are sig- 
nificant and may be surprising. Someone analyzing the power requirement of a 
reciprocating compressor for the first time may expect that raising the suction 
pressure will lighten the load on the compressor and lower the draw of power. 

The range of pressure ratios against which reciprocating compressors op- 
erate is typically between about 2.5 and 8 or 9. As Figure 4.12 shows, in this 
range of pressure ratios the power required by the compressor increases as the 
suction pressure and temperature increase. This trend appears in the industrial 
refrigeration plant, for example, if the refrigeration load on the evaporator in- 
creases. The increase in refrigeration load almost certainly is precipitated by an 
increase in temperature of the product being cooled, which in turn raises the 
evaporating temperature. As a result, the power requirement of the compressor 
increases, often resulting in overload of the motor that  drives the compressor. 

Another motor that might be subject to overload is the one driving a high- 
stage compressor in a two-stage system. If for some reason the intermediate pres- 
sure increases, the high-stage compressor feels the additional power requirement. 
Still another situation where the power curve of Figure 4.12 explains a potential 
motor overload is during a pull-down of temperature. If facility has been idle and 
then is brought into service, the evaporating temperature starts high and pro- 
gressively drops. The power requirement of the compressor passes through the 
peak, and unless it does so quickly, the compressor motor might overload. Most 
reciprocating compressors in industrial applications are equipped with cylinder 
unloaders, as will be discussed in Sec. 4.18, which may need to  be activated by 
special intervention during this peak power requirement. Normal activation of 
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1 
Pressure ratio 

FIGURE 4.12 
Effect of evaporating temperature on the mass rate of flow, the ideal work of compression and 
the compressor power requirement. The condensing temperature is 30°C (86'F). 

these cylinder unloaders occurs only when the evaporating temperature drops 
below the normal operating setting. 

Figure 4.12 shows the power requirement of a compressor if the compres- 
sion were ideal. Figure 4.13, on the other hand, presents the power requirements 
of the actual compressor that has been the subject of analysis in this chapter. 
These trends derive directly from catalog data. One of the conclusions from an 
examination of Figure 4.13 is that the power increases toward a peak as the 
evaporating temperature increases. Curves for three different condensing tem- 
peratures appear on Figure 4.13, so the influence of the condensing temperature 
can be determined. The power requirement always increases with an increase in 
condensing temperature, a t  least within the normal range of operation. 

Of possible interest, but of no practical value in industrial refrigeration, is 
the fact that the power requirement with a constant evaporating temperature 
reaches a peak as the condensing temperature increases. One of the safety tests 
of small window air conditioners is to  stop the condenser fan, which results 
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FIGURE 4.13 
Actual power requirement of an &cylinder Sabroe 108L ammoniacompresaor operating at 1170 
rPm. 

in extreme discharge pressures. The compressor continues to  operate, although 
there is no additional compression of refrigerant because the volumetric efficiency 
has dropped to  zero. 

The influences of both evaporating temperature and condensing temper- 
ature on the refrigerating capacity and the power requirement have now been 
analyzed. The next two sections address byproducts of these trends. 

4.8 ADIABATIC COMPRESSION 
EFFICIENCY 

Equation 4.10 presented a specially-defined compressor power requirement using 
the ideal work of compression Ahideal. This ideal work of compression applies 
to a process which is both adiabatic (no transfer of heat) and frictionless. The 
actual power requirement for the compressor that has been the subject of study 
is shown in Figure 4.13, and the actual work of compression, Aheompl can be 
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FIGURE 4.14 
Adiabatic compression efficiency as a function of the compression ratio. 

calculated from the equation: 

where P is the power required by the actual compressor. 
The ratio of the ideal to  the actual work of compression is defined as the 

adiabatic compression efficiency, T],: 

Using the actual power requirements of Figure 4.13 to determine Aheomp 
and the values of Ahideol, the adiabatic compression efficiency can best be corre- 
lated by the compression ratio, as demonstrated by Figure 4.14. Such factors as 
the friction due to the mechanical rubbing of metal parts and the friction of the 
flow of refrigerant are losses that reduce the compression efficiency. The value of 
qc drops a t  higher compression ratios because of increased forces of the rubbing 
parts, such as shafts on bearing and piston rings on cylinders. There is also a 
dropoff of qc a t  low compression ratios and this reduced efficiency is probably 
due to flow friction. In fact, a t  a compression ratio of 1.0 the value of Ahideol is 
zero, so any acutal work, even though small, drives qc to zero. 

Knowledge of the adiabatic compression efficiency has several important 
uses. In the first place, the value of qc is a tool in comparing the effectiveness 
of two different compressors. Another use is to quickly estimate the work of 
compression for an operating compressor by determining Ahideal and dividing by 
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qc, expressed as a fraction. The trend shown in Figure 4.14 that is applicable to a 
specific compressor is fairly typical of most good compressors, namely 7, is about 
70% a t  high compression ratios and 80% a t  low compression ratios. Chapter 2 
in Sections 2.27 and 2.28 proposed and analyzed a standard vapor-compress~on 
cycle in which the compression is assumed to be ideal. The compressor power 
calculated in that analysis would also be ideal, but can be converted easily to  the 
actual power requirement by dividing by an appropriate adiabatic compression 
efficiency. 

The trend in rl, shown in Figure 4.14 reveals another useful fact. Chapter 
3 analyzed two-stage refrigeration systems and showed in Figure 3.25 that a 
reduction in total power is possible through the application of flash-gas removal 
and desuperheating. The compressor power of a single-stage compressor used as 
the basis of comparison and the power of the low- and high-stage compressors 
were based on ideal compression. If the actual power were to be estimated, the 
ideal work of compression must be divided by qc If the system were operating 
single-stage with a compression ratio of 9, for example, the adiabatic compression 
efficiency would be less than 70%. By converting to two stage and operating each 
compressor with a compression ratio of 3,  the adiabatic compression efficiency 
would be elevated to 80%. This comparison shows that with an actual plant, 
the reduction in total power achieved to shifting to twestage operation is even 
greater than that shown in Figure 3.25. 

4.9 EFFECT OF EVAPORATING AND 
CONDENSING TEMPERATURES ON 
SYSTEM EFFICIENCY 

The influence of both the evaporating and condensing temperatures on the re- 
frigerating capacity and the power requirement of reciprocating compressors has 
now been studied. Figure 4.10 is a summary of the influence of these tempera- 
tures on the refrigerating capacity and Figure 4.13 the influence on the power 
requirement, The designer and operator of a plant might be interested as well 
in the efficikncy, as expressed by the coefficient of performance, COP, or the 
horsepower per ton. The importance of these variables lies in the fact that the 
plant has a certain refrigeration duty to  perform, and the desire is to  accomplish 
that duty with the minimum power requirement. The data in Figures 4.10 and 
4.13 are the bases for computing the COP: 

refrigerating capacity, kW (Btu/min) 
COP = 

compression power, kW (Btu/min) 

Figure 4.15 also shows values of horsepower per ton (hp/ton), which varies 
inversely as the COP through the equation: 

4.715 
hp/ton = - 

COP 
The COP always increases with an increase in evaporating temperature and 
decreases with an increase in condensing temperature. Designers and operators 



FIGURE 4.15 
Coefficient of performance and horsepower per ton a a function of the evaporating and con- 
densing temperatures. 

frequently want to  know the possible reduction in power for a given refrigerating 
capacity through an increase in the evaporating temperature or a decrease in 
the condensing temperature of one degree. Table 4.1 shows some approximate 
values, based on the data of Figure 4.15, that could serve as guidlines for potential 
savings. As expected, the improvement per degree in temperature expressed as 
a percentage will be greatest when the temperature lift from the evaporating to 
condensing temperatures is small and least when one degree change is a small 
fraction of the total temperature lift. 

4.10 EFFECT OF LIQUID 
SUBCOOLING ON CATALOG RATINGS 

Compressor manufacturers express refrigerating capacity in their catalogs based 
on a certain number of degrees of subcooling of the liquid entering the expansion 
valve and a certain number of degrees of superheat of vapor leaving the evapo- 
rator. These two conditions affect the refrigerating effect, Ah,,, in Eq. 4.7, and 
thus affect both the catalog rating as well as the actual refrigeration capacity 



TABLE 4.1 
Percent reduction in power per O C  (OF). 

S m d  lift of Large lift of 
temperature temperature 

developed by the compressor. Furthermore, the purchaser of a compressor de- 
ciding between offerings of two competing suppliers should know how to adjust 
the ratings to put them on the same basis. 

The temperature of the liquid arriving a t  the expansion valve must be 
equal or lower than the condensing temperature in order for the expansion valve 
to function properly. Every additional degree of subcooling of this liquid lowers 
the entering enthalpy and adds to the refrigerating effect and the refrigeration 
capacity. Some manufacturers rate their compressors on the basis of saturated 
liquid entering the expansion valve, and others on the basis of a specified num- 
ber of degrees of subcooling. To establish a common basis for comparison, the 
capacities listed in different catalogs can be multiplied by a correction factor, 
illustrated in Fig. 4.16, which the ratio of the refrigerating effects: 

where: 
F,, = factor that corrects the refrigeration capacity to that 

for liquid entering saturated 
A h ,  = refrigerating effect if liquid enters saturated 
Ah,,, = refrigerating effect when subcooling is used in catalog 

An important question is, "What is a reasonable amount of subcooling 
to expect?" The answer is, "Not much," because most condensers in industrial 
refrigeration plants operate with very little subcooling. But there are situations 
where the liquid subcooling is appreciable, and these are in two-stage systems, as 
studied in Chapter 3, where subcooled liquid supplies the low-stage evaporators. 
Realizing that the low-stage subsystem is fed with liquid that may be appreciably 
subcooled emphasizes that the selection of the low-stage compressor should not 
be made directly from catalog data. Instead, the required evaporator capacity 
should be multiplied by the ratio of refrigerating effects Ahe,,,/Aheu,,, where 
Ah,,,, is the refrigerating effect with the actual entering enthalpy. The resulting 
capacity is the value to be sought of a compressor listed in the catalog. 



FIGURE 4.16 
Correction factor Fa= to translate the refrigerating capacity to that if liquid enters the expansion 
valve saturated. 

4.11 EFFECT OF SUPERHEATING 
OF SUCTION VAPOR ON CATALOG 
RATINGS 

Another specification that often varies from the compressor catalog of one man- 
ufacturer to another is the number of degrees of superheat of the vapor entering 
the compressor. If a catalog specifies some superheat of the vapor, it is almost 
always understood that the superheat can be counted as useful refrigeration. 
Whether this assumption is true depends on the configuration of the evapora- 
tor. If the superheating occurs within the evaporator, as shown in Figure 4.17a1 
the refrigerating effect is useful. On the other hand, if the vapor that enters the 
compressor is superheated because of heat absorbed in the suction line, as in 
Figure 4.17b, the amount of this superheating is not productive, and the refrig- 
erating capacity shown in the catalog must be reduced by the amount of this 
superheating. Whether the superheating occurs within the evaporator is usually 
a function of the type of expansion valve, and applies only when a superheat- 
controlled expansion valve is used (See Chapter 11 for further description). 

A perspective3 on the question of how liquid subcooling and vapor super- 
heating are specified is that equipment selected without reading the fine print 
may be short of capacity by about 5% when actually installed and set into ser- 
vice. Because load calculations can hardly ever be precise, and because plants 
are usually installed with more capacity than absolutely necessary, the difference 
in behavior of the plant may not be noticed. On the other hand, in the bidding 
stage, a price difference of 5% may shift the choice from one supplier to  another. 
The subcooling and superheating issue may, therefore, be more important from 
a marketing than from an engineering standpoint. 
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FIGURE 4.17 
Superheated vapor entering the compressor where (a) the superheat provides useful refrigere 
tion, and (b) where the superheat does not add to the refrigeration. 

4.12 PRESSURE DROP BETWEEN 
EVAPORATOR AND COMPRESSOR 

The life of a manufacturer of any type of compressor is complicated when a 
designer or contractor fails to  account for the pressure drop of refrigerant in 
the suction line between the evaporator and compressor. The person ordering 
the compressor knows, for example, that the evaporating temperature is to  be 
-30°C (-22OF) and orders a compressor to operate a t  this same saturated suc- 
tion temperature of -30°C (-22 OF). After the compressor is installed and in 
operation it proves to be short of capacity. The reason is that the pressure drop 
in the suction line increases the specific volume of the suction gas, so the mass 
rate of flow drops. This phenomenon is particularly penalizing a t  low evaporating 
temperatures. Table 4.2 shows the percentage reduction in refrigerating capacity 
for ammonia and R-22 at  two different evaporating temperatures and a t  drops 
in saturation temperature of 0.5 and l.O°C (0.9 and 1.B0F). While i t  is true 
that  at  the lower saturated suction temperature caused by pressure drop in the 
suction line, the power requirement also decreases, as was illustrated in Figure 
4.13. However, if the compressor is already attempting to  deliver full capacity, 
it cannot take advantage of this reduction in power to increase the refrigerating 
capacity. 

4.13 CONSTRUCTION DETAILS 

Most industrial reciprocating compressors are built with two, three, or four banks 
of cylinders, each bank incorporating either two or four compressors side-by-side 
in the axial orientation. This arrangement allows a choice of compressor with 4, 
6, 8, 12, or 16 cylinders. As the cutaway view in Figure 4.18 shows, the pistons 
are equipped with rings that  are lubricated with oil forced through passages 
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FIGURE 4.18 
Cutaway view of a redp;ourting compressor. (Mycom Corporation) 

in the connecting rods. Spring-loaded safety heads permit the heads to relieve 
the extreme pressure that might be caused by liquid becoming trapped at  the 
top of the piston. Two bearings support the crankshaft of the compressor of 
Figure 4.18, while 12- and lgcylinder compressors are provided with a center 
bearing as well. The oil pump is driven off the shaft and delivers oil through a 
filter and oil cooler that is usually water-cooled, but the option is available on 
some compressors to cool the oil with refrigerant. Both the suction and discharge 
valves are of the spring-loaded plate type. 



TABLE 4.2 
Reduction in compressor capacity caused by a drop in saturation temperature in 
the suction line. 

FIGURE 4.19 
Discharge temperatures for ideal, adiabatic compressions from saturated vapor to a pressure 
corresponding to a condensing temperature of 30°C (86OF). 
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4.14 MAXIMUM PRESSURE RATIOS 
AND PRESSURE DIFFERENTIALS 

Evaporating temperature, OC (OF) 
-20°C (-4OF) 1 -40°C (-40°F) 

O.S0C drop 1 l.O°C drop ( 0.5OC drop I 1.O0C drop 

2.1% 1 4.2% 1 2.6% 1 5.2% 

In catalogs showing refrigerating capacity and power requirements of reciprocat- 
ing compressors, manufacturers do not show performance for all combinations of 
evaporating and condensing temperatures. Also, some manufacturers show data 
for conditions that are flagged and the user is asked to consult the manufacturer 
before selecting a compressor a t  those conditions. An important reason for avoid- 
ing some of these combinations is because of pressures-pressure ratio and/or 
the pressure difference. Ratios of discharge-to-suction pressures higher than 8 or 



9 normally are not recommended because the discharge temperature, particu- 
larly with ammonia, may rise too high. Another benefit of alerting a potential 
user to  the prospect of high compression ratios is tha t  two-stage compression 
should be considered for this application. 

The reason for limiting the pressure differential is t o  restrict the load on the 
bearings and crankshaft. The maximum pressure difference varies between 1000 
and 2000 kPa (150 to  300 psi) depending upon the bore, stroke, and other con- 
struction features of the compressor. The pressure difference restriction should 
be kept in mind, particularly in the range of high evaporating and condensing 
temperatures. 

E x a m p l e  4.3. What is the maximum lift of temperature permitted for an R-22 
compressor that is restricted to a 1500 kPa (218 psi) pressure difference if 

(a) The evaporating temperature is -lO°C (14OF), 
(b) The evaporating temperature is 20°C (6a°F)? 

Solution. (a) The evaporating pressure a t  -lO°C (14OF) is 354.3 kPa, so the 
maximum permitted condensing pressure is 1854.3 kPa (209 psia), which corre- 
sponds to a condensing temperature of 4B°C (118.4 OF). Under this condition the 
temperature lift is 48 - (-10°C) = 58OC (104.4OF). 

(b) When the evaporating temperature is 20°C (68OF), which corresponds 
to 909 kPa (131.8 psia), the maximum condensing pressure is 2409 kPa (349 psia). 
This condensing pressure corresponds to  a saturation temperature of 58.8OC 
(137.8OF). The temperature lift a t  this higher pressure range is 58.8 - 20 = 
38.g°C (69.a°F), which is more restrictive than for the low evaporating temper- 
ature. 

4.15 DISCHARGE TEMPERATURES 
AND WATER-COOLED HEADS 

Figure 4.19 shows some adiabatic discharge temperatures tha t  would occur with 
ammonia and R-22 were the compressions ideal (frictionless) and with no transfer 
of heat. The actual discharge temperatures would be higher than those shown 
because of inefficiencies of the compressor if negligible heat is lost t o  the am- 
bient. Because the cylinders and heads are hot, there is natural convection of 
heat to  air, but particularly in the case of ammonia, more intensive cooling 
is needed. I t  is standard, then, for ammonia compressors t o  be equipped with 
water-cooled heads, thereby keeping valves cooler t o  prolong their life and pre- 
venting the breakdown of oil a t  high temperatures. Sometimes R- 22 compressors 
are equipped with water-cooled heads. Manufacturers recommend that  discharge 
temperatures not exceed a temperature of approximately 135OC (275OF). 

A modest provision that must be planned by the designer and provided by 
the builder of the plant is a small supply of cooling water to  the compressor. 
The flow rate of water is usually regulated by a control valve that  maintains 
an outlet cooling water temperature of approximately 45OC (113OF). Typical 
figures for the flow rate of cooling water are 0.7 kg/s of cooling water for each 
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100 kW of refrigeration (1 gpm per 25 tons of refrigeration). With an assumed 
temperature rise of 15OC (2g°F) with those cooling water flow rates, ammonia 
leaves the compressor a t  a temperature 16OC (2g°F) lower than it would have if 
there had been no cooling of the head. 

Two precautions to  follow to  avoid condensation of refrigerant in the head 
of the cylinder are: (1) ensure that the temperature of the cooling water never 
falls below the condensing temperature, and (2) terminate the supply of cooling 
water when the compressor is not in operation, 

4.16 LUBRICATION AND OIL 
COOLING 

Although small compressors may be able to achieve adequate lubrication of 
the moving parts by splash lubrication, virtually all reciprocating compressors 
used in industrial refrigeration practice are provided with forced lubrication. A 
positive-displacement pump draws oil from the crankcase and delivers the oil to 
bearings, cylinder walls, and to the shaft seal on many compressors. Most pumps 
are driven off the compressor shaft and some are nonreversible, which fixes the 
required direction of compressor rotation. 

Several auxiliaries to the compressor lubrication system are the oil cooler, 
a crankcase heater, a separator t o  remove oil from the discharge gas, and safety 
cutouts. Particularly on large compressors, the oil is passed through a water- 
cooled heat exchanger that cools the oil. The rate of water flow required for 
cooling is of the order of 10 literslmin (several gallons per minute). Another 
guideline is to  set the water-flow rate such that the leaving water temperature 
is about 45OC (113OF), and then rely on the compressor manufacturer to  have 
provided a cooler large enough to maintain a satisfactory oil temperature with 
this flow rate. A typical oil temperature during operation is 50°C (122OF). 

Crankcase heaters automatically come into service during compressor shut- 
down. If the oil is permitted to become cool during shutdown, the refrigerant- 
particularly the halocarbons-will dissolve in the oil. Upon startup, the refriger- 
ant boils off, causing oil foaming and possible oil carryout from the compressor. 

The type of oil separator traditionally found in the discharge line of recip- 
rocating compressor is a small vessel using abrupt changes of direction of the 
oil-laden refrigerant to separate oil droplets that then periodically are returned 
to the compressor crankcase. The oil concentration leaving this type of separator 
is in the range of 50 to 80 ppm. When oil-injected screw compressors appeared 
they required a much more efficient separator, so the coalescing type, which is 
discussed more thoroughly in Chapter 5, was developed. The coalescing separa- 
tor reduces the oil concentration to approximately 5 ppm. This type of separator 
is also now available for reciprocating compressors and is quite widely used on 
new installations. 

Typical safety cutouts associated with the oil system are those that shut 
off the compressor if a high oil temperature or a low oil pressure occur. The oil 
pressure cutout usually senses the pressure differential across the pump, which 
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Compmsion efficiency 1 80% 1 76% 1 72% 

TABLE 4.3 
Effect of rotative speed on the volumetric and compression efficiencies for a compressor oper- 
ating at 3S°C (9S°F) condensing and - 10' C (14OF) evaporating temperatures. 

typically must be higher than about 100 kPa (15 psi). The cutout could be set 
to shut down the compressor after a 90-second duration of low pressure. This 
time delay permits the compressor a time interval to build up the oil pressure 
on startup. 

4.17 COMPRESSOR SPEED 

1600 rpm 800 rprn 

The usual range of rotative speed of reciprocating compressors is between 800 and 
1800 rpm. The minimum rotative speed is generally dictated by the requirement 
of the oil pump, which because it runs off the compressor shaft needs a minimum 
speed in order to develop an acceptable pressure rise of the oil. There is no 
sharp value of the maximum speed, but the life expectancy of the compressor is 
influenced by the speed. The impact on suction and discharge valves increases 
with speed, and friction considerations usually suggest desirable piston speeds 
a t  approximately 4 m/s (800 fpm). With the typical length of piston stroke, this 
piston speed translates to 1200 rpm. 

The compressor speed also influences the volumetric and compression effi- 
ciencies4, as Table 4.3 shows. 

The volumetric efficiency is fairly constant because the degradation of ef- 
ficiency due to the pressure drop of the refrigerant vapor a t  high flow rates is 
compensated by the relative reduction in leakage past the piston rings. The com- 
pression efficiency drops as the speed increases, because certain losses, such as 
pressure drop through valve ports, increase as the square of the flow rate. 

Volumetric efficiency I 80% 1 80% I 80% 

1200 rpm 

4.18 CAPACITY REGULATION 

Almost all refrigerat.ion plants are subject to varying refrigeration loads and, in 
general, plants operate at  part load. The capacity must be reduced, otherwise 
the evaporating temperature would drop until the plant capacity matched the 
load. An evaporating temperature that is too low may damage the product. Small 
plants simply cycle the compressor on and off to provide a time-average match of 
capacity to load. In larger plants the capability to modulate the capacity down to 
a t  least 25% of full capacity is desirable. As the cost of variable-frequency drives 
decreases and their reliability improves, this method of capacity modulation 
may become more prominent. For the time being, however, cylinder unloading 
is the standard technique for adjusting the pumping capacity of reciprocating 
compressors. 
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FIGURE 4.20 
Typical catalog data of power-capacity relationships for a compressor during cylinder unload- 
ing. 
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Multicylinder compressors can be unloaded by holding open the suction 
valve on a cylinder. During its intake stroke, the piston draws suction gas into 
the compressor, but then on its return stroke, instead of compressing the vapor, 
the piston pushes the refrigerant back into the suction manifold. The suction 
valve can be held open by valve-lifting pins which in turn are actuated by oil 
from the lubricating oil pump or discharge gas that is controlled by solenoid 
valves. In some designs, the normal position of the unloaders is such that oil 
pressure is required to activate compression. This arrangement automatically 
starts the compressor with the cylinders unloaded, because oil pressure is not 
available until the compressor is at least partially up to speed. The two variables 
most frequently sensed to regulate the operation of the cylinder unloaders are 
the suction pressure or the outlet temperature of the liquid being chilled in the 
evaporator. 

To indicate part-load efficiency, compressor manufacturers typically sug- 
gest a power-capacity relationship during cylinder unloading, like that shown 
in Figure 420.  This graph could apply to  an &cylinder compressor that can 
unload 2, 4, and 6 cylinders. In order to operate at 60% capacity, for exam- 
ple, the compressor would switch back and forth between the half-unloaded and 
the one-fourth-unloaded conditions. The percent of full capacity closely matches 
the percent of total cylinders pumping, but the power requirement runs several 
percent higher than the linear relationship. One report5 on field behavior of com- 
pressors during unloading indicates, as in Figure 421 ,  a slightly lower efficiency 
than that indicated in Figure 420. 
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FIGURE 4.21 
Power-capacity relationship of a 7GkW (20-ton) water chiller during cylinder unloading. 

Power to overcome friction in pumping an idle piston is to be expected, 
but there is aa compensating positive influence. At part-load operation the con- 
denser and evaporator heat transfer rates drop so the condensing temperature 
decreases and the evaporating temperature increases. Both effects reduce power 
and compensate for the losses of the idle cylinders. 
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CHAPTER 

SCREW 
COMPRESSORS 

5.1  TYPES OF SCREW 
COMPRESSORS 

The two major categories of screw compressors are twin screw and single screw. 
The twin-screw compressor is widely used and has many years of operating ex- 
perience. I t  occupies a position alongside reciprocating and centrifugal types as 
a standard choice of refrigeration compressors. The single-screw type, described 
in Section 5.22, is becoming well established because of the efforts of several 
manufacturers. The twin- screw will simply be referred to in this chapter as the 
screw compressor. 

The invention and evolution of the screw compressor bears a heavy Swedish 
imprint through a succession of firms beginning about the turn of the century 
with the company of the Ljungstrom brothers-a name that became associ- 
ated later with the Ljungstrom air preheater for power plants. In 1913 the 
brothers organized a subsidiary, Svenska Turbinfabriks Aktiebolaget Ljungstrom, 
also known by the acronym STAL. Following some successes and reverses, the 
Ljungstrom brothers resigned from the company in the 1920s and a new chief 
engineer, Alf Lysholm, was appointed, who provided the firm with several inven- 
tions, including that  of the screw compressor. 

The early screw compressors were fraught with many deficiencies in de- 
sign and operation which had to be solved one by one. In 1951 the name of AB 
Ljungstroms Angturbin was changed to Svenska Rotor Maskiner AB (SRM). Up 



until this time screw compressors were equipped with synchronizing gears and 
operated dry, but during the 1950s the practice of injecting oil began and this 
development gave the screw compressor new impetus. Used primarily for air com- 
pressors initially, development work on the application of screw compressors to 
refrigerants began in the 1950s. The improvement of the rotor profiles to provide 
ease of manufacture and efficient performance has been an ongoing emphasis in 
the screw compressor development. By now about a million air compressors and 
nearly 100,000 refrigerant screw compressors have been manufactured. 

Section 4.2 in the previous chapter on reciprocating compressors presented 
a picture of the competitive situation between reciprocating and screw compres- 
sors. The conclusion of that discussion was that during the past several decades 
the screw compressor has gained much of the compressor market in industrial 
refrigeration, particularly in large-capacity units. Of the refrigeration capacity 
installed each year the screw compressor serves more of this capacity than does 
the reciprocating type, so the principles, applications, and procedures described 
in this chapter are especially important. Screw compressors are available in vol- 
ume capacity ranges from about 0.05 to 1.5 m3/s (100 to 3300 cfm), driven by 
motors ranging in output from 25 to 1250 kW, and operating a t  usual speeds of 
3550 rpm (2950 rpm with 50-Hz power). 

This chapter describes the screw compressor and explains how it works. The 
performance of the basic compressor is first explored, particularly as it encounters 
changes in evaporating and condensing temperatures. Capacity regulation of a 
screw compressor is typically achieved through the use of a special valve which 
provides continuous-capacity modulation over a wide range. Screw compressors 
are basically constant-volume-ratio machines, the implications of which will be 
explored. Oil is injected in screw compressors for sealing the spaces between 
the lobes, and this oil must subsequently be separated and cooled. End users of 
refrigeration plants usually buy screw compressors incorporated in packages that 
include the necessary auxiliaries, which will be described. The chapter concludes 
with an explanation of the single-screw compressor. 

5.2 HOW THE SCREW COMPRESSOR 
WORKS 

A cross-sectional view of two pairs of rotational.elements, called rotors, of the 
screw compressor with two different profiles is shown in Figure 5.1. The male 
rotor here has four lobes and the female rotor.six gullies, and this combination 
of numbers of lobe/gullies is most common. Other combinations, such 315 and 
517 are sometimes available. Another view of the rotors presenting the third 
dimension is shown in Figure 5.2. 

Some of the popular nominal diameters1 of the rotors are 125, 160, 200, 
250, and 320 mm. Manufacturers often offer two or three rotor lengths for each 
rotor diameter and the length-to-diameter ratios usually fall in a range of 1.12 to 
1.70. The rotors slip into a housing as indicated by the exploded view, as shown 
in Figure 5.3, that also shows some of the main elements of the compressor. 



(a) 0) 
FIGURE 5.1 
Screw compressor rotors with (a) symmetric profile, and (5) asymmetric profile. 

FIGURE 5.2 
Screw compressor rotors. 

The  separate processes experienced by the vapor in passing through the 
compressor are (1) filling of a cavity with suction gas, (2) sealing of gas between 
the rotors and housing, (3) reducing the volume of the cavity to  perform the 
compression, and (4) uncovering the discharge opening to expel the compressed 
gas to the discharge line. One way to picture these processes is by observing 
a side view of the screws in Figure 5.4 whose threads move to the right as the 
rotors turn. The suction vapor enters the top of the rotors, and as the rotors turn 
a cavity appears a t  1. Cavity 2 is continuing to fill, and cavity 3 is completely 
filled. Cavity 4 has now trapped gas between its threads and the housing. Cavity 
5 is in the compression process with the volume shrinking as the cavity bears 
against the end of the housing. When the thread of the rotor reaches the discharge 
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FIGURE 5.3 
Exploded view of main elements of a screw compressor. (Couriesy  Sullair Refrigeration) 

suction 

* 
Discharge 

FIGURE 5.4 
Visualization of the intake, compression and discharge pro&sse of a screw compressor. 

port, the compressed gas flows into the discharge line. A translation process is 
indicated in Figure 5.4, which is an interval occurring between the time the cavity 
is sealed until compression begins. This translation process takes up about 30' 
of the rotation of the rotor. 
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FIGURE 5.5 
Pressures during intake, translation, compression, and discharge when (a) the dischargeline 
pressure equals, (b) when the discharge-line pressure iskigher, and (c) the dischargeline pres- 
sure is lower than the built-in discharge pressure. 
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FIGURE 5.6 
(a) Over-compmsion and (b) under-compression shown on a pressure-volume diagram where 
the area under the curves indicate work appiied to the refrigerant. 

5.3 PERFORMANCE 
CHARACTERISTICS OF A BASIC 
SCREW COMPRESSOR 

To begin the explanation of why the screw compressor possesses its unique ca- 
pacity, power, and efficiency characteristics, a basic machine will be analyzed. 
This compressor is assumed to be operating a t  constant speed and without the 
capacity control capabilities that  will be introduced in Section 5.8. A fundamen- 
tal characteristic of the basic screw compressor is its built-in volume ratio, v i ,  

which is defined as follows: 

volume in cavity when suction port closes 
V i  = 

volume in cavity when discharge port uncovers 

In contrast to the reciprocating compressor, the screw compressor has no 
suction and discharge valves but accepts a certain volume of suction gas in a 
cavity and reduces this volume a specific amount before discharge. Some typical 
values of vi used by manufacturers are 2.6, 3.6, 4.2, and 5.0. For a given rotor 
diameter each different vi is associated with a different rotor length. Each v ,  
corresponds to a certain pressure ratio that varies from one refrigerant to another. 
Table 5.1 presents estimates of pressure ratios using the following equation that 
is applicable to an isentropic compression of a perfect gas: 

suction volume 
Pressure ratio = = v,! 

discharge volume 

where k = ratio of specific heats, cp/c,, which is approximately 1.29 for ammonia 
and 1.18 for R-22. 

If the pressure ratio against which the compressor pumps is precisely equal 
to that developed within the compressor, then the discharge port is uncovered at  



TABLE 5.1 
Pressure ratios corresponding t o  built-in volume ratios ior ideal compression. 

Built-in volume ratio 1 Ammonia ( R-22 
2.6 1 3.4 13.1 

the instant that the pressure of the refrigerant in the cavity has been raised to 
that  of the discharge line, and the compressed gas is expelled into the discharge 
line by the continued rotation of the screws. This situation is represented by 
Figure 5.5a, which shows the pressure changes in one cavity between the screws 
as rotation progresses. I t  is rare, however, that the developed pressure within 
the compressor precisely matches that  prevailing in the discharge line. Figures 
5.5b and 5 . 5 ~  demonstrate what happens when the developed pressure is lower 
or higher, respectively, than the discharge-line pressure. 

In Figure 5.5b the compressed refrigerant has not yet reached the discharge- 
line pressure when the discharge port is uncovered, so there is a sudden rush of 
gas from the discharge line into the compressor that almost instantaneously 
increases the pressure. Thereafter, the continued rotation of the screws expels 
this gas as well as the refrigerant ready to be discharged. 

The third situation, as shown in Figure 5.5c, occurs when the discharge-line 
pressure is lower than that achieved within the compressor. At the instant the 
discharge port is uncovered there is a sudden rush of gas out of the compressor 
into the discharge line. 

Another picture of the drawbacks of the mismatch of the internally devel- 
oped pressure and that in the discharge line is shown in the pressure-volume 
diagrams of Figure 5.6 which concentrate only on the compression and dis- 
charge processes. Since the area under a compression or expansion curve on 
the pressure-volume diagram indicates work done in the process, the horn in 
Figure 5.6a indicates nonproductive work in the process. Losses are caused by 
unrestrained ezpansions that are the result of gas under pressure venting freely 
from a high pressure to a low pressure. Unrestrained expansions occur in both 
overcompression and undercompression, but the most penalizing of the two is in 
overcompression where a limited volume of gas in the compressor vents to the 
extensive volume of the discharge line. The losses are less in under- compression 
where the gas expands unrestrained from the extensive volume of the discharge 
line to fill the compressor cavity. 
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FIGURE 5.7 
Adiabatic compression efficiency of ammonia screw compressors. 

5.4 ADIABATIC COMPRESSION 
EFFICIENCY OF A SCREW 
COMPRESSOR 
The adiabatic compression efficiency 7, was defined for the reciprocating com- 
pressor in Equation 4.12: 

isentropic work of compression, kJ/kg (Btu/lb) 
70 = actual work of compression, kJ/kg (Btu/lb) 

x 100 (5.1) 

The compression efficiency of reciprocating compressors is strongly influ- 
enced by the pressure ratio, and for a screw compressor the additional influence 
is that of the built-in volume ratio, as shown in Figure 5.7. 

The pattern is that  the efficiency reaches a peak at  a certain discharge-to- 
suction pressure ratio, and the pressure ratio for optimum 7, is a function of the 
built-in volume ratio. The mechanisms of how the screw compressor works now 
are used to explain some of the trends appearing in Figure 5.7. 

The ideal situation is where the pressure in the cavity during compression 
builds up a t  the instant the discharge port is uncovered to precisely the discharge- 
line pressure, as in Figure 5.5a. Table 5.1 predicted pressure ratios corresponding 
to several built-in volume ratios for ammonia and R-22 and shows that  the 
pressure ratio is higher than the volume ratia. The efficiency curves in Figure 
5.7 reach their peaks a t  pressure ratios slightly higher than those shown in Table 
5.1 for a given volume ratio. 

Two reasons for-the shifts from expectations are: 
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FIGURE 5.8 
Selecting a compressor with its peak efficiency occurring lower than the design pressure ratio. 

1. Some cooling is performed during compression rather than taking place adi- 
abatically, and 

2. There is some leakage of refrgierant so that the ideal pressure ratio is not 
achieved. 

Overcompression prevails to  the left of the peak efficiency, and undercom- 
pression to  its right. The previous section commented that overcornpression re- 
sults in greater losses than does undercompression, and this fact is borne out by 
the rapid dropoff of q, to the left of the peak efficiency. 

The trends demonstrated in Figure 5.7 provide guidance for choosing the 
built-in volume ratio when a compressor is being selected. It is not the best 
strategy to select a compressor with its peak efficiency occurring at  the design 
pressure ratio. It is preferable to choose a compressor tha t  exhibits its peak effi- 
ciency a t  a pressure ratio lower than design, as shown in Figure 5.8. In industrial 
refrigeration systems the suction pressure usually remains nearly constant, but  
the condensing pressure will likely drift lower that design during most of the 
hours of operation. Thus, in Figure 5.8 the pressure ratio shifts downward from 
the design condition toward the value where the peak efficiency occurs. F'urther- 
more, the low efficiencies experienced during overcompression are avoided. 
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5.5 EFFECT OF EVAPORATING AND 
CONDENSING TEMPERATURES ON 
REFRIGERATING CAPACITY 

I t  is important for the designer and operator of a system to know how the 
suction and discharge pressures influence the capacity and power, because few 
plants operate with these pressures constant. An awareness of the influence on 
power requirements is needed both for analyses of energy requirements and for 
selection and operation of the motor without overloading it.  

For the reciprocating compressor, Figure 4.10 showed the effect of evap- 
orating and condensing temperatures on the refrigerating capacity, and Figure 
4.13 the effect of these temperatures on the power requirement. Figure 5.9 shows 
the influence of the evaporating and condensing temperatures on the refriger- 
ating capacity, with the evaporating temperature exerting the major influence. 
The power required by the screw compressor appears in Fig. 5.10, exhibiting the 
characteristic peak in the curve a t  a given condensing temperature. These trends 
for the screw compressor are similar to those of the reciprocating compressor, 
but there are also some differences worth noting. For both types of compressors 
the refrigerating capacity is influenced by the volumetric efficiency, the specific 
volume of the suction vapor, and the pressure ratio. The power is affected by the 
volumetric efficiency and work of compression. 

Because the screw compressor completes its expulsion of gas with virtually 
no volume remaining, there is no clearance volume to reexpand, as is the case 
with the reciprocating compressor. It would be expected, then, that  the volu- 
metric efficiency and refrigerating capacity drop off less as the pressure ratio 
increases. Table 5.2 shows the comparison of refrigerating capacity and power of 
a screw and reciprocating compressor as the evaporating temperature changes. 
Indeed a t  the higher condensing temperature of 35OC (95OF) there is a greater 
dropoff in capacity of the reciprocating compressor as the evaporating temper- 
ature decreases. But a t  the lower condensing temperature of 20°C (6a°F), the 
percentage reduction in capacity is about the same for the two compressors. 

The modest drop in refrigerating capacity of the screw compressor a t  the 
higher condensing temperature is accompanied by very little reduction in the 
power requirement as the evaporating temperature drops. In contrast t o  the re- 
ciprocating compressor, the screw compressor operates more favorably in a tem- 
perture pull-down situation. The capacity of the reciprocating compressor drops 
off, even though the motor would have the capability of providing additional 
power. 

5.6 PRESSURE DROP BETWEEN 
EVAPORATOR AND COMPRESSOR. 

Section 4.12 addressed for the reciprocating compressor the precaution that  there 
will always be some pressure drop in the suction line between the evaporator and 
compressor. If an evaporator is operating at  a temperature of -30°C (-22OF) 
a compressor selected for this saturated suction temperature will be about 5% 



FIGURE 5.9 
Effect of evaporating and condensing temperatures on the refrigerating capacity of an ammonia 
screw compressor. (Model RWB-II 222, Frick Company) 

TABLE 5.2 
Comparison of refrigerating capacity and power of screw and reciprocating com- 
pressor with changes in evaporating and condensing temperatures. Values shown 
a r e  percentages referred t o  the  base evaporating temperature of 5OC (41°F). 

Evaporating 
temperature, 

OC (OF) 

5 (41)  
0 (32) 

-10 (14) 
-20 (-4) 

Capacity, kW (tons) Power, kW (hp) 
Condensing temperature Condensing temperature 

20°C (68OF) 
Recip. 

1.00 
0.838 
0.572 
0.38 

3S°C (9S°F) 20°C (68OF) 
Screw 

1.00 
0.834 
0.564 
0.375 

Recip. 

1.00 
0.714 
0.481 
0.321 

Recip. 

1.00 
1.02 
0.986 
0.848 

35% (9S°F) 
Screw 

1.00 
0.835 
0.565 
0.371 

Screw 

1.00 
1.05 
1.09 
1.09 

Recip. 

1.00 
0.972 
0.872 
0.710 

Screw 

1.00 
1.01 
0.980 
0.877 



FIGURE 5.10 
Effect of evaporating and condensing temperatures on the power requirement of an ammonia 
screw compressor. (Model RWB-XI 222, Frick Company) 

short of capacity if its actual saturated suction temperature is -3lqC (-23.8OF). 
When ordering a compressor, then, it is essentid that the compressor be selected 
for a lower saturated suction temperature than the evaporating temperature. 
This requirement applies equally to  screw and reciprocating compressors. 

5.7 CATALOG SPECIFICATIONS OF 
LIQUID SUBCOOLING AND SUCTION 
SUPERHEATING 

Sections 4.10 and 4.11 in Chapter 4 on reciprocating compressors described how 
to  compare the ratings of several compressor manaufacturers when they are 
based on different amounts of liquid subcooling and/or suction superheat. The 
procedures are the same for the screw compressor. 

5.8 CAPACITY CONTROL AND 
PART-LOAD PERFORMANCE 

The most common device for achieving a variation in refrigerating capacity with 
a screw compressor is the slide valve, as illustrated in Figure 5.11. The slide valve 
is cradled between the rotors and consists of two members, one fixed and the 
other movable. The compressor develops full capacity when the movable portion 
bears on the fixed member. 
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FIGURE 5.11 
A slide valve for capacity control of a screw compressor: (a) its position relative to the rotors, 
( b )  slide at full-capacity position, and (c) slide at reduced-capacity position. 

For capacity reduction the movable portion of the slide separates from the 
fixed portion so that  some of the gas that has filled the cavity during the suction 
process is not compressed. Instead, as Figure 6.12 illustrates, a t  the beginning 
of volume reduction in the cavity, the gap in the slide valve permits some of the 
gas to  vent back t o  the suction. The  slide valve permits a smooth, continuous 
modulation of capacity from full to  10% of full capacity. 

Even though the slide valve can provide smooth changes of capacity the 
method results in reduced efficiency a t  part load. This reduction in efficiency is 
shown in Figure 5.13 where the percent of full power is related t o  percent of full 
capacity2. The 45" line shown in Figure 5.13 represents the ideal where a given 
percentage of full capacity requires the same percentage of full power. The curves 
show, however, tha t  the percentage of full power always exceeds the percentage 
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FIGURE 5.12 
Side view of the function of the slide valve at (a) full capacity, and (6) partial capacity. 

of full capacity. Two reasons for the drop in efficiency associated with opening 
of the slide valve are (1) the friction of the gas. venting back to the suction, and 
(2) the changing of the vi of the compressor which is assumed to be properly 
matched to the external conditions a t  full load. The recommendation that plant 
operators draw from the data of Figure 5.13 is to operate screw compressors as 
close to full load as the mix of compressors allow. 

The percent capacity reduction does not vary linearly with the motion of 
the slide valve. The precise relation varies from compressor to compressor, but 
the general curve is as shown in Figure 5.14. The relationship shows that small 
changes of position of the slide valve a t  high capacity have a dominant influence 
on the capacity. 

5.9 VARIABLESPEED DRIVE OF 
SCREW COMPRESSOR 

If reducing the capacity using a slide valve results in a decline of compression 
efficiency, it is reasonable to explore other means of capacity control. The most 
attractive alternative is the use of variable-speed drive, provided either by a 
twespeed motor or by a frequency inverter that furnishes infinite variations of 
speed. The speed boundaries within which either of these concepts must operate 
is generally between 800 and perhaps 5000 or 6000 rpm. At low speeds the 
ratio of leakage gas to that pumped increases, so both the volumetric and the 
compression efficiency decrease. At high speeds the high pressure drop through 
the passages of the compressor reduces the compression efficiency. Furthermore, 
the noise level increases as the speed increases, and mechanical limits of the 
moving parts come into play. The rotor tip speed is the best criterion to guide 



FIGURE 5.13 
Part-load power requirements of a screw compressor. The solid lines apply to constant con- 
densing and evaporating temperatures, while the dashed lines reflect a drop in condensing 
temperature and increase in evaporating temperature at part load. 

FIGURE 5.14 
Variation in the compressor capacity a3 a function of the slide-valve position. 
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FIGURE 5.15 
The power-capacity curve of a screw compressor drivexi by a two-speed motor. 

the choice of speed, and the range of recommended tip speed is between about 
20 and 50 m/s (4000 to 10000 fpm). Thus, higher rotative speeds are possible 
for compressors equipped with small-diameter rotors. 

Screw compressors driven by a two-speed motors are available for certain 
applications. Such a compressor has the potential of a percent power versus per- 
cent capacity relationship as shown in Figure 5.15. The characteristics shown in 
Figure 5.15 assume that  the compressor is equipped with a slide valve. Dropping 
the compressor speed from 3600 to 1800 rpm will normally reduce the volumetric 
efficiency only several percent. A further consideration is that two-speed motors 
are slightly less efficient than single-speed ones. 

The  variable-frequency inverter receives power at  60 Hz and converts the 
frequency to  a different value which drives the motor with the correspond- 
ing speed change. With a variable-frequency drive no slide valve whatsoever 
is needed, which reduces the cost of the unit slightly and eliminates the occa- 
sional replacement of the slide valve due to its wear. The critical speed of the 
compressor may lie in the desired range of operation, but a standard capability 
of variable-frequency inverters is to skip over the narrow band of frequencies 
associated with critical speed of the motor. An additional benefit of a variable- 
frequency inverters is that  a frequency higher than the power-line frequency of 
60 Hz can also be developed. This capability permits the handling of peak loads 
with a compressor slightly smaller than would normally have been necessary. 

Even though the listing of the advantages of variable-speed drive suggests 
that the method of capacity control would be in wide use, such is not the case in 
industrial refrigeration. The economic calculations for justifying the additional 
cost of the inverter are complex because of the various efficiencies that  must 
be considered, including those of the inverter, the motor when operating a t  off- 
design speed and the efficiency of the compressor equipped with the slide valve. 
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FIGURE 5.16 
Maintaining peak compression efficiency with a variable-volume ratio device during changes in 
the pressure ratio. 

Furthermore, the load profile expected for the compressor must be evaluated. A 
compressor that  operates nearly fully loaded most of the time is probably more 
efficient with a slide valve for capacity control. On the other hand, if the first 
cost of inverters continues to drop, marginal cases will fall toward the choice of 
the variable-speed inverter. 

5.10 VARIABLE VOLUME RATIO 
COMPRESSORS 

Figure 5.7 showed that  a given compressor with a fixed volume ratio is most 
efficient a t  one ratio of discharge-to-suction pressures. In a typical two-stage 
industrial refrigeration plant the high-stage compressor receives suction vapor 
from t h e  intermediate pressure and discharges to the condensing pressure. The 
low-stage compressor pumps between the pressure of the low-temperature evap- 
orators and the intermediate pressure. The only pressure of these three that  is 
likely to  vary is the condensing pressure due to changes in ambient conditions. 
The  low-stage compressor can be selected with a built-in volume ratio as close 
as possible to  that  imposed by the combination of evaporating and intermediate 
pressures. The built-in volume ratio is determined a t  the time the compressor 
is manufactured by positioning the point a t  which discharge begins. For a high 
built-in volume ratio, for example, the discharge port is uncovered late in the 
compression in contrast to a machine with a low built-in volume ratio. 

The high-stage compressor in a two-stage system or the compressor in a 
single-stage system experiences variations in the compression ratio. A goal is to 
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FIGURE 5.17 
A variable u; device at the following operating conditions: (a) full load and low u;, (b) full load 
and high v , ,  and ( c )  part load and high u;. 

apply some device that  permits the volume ratio of the compressor to  change 
as the imposed conditions change. The ideal performance would be that  shown 
in Figure 5.16 where the compression efficiency developed rides along the peaks 
of the various volume ratios. This device and process is called variable built-in 
volume ratio or simply variable vi.3*4*5 Variable vi devices function in conjunction 
with the slide valve that  controls the capacity,'as illustrated in Figure 5.17. 

The variable v; device of Figure 5.17 consists of two parts which can move 
independently. In Figure 5.17a the two parts have no gap between them, so no 
refrigerant vapor vents back to  the suction and the compressor operates a t  full 
capacity. The discharge port is uncovered when the cavities of the rotors move 
past the right end of the right member. If the vi is to  be increased but full 
capacity maintained, both parts move to  the right, as in Figure 5.17b. At this 



position the discharge is delayed so that the pressure in the cavities builds up 
more before discharging. If the high value of ui is to  be maintained, but the 
capacity reduced, the left member backs off which vents some vapor back to the 
suction, as in Figure 5 .17~.  

The  motion of the two members requires a complex control, and there are 
limitations in achieving the desired ui when the capacity must also be reduced6. 
If the capacity has been reduced by as much as 50%, the variable ui portion of 
the control may no longer be able to meet its requirements. 

5.11 OIL INJECTION AND 
SEPARATION 

The  screw compressor is provided with oil to  serve three purposes: (1) sealing of 
internal clearances between the two rotors and between the rotors and housing, 
(2) lubrication of bearings, and (3) actuation of the slide valve. The  circulation 
and distribution of oil is illustrated in Figure 5.18. All the oil supplied to  the 
compressor leaves with the refrigerant and flows to  the oil separator. The  sep- 
arator removes the oil from the refrigerant and the refrigerant passes on to  the 
intermediate stage (in the case of a low-stage compressor) or to  the condenser 
(in the case of a high-stage compressor). The oil from the separator is warm 
because it has absorbed some of the heat of compression and must pass through 
an oil-cooling heat exchanger before distribution to  the three streams serving the 
compressor. The  means of rejecting heat from- this exchanger will be discussed 
in the next several sections. 

The type of oil separator used in screw compressor packages is called the 
coalescing type which will be discussed in more detail in Chapter 15, Lubrica- 
tion and Oil Handling. This type of separator is much more efficient than the 
older-style inertia separators that have been traditionally used for reciprocating 
compressors. A strong trend prevails now to  use coalescing separators for recipra 
cating compressors as well. Coalescing separators are expected t o  pass no liquid 
oil, so the only oil that escapes the separator is in vapor form, which means that  
the oil concentration in the refrigerant leaving the separator will be of the order 
of 5 ppm. Dirty oil will plug the coalescing elements requiring that  the element 
be replaced, a procedure possible by access through the handhole. Normally the 
coalescing element lasts for several years. 

The  end user of the refrigeration facility usually has neither the need nor 
opportunity to  choose the size of the oil separator. This decision is made by 
the assembler of the compressor package. The size must such that  velocities 
are not so high that  they carry liquid oil out of the separator. The  critical 
operating condition is a t  low discharge temperatures when the discharge gas 
experiences a high mass flow rate and high specific volume, both contributing 
to  high refrigerant velocities. Limiting velocities are in the neighborhood of 0.76 
m/s (150 fpm) for ammonia and 0.38 m/s (75 fpm) for R-22. Sudden drops in 
pressure in the separator which would generate foam should be avoided, because 
coalescing separators are not capable of preventing carryover of foam. 
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FIGURE 5.18 
Flow and distribution of oil serving a screw compressor. 

The injection oil flow rate should be adequate to seal the internal clearances, 
as well as to lubricate the moving parts and to cool the gas being compressed. On 
the other hand, excessive oil quantities will result in undesirable hydraulic ham- 
mer. Knowledge of the rate of flow of injection oil is necessary to properly design 
the oil-cooling heat exchanger. Often, however, when the oil cooler is part of the 
package it is selected by the assembler, and the system designer and operator 
may not need to know the injection oil flow rate. Some compressor manufactur- 
ers publish the information7 in their catalogs, and the order of magnitude of oil 
flow rates range from about 0.065 to 0.11 L/min per kW of refrigeration (0.06 
to 0.1 gpmlton of refrigeration) for high-stage machines. 

5.12 OIL COOLING METHODS 

The injected oil that seals the clearances in the,compressor is intimately mixed 
with the refrigerant undergoing compression. The refrigerant vapor becomes hot 
during compression and transfers some heat to the oil as it passes through the 
compressor. The oil must be cooled before reinjection, and four of the important 
methods of oil cooling are: (1) direct injection of liquid refrigerant, (2) external 
cooling with a thermosyphon heat exchanger, (3) external cooling with cooling 
water or antifreeze, and (4) pumping of liquid refrigerant into the refrigerantloil 
mixture as it leaves the compressor. The first two methods are the most popular 
and will be addressed in more detail in Sections 5.13 and 5.14, respectively. This 
section describes external cooling using a cooling liquid or antifreeze and the 
introduction of liquid refrigerant into the discharge stream. 
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FIGURE 5.19 
Oil cooling using an external heat exchanger rejecting heat to water or antifreeze. 

The method of cooling oil with an external heat exchanger that  rejects 
heat to cooling water or antifreeze, as illustrated in Figure 5.19, was the earli- 
est, widely-used concept. In warm climates cooling water could serve the heat 
exchanger, and this cooling water could come from a cooling tower or a closed- 
circuit cooler. In the closed-circuit cooler the fluid being cooled flows through 
pipe coils with water spraying from the top and ambient air flowing up through 
the sprays and coils. Some plants simply draw water from the pan of the evap- 
orative condenser, but this practice is not recommended. In the first place, this 
water is likely to collect foreign matter that  could deposit on the tubes of the 
heat exchanger, reducing its heat-transfer effectiveness. Also, in cold climates the 
water in the evaporative condenser must sometimes be drained to avoid freez- 
ing, and in that  situation no means of oil cooling would be available. Even with 
the closed-circuit cooler, in cold climates antifreeze must be circulated to  avoid 
freezing water. 

The second methods of oil cooling, as illustrated in Figure 5.20, extracts 
liquid refrigerant from the receiver and delivers it into the discharge of the com- 
pressor. Evaporation of this pumped liquid cools the refrigerant/oil vapor mix- 
ture to the desired 4g°C (120°F) temperature before the mixture enters the 
separator. A temperature sensor a t  some point following the injection of liquid 
regulates a variable-speed pump to adjust the flow rate of liquid. In this method 
and the method of direct injection the temperature of the oil separator operates 
a t  4g°C (120°F) in contrast to the external heat exchanger and thermosyphon 
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FIGURE 5.20 
Cooling oil by injection of liquid into the compressor discharge line. 

systems where the operating temperature is that of typical discharge, namely, 
60°C (140°F). Oil separators function slightly better when the temperature is 
low, because the viscosity as well as the vapor presssure of the oil are lowered. 

5.13 OIL COOLING BY 
REFRIGERANT INJECTION 

Several decades ago the oil-cooling system using the external heat exchanger 
cooled by water or antifreeze lost favor compared to direct injection of refrig- 
erant. While this concept in turn has been supplanted in many cases by the 
thermosyphon system, many new systems use direct refrigerant injection for oil 
cooling. Liquid refrigerant from the receiver is injected into the compressor a t  
an early stage of compression in a manner illustrated by Figure 5.21. A valve 
regulates the flow of liquid to  maintain the desired discharge temperature of 
the refrigerantloil mixture. A conventional superheat-controlled expansion valve 
(sometimes called a TXV or a thermo-valve), as will be described in Chapter 11, 
Valves and Refrigerant Controls, can be adapted for this service. The usual valve 
controls the amount of superheat a t  the position of its sensor, but the objective 
of the valve in Figure 5.21 is to  control the teinperature a t  4g°C (120°F). The 
adaptation consists of providing a pressure reference to the valve, which it tries 
to  match by the fluid pressure, and thus the desired temperature, in its sensing 
bulb. 

Cooling the oil with direct injection of refrigerant imposes penalties both 
in the reduction in refrigeration capacity as well as an increase in power. Fig- 
ure 5.22 shows the magnitude

g 
of these penalties for an ammonia compressor. 



FIGURE 5.21 
Cooling oil by direct injection of liquid refrigerant at an early stage of the compression process. 

Not all manufacturers agree on the magnitude of power penalties10, reporting 
instead that  the power penalty is about 1% for'all conditions. Both penalties in- 
crease with an increase in pressure ratio against which the compressor operates. 
The losses are thus significant when the compressor operates single-stage with 
a low evaporating temperature. The losses are moderate for high- and low-stage 
compressors in a two-stage system. 

A limitation in the system operating with direct-injected compressors is 
how low the condensing temperature is permitted to fall. To conserve energy, 
most plants operate with as low a condensing temperature as the ambient tem- 
peratures can provide. One of the plant characteristics that may limit the degree 
to which the condensing pressure is allowed to fall is the need for adequate pres- 
sure to force liquid through the control valve in Fig. 5.21. A typical minimum 
condensing pressure recommended by manufacturers of screw compressors is 860 
kPa (125 psia). 

The decision of whether to choose direct injection as the method of oil 
cooling is primarily an economic one. A plant cooling oil with a thermosyphon 
system will be more efficient, but a t  the expense of a higher first cost in com- 
parison to direct injection. Direct injection boasts the lowest first cost of the 
oil-cooling methods, and this feature is a major contributor to its selection. 
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FIGURE 5.22 
Penalties in refrigeration capacity and power requirement for ammonia screw compressors 
provided with direct-injection oil cooling. 

5.14 OIL COOLING WITH A 
THERMOSYPHON HEAT EXCHANGER 

The thermosyphon concept in oil cooling achieves heat transfer by boiling liquid 
refrigerant a t  the condensing pressure. Furthermore, the boiling refrigerant flows 
by natural convection (thermosyphon effect) through the heat exchanger. Flow 
diagrams of two thermosyphon systems are illustrated in Figures 5.23 and 5.24. 
Liquid refrigerant flows down from a receiver and some of this liquid boils in the 
heat exchanger. The mixture of liquid and vapor rises from the heat exchanger 
and returns to  the receiver. Circulation of the refrigerant in the loop takes place 
because of the greater desity in the liquid leg in contrast to the return line where 
the mixture of liquid and vapor flows. 

The difference of the systems in the two diagrams is that in Figure 5.23 
that the liquid level in the system receiver is above that of the heat exchanger, 
a requirement for the natural circulation to take place. If the level in the system 
receiver is a t  or below that of the heat exchanger, as in Figure 5.24, an additional 
receiver, called the thermosiphon or pilot receiver, must be installed. 

In the receivers of both thermosiphon systems shown in Figs. 5.23 and 
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FIGURE 5.23 
A thermosiphon oil cooling installation where the level of the syatem receiver is above the level 
of the heat exchanger. 

5.24, the entrance to  the liquid line tha t  drains refrigerant to the oil cooler is 
positioned lower than the entrance to the line feeding liquid to  the evaporators. 
The strategy is tha t  the oil cooler has the first call on liquid refrigerant. If the 
high side of the system should run short of refrigerant, the liquid supply for 
cooling the oil has first priority in order to  protect the compressors. 

The designer of the refrigeration system is normally not called on to  design 
the heat exchanger than cools oil. In fact, manufacturers usually guard jealously 
their right t o  selett the heat exchanger. In the first place, the heat exchanger 
is an integral part of the package that  is assembled a t  the factory. Of equal 
importance is tha t  the heat exchanger is a minor contributor to  the total cost 
of the package, and an  improper heat exchanger could result in damage to  the 
expensive compressor. 

Each compressor is equipped with its own heat exchanger, and in multiple- 
compressor installations one thermosiphon system can supply several heat ex- 
changers. The designer of the refrigeration system is responsible for designing the 
thermosyphon system which includes selecting the size of the thermosiphon re- 
ceiver and the sizes of three main lines. These pipes include: (1) the liquid/vapor 
line from the heat exchanger to  the receiver, (2) the liquid line from the receiver 
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FIGURE 5.24 
A thermosiphon oil cooling installation where the level of the system receiver is at or below 
the level of the heat exchanger, requirimg M additional receiver. 

to the heat exchanger, and (3) the vapor line from the receiver to the header 
carrying discharge vapor to the condenser(s). The diagrams of the thermosiphon 
systems shown in Figures 5.24 and 5.25 are schematic, and there are additional 
piping details that must be provided for proper drainage of the condenser, as 
will be discussed in Chapter 7 on condensers. 

A basic piece of data is the fraction of the heat equivalent of the total of 
the compressor power and refrigeration load that is absorbed by the injected 
oil and thus must be removed in the oil cooler. This percentage is presented in 
Figure 5.25 and is needed for the thermal analysis.of a two-stage system. It  would 
also be used if the designer is making detailed calculation of the thermosiphon 
system. To simplify the task of designing the thermosyphon system, Reference 
11 bypasses some of these calculation details by providing recommendations on 
the size of these components, and those guidelines will be quoted here. 

The preliminary steps in the basic procedure of selecting the components 
in the system are to determine the flow rates. 

(1) Determine the heat rejection rate at  the oil cooler, go,, 

Qoe = (qt.t)(percent from Figure 5.25)/100 (5.2) 

where qtot = refrigeration capacity + heat equivalent of compressor power 



FIGURE 5.25 
Percentage of heat input (total of refrigeration load and compressor power) that is absorbed 
by the injected oil in a screw compressor. 

(2) Compute the evaporation rate, r i z , , ,  where 

me,, = Qac - Qoc -- 
enthalpy of evaporation hg - h,  

(5.3) 

(3) Calculate the flow rate through the oil cooler, m,,, assuming a recircu- 
lation ratio of 2:l for R-22 and 3:l for ammonia, 

m,, = 2me, for R-22 and m,, = 3me, for ammonia 

Thermosyphon receiver. The maximum heat rejection rate of the heat ex- 
changer controls the size of the receiver. Specifically, the size of the receiver is 
chosen so that  a reskrve for five minutes of operation, thus me,, is available if the 
supply of liquid from the condenser is interrupted. I t  is expected that the outlet 
to  the system receiver is a t  about the midpoint in the thermosiphon receiver. 
Thus, the thermosiphon receiver should be twice the size of the volume of five 
minutes of refrigerant evporation. 

Volume of receiver = (5 min)(me,) 
density of liquid refrigerant in mass per unit volume 

Figure 5.26 shows recommended volumes for R-22 and ammonia on this 
basis. Usually these receivers are about 1.7 m long (5 or 6 feet). Figure 5.26 shows 
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FIGURE 5.26 
Volume of the thennosiphon receiver u a function of the heat rate of the oil cooling heat 
exchanger. 

that a smaller receiver is adequate for ammonia compared to R-22, because the 
high latent heat of ammonia permits i t  to  transfer a given amount of heat with 
a lower flow rate than for R-22. 

Liquid line from receiver to  the heat etchanger. This section of line carries 
a flow rate greater than the rate evaporated, because a properly operating ther- 
mosiphon system circulates unevaporated liquid back to  the receiver. Designers 
of thermosyphon systems strive for a circulation ratio of 3:l for ammonia and 
2:1 for R-22, where the circulation ratio means the rate supplied to the heat 
exchanger divided by the rate evaporated. 

The recommended pressure gradients" for this pipe are 22.6 Pa lm (0.1 psi 
per 100 ft) for ammonia and 113 Palm (0.5 psi per 100 ft) for R-22. With the 
assumption of a condensing temperature of 35OC (95OF) a t  which temperature 
the enthalpy of evaporation for ammonia is 1124 kJ/kg (483.2 Btu/lb) and for 
R-22 it is 172.6 kJ/kg (74.2 Btu/lb), the following equations may be used to 
compute the required pipe size, D l  in inches to abide by the pressure gradients 
and circulation ratios specified above. 
For ammonia 

D,  in. = 0.472(rhOc, l b ~ m i n ) ' . ~ ~  = 2.88(rhOc, kg/s)0.37 (5.4) 

For R-22 

D,  in. = 0.350(rhOc, ~ b / m i n ) ' . ~ ~  = 2.13(rhOc, kg/~)'.~' (5.5) 

Liquid/vapor line from heat ezchanger t o  thermosiphon receiver. The rec- 
ommended pressure gradients" for the liquid/vapor return line are 9.04 Pa lm 



TABLE 5.3 
Flow-rate carrying capacities of various line sizes in the vent pipe between the 
receiver and the condenser. 

(0.04 psi per 100 ft) for ammonia and 45.2 Pa lm (0.2 psi per 100 ft) for R-22. 
To abide by these pressure gradients, the required pipe sizes are given by the 
following equations: 
For ammonia 

Pipe size, inch 

1-112 

2 

2-112 
3 

4 

5 

6 

8 

D ,  in. = 0.572(mOc, l b ~ m i n ) ' . ~ ~  - - 3.49(h0,, kg/s)0.37 (5.6) 

For R-22 
D ,  in. = 0.423(rhOc, lb/min)0.37 = 2.58(moc, kg/s)0.37 (5.7) 

Vapor  line from the receiver t o  the condenser header.  This line may a t  first 
have the appearance of an equalizer line through which there is flow only when 
the pressures a t  the terminal points of the pipe need to be balanced. If that  were 
the case, only a small pipe, perhaps of 1-inch size, would suffice. On the contrary, 
a flow of refrigerant equal to me, passes through this line. To motivate this flow, 
the pressure in the thermosiphon receiver must be higher than the entrance to 
the condenser. In other words, the refrigerant must gain in pressure as it passes 
through the condenser and the drain line to the thermosyphon receiver. A way 
in which this can be done is to trap the liquid drain line from the condenser and 
provide a liquid leg in this line to compensate for the pressure drop. The details 
of this arrangement will be provided in Chapter 7, but for now it is important 
to realize tha t  the size of this line should be generous to keep the pressure drop 
low. 

The recommended minimum pipe sizes" for various flow rates with am- 
monia and R-22 are given in Table 5.3. 

Difference i n  elevation from the receiver t o  the heat etchanger.  The  ther- 
mosiphon concept operates because of the higher pressure developed down the 
liquid leg in comparison to  the magnitude of pressure reduction of the less- 
dense mixture of liquid and vapor flowing upward in the line between the heat 

Ammonia 

kg/s 
0.0529 

0.907 

0.166 

0.295 

0.529 

0.907 

1.66 

5.29 

R- 22 

lb/min 
7 

12 

22 

39 

70 

120 

220 

700 

kg/s 
0.121 

0.219 

0.378 

0.680 

1.17 

2.12 
3.63 

7.56 

lblmin 

16 

29 

50 

90 

155 

280 

480 

1000 



exchanger and the receiver. Since the pressure difference is proportional to the 
vertical distance over which this difference in density prevails, a certain minimum 
vertical distance should be provided between the liquid level in the thermosiphon 
receiver aad the heat exchanger. Reference 11 recomments a minimum elevation 
difference of 1.8 m (6 ft). 

Example 5.1. Design the thermosiphon oil-cooling system serving an ammonia 
screw compressor operating with an evaporating temperature of -20°C (-4'F) 
and a condensing temperature of 3S°C (9S°F). The full- load refrigerating ca- 
pacity and power requirement at  these conditions axe 1025 kW (291.4 tons of 
refrigeration) and 342 kW (458.5 hp), respectively. 

Solution. The combined refrigeration and power input is: 

Figure 5.25 indicates that at the prevailing evaporating and condensing 
temperatures, 14% of the total energy input.is absorbed by the oil: 

As a preliminary step, compute the evaporation rate of ammonia, 

Designing for a circulation ratio of 3, which is typical for ammonia, 

Therrnosiphon receiver. If one-half the receiver should be able to contain a 
five-minute evaporation rate, the volume of the receiver, V,,, is 

a size which corresponds to  Fig. 5.26. 
Choosing a length L of 1.83 m (6 ft) in the equation for volume x(Dz/4)L, 

D = = 0.348 m (13.7 in) 
x(1.83) 

Choose the next largest diameter which is 16 in (0.4064 m). 
Line size from receiver t o  heat ezchanger. Applying Eq. 5.4 to the flow rate 

of mot, 



FIGURE 5.27 
Using the side port of a screw compressor to provide a two-stage benefit. 

Choose a 2-112 in size. 
Liquid/vapor line size between the heat ezchanger and receiver. Using Eq. 

5.6,  

Choose a 3-inch line. 
Vapor line from receiver to conden~er.  Entering Table 5.3 with the evapo- 

ration rate of 0.1703 kg/s (22.52 lblmin), we find that a 2-112-inch size would 
almost be adequate, but choose a 3-inch line to minimze the pressure drop. 

5.15 ECONOMIZER CIRCUIT USING 
A SIDE PORT 

Examination of Figure 5.4 suggests that it would be possible to provide an open- 
ing in the housing of the compressor to tap into a cavity during compression. 
The refrigerant in Cavity 5, for example, is at  a pressure somewhere between 
suction and discharge. Refrigerant can be supplied through this opening a t  an 
intermediate pressure, and the compressor continues the compression of all the 
refrigerant. This feature opens the possibility of a liquid subcooler as was first 
illusrated in Figure 3.24 which is reproduced as Figure 5.27. This opening, often 
called the side port, offers within one compressor some of the advantages of a 
multiple- compressor, two-stage installation. A subsystem as shown in Figure 
5.27 is called an economizer. 

Manufacturers of screw compressors are usually able to choose the posi- 
tion of the side port so that the desired intermediate pressure can be provided. 
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FIGURE 5.28 
Comparison of the coefficients of performance of a two-etage ammonia system with an ocono- 
mized single-stage compressor equipped with a flash-type subcooler. 

Once the position has been established, however, it is fixed and the compressor 
has no flexibility to  maintain a constant intermediate pressure as the suction 
and discharge pressures change. When operating at  its optimum conditions the 
economizer cycle provides a significant benefit with a low first-cost investment. 
For example, the shell-and-tube heat exchanger, including its control, shown in 
Figure 5.27 is a low-cost addition. When the side port is placed into service, the 
volume flow rate drawn in at  the compressor suction is not affected, because 
the gas is already trapped by the time the side port is uncovered. Additional 
refrigeration capacity is provided, however, because the liquid flowing to  the 
evaporators has been chilled and its enthalpy reduced. The power reqirement of 
the compressor will increase because of the additional gas to be compressed from 
the side-port pressure to  the condensing pressure. 

The exhileration of discovering a low-oost replacement for a two-stage sys- 
tem that requires an extra compressor must be tempered somewhat by the re- 
alization that the economizer cycle in its best operation is not quite as efficient 
as two stage. Stegmann12 analyzed the performance of the side port and several 
of his findings will be reported in the next several pages. Figure 5.28 shows the 
comparative coefficients of performance (COP) at  various suction temperatures 
when operating with a condensing temperature of 35OC (95OF). 

One reason for the inability of the economized system using a side port 
to attain the efficiency of a two-stage system is illustrated in Figure 5.29 which 
shows that the pressure within the cavity changes during the time that the 
side port is uncovered. In the early stage of admission there is an unrestrained 
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FIGURE 5.29 
Unrestrained expansion of side-port gas during the adrhission into the compressor. 

expansion, as discussed in Section 5.3, of the side-port gas as it flows into the 
compressor. This unrestrained expansion consitutes a thermodynamic loss. 

From an understanding of the process associated with an economizer op- 
eration using the side port, it can be inferred that the capacity of the system 
will increase. This increase occurs, because the enthalpy of liquid reaching the 
expansion valve is reduced, even though the volume flow rate a t  the inlet to  the 
compressor remains unchanged. Due to  the admission of additional gas during 
the compression process, the power requirement increases. Both of these effects13 
are shown in Figure 5.30, which presents multiplying factors for both refriger- 
ating capacity and power with respect to  the noneconomized system. Since the 
factors for the increase of refrigerating capacity exceed those for the increase 
in power, the economized cycle shows an improvement over the noneconomized 
cycle. 

While the use of the side port with an economizer shows performance ad- 
vantages with only a moderate additional first cost, there are some limitations. 
The  economizer cycle is most effective when the compressor is operating a t  full 
refrigeration capacity. With compressors equipped with slide valves for capacity 
control, the opening of the slide valve changes the pressure within the compres- 
sor a t  the side port. As Figure 5.31 shows, when the slide valve is in a partial 
capacity position, the point a t  which the gas is trapped in the cavity moves fur- 
ther t o  the right. Because the start  of compression is delayed, the pressure in 
the cavity is low when the side port is first uncovered. Thus, the pressure a t  the 
side port progressively drops as the slide valve opens. One consequence of this 
pressure change is tha t  the optimum intermediate pressure no longer prevails, 
and the improvement of the flash-gas removal by liquid subcooling diminishes. 
The  slide valve can even move to  the point where the side port uncovers a t  the 
instant the gas is trapped in the cavity. At this point the side-port pressure has 
dropped t o  the suction pressure and the economizer is completely ineffective. 



FIGURE 5.30 
Multiplying factors for the refrigerating capacity and the power requirement i n  an ammonia 
system when operating with an economized cycle. 

The  equipment shown in Figure 5.27 with the shell-and-tube liquid sub- 
cooler turns out to be one of the best means of exploiting the side port. Other 
potential applications include using a flash tank with the vapor drawn off by 
the side port. As discussed in Section 3.4 in the chapter on multistage systems, 
the flash tank drops the temperature of liquid more than the liquid subcooler 
which must operate with a temperature difference between the leaving subcooled 
liquid and the saturation temperature of the side-port pressure. But the drop in 
side-port pressure as the slide valve opens has consequences over and above the 



Suction 
I Side-port gas 

FIGURE 5.31 
Opening of the slide valve drops the side-port pressure. 

reduction in efficiency. The pressure of the liquid leaving the flash tank also drops 
and may not provide enough pressure to force the liquid through downstream 
valves. 

Another potential application of the side port is to provide the suction 
for an intermediate-temperature evaporator. Here again there are limitations 
imposed by the prospect of the drop in side-port pressure. In the food industry 
the intermediate-temperature evaporator is often serving spaces storing unfrozen 
food where the drop in evaporating temperatures much below freezing could 
damage products. A conclusion is that the side port offers attractive possibilities, 
but it also has limitations. 

5.16 THE SCREW COMPRESSOR AS 
THE LOW-STAGE COMPRESSOR 

When applied as a low-stage (booster) compressor, several economies can be 
achieved in the design of the screw compressor.'A majority of low-stage compres- 
sors serve low-temperature applications in the food industry, including the freez- 
ing of food and in refrigerating spaces storing frozen food. There are three operat- 
ing pressures in two-stage systems, namely at  the low-temperature evaporators, 
at  the intermediate-temperature evaporators or the subcooler/desuperheater, 
and a t  the condensers. Of these three pressures, the only one expected to vary 
appreciably during operation is the condensing temperature because of changes 
in the ambient conditions. The suction and discharge temperatures of the low- 
stage compressor are likely to remain fairly constant, so the low-stage compressor 
can be selected to be optimum for the given pressure ratio. The capacity control 
of the high-stage compressor, for example, normally uses the suction pressure of 



FIGURE 5.32 
Transfer of heat from the low-stage oil cooler directly to the condenser when using a ther- 
mosyphon or external liquid oil cooler. 

that compressor to regulate the slide valve. Because its discharge and suction 
pressures do not vary much, the variable vi feature is unnecessary, so the cost of 
this device and its controlling mechanism can be eliminated. 

For capacity control, the slide valve offers a means of quite precise control- 
usually activated by the suction pressure. When the booster compressor experi- 
ences a reduction in the refrigeration capacity,. it is not so crucial to  reduce the 
compressor capacity. When serving a food freezer or a frozen food refrigerated 
space, it is not usually detrimental that the evaporating temperature drops when 
the load falls off. In fact, the freezing time is shortened in that process, or in the 
case of a refrigerated storage space, the thermal capacity of the products is so 
great that  little change in temperature results. 

Several low-cost approaches to capacity control of low-stage compressors 
are capacity reduction with simple plug valves t h a t  open as needed to  vent 
gas that  has been trapped in the cavities back to the suction chamber. The 
usual application of these valves is to provide a choice of 100%, 75% or 50% 
capacity. The control of these valves is done with low-cost electromechanical 
relays, and microprocessor control is not needed. Two methods of still lower 
first cost, although less efficient, are the installation of a throttling valve in the 
suction line or the controlled return of discharge gas to the suction line in what 
is called h o t - g a s  bypass.  A further use of hot-gas bypass is to be able to  start  the 
compressor unloaded, a capability offered to  the high-stage compressor through 
the use of its slide-valve. Still another option to  address low loads, for example, 
during off duty in a food production facility is to  arrange the piping in such a 



way that  one compressor operates single-stage during low-production periods. 
Since screw compressors can operate, although with reduced efficiency, against 
high pressure ratios, they can function with no damage from -40°C (-40°F) 
evaporating to  35OC (95OF) discharge in single-stage operation, for example. 

Screw booster compressors offer a further economy if the oil is cooled ex- 
ternally in contrast t o  internal cooling as with the direct injection of refrigerant. 
Figure 5.32 shows that  the heat liberated by the oil in a heat exchanger cooled 
by the thermosyphon process or by an external liquid cooler passes directly t o  
the condenser. When directly injected refrigerant cools the oil, this heat passes 
on to  the subcooler/desuperheater where the high-stage compressor must pump 
additional refrigerant in order to transfer this heat t o  the condenser. 

5.17 VIBRATION AND NOISE 

It is not reasonable to  expect an assembly the size of a screw compressor pack- 
age that  converts a large rate of energy into mechanical and fluid motion to 
be whisper quiet. The responsibility of designing and building a quiet package 
rests with the manufacturer and assembler, bu t  the responsibility of an adequate 
foundation or base is usually under control of the user. The major contributor 
to  noise is usually not directly attributable to  the compressor, and most of the 
noise is likely t o  be generated by the oil separator, the discharge line, and the 
motor. These components generate noise primarily because of the pulsations of 
flow which are characteristic of the screw compressor. Noise generation increases 
when there is under- or overcompression'4. 

The  designer, installer, and user have responsibility for providing an ade- 
quate foundation or base for the compressor package. The predominant vibra- 
tion frequency15 produced in a screw compressor package is the lobe-passing 
frequency of between 200 and 600 Hz. These frequencies are high enough that  
an excessive mass of the foundation is not necessary, but  the foundation must be 
able to  support the full weight of the compressor package. The floor should be 
a minimum of 250 rnrn (6 in) thick in which are imbedded L- or J-type anchor 
bolts. A 250 mm (6 in) thick housekeeping pad of concrete on top of the floor is 
recommended. . 

The  mounting of the suction and discharge refrigerant lines is also impor- 
tant. These lines should not be fastened rigidly.to the structure in order t o  avoid 
transmitting vibrations. Rubber or spring supports may be required, and these 
supports must be capable of supporting the piping to  minimize loading on the 
compressor flanges and to  support the piping when it is disconnected from the 
compressor. When the compressor is driven by an engine, the engine manufac- 
turer should be consulted for foundation recommendations. 
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FIGURE 5.33 
A screw cornprcrsor package. (Mycom Corporation) 

5.18 SCREW COMPRESSOR 
PACKAGES 

Rather than buying a bare compressor and assembling the associated components 
in the field, screw compressor packages are almbst universally factory-assembled. 
In the first place, the packager selects properly sized components for the applica- 
tion. Furthermore, assembly in a factory environment will usually provide better 
control than a field assembly. 

A screw compressor package is shown in Figure 5.33. The major components 
in a package, some of which are noted in Figure 5.33, are the compressor, its 
motor, coupling, the oil separator, and an oil pump and filter. The microprocessor 
controller is also installed a t  the  factory so that  all the control wiring can be 
installed by experienced technicians. The oil separator is classified as a vessel, so 
i t  is equipped with safety relief valves. The suction line before the compressor is 
equipped in sequence with the  suction stop valve, a check valve, and, just before 
the compressor, a suction-line filter. At the refrigerant exit from the oil separator 
are found another check valve and the discharge stop valve. 

The  purpose of the suction and discharge check valves is to prevent backflow 
of refrigerant when the compressor shuts down. Backflow could cause rotors 



to spin backward and damage them. Also backflow may drive oil out of the 
compressor into the suction line. The engineer selecting the compressor package 
should be aware that the pressure drop through the suction and discharge stop 
valves is not usually acknowledged in the catalog ratings of the compressor. 

5.19 MOTOR SELECTION 

Certain steps are standard when selecting an electric motor16 for a screw com- 
pressor. The motor must accommodate the design load imposed by the compres- 
sor on a continuous basis. Even a potential motor overload (when the suction 
pressure rises above the design value, for example) can be handled by the auto- 
matic unloading of the compressor using the slide valve. 

In selecting the motor to drive a screw compressor, the power and torque 
demanded of the motor during start-up must be evaluated carefully. Even though 
the slide valve is to be in its fully unloaded position, the moments of intertia 
of the rotors are relatively high. The torque delivered by the motor should be 
20% higher than required by the compressor throughout the entire speed range 
experienced during startup13. The draw of current during startup may be five 
t o  seven times that occurring during full-speed operation, depending upon the 
type of starter. Since the heating of the windings is proportional to the square 
of the electrical current, the rate of motor heating is 25- to  50-times that of 
normal operation. The duration of this high-current period must be kept short 
by choosing a drive motor with adequate starting torque. 

5.20 THE PLACE OF THE SCREW 
COMPRESSOR IN THE MARKET 

Section 4.2 in the chapter on reciprocating compressors addressed the shift in 
the market in the past several decades from reciprocating to  screw compressors. 
Since these two types of compressors are virtually the only types used in indus- 
trial refrigeration, the roles of the two compressors are interrelated. From the 
time in the early 1970s when the screw compressor appeared in the refrigeration 
market, the screw compressor has captured the major share of the industrial 
refrigeration practice, a t  least from the standpoint of refrigeration capacity. The 
screw compressor has proven to be a reliable machine usually capable of 50,000 
hours or more of operation between overhauls. 

The limitation of pressure ratio of 8 or 9 confronted by the reciprocating 
compressor does not apply to the screw type, which is capable of performing 
adequately up to  pressure ratios of 20 or more. While the capability of working 
against a high pressure ratio is available, the benefits of multistage compression 
usually lead to  the choice of multiple compressors and multistage compression. 
Even in a multistage plant, however, there may be periods of light refrigeration 
load where i t  is advantageous to abandon the savings of multistage compression 
and operate one screw compressor in a single-stage mode from the low evapo- 
rating pressure to the condensing pressure. 
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FIGURE 5.34 
Comparative first costs of reciprocating and screw compressors. 

The maximum pressure sustainable by screw compressors is about 2400 
kPa (350 psia), and the compressor can operate against a pressure difference of 
approximately 1700 kPa (250 psi). The minimum practical suction pressure is of 
the order of 17 kPa  (2.5 psia). 

The typical first-cost comparison between the screw and reciprocating com- 
pressor is shown in Figure 5.34. A single reciprocating compressor will normally 
cost less than a single screw compressor. The maximum pumping rate of recipro- 
cating compressors is of the order of 0.33 to  0.47 m3/s (700 to 1000 cfm), so for 
higher refrigeration loads two reciprocating compressors are required. At that  
point and a t  higher refrigeration capacities the screw compressor is lower in first 
cost. 

A controversial subject is the tolerance of screw compressors to  slugging 
with liquid refrigerant. An enthusiastic promoter of screw compressors might 
assert tha t  the screw compressor is unaffected by liquid slugging. I t  may be 
true that  the screw compressor is less sensitive to  slugging in comparison to  the 
reciprocating type, but a slug of liquid refrigerant may vaporize and interrupt 
the flow of injected oil resulting in scored rotors. One engineer recommends an 
inspection of the machine following any known instance of slugging. 

The size and capacity range of the screw compressor extends from the 
small mini-screw machines to  large units driven by motors of 1000 kW or more. 
The mini-screw unit is available in refrigerating capacities as low as about 100 
kW (28 tons of refrigeration). Due to  its small-diameter rotors the mini-screw is 



usually not as efficient as the larger-size units. The mini-screw of one manufac- 
turer operating with -6.7OC (20°F) evaporating temperature and 35OC (95OF) 
condensing temperature develops a coefficient of performance of 3.94. At corre- 
sponding evaporating and condensing temperature, a large compressor exhibits 
a COP of 4.10, thus, about 4% better efficiency. 

5.21 MAINTENANCE AND SERVICE 
OF SCREW COMPRESSORS 

Many users of screw compressors hire service and contracting organizations to  
perform nonroutine maintenance and repairs on the machines. Major overhauls 
and service require the attention of specialists, but some important monitoring 
and service functions can be the responsibility of operating personnel. Valuable 
data1' to  be recorded and analyzed include: suction pressure, suction tempera- 
ture, suction superheat, discharge pressure, discharge temperature, oil pressure 
a t  the compressor, pressure drop across the oil filter, oil temperature, and oil 
level. Several of these items, such as the suction pressure and temperature and 
the discharge pressure are conditions imposed by the system, but they should be 
normal in order for the compressor to function properly. 

A routine maintenance task is to  periodically clean the oil filter, for which 
the shutdown of the compressor is required. The service valves on either side 
of the filter are first closed, then the purge valve opened to relieve refrigerant 
pressure. The  filter canister is then opened and the cartridge removed for flushing 
with clean oil. After replacing the cartridge the canister is filled with clean oil, 
closed, and is then ready for resumption of service. 

Another maintenance procedure usually handled by the operating staff is 
the periodic replacement of the elements in the coalescing separator. The  com- 
pressor is shut down, the discharge valve closed, and the suction check valve 
opened in order t o  vent the refrigerant to the low-pressure region of the system. 
The coalescing elements are accessible following removal of the manway. A new 
gasket is provided for the manway upon reassembling. 

High quality oil is essential because of the crucial role the oil performs in 
operation of the compressor. When initially charging oil into the compressor, 
two samples should be taken and one analyzed in the laboratory as the control 
reference. The  othe; sample should be kept in a clear glass container and used as 
the reference basis for clarity of the oil extracted every 2000 hours of operation. 
A systematic oil analysis program should determine the viscosity of the oil a t  two 
temperatures, 38OC (lOO°F) and 100°C (212OF). In addition the moisture content 
should be measured as well as mineral content (iron, antimony, phosphorus, 
copper, and magnesium). The  presence of minerals may indicate a problem in 
the refrigeration system or the compressor itself. All the data from the periodic 
oil analysis is used as an indication of when to  change oil. 
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FIGURE 5.35 
Screw of the single-screw compressor in the center with the two star wheels on either side. 

5.22 SINGLE-SCREW COMPRESSORS 

The single-screw compressor was developed by a French physicist/engineer, Bernard 
Zimmernls, who began his work on the compressor in the early 1960s. French and 
U.S. patents were issued in 19641965. Initial sales in the U.S. were of machines 
compressing air, but refrigeration models f o l l o ~ e d . ' ~ ~ ~ ~  

The screw of the single-screw compressor is a cylindrical member with 
helical grooves, shown in the center of Figure 5.35. Mated in the screw are two 
flat star wheels on either side of the screw that rotate in opposite directions from 
one another. 

These star wheels rotate in the plane of the center of the screw shaft. A 
gas-tight housing encloses the screw and star wheels, Figure 5.36, and the screw 
rotates with a slight clearance in a cylindrical mantel that forms part of the 
housing. 

T h e  mantel contains two slots in which the star wheels run. Only the screw 
is driven from the outside, and this screw then drives the two star wheels. Ca- 
pacity control is provided by a variable-return port controlled by a sliding vane 
that regulates the position where compression begins. 

Compression occurs simultaneously in the upper and lower halves of the 
compressor. This combined action results in negligible net radial loads on the 
screw bearings. The only bearing loads in the machine, other than from the 
weight of the parts, are small loads on the star wheel shafts due to  high-pressure 
gas acting on one side of each tooth during meshing. 

The  machine, like the twin-screw compressor, has few moving parts--one 
screw and two star wheels. Manufacurers seek to  extend favorable compression 
efficiencies to  smaller sizes than are now appropriate for the twin-screw com- 
pressor. In the development of single-screw compressors one of the difficulties 



FIGURE 5.36 
Top and end sectiond views of the single-screw compressor and housing. 

has been in discovering materials for the star wheels that resist wear. Currently 
manufacturers of single-screw compressors seem to prefer a composite of steel 
and glass-fiber reinforced plastic. 

When viewing a screw compressor package, such as the one shown in Fig. 
5.33, the oil separator stands out as  the largest-size component. Were some 
concept developed to eliminate this component, the size of the package could 
shrink. One such m e t h ~ d ' ~ ~ ~ ~  is to seal the gaps between the star wheels and the 
rotor by liquid refrigerant-the same refrigerant that the compressor is pumping. 
Oil is still required for lubrication, but none is injected for sealing. Compressors 
designed for sealing by liquid refrigerant are built with smaller clearances between 
the star wheel and rotor than is true of compressors that are sealed with oil. The 
concept can be applied to halocarbon refrigerants, such as R-134a and R-22, and 
for air conditioning applications where the preeure ratio is moderate. The use of 
liquid refrigerant sealing has not so far been successful in ammonia compressors 
nor for industrial refrigeration applications. 
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CHAPTER 
6 

6.1 WHERE THE REFRIGERATION 
LOAD ENTERS THE SYSTEM 

The evaporator is the component of the refrigeration system where a fluid stream 
or a product is cooled. As Fig. 6.1 shows, the evaporator is the interface between 
the process and the refrigeration system. With the exception of direct cooling a 
product, such as  in a plate freezer, most evaporators chill air or such liquids as 
water, brine, or antifreeze. 

6.2 TYPES OF EVAPORATORS 

Two major categories of evaporators used in iddustrial refrigeration practice are 
air coils and liquid chillers. A typical air coil is shown in Fig. 6.2 and several 
types of liquid chillers are shown in Fig. 6.3. In the air .coil, refrigerant flows 
through the tubes and air passes over the outside of the tubes. For effective heat 
transfer, fins are fastened to the outside of the tubes and the air flows between 
the fins. 

The liquid-chilling evaporators in Figs. 6.3a and 6.3b are of the shell-and- 
tube design, while Figs. 6 . 3 ~  is a plate-type chiller. In Fig. 6.3a the refrigerant 
boils in the shell while the liquid flows through the tubes. In Fig. 6.3b the roles of 
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FIGURE 6.1 
Cooling of a fluid stream at the evaporator. 

FIGURE 6.2 
An air cooling coil. 

the tubes and shell are reversed. The plate-type evaporator in Fig. 6 . 3 ~  is growing 
in market share and is an adaptation of the plate-type heat exchanger used for 
many years in the food industry. Some of its popularity is attributable to its 
compactness and also that the refrigerant charge is less than in a shell-and-tube 
evaporator. The reduced charge characteristic h attractive both when ammonia 
and the new chlorine-free refrigerants are used. A low-charge ammonia system 
is desirable for safety reasons, and a low-charge chlorine-free system minimizes 
the cost of these expensive refrigerants. 

This chapter is divided into three parts: Part I, Evaporator Performance, 
addresses the principles applicable to all types of evaporators; Part 11, Air Coils, 
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FIGURE 6.3 
Liquid-cldling evaporators: (a) shell-and-tube with the refrigerant boiling in the shell, (b) 
shell-and-tube with the refrigerant boiling in the tubes, and (c) a plate-type evaporator. 
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FIGURE 6.4 
Heat-transfer co&cienta in aa evaporator. 

treats evaporators used for chilling air, and Part  111, Liquid Chillers, concentrates 
on the evaporators that  refrigerate water, brines, antifreezes, and other liquids. 

PART I. EVAPORATOR PERFORMANCE 

6.3 EVAPORATOR HEAT TRANSFER 

This chapter is not intended for the engineers of evaporator manufacturers who 
must decide on the refrigerant circuiting, tube arrangement, and other important 
details. These designers consider the performance, cost of materials, and ease 
of manufacturing in deciding the configuration of the evaporator. Instead the 
audience of this chapter is intended to  be the user of evaporators who should 
understand the basic performance of the evaporator as a heat exchanger, how to 
properly select the evaporator from manufacturer's catalogs, and how to install, 
operate, and maintain the evaporator properly., 

As a heat exchanger, the evaporator follows the rules of heat transfer. In 
the evaporator of Fig. 6.4 heat flows in series through three resistance-the fluid 
side, the metal of the tube, and the refrigerant. 

Many engineers visualize a heat-flow process as an analogy to the electric 
flow process with the correspondence of terms shown in Table 6.1. 

Ohm's law for electricity states that  
T I  

The corresponding heat-flow equations expressed in terms used in Fig. 6.4 
are: 



TABLE 6.1 
Electrical and heat-flow analogy. 

fluid to outside surface of the tube, 

Qumtity 

Flow rate 
Potential 
Resistance 

outside of tube to inside of tube 

inside of tube to refrigerant 

Symbol and unita 

where A, = external area of evaporator tube, m2 (ft2) 
A,,,, = mean cylindrical area of evaporator tube, m2 (ft2) 
Ai = inside area of tube, m2 (ft2) 
h f = heat-transfer coefficient on fluid side, 

W/m2.0C (Btu/hr.ft2.0F) 
hr = heat-transfer coefficient on refrigerant side, 

W/m2.0C (Btu /h~f t~ .OF)  
k = conductivity of the tube, W/m.OC (Btu/hr-fb0F) 
9 = rate of heat transfer, W (Btu/hr) 
t f = fluid temperature, OC (OF) 
t 0 = temperature of outside surface of tube, OC (OF) 
ti . = temperature of inside surface of tube, OC (OF) 
t r = temperature of refrigerant OC (OF) 
z = thickness of tube, m (ft) 

Application of the electrical analogy provides a simple means of deriving 
an expression for the overall U-value, where Uis a term which when multiplied 
by the overall temperature difference, t, - t r ,  and the area yields the rate of heat 
transfer q, W (Btulhr). 

Electrid 
I, ampere 
V, volts 
R, ohm 

q = UA(t, - 2,) (6.4) 

where U = overall heat-transfer coefficient, W/m2.0C (Btu/hr.ft2.0F). 

Heat Bow 

q,  W (Btulhr) 
At, OC (OF) 
t l k A  or l/hA, OC/W (OF/Btu per hr) 



FIGURE 6.5 
Total electrical raisttsnce is the nun of the individual d t a n c a .  

When electrical resistances are connected in series, as in Fig. 6.5, the re- 
sistance of the combined circuit is the sum of the individual resistances, 

so the current flow through the circuit I is the driving force, - V. ,  divided by 
the total resistance, 

v1-h - I=- - Vl - v4 
Rtota~ R1 + R2 + R3 

When translating the resistance concept of electricity to heat flow, the 
resistances to the rate of heat flow in each of the stages are the denominators of 
Eqs. 6.1, 6.2, and 6.3, respectively. The total heat-transfer resistance is the sum 
of the individual resistances, each of which incorporates its own unique area. 

then 

From a comparison of Eqs. 6.4 and 6.5, the expression for the U-value is 
found to be: 

1 1 -=- 2 .  1 + + -  
U A  h/Ao kAmean hrA, (6.6) 

When heat flows through stages where different magnitudes of area exist, 
a unique U-value is associated with each area: 

Example 6.1. What is the U-value of an evaporator formed of steel pipe when 
the fluid-side (air) heat-transfer coeffiaent is 60 W/mZ.OC (10.6 Btu/hr.ftZ .OF) 
and the heat-transfer coefficient on the refrigerant side is 1200 W/mZ.OC (211 



Btu/hr-ft2.0F). The pipe has an outside diameter of 26.7 mq1.05 in) and an 
inside diameter of 20.9 mm (0.824 in). The  thermal conductivity of steel is 45 
W/rn.OC (26 Btu/hr.ft.'F). 

Solution. Arbitrarily decide to compute the U-value based on the inside area, 
so a combination of Eqs. 6.6 and 6.7 provides an expression for Ui:  

The ratios of the cylindrical areas through which heat flows are the same 
as the diameter ratios, 

- =-  A
' 20'9 = 0.783 and 

Ai - 20.9 = 0.878 
A. 26.7 (Ao + Ai)/2 - (26.7 + 20.9)/2 

The tube thickness is 

26.7 - 20.9 
z = = 2.9 mm = 0.0029 m (0.114 in) 

2 

The' values of the resistances in Eq. 6.8 are 

1 0.783 (0.0029)(0.878) 1 - = -  
U, 60 + 45 

+- 1200 

Then 

The U-value based on the outside area is: 

6.4 EXTENDED SURFACE (FINS) 

A comparison of the magnitudes of the various heat-transfer resistances in Ex- 
ample 6.1 shows that the major resistance is on the fluid side, where the fluid in 
this case is air. The heattransfer resistance on the air side is 0.01305 mZ-OC/W 
(0.0741 hr-ft2a0F/Btu) while on the refrigerant side the resistance is 0.000833 
m2.0C/W (0.00473 hr.ft2.0F/Btu), so the air-side resistance is 20 times that 
of the refrigerant side. This comparison suggests immediately where attention 
should be directed if an increase in the U-value were desired. Certainly not on 
the refrigerant side, because even if the coefficient could somehow be doubled, 
the U-value would increase by only 3%. No, the resistance to attack is that on the 



Air 6OC (42.g°F) 

FIGURE 6.6 
A fin on s tube of an air coil illustrding propawive Auction in cffectivenas of the fin surfnce 
furthw from the tube. 

air side, and this resistance can be decreased only by increasing h j  or increasing 
the area ratio. 

Several methods of increasing h j  are to increase the air velocity and to 
increase the turbulence by introducing irregularities in the heat-transfer surface. 
Increasing the air velocity will increase h j ,  but at the expense of additional fan 
power. The coil manufacturer seeks the optimum air velocity which provides a 
respectable h,, but requires a reasonably sized fan and motor. A further consid- 
eration affected by the fan power is that the power to the fan motor ultimately 
appears as refrigeration load, and perhaps 10 to 20% of the heat removed by the 
air coil was ultimately introduced by the fan and its motor. 

The standard approach to reducing the air-side resistance is to increase 
the area ratio A,/Ai by the application of extended surface or fins. The air coil 
shown in Fig. 6.2 is equipped with fins which are formed from flat metal plates 
that are then punched and the tubes inserted in the holes. When the tubes are 
in position, they are expanded either hydraulically or mechanically to provide 
good thermal contact between the tube and fin. The section of fin associated 
with one tube is shown in Fig. 6.6 in a situation where the tube temperature 
is O°C (32OF) and the air temperature is 6OC (42.8OF). If the entire fin were a t  
the same temperature as the tube, namely O°C (32OF), the resistance on the air 
side would be as stated in Eq. 6.8, AilhjA,. Figure 6.6 indicates, however, that 
the fin temperature increzses a t  positions progressively further removed from the 
tube. 

So all of the air-side area A, is not 100% effective. The effectiveness of the 
fin is usually given the symbol g and the equation for the U-value of the finned 
coil is: 

I Ai + zAi 1 -=- +-  
Ui hjAog kAmean tube hr 

The values of g for commercial coils generally range between 0.3 and 0.7, 
and the effectiveness is a function of such factors as the choice of fin material 



TABLE 6.2 
Influence of some choicea of fin dimensions and materials on the fin effectiveness 
r) and the overall heattransfer capacity of the coil. 

(usually steel or aluminum), fin thickness, and distance from the tube. The effect 
of several choices on fin effectiveness and on the overall heat-transfer capacity of 
the coil are shown in Table. 6.2. The designer for the coil manufacturer spends 
nights trying to juggle these various decisions to provide the maximum heat- 
transfer rate for a given cost of the coil. 

Most of the foregoing discussion has implied that the evaporator ie an air- 
cooling coil, and indeed fins are almost universal on air coils, but not always. In 
some food plant applications the evaporator is composed of unhned tubes. The 
reason is that these coils are easier to clean for hygienic purposes, even though 
the heat-transfer rate suffers. It should be pointed out that while the bare-tube 
coil is easier to clean, the coils must often be deep with a large number of rows 
of tubes in the air-flow direction which complicates cleaning. 

A further comment to complete the discussion of extended surface is that 
fins are sometimes used on the refrigerant side in liquid-chilling evaporators. In 
water-chilling evaporators where refrigerant flows in the tubes, the tubes are 
often equipped with inner fins that are sometimes rifled. This style is especially 
adaptable to copper tubes which can be used in halocarbon refrigeration systems, 
but not ammonia. For ammonia systems, aluminum tubes can be provided with 
internal and/or external integral fins, and even for steel tubes the possibility of 
external integral fins exists. 

6.5 TEMPERATURE DIFFERENCE: 
BETWEEN ENTERING FLUID AND 
REFRIGERANT 

In-e of 
variable 

Distance 
betreen tubes 
Air-side heat- 
transfer coefficient 
Thermd 
conductivity 
Fin thickn- 

Engineers who expect the appearance of the logarithmic-mean-temperature dif- 
ference or complex heat-exchanger effectiveness factors to be encountered in 
selecting and analyzing the performance of evaporators will be pleased to know 
of a simplification. The streamlined process is made possible by the fact that the 

Effect on overall 
heat trader of coil 

Increase 

In-e 

Increase 

Increase 

Effect on fin 
effectiveness r) 

D-e 

Decreaae 

Increase 

kotumtnum = 4kr:cel 

Incrc~e 

Effect on 
c a t  

Inucsra 

In-e of 
fan power 
See Sec. 6.26 

In-e because of 
more metd 



FIGURE 6.7 
Dirtributioru of the temperstuns of the refrigerant and the fluid being chilledin an evaporator. 

temperature of one of the fluids (the refrigerant) remains constant through the 
evaporator. The temperature distributions with a constant refrigerant tempera- 
ture are shown in Fig. 6.7. 

The rate of heat transfer is the product of UA and the log-mean-temperature 
difference, 

(ti - tr)  - (to - tr) 
q,  kW (Btu/hr) = U A  I (6.10) 

h[(ti - tr)/(to - tr)] 

Since the fluid-flow rate h and the specific heat cp remain constant, and 
q = m+(ti - to) ,  Eq. 6.11 becomes 

Also 

U A  ti - tr  

1 ( )  = 
and - = oVAl.ncp 

to - i r  

Rearranging, 

4 (ti - tr)[e-(uAl"cp)] = to  - tr = -[(ti - to)  - (ti - ir)] = -[- - (ti - tr)] 
rncp 

and 

q = m+[l - e(-uAl*Cp)](ti - t,) = (Fador)(t; - tr)  (6.12) 

Equation 6.12 shows that for a given evaporator operating with a constant 
flow rate that the term Factor is constant and the rate of heat transfer q is 
proportional to the temperature difference between the temperatures of the en- 
tering fluid and the refrigerant. In their catalogs, then, manufacturers only need 
to present the term Factor for each evaporator and each fluid flow rate. 
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FIGURE 6.8 
Heat-transfer coefficient m refrigerant boils in an evaporator tube1. 

6.6 REFRIGERANT BOILING INSIDE 
TUBES 

The mechanism of refrigerant boiling inside a tube of an evaporator is complex. 
There are more than 4000 technical papers on the subject, so a person could make 
a career of studying boiling heat-transfer. Even the prediction of heattransfer 
coefficients for a given refrigerant in a certain size tube with a specified flow rate 
is difficult. Fortunately, the designer and manufacturer of the evaporator take 
over that task, and the engineer who selects or uses the evaporator normally does 
not need to. However, the application engineer should understand what occurs 
during the boiling process. 

One evaporator concept is direct ezpansion, discussed further in Sec. 6.27. 
The direct-expansion evaporator receives refrigerant from the expansion valve 
with a small fraction of vapor as shown in Fig. 6.8. 

As the warm tube adds heat to the refrigerant, progressively more refriger- 
ant evaporates, and the velocity increases until the refrigerant leaves the evapora- 
tor saturated or superheated. Figure 6.8 also shows typical boiling heat-transfer 
coefficients corresponding to the position along the evaporator tube. The changes 
in the heat-transfer coefficient are associated with differing patterns of flow2 as 



the fraction of vapor and the velocity change along the tube. At the entering 
section of the evaporator, bubbles and plugs of vapor flow along with the liquid. 
Further along the tube, the flow becomes annular with high-velocity vapor rush- 
ing through the center and the liquid clinging to the inside surface of the tube. 
Still later in the evaporator, the flow converts to a mist and eventually there 
could be a nonequilibrium mixture of superheated vapor and liquid until all the 
liquid finally evaporates. 

The benefit of being aware of a distribution of heat-transfer coefficients 
as in Fig. 6.8 is to understand why such concepts as liquid recirculation (Sec. 
6.7) have some heat-transfer advantages and to be able to  diagnose operating 
problems attributable to the refrigerant-side heat transfer. 

6.7 METHODS OF SUPPLYING 
REFRIGERANT TO 
EVAPORATORS-DIRECT 
EXPANSION, FLOODED 
EVAPORATORS AND LIQUID 
RECIRCULATION 

The techniques for feeding the evaporators with refrigerant provides one form of 
categorizing the types of evaporators. 

Direct ezpanston. In what is referred to  as direct expansion, liquid refrig- 
erant enters the expansion valve and only vapor leaves the evaporator, as shown 
in Fig. 6.9. One of the most popular types of expansion valves that facilitates 
this control is the superheat-controlled valve, which is also called a thermevalve, 
thermostatic valve, or a TXV. More on this type of control will be covered in 
Chapter 11 on valves and refrigerant controls, but i t  is sufficient a t  this point t o  
explain that the valve controls the flow rate of refrigerant such that the vapor 
leaves the evaporator superheated by from 4 to 7OC (7 to  12 OF). Direct expan- 
sion is limited to evaporators where the refrigerant evaporates in the tubes. 

If the sensing bulb detects a higher-than-setpoint superheat at  the evapora- 
tor outlet, the valve opens further. The evaporator fed by a superheat-controlled 
expansion valve is probably the lowest in first cost of the three methods described 
here. I t  is used widely with halocarbon refrigerants a t  moderate refrigerating 
temperatures, but its use is limited in low-temperature applications and for am- 
monia. More on the possibilities of direct-expansion coils with ammonia will be 
found in Sec. 6.27. 

Flooded evaporator. The flooded evaporator, shown in Fig. 6.9, relies on 
natural convection to circulate more refrigerant through the evaporator than 
what evaporates. All inside surfaces of the evaporator are thus wetted with liquid 
refrigerant. The vapor formed in the evaporator is separated in the surge drum 
and flows to the suction line. 

A level-control valve admits liquid refrigerant to replace the amount va- 
porized. The difference in etatic pressure in the liquid leg is greater than that of 
the mixture of vapor and liquid in the evaporator tubes, and this difference in 
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FIGURE 6.D 
Supwheat-controlled (thermovdve) expanuion valve in a dhckrpansion valre/mil mange- 
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FIGURE 6.10 
A flooded evaporator. 

pressure is the motivation for the flow of refrigerant. 
Several advadtages of flooded evaporators in comparison to direct expan- 

sion are: 

the evaporator surfaces are used more effectively because they are completely 
wetted 

problems in distributing refrigerant in parallel-circuit evaporators are less 
severe 

saturated vapor rather than superheated vapor enters the suction line, so 
the temperature of suction gas entering the compressor is likely to be lower, 
which also reduces the discharge temperature from the compressor. 



TABLE 6.3 
Penalties in evaporating temperature due to static head of liquid in the evaporator. 

Increase in evaporating temper- 

O°C (3Z°F) 

Several disadvantages of the flooded evaporator in comparison to the direct- 
expansion evaporator are: 

the first cost is higher 
more refrigerant is needed to fill the evaporator and surge drum 
oil is likely to accumulate in the surge drum and evaporator and must be 
periodically or continuously removed. 

The configuration of the flooded coil shown in Fig. 6.10 where the tubes 
of a circuit are arranged in a vertical plane exists in some applications, such as 
in ice thermal storage installations. Here multiple parallel circuits are located 
side by side each feeding from and returning to  the surge drum or header pipes. 
The vertical circuit works well for moderate evaporating temperatures, but the 
height of the liquid leg becomes more of a consideration for low-temperature 
evaporators. Because the static head of the liquid leg results in a higher pressure 
at the bottom of the leg, the evaporating temperature is higher at  the lower 
section of the evaporator, which reduces the heat-transfer rate. Table 6.3 shows 
penalties in the evaporating temperature per unit length of static head for R-22 
and ammonia at  two different evaporating temperatures. Because liquid R-22 is 
more dense than liquid ammonia, the penalty for a given magnitude of liquid 
head is greater for R-22. 

In low-temperature evaporators it becomes more crucial to keep the static 
head at  a minimum. For this reason, evaporator coils are often constructed as 
shown in Fig. 6.11, where the evaporating sections of the circuits rise, as nec- 
essary, but on an incline. The compromise that emerges is that the Ap that 
motivates the flow is also proportional to the difference in elevation between the 
liquid in the surge drum and that of the bottom of the tubes. 

Associated with this compromise is how much elevation of the surge drum 
above the coil t o  provide. Often the coil is installed beneath the ceiling and 
a large vertical distance between the surge drum and the coil poses headroom 
problems. A survey3 of some coil manufacturers revealed that typical distances 
from the bottom of the surge drum to coil t o  be between 0.15 and 0.25 m (6 
to  10 in). When physical restrictions force other arrangements, such as placing 
the surge drum above the roof in order to  conserve headroom in the refrigerated 
space, this information should be communicated with the coil manufacturer. 
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FIGURE 6.11 
A flooded air-cooling coil for low-temperature application. 

One coil manufacturer4 bases its design on circulating twice as much liquid as 
evaporates and on a coil pressure drop of approximately 1.4 kPa (0.2 psi) and 
arrives a t  a height from the liquid level in the surge drum to  the top of the coil 
of approximately 0.46 m (1.5 ft). 

Liquid recirculation. The third major method of feeding evaporators is 
forced liquid recirculation, as shown in Fig. 6.12, where liquid from either a 
mechanical pump or a gaspressure pumping arrangement supplied the evapora- 
tors. 

A greater liquid flow rate enters the evaporator than is evaporated, so a 
mixture of liquid and vapor leaves the evaporator and passes back to  a vessel that 
separates vapor from liquid. The separated liquid, along with the makeup liquid 
admitted through the level-control valve, drops to the pump for recirculation to 
the evaporators. Both forced-recirculation systems and flooded coils boast the 
advantages of good heat transfer and saturated vapor passing to the compressor. 
The assurance of overfeeding under varying loads is probably stronger with forced 



FIGUm 6.12 
Forced liquid ncuculatjon. 

recirculation, however, and all oil accumulates at  one location-the separating 
vessel-rather than in the individual evaporators. 

Properly designed flooded evaporators and evaporators operating with liq- 
uid recirculation operate with equal effectiveness. What, then, is the basis for 
choosing between flooded coils and a liquid recirculation system serving mul- 
tiple coils? With a liquid recirculation system the pump and separating vessel 
add to the first cost, which is not true of flooded coils. On the other hand the 
maintenance cost of the system using flooded coils is usually high because of the 
multiple locations where oil must be removed and because of the maintenance 
cost on the controls of a large number of evaporators. These considerations lead 
to favoring flooded coils for small systems (perhaps three or four evaporators) 
and pumped liquid recirculation for larger installations. 

6.8 OPTIMUM EVAPORATING 
TEMPERATURES 
The size of the evaporator selected is dictated by the design temperature dif- 
ference, namely the temperature difference between the entering fluid and the 
refrigerant. Typical values for this temperature difference are discussed in Sec. 
6.16 on the selection of air-cooling coils. In many situations the choice of this 
temperature difference, and thus the size of the evaporator, is purely economic, 
with trends as shown in Fig. 6.13. An increase in evaporator area results in 
a lower temperature difference (high evaporating temperature) with the conse- 
quent saving in compressor power over the life of the facility. 
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FIGURE 6.13 
Optimum evaporator for minimum total of the fimt ccnt of the evaporator and the present 
worth of the lifetime campreasor energy cost. 

The compressor energy costs which occur throughout the life of the system 
are reflected back t o  a present value using an applicable interest rate. 

PART 11. AIR COILS 

6.9 CONSTRUCTION OF AIR COILS 

The number of air-cooling coils in operation in industrial refrigeration plants far 
exceeds the number of liquid-chilling evaporators installed. Before explaining the 
performance of air coils, the physical features of the several types of industrial 
refrigeration coils will be presented. The  major components of air coils are tubes, 
tube sheets, fins, and drain pan. 

Tubes. The  tubes are pipes tha t  enclose the refrigerant. The most common 
materials used for tubes are carbon steel, copper, aluminum, and stainless steel. If 
ammonia is the refrigerant any of the four materials except copper may be used, 
and most halocarbon systems apply coils with copper tubes. The most common 
sizes of steel-tube coils for ammonia service are 314, 718 and 1 in, although 518 
inch tubes are also used. For smaller halocarbon coils, 1124x1 copper tubes are 
sometimes used. 

Tube sheets. At each end of the coil a heavy plate supports the tubes by 
having holes through which the tubes pass. The  pattern of these holes defines 
whether the tubes are in-line or staggered. The coil elements in Fig. 6.14 depict 
a staggered pattern for the tubes. A coil with a staggered-fin pattern enjoys 
slightly improved heat transfer, but  a t  the expense of a slight increase in air 
pressure drop. 



FIGURE 6.14 
Tube shut and fins of a coil with the tubes in a staggered pattun. 

fins. Section 6.4 explained from a heat-transfer standpoint why extended 
surface, or fins, are a logical feature of air-cooling coils. These fins may be appllied 
by wrapping a strip of metal in a helical fashion around the tube and then 
bonding it to the tube. Much more common, however, is the use of plate or flat 
fins, as appear in Fig. 6.14. The materials available for these fins are the same 
as for tubes, and typical combinations of tubelfin materials are: 

copper tube/aluminum fin for halocarbon air-cooling coils 
aluminum tube/aluminum fin for halocarbon or ammonia air-cooling coils 
carbon steel tubelcarbon steel fin for air-cooling coils using ammonia, ha l e  
carbons, antifreezes or water in the tubes 
stainless steel tubelstainless steel fin when special cleaning provisions are 
required on the air side 

Stainless steel is usually used only for extremely low temperature, where 
there is a corrosive atmosphere, or whenever periodic cleaning is necessary. The 
thermal conductivity is less than that of carbon steel which itself is about one- 
fourth that of aluminum. The cost of a stainless steel coil may be five or more 
times that of a steel coil of comparable size. 
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The application of the coil, particularly whether it will become frosted, 
determines to a large extent the spacing of fins. In air conditioning coils with 
thin aluminum fins, the spacing may be 470 per m (12 fins per inch, FPI), while 
industrial coils are usually built with 118 or 158 fins per m (3 or 4 FPI). Coils 
serving spaces where the air temperature is below freezing usually have a fin 
spacing of 118 per m (3 per inch). 

Bonding of the fins t o  the iubes. The fin must form a good bond to  the tube, 
otherwise there will be additional heat-transfer resistance through air gaps. A 
steel tube/steel fin coil will be galvanized, which is a process whereby the entire 
coil is dipped in molten zinc. The zinc provides a protective surface against 
corrosion and also gives an effective bond between the tube and fin. For non- 
galvanized coils the tubes are usually expanded against the collar of the fin to 
yield a tight fit. The tube is usually expanded by forcing a hardened ball at  the 
end of a rod through the tube after the fin plates are stacked on the tubes. 

Ctnutitng of the coil. In direct-expansion coils using halocarbon refriger- 
ants, the general direction of the flow of refrigerant through the circuits is down- 
ward, while in order for flooded coils to function properly the general direction 
of the refrigerant flow must be upward. Forced liquid recirculation coils may be 
circuited either as upward flow (bottom feed) or as downward flow (top feed), as 
illustrated in Fig. 6.15. The coil designer c h o w  the length of the circuit such 
that the refrigerant when flowing with appropriate velocity receives enough heat 
in passing through the circuit to vaporize the desired fraction of refrigerant. 

Orafices in ltquid rectrculation coils. One refrigerant circuit in the coils of 
Fig. 6.15 consists of six passes back and forth through the coil. There are a 
number of parallel passe., and the upper circuits in a coil are prone to receive 
an inadequate flow of liquid. In order to strive toward an equal distribution of 
refrigerant flow, orifices are placed at  the entrance of each circuit, as shown by 
the cutaway in Fig. 6.15a. These orifices, as shown in Fig. 6.16, are thin metal 
discs with a hole. The holes are usually located eccentrically near the bottom so 
that oil which accumulates in the coil during refrigeration operation may more 
easily flow out of the coil during hot-gas defrost. Often the diameter of the orifices 
is greater for the upper circuits to achieve uniform distribution of refrigerant. 

Dmrn pan for a low-temperature cod. All coils are equipped with drain pans, 
because in the normal operation of a cooling coil that operates above freezing 
temperature, some water vapor will be condensed from the air. This condensate 
is collected by the drain plan and drained to some convenient destination. Coils 
that operate below freezing temperatures must be defrosted periodically, and 
once again a drain pan is necessary to  collect the melted frost to drain it away. 
The drain pan must be kept warm so that the melted frost does not refreeze, 
and when the method of defrost is by hot gas (see Sec. 6.22) a source of heat is 
available for the drain pan. Figure 6.17 shows that hot gas that reaches the coil 
for purposes of defrost is first passed through pipes embedded in the drain pan. 
Hot gas first comes to the drain pan and then flows on to the coil to defrost it. 



FIGURE 6.15 
Forced liquid ncirculstion coils arranged for (a) bottom feed imd upflow, and (b) top feed and 
dowdow. 
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FIGURE 6.16 
An orifice placed at the entrance to cach circuit in a liquid recirmlation coil. 

6.10 DEFINITION OF TERMS 
APPLIED TO AIR COILS 

The previous section on coil construction necessarily explained some of the ter- 
minology associated with air-cooling coils. Several other terms that also appear 
frequently are: 

Circuit: the route of the refrigerant from the time it enters a tube until it 
leaves. 



FIGURE 6.17 
Pipe coib embedded in the drain pan in order to facilitate drainage of the melted frost in s 
low-temperature coil. 

Coil  depth: defines the number of rows of tubes the air p w e s  from the 
entrance to the exit of the coil. 
Face area: the cross-sectional area through which the air passes as it enters 
the coil, or in other words the finned length of the coil multiplied by the 
finned width. 
Face velocity: the volume rate of air flow divided by the face area. 
Header: A common pipe, a s  shown in the coils of Fig. 6.15, from which 
all circuits are supplied refrigerant (liquid or a p p l y  header) or a common 
pipe which gathers refrigerant leaving all the tube circuits (return or suction 
header). 
Pass: The flow'of refrigerant through one straight section of the circuit. 
Pr ime  surface: the air-side area of tubes that is in contact with air. 
Return bends: or U-bends are short sections of curved pipe todirect the 
refrigerant leaving one pass to the entrance of the next pass. 
Secondary surface: the surface area of both sides of the fins in contact with 
air. 
Temperature difference: in the jargon of industrial refrigeration two temper- 
ature differences may be encountered-the TD, which is the temperature 
difference between incoming air and the refrigerant and the AT, which is 
the change in air temperature through the coil. 



6.11 PROPERTIES OF AIR-THE 
PSYCHROMETRIC CHART 

Most industrial refrigeration evaporators cool air in refrigerated spaces. Even in 
some evaporators that cool a liquid, the liquid (water or brine, for example) is 
often sent to  a coil that cools air. In most cases, removal of moisture from air 
is a companion process to reducing the air temperature, so a knowledge of the 
properties of the airlwater-vapor mixture is fundamental to understanding the 
behavior of air passing through an evaporator .coil. This background equips the 
engineer to  choose coil surface areas, air-flow rates, performance at  part load, 
and to know how t o  accommodate special humidity control requirements. 

A valuable tool in relating the properties of the airlwater-vapor mixture is 
the psychrometric chart. The four psychrometric charts that will be presented 
first are: 

Figure 6.18. Psychrometric chart, normal temperatures, SI units 
Figure 6.19. Psychrometric chart, low temperatures, SI units 
Figure 6.20. Psychrometric chart, normal temperatures, I-P units 
Figure 6.21. Psychrometric chart, low temperatures, I-P units 
To help identify the properties displayed on psychrometric charts, a skele- 

ton chart is shown in Fig. 6.22. The horizontal scale is the dy-bulb temperature 
in OC ( O F ) ,  which is different from the wet-bulb temperature to be described later. 
The vertical scale is the moisture content, W, in units of kg of water per kg of 
dry air (lb of water per lb of dry air). 

Immediately, an inconsistency arises. How could any water be contained in 
dry air? A preferable designation is kg (lb) of water associated with a kg (lb) of 
dry air. The psychrometric chart is based on a unit mass of dry air which nor- 
mally remains constant in processes, even when the amount of water increases 
or decreases. The curved line that forms the upper-left border of the chart is the 
saturation line, which relates the moisture content of saturated air to  tempera- 
ture. The region below and to  the right of the saturation line is unsaturated air 
capable of holding additional water vapor. 

Another indication of the moisture content is the relative humidity, 4 ,  ex- 
pressed as a percentage. One curve of constant relative humidity is shown in 
Fig. 6.22. The various relative humidity curves simply proportion off the vertical 
distance from the base of the diagram, where the moisture content is zero, t o  the 
saturation curve. Thus, the 40% relative humidity line lies 40% of the vertical 
distance upward from the base to the saturation line. 

The next property to be highlighted in Fig. 6.22 is the wet-bulb tempera- 
ture, shown by lines that run downward to  the right from the saturation line. The 
wet-bulb temperature is that measured by a thermometer whose bulb is wrapped 
with a wet wick. Moisture evaporates from the wet bulb if the air in contact with 
the bulb is unsaturated. The difference between dry- and wet-bulb temperatures 
is a measure of the extent that the air is unsaturated. At temperatures below 
O°C (32OF), the water on the bulb freezes, but-even then the sublimation of the 
ice to water vapor cools the wet bulb relative t o  the dry bulb. 



FIGURE 6.18 
Psychrometric chart for air at normal temperatums. The barometric pnesure h 101.325 kPa. 



FIGURE 6.1s 
Psychrometric chart for air at low temperatures. The barometric pressure is 101.325 kPa. 



FIGURE 6.20 
Psychrometric chart for air at normd temperat-. The barometric preglun is 14.7 psia. 



Psyhrometric chart for air at low temperatm. The barometric prism is 14.7 psia. 



FIGURE 6.22 
A skeleton psydxomctric chart. 

The enthalpy scale is shown in Fig. 6.22 t o  the left of the saturation line. 
To determine enthalpy in kJ per kg of dry air (Btu per lb of dry air), locate the 
point on the psychrometric chart and follow the line of constant wet bulb to  the 
enthalpy scale. 

Lines of constant specific volume in m3/kg of dry air (ft3/lb of dry air) are 
nearly vertical on the chart. 

Example 6.2. Based on the properties given, determine the other psychrometric 
properties from Fig. 6.18, 6.19, 6.20, or 6.21 for the following cases: 

(a) 30°C (86°F) dry-bulb temperature and a moisture content of 0.018 
kg/kg (0.018 Ib/lb). 

(b) Saturated air at 20°C (68°F). 
(c) Dry-bulb temperature of -10°C (14OF) and a wet-bulb temperature of 

-12°C (10.4OF). 

Solution.   he solutions are shown in Table 6.4. 

Example 6.3. An air-flow rate of 2.2 m3/e (4660 d m )  enters an evaporator coil 
a t  4OC (39.2OF) and a relative humidity of 90%. Air leaves the coil a t  O.S°C 
(32.g°F) and a relative humidity of 98%. 

(a) What is the refigeration capacity of the coil? 
(b) What is the rate of water removal from the air? 

Solution. From either Fig. 6.18 (Fig. 6.20) or Fig. 6.19 (Fig. 6.21), the specific 
volume of the entering air is found to be 0.791 m3/kg (12.65 ft3/lb). The  mass 



TABLE 6.4 
Solutions to Example 6.2 

Part 6.2c, Using 

the low-temperature 

rate of flow of dry air which carries along its water vapor is: 

2.2 m3/s 
Mass flow rate = 

0.791 m3/kg 
= 2.78 kg/@ (368 Ib/min) 

The entering and leaving states of the air are shown schematically 
in Fig. 6.23. 
The rate of heat transferred to the coil, q, is: 

q = (0.368 lb/min)(14.3 - 12.1 Btu/lb) = 809.6 Btu/min = 4.05 tons 

The rate of water removal from the air is: 

Water rate = (2.78 kg/s)(0.0045 - 0.0039 kg/kg) = 0.00167 kg/s (0.22 lb/min) 

We have implied that the lines of constant wet-bulb temperature and lines 
of enthalpy are coincident on the psychrometric chart. This statement is not cor- 
rect, because there is a slight deviation of slope of the two lines. The charts shown 
in this chapter are accurate enough for most engineering work, but if greater pre- 
cision is desired, other charts may be obtained that recognize the difference of 
the slope of the two lines. The ASHRAE HandbookS presents a psychrometric 
chart where both the lines of constant wet-bulb temperature and constant en- 
thalpy are shown on the chart. Another approach6 taken on charts prepared by 
this firm is to show line. of enthalpy deviation, which provide values to correct 
the enthalpy values when using the wet-bulb lines to locate the condition of the 
air. 



FIGURE 6.23 
Inlet and outlet conditions of aL in the coil of Ex-ple 6.3. 

6.12 DEW-POINT TEMPERATURE 

There is no mention on most psychrometric charts of a property that is important 
in its own right, but also provides understanding for events that occur a t  many 
locations throughout the refrigeration facility. The dew-point temperature of air 
is defined as the temperature that results if the air is cooled with no change in 
its moisture content until the air reaches the saturation conditions. In Fig. 6.24, 
the temperature of air at  condition a is reduced until the air is saturated. The 
temperature a t  which saturation is reached, t d , ,  is the dew-point temperature. 
One significance of the dew-point temperature is that if air at  condition X is 
in contact with a surface having a temperature of td, ,  condensation of moisture 
will occur on that surface. 

Example 6.4. The condition of air in a meat-processing room is 12°C (53.6"F) 
and the relative humidity is 70%. The surface temperature of the support metal 
for the cooling coils is 4'C (39.2'F). What is the potential operating problem 
that exists? 

Solution. The dew-point temperature of the air in the process room, found by 
moving horizontally on the psychrometric chart from the condition of the air to  
the saturation line is 6.8"C (44.2"F). Since some metal surfices exist at the lower 
temperature of 4'C (39.2'F), some moisture will condense on these surfaces. The 
drip of moisture on the food products is prohibited. 



FIGURE 6.24 
Dew-point temperature of air. 

FIGURE 6.25 
H a t  and msss trausfer between air aod a wetted surface. 

6.13 THE STRAIGHT-LINE LAW 

A processes that occurs frequently in refrigeration practice is the transfer of heat 
and mass (water) between air and a wetted surface, as shown in Fig. 6.25. The 
dry-bulb temperature of the air entering the section is ti and its moisture content 
is Wi. 

At the water surface, the air is in equilibrium with the water, so the air is 
saturated and at  the same temperature as the water, t,, and the moisture content 
of the air a t  the surface is the same as the saturated air, W,. The temperature 
difference between the air and the wet surface is the driving force for the transfer 
of heat between them. The water vapor pressure is linearly proportional to the 
moisture content, W, so the difference between W; and W, is the driving force 
for the transmission of water vapor at the entrance to the section. 

The handy straight-line law explains nunierous processes by predicting the 
path of the air conditions on the psychrometric chart. The straight-line law a p  
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plies to the situation shown in Fig. 6.25, where air contacts a wetted surface. 
The statement of the straight-line law is 

The straight- line law: 

The path on the psychrometric charl drives toward the saturation line at 
the tempemtun of the wetted surface. 

The straight-line law is well verified by fundamental laws of heat and mass 
transfer.'#' I t  shows that from the change in properties of the air shown on the 
psychrometric chart, the direction of heat transfer and water- vapor transfer are 
indicated by the changes in enthalpy and moisture content, respectively. 

Figure 6.26 shows several different situations where entering air a t  condition 
i contacts a wet surface of temperature t , .  

Figure 6.26a shows the situation prevailing in a cooling and dehumidifying 
coil where, even if the coil is dry when starting operation, moisture from the 
air condenses on the cold surface of the coil, such that thereafter the surface 
is wetted and the straight-line law applies. The air flowing across the surface 
changes state from i to o, and during that process the enthalpy indicates that it 
gives up heat to  the coil and the refrigerant carries i t  away. 

In Fig. 6.26b, the situation portrayed is that of evaporative cooling, as 
shown schematically in Fig. 6.27. Because no heat is added externally to the 
water, the energy balance requires that the enthalpy of entering air equals that 
leaving, thus hi = h,. 

The process of constant enthalpy in Fig. 6.26b results in a drop in air 
temperature, but an increase in moisture content, W. Evaporative cooling is 
rare in industrial refrigeration practice, but Fig. 6.26b is a transition from the 
cooling and dehumidification process to  the heating and humidification process 
of Fig. 6.26~. 

Our interest in Fig. 6 . 2 6 ~  lies not in the heating and humidification of the 
air, but in the removal of heat from the wetted surface. This is the process that 
occurs in a cooling tower and an evaporative condenser-a topic encountered 
again in Chapter 7 in the study of condensers. 

6.14 CONDITION OF AIR PASSING 
THROUGH A COIL 

The principles presented so far in this chapter have provided the foundation 
for making useful judgments about actual plant operation. The straight-line law 
and a few heat-transfer principles equip the refrigeration professional to  predict 
qualitative trends and to  know how t o  correct certain evaporator problems. 

The predominant criterion for evaluating evaporator coil performance is 
the condition of air leaving the coil. The assignment of the evaporator is to  
hold a certain temperature in the space, which it does by removing heat a t  the 
proper rate from the air passing through the coil. The outlet air temperature 
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FIGUBE 6.26 
Several applications of the straightline law: (a) cooling and dehumidification, (b) evaporative 
cooling, and (c) heating and humidification. 
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FIGUFLE 8.27 
Evaporative cooler represented by Fig. 6.26b. 

FIGURE 6.28 
Cooling and dehumidifying of air in a coil with conntant refrigerant temperature. 

from the coil is often sensed and used as the basis of controlling the evaporator. 
The outlet dry-bulb temperature is not the only concern because the amount of 
moisture removed from the air is often crucial too. In some situations, such as 
a high-humidity produce storage room, as little moisture as pwible should be 
removed. But the coils at a loading dock for a frozen-food storage room should 
remove as much moisture as possible to reduce the amount of water vapor carried 
into the low- temperature space with the infiltration air. 

Predicting the condition of outlet air can be approached by analyzing the 
state of the air as it passes through the coil. Figure 6.28 imagines the coil to  be 
a fiat surface with refrigerant boiling at a temperature of t,  on one side of the 
metal. Air enters a t  a temperature of t1  and a-moisture content of Wl. 

A key realization is that the wetted surface temperatures, t r l , t r2 ,  etc., 
progressively decrease in the direction of air 5ow through the coil. The reason 
for this progression is that t ,  adjusts itself, so that the same rate of heat 5ows 
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FIGURE 6.20 
A coil conditian curve. 

from the air to the wetted surface as from the wetted surface through the metal 
to the refrigerant. With the drop in temperature and moisture content as the air 
flows through the coil, t ,  also drops in response to the lower potential for heat 
transfer and moisture removal. 

The straight-line law is now combined with the awareness of this progressive 
drop in wetted surface temperature to yield the curve showing the air conditions 
in the coil. Fig. 6.29. 

Suppose that the flat surface of Fig. 6.28 was an idealization of a coil have 
8 rows of tubes in the direction of air-flow, and each of the sections in Fig. 
6.28 represents two rows of tubes. In Fig. 6.29, the entering air, in conformity 
to the straight-line law, drives toward t,l on the saturation line. As the air 
moves through the coil, it drives toward progressively lower temperatures on the 
saturation line. The state of the air, called the coil condition curve, in Fig. 6.29 
is the result. 

A few observations from Fig. 6.29 are confirmed by catalog data from coil 
manufacturers. Each succeeding row of tubes d k  less work toward lowering the 
temperature or removing moisture from the air. The greatest rate of heat transfer 
is where the air enters the coil, because the air temperature and moisture content 
are the highest here. The curve becomes steeper as air passes through the coil, 
which indicates that the ratio of moisture removal to the temperature drop is 
greatest at the coil's air outlet. 



TABLE 6.5 
Influence of design or operating parameters on  outlet air conditions from an e v a g  
orator coil. 

6.15 HOW SELECTION AND 
OPERATION OF A COIL AFFECT ITS 
PERFORMANCE 

Some of the most important factors over which the system designer and operator 
have some control are the: 

Typicd range 

face area of the coil, the cross-sectional area of the air stream entering the 
coil 
number of rows of tubes deep 
fin spacing . 

air-flow rate (and air velocity) 
refrigerant temperature. 

FWrigcrating 

W J = ~ ~ Y  

Parameter, 
increase of: 

Table 6.5 shows the influence of an individual increase in these parameters. 

temperature 

Face area. An increase provides more heat transfer surface, and the surface 
also assumes a lower temperature (Fig. 6.30a). 

N u m b e r  of  rows of tubes  deep. Each additional row of tubes further re- 
duces the air temperature and moisture content, limited by the saturation 
conditions a t  the refrigerant temperature (Fig. 6.30b). 

Effect on outlet 
air conditions 

I below entering air I 

temperatun moisture 
contmt 
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More face 
arca 

Original 
More rows 
of tubes 

Higher air- 
flow rJte 

FIGURE 6.30 
Iducnce of design and operating parametem on outlet air conditions h m  a coil. 



Closer fin spacing. Closer spacing provides more heat-transfer area, result- 
ing in lower outlet temperature and moisture content (Fig. 6.30~). Also Bee 
Section 6.20 on frosting of coils. 

Higher  air-fiow rate With a higher flow rate, the outlet temperature and 
moisture content increase, but in the equation for the rate of heat t r a n s  
fer , 

= (flow rate)(henterin8 - h~eovin~) 

the flow rate increases by a greater percentage than the percent decrease in 
enthalpy difference. The refrigeration capacity q thus increases (Fig. 6.30d). 

Higher  refrigerant temperature .  A higher temperature raises the coil sur- 
face temperature all along the coil. Thus the temperature and moisture con- 
tent are not reduced by as much. Also, a s  seen from Fig. 6.30e, the ratio 
of moisture removal to temperature drop is not as great-a characteristic 
desired in high-humidity rooms. 

The preceding discussion concentrated on changing only one condition at  
a time. System designers who select coils may adjust two or more conditions to 
obtain desired outlet air properties. For example, suppose that the amount of 
available space does not permit the coil face area desired. Instead, a deeper coil 
could be selected and combined with a slightly higher air-flow rate to closely 
match the original outlet air conditions. 

6.16 SELECTING AN AIR COIL FROM 
A CATALOG 

A critical piece of data that manufacturers of air-cooling evaporators provide for 
their coils is the rate of heat transfer per degree temperature difference, which 
appears in the equation: 

where R = rating, kW/OC (Btu/br per OF) 
Table 6.6 shows an exerpt from a manufacturer's catalog which specifies 

both the R-value and the flow rate delivered by the fans. The table applies to  
two-fan models, which is one of the choices among one-, two- and three-fan units. 
Two fin spacings are offered, 118 fins per m (3 fins per inch) and 158 fins per m 
(4 fins per inch). The coil with wider fin spacing having less heattransfer area 
than the 158 fpm (4 fpi) coil shows lower R-values. The next line in Table 6.6 
indicates the external static pressure (ESP) in inches of water against which the 
fans must operate. If the coil is hung in the refrigerated space with no attached 
ductwork to  direct the air flow, there is no external static pressure. The R-values 
shown in the table are expressed in units of Btu/hr per OF temperature difference 
between the entering air and refrigerant. The air flow rate flowing through the 
coil is expressed in ft3/min (cfm). The power requirement of each of the two fans 



TABLE 6.6 
Exerpt from a rating table of a two-fan evaporator coil. (Courterg Krack Corporation.) 

is specified, and this information serves two purposes: t o  indicate what electric 
current is required, and to  provide data  to  compute the internal heat load for 
the refrigeration load calculation. 

Predicting the rate of heat transfer using Eq. 6.13 is simple, and may seem 
too simple when realizing the complexity often encountered with logarithmic 
mean temperature differences that  apply to  heat exchangers. Section 6.5 has, 
however, already shown that  for heat exchangers where one fluid remains a t  an  
essentially constant temperature, such as in evaporators, the simplification is 
valid. 

Manufacturers often use model numbers to provide some information on 
the features of the coil, and such is the case of the model numbers in Table 6.6. 
The 536 coils are 6 rows of tubes deep, 538 eight rows, and 5310 ten rows. Further 
information provided by the manufacturer includes the volume of the coil and 
its weight, which is a function of the materials. For the 536 coils, for example, 
the approximate weights are 2130 kg (4700 lb), 1270 kg (2800 lb) and 1090 
kg (2400 Ib), respectively for steel, copper/aluminum, and aluminum materials, 
respectively. 

The face area of the coil is 4.9 m2 (52.8 f t2)  which is information needed 
for one routine check that  should be made when selecting coils, particularly for 
above freezing operation. The concern is that  if the face velocity if greater than 



condition 
curve 

FIGURE 6.31 
Sensible and latent heat rcmovd in a coil. 

TABLE 6.7 
Typical temperature differences-ntering air to refrigerant-4or several applica- 
tions. 

Application 

about 3.0 m/s (600 fpm) the water that condenses on the coil surfaces can be 
blown off into the refrigerated space. For coils operating with surfaces below O°C 
(32OF), the moisture deposits as frost, and adheres to the coil. Face velocities 
of 4 m/s (800 fpm) or more are typical of low-temperature coils. The highest 
velocity indicated in Table 6.6 is 5.5 m/s (1080 fpm) when the flow rate is 27 
m3/s (57,000 cfm). To limit the face velocity to 3.0 m/s (600 fpm) a set of fans 
delivering 15 m3/s (31,700 cfm) or less should be chosen. 

Part of the selection process is to decide what temperature difference, 
t , , ~ ,  - trejrio, to  use. This choice is embodied in the optimization process 
discussed in Sec. 6,8, because the choice of the temperature difference directly 
influences the heat-transfer area that is selected, and for a given air tempera- 
ture in the space a higher refrigerant temperature offers the potential of energy 
saving at the compressor. Realistically, the optimization of only one or several 
evaporators in a multiple-evaporator installation may not permit elevating the 
saturated suction temperature if there are other evaporators that require a low 
suction temperature. Table 6.7 shows some typical temperature differences used 
in various applications. 

The heat-transfer rates shown in Table 6.6 are called dry  ratings and refer 
only to sensible heat. If the coil condition curve of Fig. 6.29 is subdivided into 
sensible and latent heat, as in Fig. 6.31, the sensible heat is that portion associ- 

toir.in - trcfr ip 

- ] Below k i n g  I Storage and blast kena 1 5.5 to 6.S°C (10 to lZ°F) ] 
Above 
freezina 

Low humidity I 11 to 17'C (20 to 30°F) 
High humidity 1 2.2 to 4.4OC (4 to 8OF) 



ated with a drop in dry-bulb temperature, while the latent heat removal occurs 
because of the condensation of water vapor. 

When the air conditions and coil temperature are such that moisture con- 
denses, this latent heat becomes an additional capacity for the coil. For produce 
storage rooms in the 0-5OC (32-40°F) temperature range, the coil may develop 
an additional 20%40% capacity for a given t.i,,i, -t, , / , ig. While this additional 
coil capacity may be considered a bonus, remember that the refrigerant side of 
the evaporator and the compressor must still provide the total capacity---sensible 
plus latent. 

The catalogs of most coil manufacturers do not reflect the thermal load 
imposed by fan motor(s). All the electric power delivered to the fan motor evan- 
tually appears in the refrigerated space as heat load. The fan-motor load could 
be deducted from the coil capacity that the manufacturer presents, but the ad- 
dition of the electrical input to the total refrigeration load is left to the designer 
of the system as part of the refrigeration load calculation. 

Example 6.5. One of the air-cooling coils is to be selected for a space storing 
frozen food where the air temperature is -23.3OC (-10°F). The refrigeration 
plant provides a suction pressure corresponding to -28.g°C (-20°F). The coil is 
ceiling-hung with no external static pressure air resistance. The coil is to provide 
a refrigeration capacity of 70 kW (20 tons of refrigeration). Select a coil from 
Table 6.6. 

Solution. Since the performance factors of the table are presented in inch-pound 
units, use the I-P system for the selection. The required coil capacity is 20 tons 
or 240,000 Btufhr, and the temperature difference available between the air en- 
tering the coil and the refrigerant is [(-10°F) - (-20°F)] = 10°F. The coil must 
therefore have a performance factor of 240,000/10 = 24,000 (Btu per hr) j°F or 
higher. Assume that the space does not experience a heavy humdification and 
frost load due to infiltration, so decide that a 4 fin-per-inch choice will be s a t i s  
factory. Several options from Table 6.6 are: 

Model 28-5310 with 1-1/2 hp fans providing a performance factor of 26,000 
Model 2s-538 with 2-hp fans providing a performance factor of 24,960 
Model 2G536 with 5-hp fans with a performance factor of 23,920 {close). 
Although the 2G536 would be the smallest and lowest-price coil, the jump 

to the 5-hp fans with its significantly higher heat input might not favor this choice. 
On the other hand, stepping up from 1-1/2 to 2 hp fan motors permits reduction 
from a 10-row coil to an brow coil, so the 2s-538 would be an appropriate choice. 

While there were several possible choices of coil offered by Table 6.6, all of 
the coils represented in the table had a face area of 4.9 m2 (52.8 ft2), and the 
complete manufacturer's catalog would offer additional choices. Perhaps a 6row 
coil with a larger face area would offer a prefe;red combination of coil cost and 
fan-power requirements. 

A standard design practice is to install greater coil refrigerating capacity in 
a space than that needed to meet the maximum refrigeration load when defrost- 
ing of coils is expected. The basis for this practice is that for a period of time 



during the day certain coils will be out of service for defrost. If, for example, 
the coils in a space are expected to undergo defrost 2 hours out of 24 hours, 
or 8-113% of the time, the installed capacity of the coils is increased by that 
percentage. The compressor capacity need not be increased, however, because 
the actual refrigeration capacity must only meet the design load, which is simply 
shifted among the active coils. 

Communication with the coil manufacturer a t  the time of the order is highly 
recommended. Typical information that can be useful to the coil manufacturer 
is: 

the space temperature 
the saturated suction temperature 
the refrigeration capacity 
which refrigerant is to be used 
the type of feed, for example, whether liquid recirculation, flooded coils, or 
direct expansion. If liquid recirculation is chosen whether top or bottom feed 
should be specified as well as the recirculation rate. 

If a t  all possible in the caae of liquid recirculation, the temperature of the 
supply liquid should be close to the evaporating temperature. If exceptionally 
cold liquid is supplied to the coil, the section where this liquid enters will frost at 
a more rapid rate than the rest of the coil. The heavily frosted section will absorb 
less heat from air and propagate the frosted region. A different problem occurs 
when the liquid is unusually warm, such as sometimes occurs when a gas-pumping 
system provides the recirculation. When the warm liquid passes through the 
throttling valve at the coil entrance, a high vapor fraction of refrigerant develops. 
With the bottom-feed coil equipped with orifices, this vapor may choke the flow 
at these orifices unless the manufacturer knows that they should be enlarged. 

6.17 HUMIDITY CONTROL IN 
REFRIGERATED ROOMS 

In many applications, control of the relative humidity in the refrigerated space 
is important. When storing many varieties of fr-esh produce, the humidity should 
be kept high to niaintain product quality. In certain other applications, such as 
for rooms chilling hot red meat carcasses, humidity should be kept low to avoid 
fog formation and to prevent moisture from condensing on surfaces and dripping 
on productD. 

To maintain high humidities, choose large coils operating with small air- 
to-refrigerant temperature differences. The air-flow rate will be high to provide 
the refrigeration duty with the small drop in air temperature. For low humidities, 
select small coils with low air-flow rates and large air-to-refrigerant temperature 
differences. 

This section points out the limitations of coils in meeting extreme con- 
ditions and explains why humidifiers (for high humidity) or reheat (for low 
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humidity) may be necessary. Most applications where the control of humidity 
is important are in spaces operating in the temperature ranges of 0-10°C (32- 
50°F), so Figs. 6.32 and 6.33 provide psychrometric charts with this range of 
temperature enlarged. 

To dramatize the challenge of selecting coils for high-humidity spaces, con- 
sider a room to be matintained a t  1°C (34OF) and 95% relative humidity. Other 
refrigeration load data and characteristics of the space are: 

floor area 
room volume 

outdoor design conditions 

sensible refrigeration load 
due to heat conduction 

through the structure, lights 
and motors, product cooling 

infiltration estimated a t  
0.15 air changes per hour 

the mass flow rate 
of infiltration air 

= 1425 m2 (15,340 ft2) 
= 10,000 m3 (353,000 ft3) 
= 35'C (95OF) dry-bulb temperature 

25.5'C (7B°F) wet-bulb temperature 

1500 m3/hr 
= 0.466 kg/s (3700 Ib/hr) 

(3600 s/hr)(0.895 m3/kg at outdoor conditions) 

The sensible load associated with the infiltrated air is: 

In the exchange of outdoor and room air in the infiltration process, air with a 
moisture content of 0.017 kg/kg (0.017 lb/lb) enters to displace room air having 
a humidity ratio of 0.0038 kg/kg (0.0038 Ib/lb). The rate of moisture introduced 
is, then: 

The required refrigeration rate a t  the coil to condense this water vapor is: 

The total of the sensible and latent loads from the infiltrated air is 31.2 
kW (106,600 Btu/hr) which may be checked by computing the product of the 
air-flow rate and the differences in air enthalpy of the outdoor and interior air, 

total infiltration load = (0.466 kg/s)(78.0 - 10.6 kJ/kg) 
= 31.4 kW (107,100 Btu/hr) 
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FIGURE 6.32 
Psychrometric chart for air near O°C (in SI units). 
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Specific Volume, cubic feet/ lb 

FIGURE 6.99 
Psychrometric chart for air near 32OF (in I-P units. 
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,il condition 
rve A 

FIGURE 6.34 
Expanded sketch of psyduvmetric chart displaying conditiom at a ai l  nerving a high-humidity 
room. 

To summarize, the space loads are: 

sensible: 150 + 15.8 = 165.8 kW (565,700 Btu/hr) 
latent: 15.4 kW (52,500 Btu/hr) 

Presenting the numerical values (which, incidentally, came from an actual 
load calculation) shows how the designer is squeezed to maintain high humidity 
in this room. The slope of the coil condition curve to meet the combination of 
sensible and latent loads, as shown in Fig. 6.29, will be very flat. An expanded 
sketch of the pertinent portion of the psychrometric chart is shown in Fig. 6.34, 
indicating that coil-condition-curve A intersects the saturation line at approxi- 
mately O°C (32OF). 

When correlating coil condition curve A to the straight-line law, the av- 
erage wetted surface temperature of the coil should be slightly lower than O°C 
(32OF), and the refrigerant temperature would be perhaps, -l°C (30°F). Thus, 
the temperature d i f fe renc~nter ing  air to evaporating refrigerant-would be 
approximately 2OC (3.6OF), rather than the tjrpical commercial At mentioned 
in the previous section. An alternate approach is to operate with a larger air- 
to-refrigerant temperature difference and combine with humidification. Cod con- 
dition curve B shows a steep slope resulting from operating a t  a higher air-te 
refrigerant temperature difference. Without auxiliary humidification, the design 
relative humidity of 95% cannot be maintained, because the rate of moisture 
removal at the coil is higher than that entering with the infiltration air. Table 
6.8 summarizes the two different approaches to maintaining high humidities. 



TABLE 6.8 
Two strategies for m~ntaining high humidities in refrigerated spaces. 

1 rrIrigvsnt temperature I and/or a kre number of them. Additiond coils ( 

Strategy 

Operating with low air-to- 

I differences 1 mun mom f- and the aemible 1 4  that their ( 

Implications 

totd arm of coils, thus, hrgcdhe coils 

( motom impwe on the nfrigtrsted .space. 
Higher air-to-drigerant 1 Moderate totd coil area, thus typicd size and 

I temperature differcna 1 number of coils. Additiond latent load i m p d  1 1 in combination with I on coils, becam the water vapor introduced by the I 
1 humidifius I humidifiers must constantly be moved by the coils. 

The recommendation of operating with high air-flow rates to maintain a 
high humidity should be qualified when refrigerating floral products or leafy 
vegetables. Experience indicates that when these products are not covered or 
protected in some way from air currents, that increased velocities actually dry 
out the product, even though the humidity of the air has been increased. The 
conclusion is that if elevation of the humidity incorporates increasing the air-flow 
rate over the coil, it is imptrative to protect the product from air currents in the 
refrigerated space. 

An additional consideration is what happens at  part load-the condition 
when outdoor air is cool and dry. In one sense, the moisture brought in with 
the high-humidity infiltrated air was a benefit because it helped maintain high 
humidity in the space. When the outdoor air has low humidity, this source of 
moisture is no longer available. The saving feature, however, is that the wnsible 
load will also have dropped when the outdoor conditions are mild, which permits 
the coils to be operated with a low air-to-refrigerant temperature difference. 
Many designers anticipate that, when the design conditions are accommodated, 
the part-load operation will not require specid provisions. 

At the opposite end of the humidity spectrum is the requirement to main- 
tain low humidity in the space. The following example illustrates a typical diffi- 
culty and how it might be solved. 

A space storing seeds is to be maintained at  5OC (41°F) and 50% relative 
humidity and has design refrigeration loads of 110 kW (375,300 Btu/hr) sensible 
and 20 kW (68,200 Btu/hr) latent. To satisfy the ratio of sensible and latent 
loads, the air leaving the coil must be along the load-ratio line, shown in Fig. 
6.35a. 

The load-ratio line is positioned by proportioning Ah, and Ah1 such that 
they match the ratio of the sensible-to-latent loads, namely, 110 kW to 20 kW. 
Figure 6.35a shows that the load-ratio line does not intersect the saturation 
line until an unreasonably low temperature of -lg°C (-2OF). The remedy, as 
shown in Fig. 6.35b, is to perform cooling and dehumidification with a moderate 
refrigerant temperature, and then reheat the air back to the load-ratio line. The 
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FIGURE,6.35 
Meeting the requirements of a low-humidity room by (a) operating with an extremely low 
temperat- off the coil, or by (b) utilizing reheat. 

reheat energy need not necessarily be applied to the outlet air of the coil, but can 
be introduced anywhere in the space. The net result of the supplementary heat 
is to change the load-ratio line of the space. When the layout of the refrigeration 
system is appropriate, the heat for reheat can be supplied by discharge vapor 
from the compressoi, which results in energy effectiveness of the operation. 

Another low-humidity application where reheat may be beneficial is on 
loading docks adjacent to frozen-food storage areas. The temperature setting for 
the dock may be approximately 7'C (45OF) and when the outdoor temperature 
drops to this temperature range there may be little call for cooling by the dock 
coils. The relative humidity could rise in the dock area such that this high- 
humidity air infiltrates to the low- temperature space resulting in the deposit 
of considerable frost on the coils. Many operators equip their do& with reheat 
coils supplied with compressor discharge gas to force the refrigeration coils to 
cool and especially dehumidify the air when the outdoor temperatures drop to 
near the temperature settings on the dock. 



6.18 FAN AND MOTOR 
PERFORMANCE AND SELECTION 

Section 6.16 investigated the selection of coils from a manufacturer's catalog, 
and that operation constituted the major decision with respect to the coil. There 
are several auxiliary choices often available to the designer, namely, whether to 
select- 

draw-through or blow-through arrangement 
a propeller or centrifugal fan 

a single- or twespeed motor 

The manufacturer is responsible for offering coil, fan, and motor combina- 
tions that provide the rate of air-flow and the velocities that develop adequate 
heat-transfer coefficients to transfer the specified rate of heat transfer. The man- 
ufacturer is also responsible for determining the motor capacity that will drive 
the fan under the specific application conditions, for example, conveying high- 
density air through a frosted coil in a low-temperature space. 

One characteristic of a fan-coil combination is the throw, for which there 
should be a definition. Unfortunately, there doesn't seem to be one. In air condi- 
tioning practice, throw is defined as the distance from an air outlet to  the point 
where the velocity has dropped to 0.5 m/a (100 fpm). In industrial refrigeration 
practice, the common usage of the term is the distance from the outlet of the coil 
to a surface, such as a wall, or to the position where another fan-coil exerts an 
influence. When designers refer to throwing air 30,6O, or 90 m (100, 200, or 300 
ft), they imply that there is enough air circulation at that distance to  avoid ob- 
jectional pockets of high temperature. Despite the vague use of the term, throw 
is an important concept and is affected by several designer choices. 

One option available to the designer is to select either a draw-through or 
a blow-through arrangement of the fan and coil (Fig. 6.36). The blow-through 
arrangement has the thermal advantage that the heat introduced by the fan 
motor is absorbed by the air before entering the coil, while in the draw-through 
configuration, the motor heat warms the air upon leaving the coil. Thus, the coil 
operates somewhat more effectively in the blow-through arrangement because of 
the higher mean air temperatures. The advantage of draw-through is that the 
throw is greater than with the blow-through. Outlet air velocities from the fan in 
a draw- through arrangement might be as high as 20 m/s (4000 fpm) to achieve 
60 m (200 ft) throw. 

Coils are usually available equipped with either a propeller fan or a cen- 
trifugal fan. These two types of fans have somewhat different pressure-flow and 
power-flow characterietics, as shown in Figs. 6.37a and 6.37b. If the resistance 
to air-flow remains constant under all operating conditions, so will the air-flow 
rate and power. In this case, knowledge of the static pressure and fan power is 
required only for the design conditions. Resistance does change when frost forms 
on a low-temperature coil. In Figs. 6.37a and 6.37b, two pressure-flow curves are 



FIGURE 6.36 . 
Draw-through and blow-through amangements of the fan and coil. 

required only for the design conditions. Resistance does change when frost forms 
orr a low-temperature coil. In Figs. 6.37a and 6.37b, two pressure-flow curves are 
shown-ne for a clear coil and the other for a frosted coil. One difference in the 
response of the fans is that the power required by the motor driving the propeller 
fan increases, while that of the centrifugal fan drops as frost builds. The  propeller 
fan is used much more frequently than the centrifugal fan in conjunction with 
refrigeration coils. This is because the  shape of the propeller fan curve generally 
permits a more compact package, and because it is more efficient than the cen- 
trifugal fan a t  the low static pressure that  is typical of the coil application. A 
disadvantage of the centrifugal fan in low-temperature applications is that  belt 
life may be short. A centrifugal fan might be ciiosen when a very long throw is 
needed, because the centrifugal fan in a draw-through arrangement can direct a 
jet for a long distance. An installation requiring long duct work attached t o  the 
coil is another situation where the centrifugal can be considered. 

Several options are available t o  reduce the refrigeration capacity of the coil 
a t  light refrigeration load: 

interrupting the supply of refrigerant t o  the coil 

elevating the evaporating temperature 

shutting off the fan or shutting off one fan in a multiple-fan unit 

reducing the air flow over the coil by shiftiig a two-speed motor to low speed 

The  last two techniques in the above list are associated with the motor and its 
control. An attractive feature of two-speed operation is that  when the flow rate 
drops to  half i ts  full value, the static pressure drops to  114 and the fan power t o  
118 their rated values. The electric power demanded by the motor may not drop 
fully by 118 because the motor efficiency a t  the low speed drops off abruptly 
a t  low loads, as shown in Fig. 6.38. Nevertheless, the power saving is usually 
significant, which provides a bonus by also reducing the heat load introduced t o  
the space by the  fan motor. 
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FIGURE 6.37 
Static pmasun and power for (a) a propeller fan, and (b) a centrifugal fan-both operating at 
constant speeds. 



Percent of full load 

FIGURE 6.9) 
Efficiencies of eingle-speed and two-speed electric motors10. 

In a multiple-fan unit one or two fans can be cycled off to  reduce the 
capacity and internal heat load from motors. when restarting an idle motor, the 
operating fan(s) should be stopped first. The reason for this procedure is that 
when one fan is operating, the idle one is likely to  be spinning in reverse, and 
when power is applied to it for startup, the motor may overload. Another version 
of two-speed fan operation that  is adaptable to a centrifugal fan installation 
having several scrolls is to apply pony motors. Here a motor is connected to  each 
end of the shaft, with the speed of one motor twice that  of the other. The fan is 
then driven by one motor while the other idles. 

One of the fan laws states that  the power required by a fan operating a t  con- 
stant  speed varies as the density of air that i t  delivers. Thus if the motor is sized 
for a fan operating with air a t  room temperature and a density of 1.14 kg/m3 

(0.0714 lb/ft3) and actually operates in a space a t  -21°C (-6OF) where the air 
density is 1.39 kg/m3 (0.0870 lb/ft3), the actual load on the motor will be about 
20% higher than rated. This potential misapplication is inherently compensated 
by the fact that  the temperature of the motor windings is a principal criterion 
influencing the rating. Since the motor is operating in a low-temperature space, 
it usually can be loaded higher than its rating. 

6.19 THE NUMBER AND 
PLACEMENT OF COILS 

Decisions about the number of coils, their locations in the refrigerated space, and 
the  directions of air discharge are interrelated and influenced by room geome- 
try, ceiling arrangement, and product placement. The  sum of the refrigeration 
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FIGURE 6.39 
Do not mount coils above a doorway such that they draw warm air in through or discharge 
cold air out through the doorway. Instead, arrange for the air to Bow paat the doorway. 

capacities of the coils must equal or exceed the design refrigeration load, but 
the number of coils into which the total capacity is divided is a compromise. 
A small number of large coils usually results in the lowest first cost (and lowest 
maintenance cost) because of the reduction in piping, valves, and controls for the 
coils. On the other hand, distribution of the total capacity into a large number 
of coils helps avoid pockets of high temperature in the space. 

The goal of achieving uniform temperatures is dominant in the selection of 
the number of coils and their placement. Several guidelines frequently used by 
system designers include: 

select the coils and place them on the basis of a throw of 30 to 60 m (100 to 
200 ft) 
blow the discharge air in the same orientation as the beams 
blow across doors and not away or toward them (Fig. 6.39) 
direct the discharge air down aisles 
direct the discharge air downward from ceiling coils in high-rise storage fa- 
cilities 

Sometimes, discharge air is ducted from the coil to convey it further, but 
most coils probably discharge directly into the space. There is a danger of ducts 
in low-temperature spaces becoming frosted without any automatic means of 
defrost. Coils are occasionally mounted near the floor for easy servicing (Fig. 
6.40), and the air ducted to the ceiling. Dampers should be installed in the duct, 
and should close during defrost. Otherwise, the warm coil creates a chimney effect 
that retards the defrost rate. One of the situations where the floor-mounted unit 
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FIGURE 6.40 
A floor-mounted coil. 

A 

would be considered is when coils are being installed in an existing facility where 
the roof structure may not be able to accommodate the weight of ceiling-hung 
or rooftop units. 

A concept that is gaining in popularity is the pepthouse placement of coils, 
as illustrated in Fig. 6.41. The coils are clustered in a penthouse and the air 
directed downward and then in various horizontal directions using short-elbow 
ducts. The penthouse installation of coils is likely to be the arrangement of high- 
est first cost, but there are some operating advantages of this concept". Space 
that is otherwise available for the storage of product or processing operations is 
not occupied by coils. The arrangement yieldg a safer installation than ceiling- 
mounted coils where the refrigerant piping is located in the refrigerated space 
where it is in danger of damage from collisions by fork-lift trucks. The valve 
groups needed for hot-gas defrost are located outside the penthouse where they 
can be serviced by technicians more comfortably, safely, and effectively. The re- 
frigerant piping is outdoors above the roof. If there is a need for service personnel 
to work on the coils or the fans, they can stand on the metal grating of the floor 
of the penthouse. For such occasions it is possible to manually actuate the de- 
frost to  warm the penthouse above the space temperature for a short period 
of time. Perhaps 15% of industrial refrigera& air mils are now installed in 
penthouses1 l .  ' 

L 

Dampers close 
during defrost g-"-g': 

6.20 FROSTING OF 
LOW-TEMPERATURE COILS 

When the surfaces of evaporator coils operate a t  temperatures below O°C (32OF) 
and also below the dewpoint temperature of the air, frost will form on the mil. 
In certain special situations, icing can occur where moisture from the air first 
condenses to liquid water, then freezes to  ice. The far more common situation is 
where the water vapor transforms directly into a solid state, frost. No redeem- 
ing merit has been discovered for frost, and no general means of preventing its 
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FIGURE 6.41 
A installation of coils. 

formation are known. 
After accepting that we must live with frost when cooling air to  subfreezing 

temperatures, the approach is to  lessen its penalty and to remove it periodically. 
The two detrimental effects of frost cited most often are: (I) resistance to heat 
transfer; and (2) restriction of air- flow. 

Of these two penalties, restricting the air-flow rate is the most serious. Some 
laboratory tests12 were conducted where the rate of air-flow was maintained 
constant by progressively increasing the fan capacity while frost accumulated 
(Fig. 6.42). These tests indicated that the U-value was not severely reduced as 
long as the flow rate and velocity remained constant. The drop in air pressure, 
on the other hand, increases markedly with additional frost, as Fig. 6.43 shows. 

Fan-coil units operating in the field are unable to maintain constant air- 
flow rates as frost accumulates, in contrast to the way the tests in Figs. 6.42 and 
6.43 were conducted. Instead, because of its pressure-flow characteristics, the fan 
will deliver a lower air-flow rate as the pressure drop increases (Fig. 6.37). This 
reduction in air-flow rate and associated drop in air velocity reduces the U-value, 
as Fig. 6.42 shows, and is the major reason for the reduction in heat-transfer rate. 
This combined behavior of the fan and coil suggests criteria to sense the need 
for defrost: air-pressure drop across the coil or air-flow rate. 

When selecting coils to operate under frosting conditions, the designer 
should lean toward coils with wide fin spacing and large heat-transfer area. Fig- 
ure 6.44 shows some experimental data13 demonstrating that coils with wide fin 
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FIGURE 6.42 
Overall U-value of a Brow-deep coil unda frosting conditions at three different air v e l ~ a t i e s ~ ~ .  
The fin spacing of the coil was 6.3 mm (4 h / i n ) ,  and the entering air conditions were O°C 
(32°F) and 72% relative humidity, 

s - a 
? = 10 

0 .  

spacing are not subject to the rapid rise in air-pressure drop experienced by coils 
with closely spaced fins. Another goal is to select large coils with a low tempera- 
ture difference between air and refrigerant. The benefit of this choice (see Section 
6.17) is a lower rate of moisture removal and thus less rapid frost formation. 

6.21 METHODS OF DEFROST 

- 

0 1 2 3 4 5 6 7 8 
Frost accumulation, 43 

- 

The most widely used methods of defrosting industrial refrigeration coils14 are 
using: air, electric, water, and hot gas. 

Air defrost may take several different forms. In refrigerated spaces operating 
at temperatures above about 2OC (36OF), i t  is possible to shut off the supply 
of refrigerant to  the coil and allow heat from the space to melt the frost. An 
extremely long period is required unless the fag continues to operate, forcing air 
through the coil. Even so, the process may be slow, so the designer must insure 
that the capacity of operating coils is adequate to meet the refrigeration load. 
Another form of air defrost that was used in the past isolates the coil and the 
chamber, which is then supplied with warm air from an external source that 
blows over the coil to defrost it. 
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FIGURE 6.43 
Air-pressure drop as iduenced by frost accumulation for the coil described in Fig. 6.42. 

For defrosting electrically, an electric resistance heater is mounted in good 
thermal contact to the coil. One design that achieves penetration of the heat 
into the inner sections of the coil is through the insertion during coil assembly of 
cylindrical heating elements that become dummy tubes. The first cost of electric 
defrost is probably the lowest of any method, but the operating costs may be 
the highest. The reason for the high cost is the expense of the electricity in com- 
parison, for example, with hot-gas defrost where the defrost gas is a byproduct 
of the system operation. 

Electric defrost is more common in smaller commercial coils than in large 
industrial coils, but electric defrost is often adaptable to flooded coils built of 
aluminum. The sequence of defrost is to first close a valve located between the 
surge drum and liquid leg, and also close the solenoid valve in the liquid supply 
line to the surge drum. The fan continues to operate, which supplies heat to the 
evaporator and evaporates or pumps down the coil. When most of the liquid 
ammonia is removed, the suction valve is closed, which isolates the evaporator. 
The heater is then turned on to defrost the coil. When the defrost has been 



FIGURE 6.44 
In-e in air-prrsswe drop with time for coils of different tin spscing. The fsce veloaty wsll 
in the range of 3.2 to 3.4 m/r (625 to 675 fpm), and the entering dative humidity wan 82%. 
The fin rpaciugs are: C w e  a, 15 mm (1.7 h / i n ) ;  C y w  b, 10 mm (2.5 h / i n ) ;  and Curve 
c, 7.5 mm (3.4 lin~/in)'~. 

completed, the valve in the liquid leg and the suction valve are opened. The 
coil then becomes cold and freezes any drops of water that have not drained off. 
Thus, water is not blown off the coil when the fan resumes operation. Complete 
refrigeration operation resumes when the fans start and the liquid line solenoid 
valve opens. 

Water defrost and hotgas defrost are the most important methods, and 
each will be discussed later in their own eections. 

Whatever defrost method is used, the drain line carrying defrost water from 
the coil to outside the space should be trapped, aa in Fig. 6.45. Were no trap 
installed, cold air from the space could be blown to the outside (in the case of 
a blow-through coil), or warm, moist air from the ambient could be drawn into 
the space in the case of a draw-through coil. Each defrost water drain should be 
trapped individually. 



FIGURE 6.45 
A trap in the drain line that carries defrost water to outaide the refrigerated space. 

6.22 HOT-GAS DEFROST 

When defrosting an air coil using hot gas, the basic procedure is to interrupt the 
supply of liquid refrigerant to the evaporator, restrict the outlet of the coil, then 
supply high-pressure vapor. The interior of the coil then achieves a pressure 
such that the saturation temperature is high-enough to melt the frost on the 
exterior of the coil. During defrost, then, the evaporator temporarily becomes a 
condenser. 

The next several pages will be organized as follows: (1) standard piping 
and control sequence for a bottom-feed liquid recirculation coil, (2) defrosting a 
flooded coil, (3) recommended piping of the defrost gas supplying the coil and 
of the condensed refrigerant leaving the coil, and (4) recommended sequence for 
a safe defrost. 

The elements15 of a bottom-feed liquid recirculation coil equipped with 
hot-gas defrost are shown in Fig. 6.46. The coil has an odd number of rows 
of tubes with the liquid entering the header on the near side and the mixture 
of liquid and vapor leaving through the header on the far side and passing on 
through Suction Valve V1 to the liquid/vapor return line. Admission of liquid 
refrigerant to the coil is controlled by a solenoid valve that may serve several 
purposes. It may be connected to a thermostat that closes the valve when the 
air temperature in the space is satisfied. The liquid supply valve V2 also acts 
during the defrost cycle. The balancing valve that follows the solenoid valve in 
the line is set in conjunction with other coils in the system to insure adequate 
liquid refrigerant supply to all coils. 

Table 6.9 shows the status of the four valves in Fig. 6.46 during refrigeration 
operation and during defrost. The two valves that figure into the defrost opera- 



FIGURE 6.46 
Elements of a bottom-feed liquid circulation coil equipped with hot-gss ddroat. 

tion are V3, the solenoid that controls the ad&ion of defrost gas (hot gas) into 
the coil, and valve V4, a pressure-regulating valve that opens or closes as neces- 
sary in an attempt to maintain the pressure upstream of the valve. Thus, Valve 
V4 attempts to maintain the coil pressure constant. As Table 6.9 indicates, dur- 
ing refrigeration operation the refrigerant supply solenoid and the suction valve, 
valves V2 and V1, respectively, are open. The defrost gas valve, V3, is closed 
as is the pressure regulator, V4. Valve V4 is closed because during refrigeration 
operation the upstream pressure is low-much lower than the pressure setting of 
the valve. The regulating valve does what it can to try to increase the upstream 
pressure, which is to close. 

During defrost, the liquid supply valve V2 and the suction valve V1 close, 
which isolates the coil from the normal segments of the refrigeration system. 
The defrost gas valve V3 opens, allowing vapor from the high-pressure receiver 
or the compressor discharge line to flow first into the tubes of the drain pan and 
then into the coil. The drain pan must be heated during defrost, otherwise water 
and frost would slide down from the coil as it defrosts, but then refreeee in the 
drain pan. At the initiation of defrost the pressure-regulating valve V4 is still 
closed. Defrost gas flows into the coil, bringing up its pressure. Since the coil is 
cold, the incoming vapor condenses in the coil, and during the defrost process 
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TABLE 6.9 
Status of valvee h Fig. 6.46 daring refrigeration md during defro6t operation. 
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valve A 

FIGURE 6.47 
Addition of two check vdvzs. 
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the evaporator coil temporarily acts as a coqdenser. The pressure in the coil 
continues to rise until the pressure setting of V4 is reached, which is typically 
about 620 kPa (90 paia or 75 pig)  for ammonia or about 680 kPa (99 psia or 
84 psig) for R-22. These p m u r e  settings correspond to approximately 10°C 
(50°F) saturation temperatures of the refrigerants, and represent a high enough 
temperature to warm the coil and melt the frost from its outside surfaces. The 
disposition of the condensed refrigerant will be discussed in Sec. 6.23. 

Several refinements must be made on the basic coil equipped with hot- 
gas defrost shown in Fig. 6.46. Figure 6.47 shows the installation of two check 
valves. The purpose of Check Valve A is to prevent high-pressure refrigerant 

Defrost 

v3 

C l o d  
v2 

Open 
OperntiQxl 
R&iger&p 

v1 

Open 



FIGURE 6148 
Bypass around the suction valve to slowly relieve the prtssure in the coil at the tamination of 
defrost. 

from the coil from backing up through Solenoid Valve V2 during the defrost 
process. The pressure in the coil may reach '620 to  680 kPa (90 to 99 psia) 
during defrost and the liquid ahead of Valve V2 is only slightly higher than the 
operating evaporator pressure. The second check valve, Valve B, prevents liquid 
refrigerant from entering the drain pan during refrigeration operation. If the 
drain pan became as cold as the coil, it would collect frost which would drop off 
during the defrost'process on product or whatever is beneath the coil. 

The defrost process seems in recent years to  have been the cause of occa- 
sional damage to  equipment and in some cases the rupture of refrigerant lines, 
resulting in excessive cost and in several cases personal injury. The critical peri- 
ods during a hot-gas defrost are a t  its initiation and a t  its termination. In both 
situations high pressure vapor that may be moving a t  a high velocity is brought 
into contact with cold liquid causing pressure shock waves. The conditions that 
occur a t  the initiation of defrost will be discussed in Sec. 6.23. The critical na- 
ture of the termination of defrost results when the mixture of liquid and vapor 
a t  a pressure of 600 to 700 kPa (85 to 100 psia) rushes into a low-pressure liq- 
uid/vapor return line, perhaps a t  a pressure below atmospheric. One or both of 



FIGURE 6.49 
Defrost control group with gas-powered suction valve, bottom-feed liquid recirculstion coil. 

two phenomena may occur. The high-pressure vapor may drive the liquid in the 
return line a t  high velocity to  the end of the suction pipe or t o  an elbow with 
such force that the pipe ruptures. Another event may be condensation 
wherein the high-temperature vapor condenses so rapidly on the cold liquid and 
collapses with such force that the resulting shock wave ruptures a pipe. 

To prevent the extreme stresses a t  the end of defrost, Valve V1 should be 
equipped with a bypass that slowly drops the pressure in the coil before returning 
to refrigeration operation. In Fig. 6.48, this bypass consists of a solenoid valve 
V5 in series with a throttling valve, which opens before V1 opens t o  slowly 
relieve the coil pressure. The throttling valve is set t o  provide the desired rate 
of pressure decline. There remains the potential hazard that  the bypass line, 
particularly the throttling valve may become plugged, in which case the bypass 
does not function. However, many hot-gas defrost processes are managed by a 
microprocessor-based controller which can sense the pressure in the coil and not 
open V1 until the pressure is low enough t o  be beyond the danger point. 

Because Valve A is usually large it is often gas-powered, as shown in Fig. 
6.49, drawing its power pressure from the defrost gas. 
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FIGURE 6.50 
Defrost control group for a topfeed liquid-recirculation coil. 

Operators should be cautioned that if there is excessive noise and shaking 
of pipes during a defrost, that this is not a normal condition, and the causes 
should be corrected. 

When the liquid overfeed coil is fed from the top, some changes in the 
piping compared to the bottom-feed coil are required. Figure 6.50 shows the 
liquid entering the top of a header on the back side of the coil and the mixture 
of liquid and vapor leaving at  the opposite end of the coil. During defrost the 
liquid valve V2 and the suction valve V1 are closed, but valve V3 admits defrost 
gas, first to the drain pan and then to the normal entrance of refrigerant to the 
coil. When the pressure rises sufficiently in the coil, the pressure-regulating valve 
V4 opens to allow condensed refrigerant to return to a low-pressure suction line. 

The elements of the defrost arrangement for a flooded coil are shown in 
Fig. 6.51. As a preliminary step to defrost, the valve in the liquid supply line to 
the surge drum should be closed and the operation of the coil continued. This 
step reduces the amount of liquid in the coil and surge drum. To defrost the 
coil, isolate it  by means of the two valves-ne'in the liquid leg and the other in 
the return line from the evaporator to the surge drum. The valve in the defrost 
gas line is then opened allowing high-pressure gas into the evaporator. Conden- 
sation of refrigerant vapor begins immediately, which begins warming the coil. 



FIGURE 6.51 
Valves and piping for defrosting a flooded coil, with the line from the liquid leg to the coil 
sloped upward to achieve a liquid seal during defrost. 

The pressure inside the coil gradually increases until the setting of the pressure 
regulator is reached, a t  which time refrigerant is relieved from the evaporator 
to  a pipe or vessel a t  low pressure, or t o  the surge drum as shown in Fig. 6.51. 
When venting t o  a suction line, the line should be equipped with a vessel t o  
remove liquid before the refrigerant reaches the compressor, because liquid re- 
frigerant issues from the pressure-regulating valve. Since flooded evaporators are 
often not associated with liquid-recirculation systems which always incorporate 
liquid/vapor separation vessels, the discharge from the pressure regulator to  the 
surge drum has advantages. It may be necessary, however, to provide an enlarged 
surge drum t o  accommodate the liquid condensed in the coil during defrost. 

The main diagram in Fig. 6.51 shows a horizontal line between the liquid 
leg and the lower tube of the evaporator. A problem sometimes occurs because 
of vapor reaching the pressure regulator restricting the discharge of liquid from 
the evaporator. In this case the lower row of tubes may not defrost properly. One 
approach" to prevent this problem is t o  slope the line from the liquid leg up to  
the tube, as shown in the inset of Fig. 6.51, which provides a liquid seal a t  the 
entrance to  the pressure regulator and permits only liquid to  flow through the  
regulator. 
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FIGURE 6.52 
Prensurr-enthdpy diagram of expaasion of Equid and vapor being throttled through the 
preaaure-regulating vdve. 
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6.23 PROVISIONS EXTERNAL TO 
THE DEFROST CONTROL GROUP 

Setting of pressurerelief valve 
Intermediate pressure (2-stage) 

The defrost process impacts the system beyond the confines of the coil itself 
and its associated defrost piping. For example, many plant operators maintain 
an artificially high condensing pressure, even when ambient comditions would 
permit the csndensing temperature to drop, to provide sufficiently high defrost 
gas pressure. Since operating with low condensing pressure saves energy, the 
maintenance of artificially high condensing temperatures is challenged.lS Some 
tests conducted with R- 22 in the laboratory and with ammonia in the fieldlg 
indicated that a hot-gas supply pressure of 100 kPa (15 psi) above the setting of 
the pressure-relief valve could still achieve a defrost. Operators would want to be 
safe and not push this limit, but the values do suggest that some experimentation 
be conducted in the plant to determine how low the condensing temperatures 
can be safely operated. 

Another issue is where to direct the discharge from the pressure-regulating 
valve during a defrost. It may be most convenient from the standpoint of sim- 
plicity of piping to  diecharge into the low-pressure liquid/vapor return line. This 
arrangement functions reliably, but results in some loes of efficiency. During the 
early stages of hot-gas defrost, the refrigerant passing through the pressure- 
regulating valve is likely to be in liquid form. -In later stages, when the rate of 
refrigerant condensation has dropped, vapor is also likely to pass through the 
pressureregulating valve. Figure 6.52 is a pressure enthalpy diagram showing 
throttling processes of both liquid and vapor. 

The saturated liquid at u drops in pressure at  constant enthalpy to point 
v ,  which is mostly liquid but also contains some flash gas. When the vapor at 
z throttles down to y, however, the process is wasteful because no refrigeration 
can be performed with vapor at y, and the compression from y to the condensing 
pressure incurs a cost of energy. 
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FIGURE 6.53 
Retmning dischare liquid and vapor fmm defrosting coils to the intermediate pressure in a 
tw*stage system. 

In two-stage compression systems, the intermediate pressure is likely to  be 
lower than the setting of the pressureregulating valve. When those relative pres- 
sures prevail, many designers provide a separate pipe to return the discharged 
refrigerant from defrosting coils to the intermediatepressure intercooler/flash 
tank, as in Fig. 6.53, rather than to the low-pressure suction line. This arrange- 
ment improves the efficiency in several ways. Figure 6.52 shows the vapor a t  z 
only throttling down to the intermediate pressare, so the recompression from 
point y is avoided. The liquid at  point u is much warmer than the liquid in 
the separating vessel of Fig. 6.53, and would cancel some potential refrigeration. 
Instead, the liquid is dumped into the intercooler/flash tank where the liquid 
temperature is the saturation temperature qrresponding to the intermediate 
pressure, so less refrigeration is lost. 

If the refrigerant leaving the pressure-regulating valve is discharged to the 
intermediate pressure, it is recommended that a check valve be placed in series 
with the regulating valve, as shown in Fig. 6.54. This check valve prevents refrig- 
erant vapor from leaking back through the pressure- regulating valve when the 
evaporator is on the refrigeration cycle and operating at  a lower pressure than 
the intermediate pressure. 

A traditional question associated with the hot-gas defrost process is whether 
to take the defrost gas from the compressor discharge where it is superheated (as 
in Fig. 6.55a), or from the top of the liquid receiver where the gas is saturated 
(Fig. 6.55b). 

The superheated vapor has a higher temperature than saturated vapor, but 
this benefit may be canceled by the lower heat-transfer coefficient of the gas in 
comparison to the condensation coefficient. In a plant with screw compressors, 
the discharge gas already has been cooled. When the defrost gas is taken off the 
top of the receiver, gas is drawn through the condenser or through its equalizer 
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FIGURE 6.54 
Placing a check d v e  in eeriu with the pmxuu..regulsti  vdve when diecharging to interme- 
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FIGURE 6.55 
Source of defrost gas from (a) compressor discharge line, and (b) from the high-pressure liquid 
receivir. 

line uncondensed and supplemented with vapor flashed from the liquid in the 
receiver. When the liquid flashes into vapor, the liquid temperature drops. But' 
a potential benefit of extracting gas a t  this location is that the warm liquid 
provides some thermal storage to aid in supplying defrost gas if the amount 
being compressed is'in short supply. 

In developing the defrost plan, provision must be made for an adequate 
supply of defrost gas. An adequate supply is assured if several evaporators are 
refrigerating while one is being defrosted. A frequently used rule-of-thumb is that 
two evaporators should be in refrigeration service while one is defrosted. Some 
measurements of the flow of hot gas during defrostlg indicate that this rule is 
safe, and even conservative when the condensing temperature is maintained low, 
as discussed above. Another estimate of the heat required for defrosting is in 
the range of 63 t o  126 watts per m2 of heattransfer area (20 to 40 Btu/hr per 
ft2). The defrost of a large industrial coil may require 10 t o  15 minutes, but the 
defrost must continue longer because the frost that  has melted 8nd slipped down 



FIGURE 6.56 
A liquid drainer replacing the prasurc-regdating vdve to control the flow of nfrigerant con- 
densate from the coil during d e h t .  

to  the drain pan must be disposed of. This latter process may require another 
10 to  15 minutes. 

The pressure-regulating valve may introduce inefficiencies, as suggested 
by process z-y in Fig. 6.52. The sequence of events occurring in the pressure- 
regulating valve is likely to  be that only liquid refrigerant arrives a t  this valve 
in the initial minutes of defrost. As the coil becomes warm, the condensation 
rate decreases and vapor along with liquid enters the regulating valve. Because 
passing vapor through the valve is inefficient, another approach to  controlling 
the flow of condensed refrigerant is to  use a liquid drainer, as in Fig. 6.56. The 
liquid drainer is a float valve that opens to  allow liquid to pass, but closes when 
the liquid level drops. Also shown in Fig. 6.56 is a small vapor bypass to prevent 
vapor binding of the valve. The liquid drainer controls a different behavior of 
the pressure in the coil during defrost in comparison to  the pressure-regulating 
valve, The regulating valve allows the pressure in the coil to rise to  its pressure 
setting, where it remains. With the drainer, the pressure in the coil will continue 
to  rise until i t  nearly reaches the pressure of the incoming defrost gas. Equipping 
the coil with the bypass valve of Fig. 6.48 is particularly critical so that high 
coil pressure is not suddenly discharged into the suction line when the defrost 
terminates. 

6.24 PROCEDURES FOR A SAFE 
HOT-GAS DEFROST 

Because of the high incidence of damage in recent years t o  industrial refrigeration 
plants attributable to hot-gas defrosts, the recommended procedures are now 
more tightly prescribeda0. The critical times are a t  the initiation and a t  the 
termination of the defrost. The piping, valves and controls should be provided 
to  achieve the following sequence. 



Keep  defrost gas mains free of liquid. Even before any defrost steps - 
ciated with the coil begin, the condition of the refrigerant in the defrost gas 
main from the machine room to the various coib should be addressed. These 
lines may run through low-temperature spaces or even above the roof and 
may be cold at times of the year. The moderately high-pressure defrost gas is 
likely to continuously condense, and the resulting liquid can be troublesome 
when the defrost begins. These mains should be equipped with liquid traps 
(like the float drainer of Fig. 6.56) which continuously pass liquid to a low- 
pressure pipe or vessel. 

P u m p  out t h e  coil. Close the solenoid valve in the liquid refrigerant supply 
line to the coil. Keep the suction valve open and continue fan operation, 
which will boil liquid refrigerant out of the coil. 

Start defrost. Stop the fan, close the suction valve, and open the valve in 
the defrost line, preferably in stages. This is one of the crucial moments, 
because any retained liquid in the defrost maim that has not been purged 
and liquid remaining the coil after the pumpout can be propelled around 
the coil, resulting in possible damage. Two parallel valves, one small and 
the other capable of handling the total defrost gas flow, may be controlled 
so that the small one allows a low flow to  build up the pressure in the coil 
before opening the main valve. 

Comple te  t h e  defrost. Once the defrost is in progress, allow it to continue 
until all the defrost water has melted and as much as possible drained. Failure 
to  allow the pan to drain adequately will cause a progressive problem with 
the undrained water freezing in the pan when refrigeration resumes. On the 
next defrost the thickness of ice increases until it surrounds the lower tubes 
and possibly crushes them. Close the defrost gas valve. 

Slowly relieve t h e  pressure in t h e  coil. The bypass valve around the main 
suction valve, as shown in Fig. 6.48, is first opened to slowly bleed down 
the pressure so that high-velocity vapor does not rush into the liquid/vapor 
return line. A high flow rate of vapor could propel the liquid in the line 
against end caps, elbows or valves. Furthermore, high-temperature vapor 
contacting cold liquid could cause condensation shock which reverberates 
throughout the piping. The combination of the bypass and main valves is 
availablez1 in one body with the valve first opening to 10% of its capacity, 
then when the pressure differential has dropped to 150 kPa (22 psi) the main 
valve opens. 

O p e n  t h e  solenoid in t h e  liquid refrigerant supply line. When this valve 
is opened, the coil is once again refrigerating, but the fan is not yet started. 
The reason for the delay is to permit the coil to become cold and freeze 
droplets of water that cling to the surfaces during defrost. Were the fan 
started at this time, this water would be  blown off the coil and into the 
space or on product where it would quickly freeze. 

Res tore  f an  operation. This final step completes the defrost sequence. 



6.25 WATER DEFROST 

The second-most-popular method of defrosting industrial refrigeration coils is 
by spraying water on the coil, although the method is a distant second t o  the 
popularity of hot-gas defrost. Water is sprayed over the coil and the mixture of 
water and melted frost is collected by the drain pan and passed outside the re- 
frigerated space. There are some situations where water defrost is advantageous, 
and some where its use is not recommended. Spraying water on the coil when 
the objective is to remove water from the surface may seem incongruous, but the 
real goal is to  attack the frost which is on the outside surface of the coil, and 
water defrost meets this objective. 

Several advantages of water defrost in comparison t o  hot-gas defrost are: 
(1) inexpensive source of defrost medium, (2) short defrost time, and (3) pro- 
vides a cleaning action on the coil. Water defrost may be appropriate when the 
refrigeration system is dedicated to  only the coil(s) in question and the source of 
refrigerant vapor is limited for hot-gas defrost. Water defrost finds application in 
a variety of installations, including large low-temperature spaces, but one of the 
ideal applications is in a spiral freezer chamber operating in a production mode. 
In this application, the defrost must be rapid .in order to  return t o  production 
quickly. Furthermore, during the defrost and cleanup interval the temperature 
in the chamber usually rises above freezing temperatures, so the the presence of 
excessive water is not a problem. In a refrigerated warehouse, on the other hand, 
an increase of temperature in the refrigerated space is to  be avoided. 

Some design specifications and precautions surrounding water defrost22 are: 

the rate of defrost water should be between 1 to  1.36 L/s per m2 of coil face 
area (1-112 to  2 gpm per ft2 ). 
a water temperature of about 16OC (61°F) is an acceptable compromise. 
The higher the water temperature the more rapid will be the defrost, but  a 
high water temperature also results in excessive fogging in the neighborhood 
of the coil. The rate of vaporization of water into fog is controlled by the 
water vapor pressure which in turn is a function of the water temperature. 
Furthermore the water vapor pressure is 3-112 times higher a t  30°C (86OF) 
than it is a t  10°C (50°F). 
the rate of water t o  be discharged is tha t  of the melted frost plus the defrost 
water, so the quantity tha t  the drain pan-and drain lines must handle will 
be considerable more than with a coil defrosted by hot gas. 
the solenoid valve controlling the defrost water should be in a warm envi- 
ronment so that  the water line will not freeze. Also, from the position of this 
valve, the piping should be sloped so that  negligible water is retained in the 
line between the valve and the sprayheads a t  the coil. 
the pumpout phase t o  evacuate the coil of refrigerant first specified for hot- 
gas defrost is equally important for water defrost. 



6.26 ALUMINUM VERSUS STEEL 
COILS FOR AMMONIA 

Section 6.9 has already listed the most popular choices of materials of construc- 
tion for air coils, including copper tubes and aluminum fins for halocarbon coils 
and steel or aluminum for ammonia coils. Both all-steel galvanized coils and all- 
aluminum are widely used in industrial refrigeration and each has advantages 
and disadvantages. The early aluminum coils suffered bad publicity because of 
tubes and tube-bends rupturing, but aluminum coils manufactured today are 
more rugged than those of the past. The density of aluminum is one-third that 
of steel, which reflects directly on the weight of the coil and the strength of the 
required supporting members. The thermal conductivity of aluminum is 41/2 
to 5 times that of steel, so it is expected that an aluminum coil of given con- 
struction will transfer a greater rate of heat than a steel coil. The advantages 
and disadvantages of aluminum for air coils can be summarized as follows: 

Advantages of aluminum: 

lighter weight 
better heat transfer. While aluminum may possess five times the conductivity 
of steel, the influence of this factor applies only to heat transfer through the 
fins and through the tubes. The air-side and refrigerant-side heat-transfer 
coefficients dominate, so the favorable conductivity of aluminum results in a 
10-12% improvement in heat-transfer rate for a coil of given construction. 
less corrosive in acidic and dry SOz atmospheres13 (but see also disadvan- 
tages of aluminum) 
achieves more rapid defrost 

Disadvantages of aluminum: 

ability to handle stress and physical blows 
higher cost than galvanized steel 
more difficult to repair in the field 
more corrosive when subjected to chlorine in cleaning solutions and when in 
contact with calcium chloride brine 

6.27 DIRECT-EXPANSION AMMONIA 
COILS 

Some veteran industrial refrigeration practicioners will state flatly that direct 
expansion should never be used with ammonia. This absolute condemnation of 
direct expansion for ammonia air coils should be challenged, because some of 
the unsuccessful attempts of the past can be prevented by proper coil design. 
Furthermore, a direct-expansion coil operates with a relatively low refrigerant 
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quantity in the coil, and low-charge ammonia systems are the goal of safety- 
conscious designers. 

The term direct expansion is synonomous with the use of a superheat- 
controlled expansion valve, as shown in Fig. 6.9. Typical expansion valves of this 
type require as much as 7°C (12.6OF) to open completely. For low-temperature 
coils the temperature difference between entering air (which is the same tempera- 
ture of the space) and the refrigerant as listed in Table 6.7 are usually a maximum 
of 5.S°C (lO°F). Co~~sequently, there M not a temperature available that  is high 
enough to open the valve completely. This situation is different than for spaces 
above the freezing temperature, and certainly for air-conditioning where there 
are large air-terefrigerant temperature differences. A blanket statement, then, 
that direct expansion should not be used for low-temperature coils is normally 
good advice. 

But even for the potential application of direct expansion in above-freezing 
applications, the coil must be properly designed2'. Because of the high latent 
heat of ammonia, the flow rate to achieve a given refrigerating capacity will be 
low such that with the typical 314- or 1-in tubes the refrigerant velocity will 
be too low. The result of low velocity is that wavy and stratified flow results 
in which the heat-transfer coefficient is lower than when high velocities cause 
annular flow. A further requirement ia to construct the circuits long enough that 
a sufficiently high circuit loading results. Reference 24 recommends no larger 
than 518-in tubes and each circuit carrying a refrigeration load of a t  least 7 kW 
(2 tons of refrigeration). 

Another development that should be watched because of its pertinence to 
ammonia direct expansion is the availability of oils mutually soluble in ammonia. 
The coil could then operate in a manner similar to  halocarbon installations where 
a sufficiently high velocity of the vapor leaving the evaporator carries oil back to 
the compressor. 

6.28 ANTIFREEZESPRAYED COILS 

An approach to controlling frost on low-temperature coils is to spray the coil 
with an antifreeze, such as ethylene glycol or propylene glycol. A characteristic 
of this equipment is that it generally provides a higher ratio of latent-to-sensible 
heat removal from the air than is true of a nonsprayed coil. The 
which can maintain a continuous operation is shown schematically in Fig. 6.57. 

The glycol solution is sprayed on the surfaces of the evaporator to keep the 
coil free of frost. The air passing in contact with both the sprays and the evap- 
orator surfaces is cooled and dehumidified. The glycol solution absorbs water, 
so a fraction of it is circulated to the regenerator to drive off the moisture. An 
alternate is to operate the regenerator intermittently. The regeneration of the 
glycol is accomplished by spraying the solution over a heating coil through which 
scavenging air, usually from the outdoors, passes. A property of glycollwater so- 
lutions is that the water-vapor pressure at a given liquid temperature is less than 
that of water alonez8. The consequence of this property can be demonstrated on 
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FIGURE 6.57 
Schematic diagram of equipment that sprays the evaporator coil with a glycol ~ l u t i o n  while 
simulhneously regenerating the solution. 

the psychrometric chart, Fig. 6.58, where the water-vapor pressure is chosen as 
the vertical scale. 

A curve for the vapor pressure versus the liquid temperature of a 50%by- 
mass solution of ethylene-glycol is superimposed on this psychrometric chart. 
The straight-line law holds for the air in contact with the glycol solution in the 
same manner as for an unsprayed coil. For the unsprayed coil, the path of air is A, 
while the air passing in contact with the glycol solution follows path B. Because 
the vapor pressure of the glycol solution a t  a given temperature is lower than 
that of the water or frost on the unsprayed coil, path B is steeper than path A, 
which results in a greater amount of dehumidification. The freezing temperature 
of this solution is -36OC (-32OF), so no frost will form on the coil as long as 
the coil surfaces are above this temperature. 

The advantages of the sprayed coil over the unsprayed coil in subfreezing 
temperatures are: 

no need to shut down for defrost 
energy expenditure of hotgas or water defrost is eliminated 
high latent heat removal when excessive humidity is a problem 
glycol provides a germicidal benefit, eliminating many bacteria, molds, and 
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FIGURE 6.58 
Condition of air driving according to the straight-line law to the surface tempmatun of an 
unsprayed coil (path A),  and to the saturation curve of a glycol llolution (path B). 

other microorganisms. 

The disadvantages are: 

higher first cost 
parasitic energy effects of the warm solution returning from the regenerator 
the additional operating cost of the pump and extra fan. 

PART 111. LIQUID CHILLERS 

6.20 SHELL-AND-TUBE 
EVAPORATORS 

In shell-and-tube evaporators the boiling refrigerant chills a liquid such as wa- 
ter or a brine/antifreeze. Some of the major forms of construction include: (1) 
refrigerant boiling in the tubes chilling in the shell the liquid flowing across the 



tube bundle with its direction repeatedly reversed by b d e s ,  and (2) refrigerant 
boiling in the shell surrounding the tubes through which the liquid passes. 
Refr igerant  in tubes .  Most water chillers using halocarbon refrigerants vapor- 
ize the refrigerant in the tubes using a superheat-control expansion valve and 
are thus direct expansion. An exception in the air-conditioning industry are the 
water chilling packages using centrifugal compressor. The refrigerant boils in the 
shell in these evaporators because excessive drops in pressure would result were 
the low-density refrigerant vapor to be sent through the tubes. In industrial re- 
frigeration systems the circuits could be arranged for forced liquid overfeed or 
could be operated flooded using a surge drum. 
Refr igerant  i n  shell. Probably the most popular type of liquid-chilling evape  
rator in industrial refrigeration practice directs the liquid to be chilled through 
the tubes which are surrounded by the boiling refrigerant in the shell. These heat 
exchangers are usually called flooded chillers. Whenever the refrigerant boils in 
the shell there must be some way of separating the liquid from the vapor before 
the vapor leaves the evaporator and passes on to the compressor. Two approaches 
to achieving the liquid-vapor separation are shown in Fig. 6.59 and Fig. 6.60. In 
the liquid chiller of Fig. 6.59 the tubes do not fill the shell volume, but there 
is separation space left at the top of the shell. The level-control valve regulates 
the flow of liquid refrigerant to the bottom of the vessel. When ammonia is the 
refrigerant an oil pot is provided which is periodically drained of the oil that 
collects there. Another approach to  separation is shown in Fig. 6.60 where a 
small vessel is mounted above the shell of the-main evaporator, which now has 
all of its internal volume occupied by tubes. This design is used for brine chillers 
serving ice rinks as well as for many other brinechilling applications. 

The design of liquid chillers is a technical specialty not addressed here. 
Instead, this section emphasizes the concerns of one who selects and operates 
liquid chillers. As the required temperature of the liquid being chilled drops, a 
number of changes occur-all of them bad. The regrettable result is often the 
inability to chill the liquid to the required temperature. Such a failure is caused 
by the degradation of the heat-transfer coefficients, both of the refrigerant and 
the fluid being chilled, especially in the case of brines and antifreezes. 

The total resistance to heat transfer, Rtorar, of the chiller is the sum of the 
individual resistances, 

where h = heat-transfer coefficient, W/m2.K (~tu/hr . f t~ .OF) 
A = heat-transfer area, m2 (ft2), with subscript o indicating 

the outside and i the inside area 
Equation 6.14 implies that the refrigerant is in the shell and liquid flows in 

the tubes. For the tubeside coefficient a standard equation is 



FIGURE 6.59 
A shell-and-tube evaporator with refrigerant in the hell and in which separation space is 
provided above the tubes. 

FIGURE 6.60 
A hell-and-tube evaporator with h g e r a n t  in the she! and an auxiliary vcseel above the main 
evaporator to facilitate separation of liquid and vapor. 
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Boiling coefficient, W/m% K 

FIGURE 6.61 
Heat-transfer coefficient for pool boiling from a horiurntd cylinder. 

where D = diameter of tube, m (ft) 
. . k = thermal conductivity, W/rn.OC (Btu/hr-fteOF) 

V = velocity, m/s (ft/s) 
p = density, kg/m3 (Ib/ft3) 
p = viscosity, Pa-s (Ib/ft-s) 

cp = specific heat, J/kg.OC (Btu/lb.OF) 

An estimate of the boiling coefficient of the refrigerant on the outside of 
the tubes is provided by the graph2' in Fig: 6.61. Both for the liquid heat- 
transfer coefficient inside the tubes and for the boiling heat-transfer coefficient 
of the refrigerant outside the tubes the heat-transfer coefficients drop as the 
temperature drops. 

Example 6.6. An evaporator chilling ethylene glycol to -S0C (23OF) using a 
20% solution (freezing temperature of -lO°C (l l°F))  is to be revised to chill 
the glycol to -lS°C (S°F) for which it is necessary to increase the strength 
of the solution to 40% (freezing temperature of -26'C (-15OF)). Meanwhile 
the evaporating temperature of the ammonia refrigerant is to be dropped from 
-lO°C (14'F) to -2S°C (-13OF). What is the effect of these changes on the 
heat-transfer coeffiaents inside and outside the tubes? 

Solution. Table 6.10 shows property data from Chapter 20 on secondary coolants 
for the temperatures and concentrations of the ethylene glycol solution before and 



TABLE 6.10 
Effect on the vkosity, specific heat, and thermal conductivity of changing the 
temperature and concentration of ethylene glycol mlution in Example 6.6. 

after the change. When these changed values are substituted into Eq. 6.15, 

(0.W36)" (3.33)'.' (0.38)O.~ = 
Ratio of new h ~ , ~ , , i  tO original = - - - 0 010 3.73 0.46 

T h d  conductivity 
W/m-K (Btu/hr-ftaeF) 

0.46 (0.266) 
0.38 (0.220) 

The revised liquid-side heattransfer coefficient is thus 59% of the original. 
Using Fig. 6.61 for the refrigerantside coefficient requires specification of 

a heat flux which we assume to be 10 kW/m2 (3170 Btu/hr.ft2). The saturation 
pressure drops from 290 kPa to 151 kPa (42.1 to 21.9 psia), so the ammonia-side 
heat transfer coefficient drops from 1870 W/rn2.K to 1700 W/rn2.K (329 to 300 
~tu/hr . f t~ .hr) .  

Sp&c heat 
kJ/kg-K (Btu/lba°F) 

3.73 (0.89) 
3.33 (0.79) 

Temperature and 
and stnngth 
-sOc (230~) ,  20% 

-1!i0C (S0F). 40% 

Equations 6.14 and 6.15 along with Fig. 6.61 can be used by the designer 
or purchaser to  estimate the size of a liquid chiller, although it is ultimately the 
manufacturer of the heat exchanger who is responsible, since the manufacturer 
is versed in the specialties of heat-exchanger design. 

Vkw6ity 
Pws (ccntipoiu) 

0.0036 (3.6) 
0.010 (10.0) 

6.30. SPRAYED TUBE LIQUID 
CHILLERS 

In the concept of spray chillers, as shown schematically in Fig. 6.62, rather 
than immersing the tubes in liquid as is done in the conventional shell-and-tube 
evaporator, liquid refrigerant from a circulating pump is sprayed over the tubes. 
The operating level of the liquid refrigerant i n  the evaporator is maintained 
below the bottom tubes. The idea of sprayed-tube evaporators is not new, and 
even though the overall heattransfer coefficient of the. sprayed-tube evaporator 
usually exceeds that  of the flooded type, the additional complexity of the pump 
and spray assembly usually dissuaded designers from choosing them. In recent 
years, however, another strength of the spray-tube evaporator has emerged in 
importance, and that  feature is the low refrigerant charge required. 

The improvement in heattransfer coef6cient in comparison to a flooded 
evaporator occurs because the sprayed tube permits easy escape of the vapor 
bubbles, which once they form, insulate the heat-transfer surface. In fact, there 
is an  optimum circulation rate in the sprayed-tube evaporator that  yields the 
maximum boiling coefficient. When the flow rate is too high, the liquid film 
becomes thick and insulates the tubes. When the flow rate is too low some of the 
tube surfaces do not become wetted. A typical circulation rate30 is 5 times the 



circulating 

FIGURE 6.62 
A sprayed-tube liquid chiller. 

rate evaporated. The pump adds a small amount to the power cost, and if the 
pump fails, the evaporator is essentially out of operation. Often a reserve pump 
becomes part of the unit. 

Reducing the refrigerant charge is an objkctive either from the standpoint 
of cost in the case of halocarbon refrigerants or for purposes of safety in the case 
of ammonia. As a comparison30, a flooded chiller with a refrigerating capacity 
of 1407 kW (400 tons of refrigeration) would require an ammonia charge of 5900 
kg (13,000 lb), while the sprayed-tube evaporator would require only 159 kg 
(350 lb). The liquid leg that provides an adequate static head to the pump inlet 
contains much of the refrigerant charge. 

6.31 PLATE-TYPE EVAPORATORS 

The plate-type of evaporator is the version of liquid chiller gaining most rapidly 
in popularity. I t  is an outgrowth of the plafe-and-frame heat exchanger which has 
been applied in the food industry for many decades. The plate-and-frame heat 
exchanger consists of numerous plates that are gasketed in such a way that when 
these plates are bolted together one of the fluids flows between two of the plates 
and the other fluid between the pairs of adjacent plates. The plates are corru- 
gated with a herringbone pattern that physically strengthens the plates and also 
promotes turbulence of the fluids, providing excellent convection heat-transfer 
coefficients. This type of heat exchanger is appealing to  such food industries as 
dairies because a t  the end of a work shift the bolts holding the plates in position 



FIGURE 6.63 
A plate-type liquid-chilling evaporator. 

can be loosened, permitting access to all surfaces for cleaning. 
The conversion of the plate-and-frame heat exchanger transferring heat 

between two liquids poses the challenge of how to seal the refrigerant passages. 
This goal is achieved by a construction shown in Fig. 6.63 where instead of each 
plate capable of being separated, pairs of plates forming the refrigerant paasages 
are brazed or welded. For halocarbon refrigerants, normal brazing of the edges 
suffices, but for ammonia either nickel brazing or welding is necessary. The liquid 
flows downward between its two boundary plates, while the refrigerant flows 
upward, thus, counterflow to the liquid. The refrigerant enters the evaporator 
a t  the lower right, with a portion of the refrigerant flowing upward through the 
first pair of refrigerant plates and the remainder passing on to succeeding pairs. 
At the end refrigerant pair on the left of the diagram, the near plate is shown 
in an exploded view to illustrate the refrigerant flowing upward. Each stream of 
refrigerant leaves its pair a t  the upper right and joins the streams from the other 
pairs, finally leaving the evaporator in the upper right corner. The construction 
illustrated in Fig. 6.63 has a confined gasketed passage between one refrigerant 
pair and another, so while the edges of the plates are welded, there is a small 
gasketed joint. 

The outside boundary of the liquid passages are the outside of the refrig- 
erant pair. Some small plate-type evaporators for halocarbon refrigerants are 
manufacturered without gaskets by brazing all the connections. Industrial evap  



orators, which are usually larger, are made by bolting together the refrigerant 
pairs. It is possible, then, to dismantle the evaporator to clean the liquid-side 
surfaces should they become fouled. Such dismantling means that the refrigerant 
passages are also opened to air, eo the refrigerant must first be evacuated. 

The major strengths of the plate-type evaporator are: (1) high heabtransfer 
coefficients, (2) low refrigerant charge, and (3) s m d  size. These advantages 
are related, because whenever the h e a b t r d e r  coefficient can be improved, 
the heat exchanger can be smaller for a given refrigerating capacity. A small 
exchanger automatically results in lower refrigerant charge. Ranges of overall 
heabtransfer coefficients are reported by one source3' as 2500 to 4500 W/m2.K 
(440 to 790 Btu/hr.ft2-OF) for water/ammonia and 1500 to 3000 W/m2-K (265 
to 530 Btu/hr.ft2."F) for water/R-22. Another eaurce3' suggesta values for a 
flooded or recirculated waterlammonia evaporator of 2840 to 3975 Wl2.K (500 
to 700 Btu/hr.ft2.0F). For direcbexpansion ammonia, an overall heat-transfer 
coefficient can be expected in the range of 2275 to 3400 W/m2-K (400 to 600 
Btu/hr.ft2.OF). 

The three major types of refrigerant feed-direct expansion, flooded with 
surge drum, and forced liquid overfeed-are all used with this type of evaporator. 
Flooded and liquid overfeed usually function more effectively, but the direct- 
expansion arrangement is simplest. A difficulty with direct expansion is achieving 
uniform flow distribution to each of the refrigerant passages. 
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CHAPTER 

CONDENSERS 

7.1 TYPES OF CONDENSERS USED 
IN INDUSTRIAL REFRIGERATION 

The three main types of condensers used in general refrigeration systems are: 

air-cooled 
water-cooled 
evaporative 

All of these serve the industrial refrigeration field as well. In compari- 
son to the air-conditioning industry, however, a lower percentage of air-cooled 
condensers and a higher percentage of evaporative condensers are operating in 
industrial refrigeration plants. In industrial refrigeration practice, i t  is common 
to  connect the evaporative condensers in parallel-a concept not normally-used 
in air conditioning. 

The three types of condensers are shown schematically in Fig. 7. la,  7.lb, 
and 7 .1~ .  The air-cooled condenser in Fig. 7. la condenses refrigerant vapor by 
rejecting heat to ambient air blown over the finned condenser coil with the aid 
of a fan, usually a propeller type. 

Most all water-cooled condensers (Fig. 7.lb) condense refrigerant in the 
shell and on the outside of tubes through which water passes. The condenser 
cooling water picks up heat in passing through the condenser and this warm , 
water is cooled by circulating through a cooling tower (Section 7.6). While 





















































































































































Thus, if the liquid flow rate is to  be 3 kg/s (400 lb/rnin) and 100 kPa (14.5 
psi) is reserved for the pipe and fittings, the trial pipe size would be 1.40 or 1-112 
inch. 

Computing the system pressure drop. Knowledge of the pressure drop 
t o  be experienced in the liquid distribution system is required for selection of 
the pump. The components and geometry that  contribute to the pressure drop 
include: 

straight pipe 

elbows, tees, and reducing fittings 

open shutoff valves 

balancing valves 

overcoming the head if the evaporators are a t  a higher elevation than the 
liquid level in the low-pressure receiver 

coil 
liquid/vapor return line 

back-pressure regulators on any evaporators 

Chapter 9 on piping provides instructions on how to  compute the pressure 
drop in straight pipe and fittings. Manufacturers' da ta  are available to  compute 
the pressure drop in open shutoff valves. The balancing valves, which many 
practitioners call expansion valves, should initially be partially closed in order to  
be able to  open more if the liquid supply to  the coil is inadequate. A reasonable 
estimate for the pressure drop through the balancing valves is between 35 and 
70 kPa (5 to 10 psi). 

Equations 8.4 and 8.5 may be used to  compute the pressure difference 
associated with the rise in elevation of a line. In many closed liquid-pumping 
systems it is not necessary to  compensate for the rise in elevation, because when 
the piping rises a t  one place it will drop somewhere else. The  refrigeration system 
is different, however, when the liquid must be pumped up to an evaporator 
and this difference in pressure is not recovered in the liquid/vapor suction line. 
Some practicioners indulge in a philosopical debate as t o  whether the pump 
force provides all the impetus for the movement of refrigerant, or whether the 
compressor is also.drawing vapor and thus assisting the circulation. I t  would 
appear, however, that the pump is responsible for the refrigerant from the liquid 
level in the low-pressure receiver and back to  that  point. 

Sometimes one or more evaporators in a medium-temperature recircula- 
tion system are equipped with back-pressure regulators or evaporator-pressure 
regulators, as shown in Figure 8.24. This regulator prevents the pressure and 
temperature in the evaporator from falling so low that  products would be dam- 
aged or that  frost would form on the coil requiring defrost provisions. If the 
temperature of the low-pressure receiver and that of most of the evaporators is 
2°C (35.6OF), but an evaporator-pressure regulator holds one evaporator a t  5°C 
(41°F), the pressure in that evaporator will be, for ammonia, 53.3 kPa (7.7 psi) 



P 1 G U U  8.24 
A evaporator equipped with a pressure regulator will require additiond pump pressure to be 
supplied with refrigerant. 

higher than the other evaporators. Unless the pump has been chosen to  pro- 
vide this excess pressure, the evaporator with the pressure regulator will not be 
supplied with refrigerant. 

Selecting the pump. The two numbers needed to  select the pump from 
a manufacturer's catalog are the flow rate and the pressure rise. Section 8.9 and 
Fig. 8.18 emphasized that the design point should be a t  the high-pressure part 
of the curve, rather than to the far right. For a given rotative speed, for example, 
1800 rpm, the impeller diameter controls the pressure difference that the pump 
can develop, and the width of the impeller passages regulates the flow rate. Both 
of these influences are embodied in the pump performance curves. 

8.13 PUMPING LIQUID 
REFRIGERANT WITH GAS 
PRESSURE--THE TWO-PUMPING 
VESSEL SYSTEM - 
As an alternative to  mechanical pumps, liquid refrigerant may be circulated 
by means of gas pressure. There are several different concepts and methods of 
control in industrial use, but a common element is a pumping vessel held a t  
low pressure during the portion of the cycle in which liquid drains from the 
low-pressure receiver, and is then subjected to high-pressure vapor to deliver the 
liquid. Both the J .  E. Watkins and H. A. Phillips organizations were influential in 
developing gas pumping systems in the United States. Two gas-pumping concepts 
used in industrial practice will first be explained-the two-pumper drum system 
and the controlled-pressure receiver system. The controlled- pressure receiver is 
the most popular although the two-drum concept is also widely used. After the 



Liquid and vapor 

FIGURE 8.25 
A gas-pumping system using two pumping vessels. 

principles of these two systems are explained, an  analysis of the pumping energy 
of gas pumping and mechanical pumping will be conducted. The advantages and 
disadvantages of gas pumping with respect to mechanical pumping will finally 
be explored. 

In the two-pumper system of Figure 8.25, high-pressure vapor is imposed 
on one vessel while the other is filling. The  functions of the two vessels then 
reverse. The  switching operation is achieved through the use of two Sway  valves, 
Valve A and Valve B. The common ports of the valves are connected to  their 
respective pumping vessel. While Valve A is positioned t o  connect the vent t o  the 
common port, Valve B allows high-pressure vapor to its pumping vessel. During 
this portion of the cycle, liquid from Vessel B is forced t o  the evaporators, and 
liquid drains from the low-pressure receiver to  Vessel A. 

To  control the switching operation, it would be possible to sense the  liquid 
levels in the pumping vessels, switching the positions of Valves A and B when the 
level drops t o  a low point in the vessel being emptied and/or rises to  a high level 
in the vessel being filled. Instead, in gas pumping facilities such as this, a timer 



usually controls the switching operation. Time durations of two minutes for each 
of the modes of operation are typical. After deciding upon the pump/drain time, 
the pumping vessels can be sized to comfortably contain the maximum volume 
of liquid pumped from one vessel and drained into the other during the time 
increment. The maximum flow rate will generally occur when the evaporators are 
demanding the highest rate of refrigerant flow. The pressure of the pumping gas 
significantly affects the rate of liquid delivery, so for low-temperature evaporators 
in a two-stage system, vapor at  the intermediate pressure should be chosen for 
the pumping gas. The intermediate pressure is likely to  hold quite constant. The 
pumping gas for a recirculation system operating a t  the intermediate pressure 
uses gas a t  the condensing pressure, and since this pressure may vary widely, 
one approach is to  maintain a constant pressure using a downstream pressure 
regulator in the high-pressure vapor line. 

8.14 GAS PUMPING-THE 
CONTROLLED-PRESSURE RECEIVER 

What is probably the most popular of the gas-pumping arrangements uses a 
controlled-pressure receiver (CPR), one version of which is shown schematically 
in Fig. 8.26. A key concept is that  the receiver. no longer operates a t  essentially 
the condensing pressure, but is maintained at  a lower pressure, the controlled 
pressure, with a saturation temperature of approximately 15°C (59°F). Liquid 
from the condenser flows through a float valve which allows only liquid t o  pass 
and also drops the pressure from the condensing pressure to that  of the CPR.  
The desired pressure in the CPR is maintained by the pressure-regulating valve 
which vents t o  the low-pressure receiver. Since essentially saturated liquid enters 
the float valve, some of the liquid flashes t o  vapor, and this vapor passes through 
the pressure regulator t o  the low-pressure receiver. 

Liquid from the C P R  flows to  the evaporators in a quantity that  overfeeds 
all the coils, and the liquid/vapor from these evaporators returns to the low- 
pressure receiver. The vapor is drawn out by the compressor, and the liquid 
drains to  the pumping vessel. During the draining process the three-way valve 
connects the pumping vessel to  the low-pressure receiver, allowing gas t o  vent 
from the pumping vessel. Check valve Ckv A prevents higher-pressure gas from 
the CPR from flowing into the pumping vessel while draining of liquid is taking 
place. 

After the pumping vessel has accumulated some liquid, the three-way valve 
shifts its status t o  allow high-pressure discharge gas t o  enter the pumping vessel, 
forcing liquid through Ckv A into the CPR. Check valve Ckv B prevents access 
of the pressure of the pumping vessel into the low-pressure receiver. When the 
transitions between pumping and draining are controlled by a timer, less liquid 
accumulates in the pumping vessel during draining when the refrigeration capac- 
ity and refrigerant flow rate through the evaporators are low. If the transitions 
are controlled by the liquid level in the pumping vessel, the cycle time shortens 
a t  high rates of liquid transfer. 



FIGURE 8.26 
Liquid recirculation by gas pumping using a controlled-pressure receiver. 

The CPR recirculation system shown in Figure 8.26 serves a single-stage 
plant. The C P R  concept is adaptable to twestage systems as well, and a typical 
flow diagram is shown in Figure 8.27. The main vessels are the CPR, the flash- 
tank/intercooler, the low-pressure receiver, and two pumping vessels. The CPR 
feeds the intermediate-temperature evaporators and the intercooler supplies the 
low-temperature evaporators. The system incorporates three pressure regulators 
with Regulator A feeding high-pressure vapor to the C P R  if its pressure drops, 
and Regulator C venting vapor to the intercooler if the CPR pressure rises too 
high. Regulator B provides high enough pressure to the high-pressure pumping 
vessel to force liquid into the CPR. The liquid level is not controlled in the 
intercooler, so the option is not available to bubble discharge vapor from the 
low-stage compressor through liquid for desuperheating. 

8.15 ENERGY ANALYSIS OF GAS 
PUMPING 

The comparison of mechanical pumping and gas pumping that will be presented 
in Section 8.16 will contend that greater mechanical energy must be expended 
in a gas-pumping system than in a system with mechanical pumps. While the 
overall merits of gas pumping and mechanical pumping are debated endlessly, 



FIGURE 8.27 
A two-stage system operating with controlled pressure receivers. 

TABLE 8.2 
Organization of a two-stage CPR recirculation system. 

Function 

Typical temperatures 

with low-pressure 

receiver at -33OC (-28OF) 

Control of premure 

Source of gas for 

pumping vessel 

Destination of liquid 

from pumping vessel 

For high stage 

CPR at lS°C 

(5g°F) 

CPR, source from compressor, 
vent to intercooler 

High-stage compressor 

High-stage CPR 

For low stage 

Flash-tank/intercooler 

operating at, for example, 

-lO°C (14OF) 

Intercooler, by 

compressor capacities 

High-stage CPR 

Flash-tankfintercooler 
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FIGURE 8.28 
Energy analysis of pumping a quantity of liquid to a higher press- using ga9 pumping. 

there seems to be general agreement that gas pumping requires more power 
than mechanical pumping. A brief analysis follows to demonstrate not only the 
comparative power, but illustrates several of the factors that  influence the power 
when gas pumping is employed. 

The analysis will focus on the delivery of a given quantity of liquid a t  low 
pressure to a higher pressure in an arrangement as shown in Figure 8.28. The 
assignment is to  elevate the pressure of a liquid volume VB from that  of the 
low-pressure receiver to  that needed to  deliver the liquid to  the evaporators. In 
Figure 8.28, liquid drains from the low-pressure receiver t o  the pumping vessel 
until only a vapor volume of VA remains in the pumping vessel. At this point the 
three-way valve switches, allowing high-pressure vapor to begin forcing liquid 
out of the pumping vessel. When the liquid level has been reduced to  the lower 
dashed line, the three-way valve reverses and t h e  vapor a t  high pressure vents 
into the upper vessel. Liquid can then once again drain from the low-pressure 
receiver to  the pumping vessel. None of the energy of the high-pressure vapor is 
recovered, and the pumping energy for the cycle is that  required to  elevate the 
low-pressure vapor back to that of the high-pressure pumping gas. The  analysis 
tha t  follows will determine the energy required to  pump a liquid volume VB. The 
mass of vapor used to  pump liquid volume VB is: 

The  mass of high-pressure vapor used for pumping is: 

Mass of high-pressure vapor occupying VA + VB = (VA + V.)php less the mass in 
VA + VB following venting, (VA + VB)plp. Thus the mass of high-pressure vapor 
required is: 



Mass of pumping vapor = (b + b)(php - pip) 

where php = density of high-pressure vapor, kg/m3 (lb/ft3) 
pip = density of low-pressure vapor, kg/m3 (Ib/ft3) 

The energy required to pump liquid volume VB is, thus 

where Ah = work of compression, U/kg (Btu/lb) 
To bring the comparative costs into better focus, a specific case will be explored. 

Example 8.1. Compute the energy required to pump a volume VB in an am- 
monia system whose evaporators and low-pressure receiver operate a t  -26°C 
(-lS°F), which corresponds to a pressure of 145.1 kPa (21 psia) if the liquid 
must be elevated in pressure at  least 200 kPa (29 psi). Compare the energy re- 
quirements when pumping by the following methods: 

(a) mechanical pumping just meeting the pressure rise of 200 kPa (29 psi). 
(b) gas pumping using pumping gas from the high-pressure receiver at  a 

saturation temperature of 28'C (82.4'F), corresponding to a pressure of 1100 
kPa (159.5. psia). 

(c) gas pumping using pumping gas from an  intercooler a t  a saturation 
temperature of -2'C (28.4'F) corresponding to a pressure of 399 kPa (57.9 psia). 

Solution. Assume that the motors driving the pump and compressor both have 
efficiencies of 90%, that the efficiency of the- compressor is 75% and that of the 
liquid pump is 45%. 

(a). Mechanical pump. The specified pressure rise of 200 kPa (29 psi) is 
typical for a liquid recirculation system. The energy required by the mechanical 
pump to elevate the pressure of a volume VB by 200 kPa (29 psi) is: 

energy = (200 kPa)(Vb m3) = 2 0 0 V ~  kJ with VB in m3 

or 
= (29 lb/in2)(144 in2/ft2)(VB ft3) 
= 4176(VB ft3) ft-lb = 5.37VB Btu with vB in ft3 

Applying the motor and pump efficiencies, 
energy = (200)(Ve m3)/[(0.90)(0.45)] = 4941VB m3) k~ = 13.3(V~ ft3) ~ t u .  
This calculation of energy does not include an allowance for liquid bypass, as was 
discussed in Sec. 8.8. 

(b). Pumping with gas from the high-pressure receiver. 
Vapor densities: 

high pressure, 1/0.1171 = 8.54 kg/m3 (0.533 Ib/ft3) 
low pressure, 1/0.804 = 1.24 kg/m3 (0.776 Ib/ft3 

The mass of vapor to  be compressed is: 
(8.54 - 1.24)(V~ + VB) = 7.3(V,4 + VB m3) lb 

(0.533 - 0.0776)(V~ + VB) = 0.4554(V~ + VB it3) lb 
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The isentropic work of compression between 145 and 1100 kPa (21 and 159.5 
psia) is: 

1735 - 1429 kJ/kg = 306 kJ/kg (131.5 Btu/lb) 
which becomes, after inclusion of motor and compressor efficiency 

(306 kJ/kg)/[(0.90)(0.75)] = 453 kJ/kg (195 Btu/lb) 
so the work to  pump V. is: 

7 . 3 ( V ~  + VB m3)(453 kJ/kg) = 3307(VA + VB m3) kJ 
= 88.7(V~ + VB ft3) Btu 

c. Pumping with gas from the intercooler. 
Use the same procedure as in part b except that the density of the high-pressure 
pumping gas is 3.223 kg/m3 (0.201 lb/ft3) and the ideal work of compression be- 
tween pressure of 145 and 400 kPa (21 and 58 psia) is 135 kJ/kg (58.0 Btuflb). 
Including the efficiencies, the work t o  pump VB is: 

Some conclusions can be drawn from the three results in Example 8.1: 

The pumping power of the mechanical pump is proportional to VB while 
that of gas pumping is proportional to (VB + VA).  Thus the volume in the 
pumping vessel above the maximum liquid elevation must be filled with high- 
pressure vapor and then emptied with each cycle. Volume VA should thus 
be kept to  a minimum that still provides a vapor cushion in the pumping 
vessel. 
Another observation is the sensitivity of gas pumping to the pressure of 
the pumping gas. The pumping work is reduced by a factor of 8 by using 
intermediate-pressure pumping gas compared to that a t  the condensing pres- 
sure. The intermediate-pressure vapor in this case could generate a pressure 
difference of 400 - 145 = 255 kPa (37 psi) on the liquid. A pressure difference 
of 200 kPa (29 psi) was specified for the mechanical pump, so if intermediate- 
pressure vapor is available and its pressure is high enough, the efficiency of 
the pumping process could be essentially the same as mechanical pumping, 
except for the burden of VA. 

When the only practical source of pumping gas is a t  a high pressure, 
some improvement in efficiency can be achieved by passing this high-pressure 
pumping gas through a pressure-regulating valve that  reduces the pressure 
in the pumping vessel. The benefit derives from the fact that the pressure 
in the pumping vessel is lower after expelling the liquid from the pumping 
vessel. Thus, the mass of refrigerant venting to  the low-pressure receiver and 
compressed back to  high-pressure is reduced. 
If the readily available source of pumping gas is just slightly higher than 
needed for the pumped liquid, the pumping power is the same order of mag- 
nitude as with mechanical pumping. The additional power required to me- 
chanically pump the bypass liquid and the parasitic effect of VA somewhat 
cancel one another. On the other hand, if high-pressure vapor is the only 
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source of pumping gas, the energy required by gas pumping will far exceed 
that of mechanical pumping. 

There is, however, another loss associated with gas pumping that must be 
charged, and this loss is occasioned by the warm vapor heating the cold liquid 
and the walls of the pumping vessel. The magnitude of this loss is difficult to 
estimate, but some experimental results15 suggest an order of magnitude. This 
research showed a temperature stratification in the liquid in the pumping vessel 
with the liquid close to the liquid-vapor surface being warmed to  essentially the 
same temperature as the saturation temperature of the pumping gas. The tem- 
perature of the liquid in the lower section of VB was essentially unaffected. An 
order of magnitude of 10% of the liquid was elevated in temperature, which has 
the net effect of decreasing the refrigerating effect of each unit mass delivered to 
the evaporators. Comparative refrigerating effects would be: 

no liquid heating: 1429 - 81.5 = 1347.5 kJ/kg (579 Btu/lb) 
heating of 10% to  -2OC: 1429 - 92 = 1337 kJ/kg (575 Btu/lb) 
heating of 10% to  28OC: 1429 - 107 = 1322 kJ/kg (568 Btu/lb) 

The reduction in refrigerating effect is only several percent, but it applies to  all 
the liquid pumped, not only that which evaporates, so this loss is approximately 
10%. 

Usually the amount of time that high-pressure gas is applied to the liquid 
will be greater in the concept of Figure 8.25 where gas is continuously imposed 
on one or the other pumping vessels. In the controlled-pressure receiver systems 
of Figsures 8.26 and 8.27 the pumping process is only intermittent, so this system 
is less subject to the gas heating loss. 

All the foregoing may be summarized by estimating that the cost of gas 
pumping may be 50% to 100% higher than mechanical pumping, if low-pressure 
pumping vapor is available and yet is high enough in pressure to provide the 
needed liquid pressure to the evaporators. The designer and plant manager 
must weigh this additional pumping cost against potential advantages of the 
gas-pumping system. 

8.16 RELATIVE MERITS O F  GAS AND 
MECHANICAL PUMPING 

While the first cost of the two systems are usually considered about equal, the 
gas- and mechanical-pumping systems have advantages and disadvantages. 
Advantages of t h e  gas-pumping sys tem 

lower repair costs 

lesser potential for refrigerant leak 
no rigid requirements for NPSH 

Advantages of t h e  mechanical p u m p  sys tem 
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usually lower pumping energy requirements 
no parasitic losses due to leaking threeway and check valves 
greater flexibility in changing pressures and flow rates of liquid delivered 
less space requirements 

Even though logical points can be cited as advantages of one system over 
the other, the personal preference of the designer or owner continues t o  be an im- 
portant factor in the choice. This reason may appear trivial, but when a designer 
or operator has the experience t o  operate one or the other system successfully, 
there is a persuasive reason for choosing that  system on the next project. 

8.17 WHEN TO CHOOSE LIQUID 
RECIRCULATION 

The advantages and disadvantages of liquid recirculation were listed in Sec- 
tion 8.3. Liquid recirculation competes against flooded-coil evaporators and di- 
rect expansion. The advantages of liquid recirculation become dominant in low- 
temperature installations and where there are multiple evaporators, particularly 
if they are located some distance from the machine room. In a two-stage sys- 
tem, the low-temperature evaporators might be served by a liquid recircula- 
tion system, and the intemediate-temperature evaporators may operate in direct 
expansion. I t  is also possible to install liquid recirculation on the intermediate 
temperature evaporators with the Aash-tank/intercooler serving as the low-pressure 
receiver. 

in addition t o  low-temperature applications where liquid recirculation now 
predominates, the concept may have advantages in higher-temperature systems 
used for air conditioning16. Improved heat-transfer coefficients in the evaporator 
and the positive feeding of multiple evaporators are advantages of liquid recircu- 
lation in these cases too. hr thermore ,  such air-conditioning systems are likely 
to use a halocarbon refrigerant, and a recirculation system will convey oil on the 
low-pressure side to  the low-pressure receiver where a central oil return can be 
provided, rather than running the risk of oil accumulation in some evaporators. 

Liquid recirculation is more advantageous when serving tube-type evapo- 
rators in contrast to evaporators where boiling takes place outside tubes in the 
shell of the evaporator. Properly applied Aooded evaporator coils operate with 
the same effectiveness of coils served by liquid recirculation. Since oil return pro- 
visions must be made for each coil in systems with flooded evaporators, when 
the number of coils exceeds three to five, it is usually more effective t o  choose 
liquid recirculation which has only one point of oil removal-the low-pressure 
receiver. 

Some manufacturers fabricate a liquid recirculation package which includes 
the low-pressure receiver, pump(s), liquid-level control, and oil-drain or return 
provisions. The piping interfaces to the other segments of the system are: 

high-pressure liquid supply 
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low-temperature liquid supply to the evaporators 
liquid/vapor return from the evaporators 
vapor connection to the compressors. 
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CHAPTER 
9 

REFRIGERANT 
PIPING 

9.1 SIZE AND CONFIGURATION OF 
PIPE 

One of the tasks of a designer is to select the size of the various pipe runs in 
the systems and to specify the pipe materials, the placenient, slope, and support 
of this pipe. The usual concern is to be sure to make the pipe large enough, 
but there are several situations where a minimum refrigerant velocity must be 
maintained in the pipe which specifies a maximum pipe size. 

This chapter expains how to compute the pressure drop, both by the use 
of equations from fluid mechanics as well as by special-purpose charts. Most 
often the pipe carries either liquid or vapor in horizontal or vertical runs. Some 
exceptions are when a mixture of liquid and vapor flow in the pipe. Sometimes 
the vapor is responsible for lifting liquid in a vertical riser, and in other cases 
the pipe must be inclined so that open-channel flow results. 

9.2 CATEGORIES OF PIPING 

Somewhat different requirements apply to the various section of pipe, depending 
on the location and purpose served in the system. Table 9.1 lists the various 
categories of piping in an industrial system, the state of the refrigerant, the 
importance of pressure drop, and whether pitching or trapping is required. The 
pipes listed in Table 9.1 carry either liquid or vapor, except for several lines 
in liquid recirculation systems that convey a mixture of liquid and vapor. The 



TABLE 9.1 
Categories of piping. 

almost universal criterion for selecting the pipe size is the pressure drop, and 
this calculation is used in one form or another in practically all pipe selections. 

Role 

9.3 PRESSURE DROP OF FLUIDS 
FLOWING IN CIRCULAR PIPES 

Designers of refrigeration systems make mast of their pipe-size selections using 
special-purpose pressure-drop charts. A separate chart is available for each dif- 
ferent refrigerant and there are usually only a limited number of refrigerants 
with which to deal. For vapors, the pressure drop depends on the pressure level, 
as indicated by the saturation temperature.  here may be situations, however, 
that are not covered by standard charts, such as for new refrigerants or for sec- 
ondary coolants. For these occasions, it is valuable to  fall back on such basic 
pressure-drop equations as  Darcy-Weisbach. The equation also indicates quali- 
tatively how the fluid properties and pipe geometry influence the pressure drop. 
The pressure drop equation takes a slightly different form in SI and I-P units, 

State of 
refrigerant 

L v2 

In SI units : Ap = f --p 
D 2 

L v 2 

In I-P units : Ap = f --p 
D 2g 

Pressure drop 

permitted 
Geometric 
requirements 
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where Ap = pressure drop 
f = friction factor 

The velocity V is the volume rate of flow divided by the cross-sectional 
area of the pipe, 

L = length of pipe m 
D = diameter of pipe m 
V = velocity m/s 
p = density kg/m3 

V m/s (fps) = Q m3/s or 
Q ft3/s 

.(Dl m)2/4 r (D,  ft)2/4 

ft 
ft 

~ P S  
lb/ft3 

g = 32.2 ft/s2 

-The friction factor f is a function of the Reynolds number and the rough- 
ness of the pipe, and can be read from a Moody chart1 such as Fig. 9.1. The 
Reynolds number, Re, is a dimensionless group, 

VDP (mls)(m)(kglm3) or Re = -, (ft/s)(ft)(lb/ft3) 

CC P a .  s (lb/ft.hr + 3600 s/hr) 
(9.4) 

where p = viscosity, Pa.s (lb/ft.hr) 
The units cancel in both of the representations of Eq. 9.4. In the SI version 
the pascal = newton/m2, and the force in newtons = (mass)(acceleration) or 
kgxm/s2. The magnitude of the Reynolds number is important in its own right 
because it indicates the pattern of flow: laminar if Re < 2100 and turbulent if 
Re > 3000. Different equations for heat-transfer coefficients apply to turbulent 
flow compared to laminar flow, and the same is true for pressure-drop equations. 
In refrigeration practice, laminu flow is rare. About the only time it occurs is in 
the flow of viscous oil. The individual terms in Eq. 9.4 are available as follows: 

D will be known 
V fromEq.9.3 
p either directly from the tables of 

refrigerant properties in the appendix, 
or as the reciprocal of the specific volume 

p from Table 9.2. 

The Reynolds number is one of the terms with which to enter Fig. 9.1. The 
other quantity needed to determine the friction factor from Fig. 9.1 is the relative 
roughness, r/D. The roughness 6 of the surfaces of two different materials used 
for refrigerant pipe and tubes are: 

Material 
copper 
steel 

Roughness, 6 
0.0000015 m (0.000005 ft) 
0.000046 m (0.00015 ft) 



FIGURE 9.1 
Moody chart for determining the fraction factor f .  



I 

I 
-40 0.000273 

-20 0.000220 

R-507 0 0.000178 

20 0.000142 

40 0.000108 

-20 0.000236 

0 0.000190 

Ammonia 20 0.000152 

40 0.000122 

60 0.000098 

TABLE 9.2 
Viscosities of several refrigerants in their saturated liquid and  saturated vapor 
states2l3. 

The calculation of the pressure drop in both SI and I-P units will be illustrated 
by Examples 9.1 and 9.2, respectively, for identical situations. 

Example  9.1. What is the pressure drop per m of tube length when 1.51 kg/s 
of R-22 vapor at -6.7'C flows through copper tubing that is 74.8 mm ID? 

LP, lb/(ft .hr) 
Temp., OF Liquid Vapor 

Refrigerant 

Solution. At -6.7'C the specific volume is 0.05855 m3/kg ( p  = 17.08 kg/m3) 
from the R-22 Table A-13 in the appendix, so the volume flow rate is: 

1.51 (0.05855) = 0.0884 m3/s. 
With the cross-sectional area of the tube of 0.00439 mZ, the velocity V is 0.0884 
+ 0.00439 = 20.14 m/s. From Table 9.1 at -6.7OC, p = 0.0000117 Pas. 
The Reynolds number is: 

-40 0.798 0.0245 

0.654 0.0269 

0 0.000237 0.0000120 

0.000206 0.0000130 0.480 0.0325 

40 0.000182 0.0000144 120 0.426 0.0362 

60 0.000162 0.0000160 

SI, Pa.8 
Temp., O C  Liquid Vapor 



The roughness t of copper tubing is 0.0000015 rn, so 

From the Moody chart, Fig. 9.1, a t  the above values of Re and c/D, the fric- 
tion factor f is found to be 0.0108. Finally substitute applicable terms into the 
pressure drop equation, Eq. 9.1, 

Example 9.2. What is the pressure drop per 100 ft of pipe length when 200 
lb/min of R-22 vapor a t  20°F flows through type L copper tubing that is 3-118 
inch OD (2.945 inch ID)? 

Solution. At 20°F the specific volume from Table A-14 is: 

so the volume flow rate is: 
(200 lb/min)(0.9369 ft3/lb) = 187.4 ft3/min or 3.123 ft3/s. 

With the cross-sectional area of the tube of 0.0473 ft2, the velocity: 
V = 3.123 t 0.0473 = 66.0 fps. 

From Table 9.1 at  20°F, ji = 0.282 lb/(ft.hr) = 0.00008783 lb/(ft.s). 
The Reynolds number is: 

From the Moody chart, Fig. 9.1, at the above values of Re and ( ID,  the friction 
factor is found to be 0.0108. Finally, the appropriate terms are substituted into 
the pressure-drop equation, Eq. 9.2: 

Ap = 317.6 lb/ft2 or 317.6 = 2.2 psi 
1 44 

T h e  pressure drop of 500 P a  per m computed in Example 9.1 is identical t o  2.2 
psi per 100 f t  in Example 9.2. 

Equations 9.1 and 9.2 show influences of length, density, and diameter o n  
the velocity and pressure drop.  T h e  pressure drop is proportional t o  the  length- 
an  obvious expectation. T h e  pressure drop is also proportional t o  t he  density 
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of the fluid, which means that high-pressure discharge gas experiences a greater 
pressure drop than does suction vapor in the same size pipe with a given velocity. 
This statement must be qualified: it does not imply that discharge lines would be 
larger than the suction lines. Just the opposite is true, because the high density 
of the discharge gas also results in a lowered velocity for a given mass rate of 
flow. 

The pipe size exerts a dramatic influence on the velocity and pressure drop. 
Equation 9.2 can be modifed to show that 

so if the diameter if reduced by 50%, the velocity increases to four times its 
original value for a given volume flow rate. When the velocity effect is inserted 
in the pressure drop equation and combined with the appearance of D in the 
f L / D  group, the ratio of the pressure drops varies inversely as the diameter to 
the 5th power, 

Reducing the pipe size by 50% causes a 32-fold increase in the pressure drop, 
showing that the pressure drop is extremely sensitive to the pipe size. 

9.4 PRESSURE-DROP 
DETERMINATIONS USING CHARTS 

Designers are called on to make repeated pressure-drop calculations, but for 
a limited number of refrigerants and for specified pipe sizes. The situation is 
ready-made for the construction of charts to duplicate the calculations using the 
equation. Typical of these charts is a set developed by D. D. Wile for ASHRAE405 
for R-12, R-22, R-502 and ammonia. Three charts are presented for each refrig- 
erant: liquid, vapor a t  suction conditions, and vapor a t  compressor discharge 
conditions. A sample page for low-pressure R-22 vapor is shown in Fig. 9.2. 

E x a m p l e  9.3. Using Fig. 9.2, determine the pressure drop in a 75-it length of 
nominal 3-1/8-inch type L copper tubing through which 200 lblrnin of R-22 vapor 
a t  20°F is flowing. 

Solution. In the right-hand block of lines in Fig. 9.2 locate the point for 200 
lblmin with 3-118-inch tubing. Next move left horizontally to  the left-hand block 
of lines until reaching the 20°F evaporating temperature line. The pressure drop 
indicated is 2.3 psi per 100 ft length. 

The pressure drop in 75 ft of length is: 

75 
Ap for 75 ft = 2.3- = 1.7 psi 

100 
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FIGURE 9.2 
Pressure drop in suction lines with R-22 flowing in copper tubing4. 
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The numbers on the right side of the vertical 20°F evaporator line show a 
drop in saturation temperature of 2.1°F which corresponds to the pressure drop 
of 2.3 psi. 

The conditions in Example 9.3 are identical to those in Example 9.2 where 
a pressure drop of 2.2 psi was calculated, so the two approaches agree approx- 
imately, but the chart in Fig. 9.2 is based on 20°F superheat which increases 
the specific volume over that for saturated vapor that was assumed in Exam- 
ple 9.2. Reference 4 states that for 20°F of superheat, the pressure drop will 
be 5.2% higher than for saturated vapor, so reducing 2.3 psi by 5.2% results in 
good agreement between Examples 9.2 and 9.3. It is no surprise that the chart 
in Fig. 9.2 and the pressure-drop equation Eq. 9.2 agree well, because the charts 
in Reference 4 were based on this standard equation. 

Equations 9.1 and 9.2 apply to  incompressible flow, so certainly are valid 
for liquid, but are sufficiently accurate for gases as well, so long as the change 
in pressure are very small with respect to the pressure level. At some of the 
high-velocity regions of the charts, the compressibility of gas should have been 
taken into consideration6. This situation is not serious, because in the normal 
design of refrigeration systems, practical choices do not normally drift into the 
extremely high-velocity regions. 

9.5 OPTIMUM PIPE SIZE 

Computation of the pressure drop of the refrigerant flowing in a pipe is only one 
step in the decision process of selecting the pipe size. Ultimately the decision of 
the size of a vapor pipe is economic, trading off the additional cost of a larger 
pipe against the saving in compressor energy over the equipment lifetime. For a 
given situation, the cost trends are as shown in Fig. 9.3 where all costs reflect 
present worth. . 

I t  may seem at first that for a given flow rate and refrigerant condition 
the optimum diameter of a long pipe will be greater than that of a short one. 
Richards7 showed, however, that by setting to zero the derivative of the total 
cost, the length cancels. A summary form of the equation representing the costs 
shown in Fig. 9.3 is: 

Total cost, C = Cl DL + C2Ap (9.5) 

where C1 incorporates the material and labor cost of the pipe installation and 
assumes that these costs are proportional to the pipe diameter. The C2Ap term 
is the present worth of the lifetime costs to overcome Ap. The constant Cz thus 
incorporates the number of hours of operation per year, the life of the facility, 
and the cost of money. When the equation for Ap, Eq. 9.1 or 9.2, is substituted 
into Eq. 9.5 for the existing flow rate, the new equation is: 



Pipe size 

FIGURE 9.3 
Optimum vapor pipe size at the minimum of the sum of the first cost of the pipe and present 
worth of the lifetime compressor energy costs. 

To find the optimum diameter, differentiate Eq. 9.6 and set equal to zero: 

116 
Optimum D = (F) 

The length L cancels, which shows that the optimum diameter is independent 
of length. 

In principle, the optimization calculation, subject to  such constraints as 
minimum diameter to achieve a certain velocity or maximum diameter to meet 
space limitations, could be performed on each design. Such an effort is not prac- 
tical, and the best that can be hoped for is a periodic check of the optimum t o  
accommodate shifts in cost of materials and energy. 

9.6 PRESSURE DROP IN FITTINGS 

In addition to  the pressure drop that occurs in straight pipe, fittings such as 
elbows and tees also cause pressure drop. The physical layout of the piping 
system determines where elbows and branch tees are located. In addition there 
are noticeable drops in pressure through valves, even when they are wide open. 
Judgment must be used on where to  install valves and what type of valve t o  
choose. Even valves that are rarely shut off may be invaluable in isolating a 
certain component or even another valve in rare instances. On the other hand, 
extra valves placed in vapor lines may represent a persistent demand for extra 
compressor power whenever the system operates. 
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TABLE 9.3 
Pressure-drop coefficients for some frequently used valves and Attings-valuea of 
PDC in Eq. 9.8. 

So (2) 1 .O 0.17 2.3 

1.1 

The magnitude of the pressure drop in fittings or open valves is proportional 
to the density of the fluid flowing and to the square of the velocity. The pressure- 
drop coefficients, PDC, in SI and I-P are applied as indicated in Eq. 9.8. 

v2 P Ap = PDC (T) v2 P or Ap = PDC (-) . (9.8) 
2gC144 

where Ap = pressure drop, P a  or Ap = pressure drop, psi 
V = velocity, m/s V = velocity, fps 
p = density, kg/m3 p = density, lb/ft3 

g, = 32.2 ft/s2 

When used in the expressions of the form in Eq. 9.8, the same values of 
PDC apply to both SI and I-P units. Values8 of PDC are presented in Table 9.3. 

An important observation that can be made from Table 9.3 is the relative 
pressure drops of globe and angle valves. An angle valve causes anywhere from 
112 to 116 the pressure drop of a globe valve (depending upon the valve and 
pipe size) and should be considered if the physical arrangement permits. 

Many designers find it convenient to express the pressure drop of fittings 
and open valves as equivalent length of straight pipe. This equivalent length, Leg, 
can then simply be added to the actual length of straight pipe to determine the 
total pressure drop. The form of Eq. 9.8 and the data in Table 9.3 provide the 
tools to compute Leg, since the PDC term for fittings is comparable to  the f L / D  
group in Eqs. 9.1 and 9.2. A typical value of the friction factor f for refrigeration 
applications is approximately 0.02. Thus, 

PDC(D' m, and Leg, ft = PDC(D, ft) 
Leg r m = 0.02 0.02 (9.9) 

Applying Eq. 9.9 to  the data in Table 9.3 yields the equivalent lengths of Table 
9.4. 

The equivalent lengths increase slightly as the pipe diameter increases, 
which is due to change in ratio of pressure drop of straight pipe and fittings. 
Several important observations can be made from Table 9.4. One is that the 
pressure drop in the fittings can be a significant contributor to the total pressure 
drop. Another is the relative pressure drops of globe and angle valves. A globe 



TABLE 9.4 
Equivalent length of straight pipe in m (it) resulting in the same pressure drop am 
the fitting. 

goo Tee, Globe Gate Angle Check Pipe &a. 
mm (in) Elbow branch valve valve v h  vdve 

25 (1) 1.9 (6.3) 2.3 (7.4) 11.2 (37) 0.3 (1) 5.8 (19) 3.8 (12) 

50 (2) 2.5 (8.2) 3.5 (11.5) 17.5 (57) 0.4 (1.4) 5.2 (17) 5.8 (19) 

67 (2-112) 2.8 (9.3) 4.3 (14) 22 (71) 0.5 (1.8) 5.4 (18) 7.4 (24) 

lo0 (4) 3.5 (11) 5.5 (18) 29 (94) 0.6 (2) 5 (16) 10 (32) 

valve causes anywhere from 2 to 6 times the pressure drop of an angle valve (de- 
pending upon the valve and pipe size). When the physical arrangement permits, 
an angle valve should be chosen over a globe valve. 

9.7 DROP IN SATURATION 
TEMPERATURE AS SELECTION 
CRITERION 

It is expected that the size of the pipe will be chosen such that the pressure drop 
is appropriate, but what is appropriate is often best indicated by the drop in 
saturation temperature in OC (OF). For example, a 20-kPa (bpsi) pressure drop 
may be of little concern in the discharge line, but could be significant in a low- 
pressure suction line. Also in moving from one refrigerant to another the drop in 
saturation temperature remains a reliable indicator of the penalty. The reason 
that the drop in saturation temperature is such a good indicator can trace back 
to the expression for the coefficient of performance of a Carnot cycle (Chapter 2) 
which is a function only of saturation temperatures, regirdless of the pressures. 

9.8 SELECTING THE PIPE SIZE 

The ability to determine the pressure drop in a refrigerant line may be crucial, 
but there remains the decision of how much pressure drop (or drop in saturation 
temperature) to specify. While the optimization process discussed in Sec. 9.5 
would be ideal, designers usually resort to some conventions that a t  least give 
reasonable pipe sizes. The various pipe sections &e addressed individually: 

Suct ion t o  compressor. The total drop in saturation temperature is usu- 
ally chosen to  be 0.5 to 2OC (0.9 to 3.6OF). The exceptions are vertical risers 
both for halocarbon direct expansion and for ammonia liquid overfeed coils. 
For halocarbon direct-expansion systems the velocity of the refrigerant va- 
por must be high enough to convey oil back to  the compressor. For ammonia 
liquid-overfeed coils the vapor velocity in the riser must be high enough to 
blow the liquid out so that i t  doesn't fill the riser. 
Discharge f r o m  compressor t o  condenser. The total drop in saturation 
temperature is usually chosen from 1.0 to 3.0°C (1.8 to 5.4OF). A given drop 
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in saturation' temperature in the discharge pipe is slightly less penalizing in 
compressor power than the same drop in temperature on the suction side. 

High-pressure  liquid. A pressure drop in this section may exact no penalty 
whatsoever on system performance, because the pressure drop that does not 
occur in the pipe will take place in the expansion device or level-control 
valve. The expansion device provides the final reduction of pressure to the 
intermediate pressure (in two-stage compression) or to the low pressure (in 
single-stage compression). The concern about pressure drop in this line arises 
more in assuring that the pressure does not drop to the saturation pressure 
corresponding to the existing refrigerant temperature. Were the pressure to 
drop to that point, the liquid would flash into vapor, aggravate the pressure 
gradient, and possibly restrict the flow through the expansion device. R e  
frigerant velocities chosen for liquid lines range from 1 to 2.5 m/s (3 to 8 
ft/s). 

L iqu id lvapor  r e t u r n  f r o m  evapora to r s  t o  low-pressure  receiver.  The 
line from the evaporators back to the low-pressure receiver in liquid recircu- 
lation systems carries a mixture of liquid and vapor. Calculations of pressure 
drops in the flow of liquid/vapor mixtures, while possible, are complex. To 
avoid cumbersome calculatons, yet still make allowances for the presence of 
liquid, some designers choose the line size, first by determining the appropri- 
ate size if the pipe were carrying only vapor, then step up to the next pipe 
size to  allow for the combined flow of liquid. 

Hot -gas  defros t  lines. To make an intelligent choice of pipe size, the re- 
quired flow rate of hot gas as a function of the evaporator size should be 
known. A iough estimate of the hot-gas flow rate is that it is twice the 
refrigerant :flow rate used during refrigeration service. With this assump- 
tion, the recommended sizes of ammonia hot-gas branch lines proposed by 
Hansen

g 
use as a basis a velocity of 15 m/s (3000 fpm) with 21°C (70°F) 

hot gas. This velocity would be appropriate for hot-gas branch lines serving 
a single evaporator of a cluster of evaporators defrosted a t  the same time. 
The hot-gas mains may be sized for carrying half the total of all connected 
evaporators on the assumption that no more than half the evaporators would 
be defrosted at  one time. 

Recent efforts to operate plants with as low a condensing temperature 
as possible impacts the desired size of hot-gas lines. The ultimate criterion 
is the saturation temperature at  which the defrost gas can condense in the 
evaporator being defrosted, so the drop in saturation temperature in the hot- 
gas line reappears as the most appropriate basis for selecting the pipe size. As 
the condensing temperature of the plant drops, the defrost gas becomes less 
dense, and when the condensing temperature of the plant drops from 3S°C 
(95OF) to lS°C (5g°F), for example, the drop in saturation temperature for 
several common refrigerants doubleslO. 
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FIGURE 9.4 
Liquid line riser in Example 9.4. 

9.9 RISE IN ELEVATION OF LIQUID 
FLOWING IN A PIPE 

--P 

8m 
(26.2 ft) 

Equations 9.1 and 9.2 as well as charts such as the one in Fig. 9.2 predict pressure 
drops due to friction in horizontal pipes. When a pipe carrying liquid slopes 
upward in the  direction of flow, an additional pressure drop results. When sloping 
downward, the liquid head contributes a pressure increase in the  direction of  flow. 

T h e  liquid line from the condenser or receiver t o  an expansion valve or  
level-control valve is one location where an  increase in elevation of the pipe can  
cause trouble. 

C 

1 

Example 9.4. The liquid line, shown in Fig. 9.4, in an R-507 system rises 8 
rn (26.2 ft). At point 1 before the rise, the temperature is 30°C (86OF) and the 
pressure is 1525 kPa (221 psia). What is the temperature and the pressure at  
point 27 

4. . 

Solution. Liquid R-507 at  point 1 is subcooled as indicated by the fact that the 
pressure is higher than the saturation pressure at  30°C (86'F) which is 1465 kPa 
(212.5 psia). At 30°C (86°F) the density of liqiid is 1022 kg/m3 (63.8 lb/ft3). In 
rising 8 rn (26.2 it) the pressure drop due to the loss in liquid head is: 

Neglecting the friction in the riser, the pressure at 2 is 
1525 kPa - 80.2 kPa = 1445 kPa (209.5 psia) 



TABLE 9.5 
Reduction in saturation temperature associated with a rise in a liquid line a t  liquid 
temperatures of 30°C (8e°F). 

Drop in saturation temperature 
Refrigerant OF/ft 
R-134s 

R-507 

R-717, Ammonia 0.17 0.092 

The pressure at point 2 has dropped slightly below the saturation pressure at 
30°C (86OF) which is 1465.4 kPa (212.5 psia), so some liquid will flash into vapor 
and the temperature will drop to the saturation temperature a t  this pressure. 
Vapor in the liquid entering an expansion valve may severely restrict the mass 
flow rate that the valve can pass. 

A critical parameter in evaluating effects of rises in liquid lines is the drop 
in saturation temperature. Table 9.5 shows this parameter for several refrigerants 
and  indicates tha t ,  of the four refrigerants shown, R-134a is the most  sensitive 
and  ammonia the least sensitive t o  rises in the  liquid line. T h e  physical arrange- 
ment  of the plant usually dictates the  need for a rise in the liquid line, and the  
only responses open t o  the designer or contractor if a flashing problem is an- 
ticipated is t o  install a heat exchanger t o  subcool t he  liquid or t o  elevate t he  
pressure of the liquid with a pump. 

9.10 DOWNWARD SLOPING PIPE 

When a liquid line slopes downward in t he  direction of flow, t he  gain in pressure 
due  t o  the drop in elevation works counter t o  the drop in pressure due  t o  friction. 
A borderline condition exists when the increase in pressure due t o  the  drop in 
elevation just equals the drop in pressure due to friction. 

Example  9.5. What is the downward pitch of an ammonia liquid line carrying 
3S°C (95OF) liquid at  a velocity of 0.51 m/s (100 fpm) in a 50-mm (2-in.) pipe so 
that the gain in pressure attributable to the liquid head just cancek the pressure 
drop due to friction? 

Solution. The pitch of the pipe, as in Fig. 9.5a, is to be computed so that the 
gain due to the liquid head cancels the friction pressure drop. Equation 9.1 (9.2), 
which expresses the pressure drop in Pa (psf), can be revised to compute the loss 
of head due to friction using either of the relationships: 

Ap, Pa = (head loss, m)(p, kg/m3)(g, m/sZ) 



FIGURE 9.5 
Downward pitch of the liquid ammonia line in Example 9.5: (a) where the pnsaure drop due 
to friction is precisely canceled and (b) where the siop is greater and the line runs partially 
filled with liquid. 

Ap, psf = (head loss, ft)(p, lb/ft3) 

so the head loss in either system of units is: 

L v2 

Head loss, m/m (ft/ft) = f -- 
D 2g 

The  Reynolds number Re is: 

From Fig. 9.1, j = 0.022, so 

( ' " ) [ m/s)2 = 0,0058 m/m(ft/ft) Head loss = 0.022 - 
0.05 m 2(9.81 m/s2) 1 

The pitch of the pipe resulting in the gain of pressure due to a drop in elevation 
canceling the friction is: 

If the line in Example 9.5 is pitched more steeply than 1 in 173 with the 
same mass flow rate, the line will run partially filled with liquid. The situation 
of Fig. 9.5b is the one sought in the draining of a single condenser, Fig. 7.28, 
where for an  ammonia liquid velocity of 0.51 m/s (100 fpm), the same as in 
Example 9.5, a pitch of 1 in 50 is recommended. Compared to the pitch of 1 in  
173 calculated in Example 9.5, enough vapor space will be provided to permit 
counterflow of the vapor to the liquid. 
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s e  

To c o m ~ r e s ~ ~  

Evaporators 

FIGURE 9.6 
Slope of vapor lines and branch connections from evaporators and compressors. 

9.11 AVOIDING DRAINAGE 
TO COMPRESSORS AND TO 
EVAPORATORS 

If the physical arrangement will permit it, certain vapor lines should be sloped in 
order to  prevent liquid from draining back to the evaporator outlets and to the 
suction of the compressors. Figure 9.6 shows several vapor lines and the recom- 
mended directions of their slopes. Figure 9.6a shows a section of a liquid recir- 
culation system whew the liquid/vapor line is inclined toward the low-pressure 
receiver. This direction of slope aids in the return of liquid during normal op- 
eration and is also important should there be a power outage. In that case the 
compressors cease'operating, interrupting the flow of vapor, but the liquid in 
the line continues to drain to the low-pressure receiver. The suction line of the 
compressor is sloped away from the compressor, but the discharge line, as in Fig. 
9.6b, slopes away from the compressor toward the condenser. 

The recommended magnitude of slope is often specified as 1:240, and while 
it may be easy to  show slope on the design drawings, it is sometimes difficult in 
a long line to  physically achieve the desired slope. Usually there is no problem 
for lines running above the roof, but sometimes within a building headroom may 
be sacrificed. 

Figure 9.6 also shows the recommended orientation of the branches into 
and out of the vapor lines. The connections are made to the top of the vapor 
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C-: 
FIGURE 9.7 
Liquid flowing along the bottom of a liquidlvapor return line. 

line, so that any liquid that inherently exists in a liquid recirculation system 
or could be formed by condensation does not back up into the evaporators or 
accumulate a t  a compressor, particularly an idle one. 

While branch connections should normally be to the top of the main, in the 
case of liquid lines, they can enter the main a t  the side or even at  the bottom. 

9.12 LIQUID CONTENT IN 
HORIZONTAL LIQUID/VAPOR 
RETURN LINES 

Computing the liquid content in the liquid/vapor return line of a recirculation 
system is a frequent assignment. One need arises when the inventory of refriger- 
ant in the system is to be estimated. A more frequent requirement, as is explained 
in Chap. 10 on vessels, is to determine how much volume must be provided in 
the low-pressure receiver to receive the liquid in the liquid/vapor return line 
should the power be interrupted. The estimate of the mass of liquid is a crude 
estimate a t  best, but two models will be shown that hopefully can bracket the 
actual amount. 

Several relationships are basic to quantifying the calculation. 

Q =  V A  so Q" = VvAv  and QL = VLAL (9.12) 

m =  QP so m v  = ~ v p v  and rhL = Q~~~ (9.13) 
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FIGURE 9.8 
Solving for Fd by a force balance. 

where m = mass rate of flow, kg/s (lb/s) 
n = circulation ratio as defined in Eq. 8.1 
Q = volume rate of flow m3/s (ft3/s) 
V = velocity, m/s (ft/s) 
A = area, m2 (ft2) 

Subscript L refers to liquid and subscript V refers to vapor. 
Equations 9.11 through 9.13 can be combined to form a working equation for 
the ratio of cross-sectional areas of the liquid to that of vapor, 

The final term of interest is usually the fraction of the pipe cross-section occupied 
by liquid, F L  

F L  = AL - - 1 
(9.15) 

A L + A v  ~ + A v / A L  

Two models of the liquid/vapor flow pattern in the pipe are proposed to 
describe the limits of FL.  

Model 1: the liquid and vapor move with identical velocities, so VL = Vv. 
Model 2: the liquid moves with a velocity such that the drag force of the 
vapor on top of the liquid balances the drag of the pipe on the underneath 
side of the liquid. 

Model 1 is simple, but does not acknowledge that slip occurs wherein the 
velocity of the vapor is higher than that of the liquid. Model 2 attempts to 
evaluate the VL relative to Vv through the introduction of the drag force, Fd.  F d  

has units of newton/m2 (1bl,,,,/ft2), and in the section of pipe shown in Fig. 
9.8, the total force of drag on the fluid exercised by the p,ipe is: 

Drag force in length L = Fd (area of cylinder) = FdxDL 

This is the same magnitude of force acting on the cross-sectional area of the 
fluid, ApxD2/4, so the forces can be equated and the expression for Ap from 
Eqs. 9.1 introduced, 



Canceling, 

v 2 

F d =  -p vv' 
SO Fd,v = -pv VLZ 

8 8 and F d , ~  = -pL 8 (9.16) 

If for the time being the area of the vapor/liquid interface is assumed to  equal 
that  of the curved boundary of the liquid with the pipe, the balance of drag 
forces acting on the liquid is 

The relative velocity of the vapor acting on the liquid in Eq. 9.17 is Vv - VL. 
If the friction factors for the liquid flow and vapor flow are assumed to  be equal, 
Eq. 9.17 can be reduced to: 

which reduces t o  the velocity ratio using Model 2, 

Example 9.6. In  an ammonia liquid recirculation sys'tem operating at -30°C 
(-22OF) with n = 3, compute the fraction of the cross-sectional area of the 
liquid/vapor return line occupied by liquid (a) using Model 1, and (b) using 
Model 2. 

Solution. At -30°C (-22OF) the liquid density p~ is 677.5 kg/m3 (42.3 Ib/ft3) 
and the vapor density pv is 1.035 kg/m3 (0.0646 lb/ft2), so pL/pv = 655. 

(a) Model 1. VL = VV, so from Eq. 9.14 with n = 3, AL/Av = 21655 = 
0.00305. 
Then the fraction of the cross section occupied' by liquid, from Eq. 9.15, is 

FL = 1 
1 + 1/0.00305 

= 0.003 or 0.3% 

(b) Model 2. Using Eq. 9.18 

which when substituted into Eq. 9.14 gives 
AL/Av = (3 - 1)(25.6)(0.00153) = 0.078 
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and from Eq. 9.15, 

Model 2 in Example 9.6 shows a considerably lower value of VL than the 
no-slip assumption in Model 1 resulting in VL being 1/25th of Vv. Model 2 
further indicates that 7.2% of the cross section is occupied by liquid in contrast 
to 0.3% indicated by Model 1. Model 2 probably overestimates the fraction of 
area occupied by liquid because of several conditions usually prevailing in the 
liquid/vapor suction line. One is that the line is often pitched, as recommended 
in Sec. 9.11, so the vapor flows faster than Model 2 indicates and the volume 
occupied by the liquid is less. Another factor is the assumption of the flow pattern 
of Fig. 9.7 where the liquid flows peacefully a t  the bottom of the tube. When 
flowing a t  a high velocity, the vapor may pick up some of the liquid and blow 
it through the tube as a mist. The liquid volume in this situation will also be 
less than Model 2 indicates. A purpose served by the two models is that they 
provide the outer limits of the liquid content. 

9.13 SUCTION RISERS IN 
DIRECT-EXPANSION HALOCARBON 
SYSTEMS 

This section concentrates on the selection of the pipe size of suction risers in 
halocarbon systems that are designed for direct expansion (not liquid recircula- 
tion). When the physical arrangement requires vertical risers a t  the evaporator 
outlet, the dominant factor influencing the selection of the riser size is oil return. 
In halocarbon systems, the oil generally remains in solution in the refrigerant in 
the evaporator. This is in contrast to ammonia systems where the oil and am- 
monia separate. As the halocarbon refrigerant progressively vaporizes in flowing 
through the tubes of the evaporator, the oil concentration increases until the 
refrigerant leaves as small droplets of liquid with a high oil concentration. The 
objective is to return this oil through the suction line to the compressor, which 
can be accomplished by maintaining sufficiently high refrigerant vapor velocities 
in the riser. 

The required vapor velocity to transport oil in a vertical riser is a function 
of the refrigerant, its density (thus the evaporating temperature and amount 
of superheat), the viscosity of oil, and the pipe diameter. As the evaporating 
temperature drops and with it the density of the vapor, a higher velocity must 
be provided. Higher vapor velocities are also needed as the diameter increases. 

Figure 9.9 shows recommended design vapor velocities computed from the 
equation adapted from Reference 11: 

Velocity, m/s = 0.723 [ g(D, m ) ( ~ - l ) ] " ~  
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FIGURE 9.9 
Recommended vapor velocities for oil return in Type L copper tubing suction risers. 

Velocity, ft/s = 0.723 g(D, ft) - - 1 ( ) 1 1 t 2  

where g = gravitational acceleration = 9.807 m/s2 (32.2 ft/s2) 
p~ = density of oil-refrigerant solution, kg/m3 (lb/ft3) 
pv = density of refrigerant vapor, kg/m3 (lb/ft3) 

The original research that developed the data shown in Fig. 9.9 was per- 
formed on CFCs and HCFCs with mineral oil. Equations 9.19 and 9.20 are 
assumed to also apply to new HFC refrigerants using synthetic oils, and these 
curves are also shown in Fig. 9.9. 

Suction risers that  are sized for full-capacity operation may be too large 
and unable to return oil at  part load. The riser could be sized for the minimum 
flow rate, which of course, imposes a pressure drop penalty at  higher velocities. 
Another approach is to use a double-suction riser, as illustrated in Fig. 9.10. 
When the refrigerant 0ow rate drops, oil will not be lifted into the suction line 
and collects in the oil trap. The oil blocks refrigerant flow in the right riser, 
diverting refrigerant to the left riser, which is sized to lift oil, even a t  the low 
flow rate. When the high fiow rate resumes, the oil in the trap is carried up to the 
suction line. This quantity of oil may be excessive for the compressor to handle 
instantaneously, so an oil trap in the suction line is recommended. 



REFRIGERANT PIPING 359 

FIGURE 9.10 
A double suction riser for oil return which shifts all refrigerant to the left riser during low-flow 
conditions. 

9.14 SIZING THE LIQUID/VAPOR 
RETURN LINE 

Mixtures of liquid and vapor flow through the tubes of condensers and evapora- 
tors and in the return line from the evaporator to the low-pressure receiver in 
liquid recirculation systems. Sizing the pipe and specifying the pressure drop in 
evaporators and condensers is under the jurisdiction of the component manufac- 
turer, but the system designer is responsible for the liquid/vapor return lines. 
In horizontal or near-horizontal liquid/vapor return lines, as in Figs. 9.11a and 
9.11b, the pressure drop is influenced by the degree of slope of the pipe. A high 
velocity of vapor will carry the liquid along in a mist. At lower vapor velocities, 
and/or if the line has sufficient pitch in the direction of flow, the liquid and vapor 
may separate, with the liquid flowing along the bottom of the tube. 

The designer must select the size of and tompute the pressure drop in the 
liquid/vapor suction lines shown in Fig. 9.11. The classic method for comput- 
ing the pressure drop of two-phase, 1iquid;vapor flow in horizontal lines is the 
Lockhart and Martinelli correla t i~n '~.  When using this method, the pressure 
gradient of each phase is computed as though it flowed separately in the pipe. 
Then, a graph provided by Lockhart and Martinelli combines those two gradi- 
ents to  predict the two-phase gradient. Most designers of refrigeration systems 
do not expend the effort to make this calculation. Designers often select the pipe 
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Liquid mist and vapor 

FIGURE 9.11 
Liquid/vapor return line that is (a) horizontal and (b) sloped slightly in the direction of flow. 

by first determining the size that gives the desired pressure gradient were the 
vapor alone flowing in the pipe. Then the next larger pipe size is selected with 
the extra cross-sectional area of the pipe assumed to provide the area for the 
flow of liquid. 

9.15 LIFTING LIQUID FROM THE 
EVAPORATOR IN VERTICAL RISERS 

.A special situation is encountered frequently in the return line from a liquid- 
overfeed evaporator, as shown in Figs. 9.12a and 9.12b. An example of the situa- 
tion in spiral freezer chamber where the liquid and vapor leaving the evaporators 
must be elevated to the liquid/vapor return line. Typically several evaporators 
are stacked vertically such that their combined height might be 3 m (10 ft) and 
then the riser extends another 3 m (10 ft) or more to reach the return line. Liquid 
accumulates in;the riser and this column of liquid exerts a static head on the 
evaporators, raising the pressure and thus the evaporating temperature. Field 
measurements indicate that evaporators operating in the -30 to  -40°C (-22 to 
-40°F) temperature may lose 15 to 20% of their capacity because of the column 
of liquid. 

It is appropriate a t  this point to indicate that there is an effective means 
of avoiding the static head problem by the installation shown in Fig. 9.13. The 
liquid flowing out of the evaporators separates from the vapor in a vessel. When 
the liquid level rises to the setpoint in the vessel, the pump turns on and delivers 
the liquid into the liquid/vapor return line. Now the relatively dry vapor flows 
up the riser without the impediment of the accumulated liquid. The process 
of the separate transfer of liquid is not without its own problems. Some plant 
managers prefer not to have ammonia vessels in their processing area for safety 
reasons. Also, as was stressed in the discussion of pumps in liquid recirculation 
systems, Chapter 8, some suction head is required to avoid pump cavitation. 
The evaporators may be close to floor level, so the vessel and pump must be 
placed in a pit. Servicing a pump in a pit is not a welcome task for a mechanic. 
There is an alternative, however, and this is to use gas pumping and thus avoid 
the, net-positive-suction-head requirement. This choice is often made, but that 
arrangement has the disadvantage of blocking the flow from the evaporator dur- 



FIGURE 9.12 
(a) Low vapor velocity in a liquid/vapor riser resulting in a high liquid fraction and (b) vapor 
velocity high enough to blow most of the liquid out of the riser. 

ing  the pumping phase, which causes some system transients. In summary, if the 
physical situation of the plant permits and the plant manager approves, the liq- 
uid head problem can be addressed by the process of liquid removal and separate 
pumping. 

In many situations it becomes necessary for the vapor to carry the liquid to 
a higher elevation in the riser, and the selection of the size of the riser significantly 
influences the pressure drop. A point to stress is that lowering the velocity does 
not necessarily lower the pressure drop. As Fig. 9.12a illustrates, a low velocity 
may permit liquid to accumulate in the riser and in the extreme case the bubbles 
of vapor rise due to their own bouyancy. With a riser of length h m (ft), 80% of 
which is occupied by liquid, for example, the pressure drop would be 

Pressure drop, Pa  = (0,80)(h, m ) ( p ~ ,  kg/m3)(9.81 m/s2) 

Pressure drop, psi = (0.80) (hi f t ) ( p ~ ,  lb/ft3) 
144 

Thus, a riser that  is 6 m (20 ft) tall could contribute a pressure drop 32 kPa (4.6 
psi). 

O n  the other end of the scale, as Fig. 9.14 shows, with a very small riser 
the pressure drop due to friction is high. Richards13 translated experimental 
results into recommendations for riser sizes that will provide the minimum pres- 
sure drop. Table 9.6 shows these recommendations for various circulation ratios 
with ammonia evaporating at  -40°C (-40°F). If the size of the riser is selected 
for full or design flow, then a t  part load with lower velocities, the vapor will 
fail t o  adequately blow out liquid from the riser. For this reason the assembly 
recommended for conveying oil shown in Fig. 9.10 is often used. 
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FIGURE 9.13 
Lifting liquid from the outlet of the evaporator by first separation, then purnuine. 
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FIGURE 9.14 
Optimum velocity in riser when lifting liquid with the flbw of vapor. 

The next assignment after the pipe size has been determined for the design 
refrigeration capacity is to compute the pressure drop in the riser. For the case 
of -40°C (-40°F) ammonia when lifting liquid in a 3-m (10-ft riser with a 
recirculation ratio of 5, Richards estimates the drop in saturation temperature 
to  be of the order of 1.6OC (2.gaF) when operating at the vapor velocity for 
minimum pressure drop. 



TABLE B.6 
Evaporator capacities resulting in minimum pressure drops for vertical risers with 
various pipe sizes and circulation ratios. The  refrigerant is ammonia at  -40°C 
(-40°F).  

13 a 14- 11.3 $ 1  9 4  g r f i ! ~  
9.16 PIPE SAFETY 

Circulation 

ratio 

25 

3.15 

5.0 

Probably more accidents connected with refrigeration systems are associated 
with the piping system than with any other subsystem. To avoid the chance 
.of damage, particularly damage that would result in a release, care should be 
exercised in several categories: (1) choice of pipe and fittings, (2) support and 
anchoring of pipe, (3) location of pipe runs and valves where they are least likely 
to suffer damage, and (4) cleanliness of the pipe. 

Choice of p i p e  and fittings. Regardless of pressure, the pipe should be 
Schedule 80 for 1-1/2-in size and smaller. Use Schedule 40 pipe for 2- .to 6-in 
lines and Schedule 20 for 8- to 12-in lines. It may seem illogical to specify 
the thick Schedule 80 pipe for small diameter, but the reason is not to better 
contain internal pressure, it is to provide more rigidity should a heavy weight 
fall on or against the pipe. Joints in pipe of size 1-1/2-in and larger should 
be welded, not threaded. In fact many contractors weld all joints in 3/4in  
pipe and larger. 

Pipe diameter of riser, mm (inch) 

(4.8 tons) 

16.2 k W  
(4.6 tons) 

S u p p o r t  and anchoring of pipe. Pipe hangers should be of the trapeze 
type and all hanger materials should be galvanized or painted. Hangers 
should be attached to the building structure or primary supports. Pipe hang- 
ers should be placed not more than 3 m (10 ft) apart and should be located 
not more than 0.7 m (2 ft) from each change of direction. Supports of piping 
on roofs should be sturdy, painted, or galvanized. The support should rest 
on a concrete paver or wood sleeper with the roof beneath protected by a 
membrane material. 

37 (1.5) 

18.6 k W  
(5.3 tons) 

17.6 k W  

Locat ion of  p i p e  r u n s  and valves. When possible, long lines between 
the machine room and refrigerated space should be run on the roof. When 
pipes must be inside storage or process areas, they should be in protected 
locations. Valves should be located in and out of each component of the 

(8.9) 
30.2 

(8.6) 

50 (2.0) 

34.8 

(9.9) 
32.7 

(13.8) 

46.8 

(13.3) 

63 (2.5) 

53.4 

(15.2) 

50.3 

(24.0) 

81.2 

(23.1) 

75 (3.0) 

90.0 

(25.6) 

87.9 

(47.4) 

160 

(45.6) 

150 (6.0) 

513 

146) 

482 

100 (4.0) 

184.2 

(52.4) 

1 73 

(83.4) 

282 

(80.1) 

125 (5.0) 

324 

(92.2) 

305 

(132) 
447 

(127) 



same size as the connecting pipe. Hand valves should close against the flow, 
and the stems should be oriented horizontally. Screwed connections to  valves 
should not be used for sizes larger than 1 in. Horizontal piping shall have 
only eccectric reducers with the straight sides on the bottom, except a t  a 
pump inlet where the straight side should be on top. 
Cleanliness of pipe. For installation, the pipe must be clean, new and free 
of rust, scale, sand, and dirt. Pipe should be stored inside, out of the weather 
and the ends should be capped. Some contractors install a liberal number of 
filterldriers which are replaced periodically. 

9.17 CHOICE OF MATERIALS FOR 
REFRIGERANT PIPING 

Copper is the material almost universally used for halocarbon piping, with no 
low-temperature limitations in industrial refrigeration practice. For ammonia 
systems, since copper is not acceptable, all pipe is steel in one form or another. 
While aluminum is often used for the tubes of air-cooling coils, i t  is hardly ever 
used for liquid and vapor piping in a plant. Cast iron pipe should not be used 
and wrought iron pipe should not be used for liquid lines. 

The most commonly used steel for ammonia systems is carbon steel of type 
A53 or A106. Type A53 F is butt-welded and should not be used, on the other 
hand A106 is seamless, so is acceptable. The ANSIIASME Refrigeration Piping 
Standard14 permits the use of A53 or A106 down to  temperatures of -2g°C 
(-20°F). One of the steels permitted by the ANSIIASME standard below this 
temperature is type A333. Compared to  A53 or A106, A333 pipe is approxi- 
mately three times as expensive, the the cost factor is even higher for valves and 
fittings. A53 and A106 steels may be used below -2g°C-(-20°F) provided they 
iass  impact tests a t  the temperature at  which they will be operated. Obviously, 
impact testing adds t o  the cost. Another option offered by the standard is to  
design for the circumferential or longitudinal tensile stress to  be 40% of the al- 
lowable stress given for the material. Refrigeration interests in recent years have 
been attempting t o  get A53 and A106 steels approved for below -2g°C (-20°F) 
operation on the basis tha t  with ammonia the pressure of the refrigerant will be 
in the range of atmospheric, so tha t  pressure stress on the pipe will be negligible. 

At temperatures lower than -46OC (-5OF) many designers uses stainless 
steel for ammonia and hydrocarbons. 

9.18 PIPE INSULATION 

The cost of the insulation of low-temperature pipe is usually of the same order 
of magnitude as that  of the pipe itself. Also, since the diameter of the insulated 
pipe may be twice or three times that  of the pipe itself, the designer must provide 
sufficient space for the complete assembly. 

Vapor barriers are essential for low-temperature pipes. In contrast t o  the 
water vapor path through the insulation of a refrigerated building which enters 



the insulation from the warm outdoors and eventually is extracted by the coils 
in the refrigerated space, there is no outlet for the water vapor that enters pipe 
insulation. For this reason, the water vapor retardation should be as effective 
as possible for prolonging the life of the insulation. Some specifications15 for 
insulation on low-temperature pipe include. 

Cover the insulation with vapor-retarding jackets with a perm rating of 0.02 
or less. 

The  supports must not be in contact with the piping. 

T h e  thickness of insulation must be sufficient to maintain the insulation 
surface temperature above the dewpoint. Isocyanurate or Styrofoam are rec- 
ommended. 

Since the cladding, insulation, and the pipe all have different coefficients of 
thermal expansion, doublelayer application is suggested for extremely low 
temperature insulation with staggered joint construction. 

Pack contraction joints with flexible insulation material. 

9.19 PIPING IN PERSPECTIVE 

.One of the objectives of this chapter has been to present methods of installation 
that result in safe and effective operation of the refrigeration plant. The major 
thrust, however, has been on procedures to determine the recommended size of 
pipe, which usually means the minimum recommended size. As a general rule, it 
is an operating advantage for pipes to be larger than the minimum recommended. 
The exception to the general rule is that vertical lines from the evaporator should 
not be oversized; otherwise, oil may not return satisfactorily in a halocarbon 
system, and liquid refrigerant may accumulate in an ammonia evaporator and 
raise the evaporating temperature. Certainly there is a price to pay for installing 
largesize pipe--the increased cost of materials and installation. The payback 
for these extra costs is a low pressure drop in the pipes that yields modest 
improvements in efficiency for the life of the plant and increased refrigeration 
capacity. 

All those involved in the planning of a system may be convinced that the 
capacity specified for the plant is final and will suffice for eternity. Five years 
later, however, andther refrigerated space or process may need to be added, 
and largesized pipes can accommodate a certain amount of expansion before 
approaching their minimum design sizes. 
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CHAPTER 
10 

VESSELS 

10.1 VESSELS IN INDUSTRIAL 
REFRIGERATION SYSTEMS 

Vessels in industrial refrigeration systems serve either or both of the following 
functions: (1) storage of liquid, and/or (2) separation of liquid from vapor. The 
major categories of vessels are: 

high-pressure receivers 
flash tank (or subcooler)/desuperheater 
low-pressure receiver for liquid recirculation 
surge drum on a flooded coil 
suction-line trap or accumulator 
thermosyphon receiver 

Vessels are much more common in industrial refrigeration systems than in 
air-conditioning and there are several reasons for this difference: 

Parallel reftigerant circuits. Air-conditioning systems usually are built with 
a single refrigerant circuit, while industrial systems incorporate parallel compres- 
sors, condensers, and evaporators. With a system of multiple components, liquid 
is likely to move from one condenser or evaporator to  another. Also the liquid 
content in these components varies with time, so a vessel should be available to 
provide a reservoir for these changes in liquid content. 

Liquid recirculation and flooded coils. Liquid along with vapor leaves both 
liquid overfeed and flooded coils, and this liquid must be separated for return 



FIGURE 10.1 
Useful storage volumea in (a) a vertid vessel and (b) in a horizontal vessel. 

to the evaporator. The vapor that passes on to the compressor must be free of 
liquid, so a vessel performs a process of separating the liquid from the vapor. 

Defrosts. Industrial systems often refrigerate air at  low temperatures which 
brings with it the need to periodically defrost evaporator coils. During hot-gas 
defrosts, refrigerant liquid shifts locations. 

Frequent ezpansions. When air-conditioning systems require additional ca- 
pacity, it is usually provided by the installation of an additional single-circuit 
package. The expansion of industrial systems, on the other hand, is usually ac- 
complished by the installation of additional evaporators, compressors, and con- 
densers. Additional refrigerant inventory is required for such enlargements, and 
generously sized storage vessels facilitate such expansions. 

10.2 LEVELS IN LIQUID RESERVOIRS 

A fundamental principle in selecting the size of liquid vessels is to choose them 
large enough that during operation they never become completely full of liquid 
nor completely empty. As Fig. 10.1 shows, there must always be some vapor space 
above the highest liquid level to be experienced. A vessel completely filled with 
liquid may inadvertendly be valved off, and should the temperature of the liquid 
increase, which would increase the liquid volume, pressures could develop so 
enormous that the vessel could rupture. Also, the liquid should not be permitted 
to  completely drain from the vessel, because this would result in carrying vapor 
along with the liquid to  the next component. Vapor bubbles adversely affect the 
performance of control valves and liquid pumps, for example. 



FIGURE 10.2 
Volume of liquid in a partidly filled horizontal vessel. 

10.3 VOLUME OF LIQUID IN A 
PARTIALLY FILLED HORIZONTAL 
VESSEL 

Several occasions arise where the volume of liquid in a partially-filled vessel 
must be calculated. One need will be encountered in this chapter in the sizing 
of low-pressure receivers. Another is when the inventory of refrigerant must be 
computed, perhaps for regulatory purposes. The volume in a vertical vessel can 
be computed easily by multiplying the cross-sectional area by the height of the 
the liquid. For a horizontal vessel it is more complex. In the vessel of Fig. 10.2 
which has a radius r, the liquid level is at the plane indicated by AC. A formula 
for the volume above the liquid level in Fig. 10.2 is: 

rZ 
Vapor volume = -(B - sin 0)L 

2 
(10.1) 

where B is in.radians = (0 in degrees) + 57.3 
Usually the term sought is the volume of liquid or perhaps the fraction of 

the vessel volume that is occupied by liquid, Fruor.  It would be convenient to 
have an expression for Fruor  as a function of the fraction of liquid height, F rh t .  
Fru0r is the total volume less the vapor volume divided by the total volume, 

ur2 - $(a - sin 8) 1 
Fruor = = 1 - -(e - sin 8 )  

u r  2 2~ 

Aom the triangle in Fig. 10.2b, 

- e = cos - 
r 2 



and since 

Equation 10.4 for y / r  may be substituted into Eq. 10.3 to  find 8 ,  which 
can then be substituted into Eq. 10.2 t o  calculate Frvol .  

Example 10.1. For a horizontal- cylindrical vessel 1.2 m (3.94 it) in diameter 
and 3.5 m (11.5 ft) long that is 213 full of liquid, 

(a) what fraction of the vessel does the liquid occupy, and 
(b) what is the surface area of liquid? 

Solution. (a) Fraction of vessel occupied by liquid. The vessel is 213 full of liquid, 
so from Eq. 10.4 

y/r = 2(2/3) - 1 = 113. 
From Eq. 10.3, B can be computed: 

B = 2 cos-'(113) = 2.46 rad 

and finally, from Eq. 10.2 

The volume of liquid in the vessel is 

Vollrme of liquid = ( s r 2 ~ ) ~ r , &  = r(0.6~)(3.5)(0.709) = 2.81 m3 = 99.1 ft3 

(b) The liquid surface area is important in designing vessels that separate liquid 
and vapor, 

z = \/= = d m  = 0.566 m (1.86 ft) 

Area = 2zL = 2(0.566 m) (3.5 m) = 3.96 mZ = 42.6 ft2 

To bypass the calculation chore, Table 10.1 lists values of Frvor as a function 
of Frht. 

10.4 LIQUID/VAPOR 
SEPARATION-VERTICAL VESSEL 

Along with providing storage for liquid, a chief function of most vessels used in 
industrial refrigeration is t o  separate liquid from vapor t o  assure that  the vapor 
reaching the compressor is free of significant amounts of liquid. The vessel should 
be sized for whichever of the two functions, storage or separation, controls. The  
process of separation that  occurs in vertical vessels is different than that  in 
horizontal vessels, so design of the two orientations will be addressed separately. 



While it is usual to  refer t o  liquid separation as though it is a process of 
complete removal of liquid, such is not the case. In the vessel there is a spectrum 
of droplet sizes, and the separation techniques are successsful in removing only 
the largest droplets. The small droplets are carried out, but some are evaporated 
in the suction line and others vanish immediately on entering the suction of 
the compressor. The droplet size is a defining characteristic in the separation 
principles tha t  will be explained, which immediately raises the question of what 
is the largest droplet size that  should be permitted to  escape. This question 
cannot be answered by analytical means alone and must be decided on the basis 
of field experience. Thus, if values used for the separation criteria in the design 
of the vessel result in liquid carryover problems, the criteria must be tightened. 

Gravity is the fundamental force used for separating liquid from vapor and 
retaining the liquid in the vessel. When a drop of liquid falls freely in a motionless 

TABLE 10.1 
Liquid volume fractions (FrWd) in horizontal vessels as a function of the liquid 

Volume 

Fvd 

0.815 

0.826 

0.837 

0.847 

0.858 

0.868 

0.878 

0.887 

0.897 

0.906 

0.915 

0.924 

0.932 

0.940 

0.948 

0.955 

0.963 

0.969 

0.976 

0.981 

0.987 

0.991 

0.995 

0.998 

1.000 

height 
Height 

Fht 

0.01 

0.02 

0.03 

0.04 

0.05 

0.06 

0.07 

0.08 

0.09 

0.10 

0.11 

0.12 

0.13 

0.14 

0.15 

0.16 

0.17 

0.18 

0.19 

0.20 

0.21 

0.22 

0.23 

0.24 

0.25 

Height 

Fht 

0.51 

0.52 

0.53 

0.54 

0.55 

0.56 

0.57 

0.58 

0.59 

0.60 

0.61 

0.62 

0.63 

0.64 

0.65 

0.66 

0.67 

0.68 

0.69 

0.70 

0.71 

0.72 

0.73 

0.74 

0.75 

fraction, 
Volume 

Fvd 
0.0017 

0.0048 

0.0087 

0.0134 

0.0187 

0.0245 

0.0308 

0.0375 

0.0446 

0.0520 

0.0599 

0.0680 

0.0764 

0.0851 

0.0941 

0.103 

0.113 

0.122 

0.132 

0.142 

0.153 

0.163 

0.174 

0.184 

0.196 

Volume 

Fwd 
0.513 

0.525 

0.538 

0.551 

0.564 

0.576 

0.588 

0.601 

0.614 

0.626 

'0.639 

0.651 

0.664 

0.676 

0.688 

0.700 

0.712 

0.724 

0.736 

0.748 

0.759 

0.771 

0.782 

0.793 

0.805 

Height 

Fht 

0.76 

0.77 

0.78 

0.79 

0.80 

0.81 

0.82 

0.83 

0.84 

0.85 

0.86 

0.87 

0.88 

0.89 

0.90 

0.91 

0.92 

0.93 

0.94 

0.95 

0.96 

0.97 

0.98 

0.99 

1.00 

Frhr. 
Height 

Fht 

0.26 

0.27 

0.28 

0.29 

0.30 

0.31 

0.32 

0.33 

0.34 

0.35 

0.36 

0.37 

0.38 

0.39 

0.40 

0.41 

0.42 

0.43 

0.44 

0.45 

0.46 

0.47 

0.48 

0.49 

0.50 

Volume 

Fwd 
0.207 

0.218 

0.229 

0.241 

0.252 

0.264 

0.276 

0.288 

0.300 

0.312 

0.324 

0.336 

0.349 

0.361 

0.374 

0.386 

0.399 

0.411 

0.424 

0.436 

0.449 

0.462 

0.474 

0.487 

0.500 
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FIGURE 10.3 
Liquid oeparation in a vertical vae l .  

vapor, its maximum velocity occurs when the force of gravity just equals the drag 
force, so no net force is available for acceleration. The upward velocity in the 
vertical separator of Fig. 10.3 must be low enough that all but the small-diameter 
drops settle. It is reasonable to expect that separation will not be perfect, but if 
the only drops carried out are the small ones, the total mass of liquid carried out 
will be small and the small drops can be vaporized more easily than the large 
ones. 

When a drop of liquid falls freely in a motionless vapor, its maximum 
velocity is called the terminal velocity. In the separating vessel if the vapor 
moves upward at the.terminal velocity, a drop of the critical diameter remains 
suspended, the small drops are carried out, and the large ones settle. When a 
falling drop or particle reaches its terminal velocity, the gravitational force equals 
the drag force. The gravitational force is: 

nd3 

and in I-P Fgra, = T(pf - p,) 

where For,, = gravitational force, newtons (lb) 
pf = density of liquid, kg/m3 (lb/ft3) 
p, = density of vapor, kg/m3 (Ib/ft3) 
d = diameter of drop, m (ft) 
g = gravitational acceleration-= 9.81 m/s2 (32.2 ft/s2) 
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The drag force is: 

TABLE 10.2 
Maximum separat ion velocities in m / s  (fpm) for ammonia  a n d  R-22 under  steady- 
flow conditions1. 

?rd2 V2 

in SI Fdrag = CD (frontal area of drop) (10.7) 

where Fdrag = drag force, newtons (lb) 
CD = drag coefficient, dimensionless 

V = relative velocity of vapor and liquid drop, m/s (ft/s) 
g = gravitational acceleration = 9.81 m/s2 (32.2 ft/s2) 

The expression for the terminal velocity & is found by equating the gravi- 
tational force of Eq. 10.5 or Eq. 10.6 to the drag force of Eq. 10.7 or Eq. 10.8, 

Refrigerant 

R-22 

NH3 

The drag coefficient CD is a function of the Reynolds number Re 

Vertical s e p  

aration distance 

mm (in) 

250 (10) 

610 (24) 

910 (36) 

250 (10) 

610 (24) 

910 (36) 

Saturation temperature 

"C (OF) 

where pv is the viscosity of the vapor. Several specific values of CD are 30, 4, 
1.1, and 0.5 a t  Reynolds numbers of 1, 10, 100 and 1000, respectively. 

For a number of years the ASHRAE Handboop has recommended separ* 
tion velocities, and these velocities are shown'for ammonia and R-22 in Table 
10.2. The table shows another dimension, which is the separation distance be- 
tween the liquid level and the vapor outlet. As expected, if there is only a short 
separating distance, the permitted velocity is lower. 

Reverse engineering can be applied to the separating velocities of Table 10.2 
in order to determine critical drop diameters that correspond to the recommen- 
dations. Figure 10.4 shows the result of that process with separating distances 

-57 (-70) 

0.33 (65) 

1.36 (267) 

1.57 (310) 

0.80 ( 158) 

3.30 (649) 

3.54 (697) 

-40 (-40) 

0.21 (41) 

0.88 (173) 

1.04 (205) 

0.48 (95) 

1.99 (392) 

2.17 (428) 

-23 (-10) 

0.14 (27) 

0.61 (120) 

0.72 (141) 

0.31 (61) 

1.29 (253) 

1.43 (281) 

-7 (20) 

0.10 (19) 

0.44 (86) 

0.52 (102) 

0.21 (42) 

0.879 (172) 

0.99 (195) 

10 (50) 

0.07 (13) 

0.31 (62) 

0.39 (77) 

0.15 (29) 

0.64 (125) 

0.71 (139) 
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FIGURE 10.4 
CompariPon of recommended separating velocities by two methods. 

of 610 mm (24 in) chosen in Table 10.2. The slopes of the separating velocity 
curves are not identical using the two methods, but an ammonia drop diameter 
of 0.38 mm (0.015 in) -and an R-22 drop diameter of 0.20 rnm (0.008 in) yield 
magnitudes in the same order of magnitude. A consistent trend is that the max- 
imum velocity permitted decreases as the saturation temperatures increase. The 
reason is that as the saturation temperature increases, so does the density of 
vapor which, in accordance with Eq. 10.9, results in a reduction of the terminal 
velocity, V*. 

Examination of Fig. 10.4 raises the question of why the drop diameter 
selected for ammonia is so much larger than that chosen for R-22. The real 
criterion is whether liquid carryover problems result when the drops of diameters 
smaller than a certain value escape the vessel. The ability of a drop to  vaporize 
in the suction line and in the entrance sections of the compressor is a deciding 
factor, so is ammonia more readily vaporized than R-22? The liquid density of 
ammonia is half that of R-22, so half the mass df liq&d ammonia exists in a drop 
of a given size. The thermal conductivity of liquid ammonia is five times that of 
liquid R-22, so heat can flow more easily in ammonia. But on the other hand, 
the latent heat of ammonia is five times that of R-22, and all of this additional 
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heat must pass through the convection coefficieht at  the surface of the drop, and 
this coefficient should be about the same for ammonia and R-22. 

The comparison of Fig. 10.4 raises a question whether the recommended 
separating velocities from ammonia are too high. There are occasional reports 
from the field of liquid carryover of ammonia when the values from Table 10.2 
are used, and most designers use velocities approximately 0.5 to 0.8 m/s (100 to 
150 fpm). Providing the desired separating velocity is one influence on the vessel 
size and the other, which will be addressed in Sec. 10.8, is to provide adequate 
volume for storage of liquid. In most cases the size of low-pressure receiver that 
accommodates the liquid storage will also result in low vertical velocities. 

A question might be raised about the terminal velocity method in that 
it does not acknowledge separating distances as does Table 10.4. Certainly a 
mipimum separating distance must be provided, and 450 to 600 mm (18 to 24 
in) is recommended. The feature of the separating distances emerges because the 
original technical paper2 on which the values of Table 10.4 are based introduced 
principles applicable to the design of fractionating columns3. One factor included 
is the surface tension of the liquid, which influences the ability of vapor to tear 
itself away from liquid. This process occurs in the shell-side of an evaporator 
and probably too when vapor is bubbled through liquid in a desuperheater. It is 
not known how much the surface tension influences the separation of liquid and 
vapor returning from overfeed coils. 

Lorentzen4 has influenced European practice, basically using the terminal 
velocity technique and recommending separating velocities between 0.5 m/s and 
1 m/s (100 to 200 fpm). The higher of the recommended values corresponds to 
an ammonia droplet diameter of 0.25 mm (0.010 in) at  a temperature of -40°C 
(-40°F). At 0°C (3Z°F) with a drop diameter of 0.25 mm (0.010 in), the recom- 
mended velocity is 0.3 m/s (60 fpm). Wienckes supports the recommendations 
of Grassmann and Reinhart6 that drop diameters of 0.2 mm (0.008 in) for both 
ammonia and the halocarbons should not be exceeded. Figure 10.5 shows sep- 
arating velocities for several drop sizes of ammonia and for R-22, R-134a, and 
R-507 with drop diameters of 0.20 mm (0.008 in). Before using high separat- 
ing velocities for ammonia, the designer might want to be assured that unique 
features of the facility will mitigate against liquid carryover problems. 

10.5 LIQUID/VAPOR 
SEPARATION-HORIZONTAL VESSEL 

Both horizontal and vertical vessels are widely used, and it is often the physical 
characteristics of the machine room that has a major influence on the choice of 
orientation. Many designers prefer a vertical vessel for a mechanically pumped re- 
circulation system, because the net-positive-suction head is more easily achieved. 
The vertical vessel usually requires less floor space than the horizontal, but does 
require greater vertical space in the machine room. For recirculation packages 
that incorporate the vessel and the pumps on a skid, the vessels are usually 
oriented horizontally to  meet head room limitations on shipping. 
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Recommended maximum liquid/vapor separating velocities for various rcfrigcrauta and 
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the 

The mechanism for separation of liquid from vapor in horizontal vessels is 
somewhat different than the process in a vertical vessel, but some of the same 
principles apply. In the horizontal vessel of Fig. 10.6, the horizontally flowing 
vapor carries liquid drops while a t  the same time the drops have a vertical 
component of velocity because of the gravitational force. If the drops are initially 
assumed to have no horizontal or vertical velocity when they enter the vessel, the 
drops accelerate horizontally due to drag force of the vapor on the drops while 
they accelerate vertically due to gravity. If a drop descends to the liquid surface 
before being carried out, i t  will be captured. 

A key term is thus the time T for the drop to fall a distance y and settle to 
the liquid level. This time must not exceed the time to traverse the separating 
length L in Fig. 10.7. Thus arises the concept of T as the minimum residence 
time. Furthermore, 

L T = - -  LA 
V - volume flow rate 
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FIGURE 10.6 
Separation of liquid from vapor in a horizontal vcnsel. 
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FIGURE 10.7 
Horizontal velocity and aeparsting length which combhe to yield the concept of ~ i d e n c e  time 
for a horizontal vesael. 

where T = minimum residence time, s 
L = separating length, m (ft) 
V = horizontal vapor velocity, m/s (ft/s) 
A = flow area, m 2  (ft2) 

The liquid level carried in the horizontal vessel has a significant impact 
on the ability to separate liquid from vapor, because as the level rises the flow 
area decreases, which reduces the actual residence time. For this reason, many 
designers try to  avoid operation with liquid levels much above the midheight of 
the vessel. The vessel should be designed, then, so that drops of larger than the 
critical diameter fall a distance y, in Fig. 10.7, before the vapor with its velocity 
V travels the distance L. The time required for a drop to settle due to the force 



FIGURE 10.8 
Residence times with ammonia for various vduca of y in horimnal vessels. 

of gravity for ammonia, R-22 and R-507 at  saturation temperatures of -40°C 
(-40°F) and O°C (32OF) are shown in Figs. 10.8, 10.9, and 10.10, respectively. 

The calculations assume that the drop starts its descent with zero vertical 
velocity, but when the liquid/vapor enters vertically from the top, as in Fig. 10.7, 
there will be an initial velocity which makes the recommendations in Figs. 10.8 
to 10.10 conservative. The Lines in the figures are essentially straight, because the 
terminal velocity is reached very quickly-usually within 0.1 s. The values are of 
the same order of magnitude quoted by Richards,' who suggests for ammonia 0.7 
s at  -l°C (30°F) and 0.5 s a t  -18OC (O°F). The critical drop diameter for the 
three refrigerants has been chosen as 0.2 mm (0.008 in) and had a drop diameter 
of 0.3 mm (0.012 in) been selected, the required residence times would have been 
approximately 30% to 40% shorter. 

Once the residence time is determined, the area A in Eq. 10.10 can be 
computed for the prevailing volume flow rate. Table 10.1 facilitates the area 
calculation. 

10.6 HIGH-PRESSURE RECEIVER 

The high-pressure receivers in small plants that operate on a seasonal schedule 
are typically sized to contain all tks refrigerant existing in the system. During 
pumpdown operation, the king valve (Fig. 10.11) in the liquid line from the 
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FIGURE 10.8 
Residence times with R-22 for various vduca of y in horizond vesseb. 

receiver is closed and the refrigerant delivered by the compressor(s) condenses 
and drains into the receiver. When all liquid has been withdrawn from the low 
side, the valves between the condenser(s) and receiver are closed to  confine all 
liquid refrigerant in the receiver. In these plants, the receiver must accommodate 
all the liquid of the system in the storage volume between the high and low liquid 
levels, as shown in Fig. 10.11. Some vapor volume is always required above the 
highest liquid level, and a reserve of liquid should always prevail in the receiver, 
even when the remainder of the system is fully supplied. The piping of the 
receiver illustrated in Fig. 10.11 is top inlet, and the other concept in piping, as 
was shown in Fig. 7.27, is the bottom inlet. 

Many large plants operate all year, and receivers for these plants are never 
expected to  contain all the liquid in the system. Two of several bases used by 
designers to select the size of receivers are: 

storage volume to pump down the largest refrgierated room or unit served 
by the plant 
store full refrigerant flow for a specified duration of time, 30 minutes, for 
example. 

The rationale behind the first basis is that any of the refrigerated.spaces, 
including the largest, may need to be taken out of service. The second basis 
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FIGURE 10.10 
Residence times with R-507 for various values of y in horizond v e ~ e b .  

FIGURE 10.11 
Liquid storage volume between the high and low levels in a high-pressure receiver. 
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FIGUaE 10.12 
A flash-tank/desuperheater with (a) desuperheating by bubbling vapor through liquid and (b) 
desuperheating by spraying liquid into vapor. 

is predicated on being able to interrupt the liquid supply to the plant for a 
short period of time, meanwhile continuing compressor operation. Standard shell 
diameters in North America are 0.51 m (20 in); 0.56 m (22 in); 0.61 m (24 in); 
0.76 m (30 in); ... 1.22 m (0.48 in); 1.37 m (54 in), etc. The cost of vessels larger 
in diameter than 1.52 m (60 in) increases abruptly. 

10.7 FLASH- 
TANK/DESUPERHEATERS 

The flash-tankldesuperheater is the vessel in a two-stage system operating at 
the intermediate pressure that provides removal of flash gas in direct cooling 
of liquid (Fig. 3.2) or subcooling liquid with a heat exchanger (Fig. 3.5). The 
other purpose of the vessel is to desuperheat discharge vapor from the low-stage 
compressor by bubbling it through the liquid in the vessel (Fig. 3.9). Section 10.1 
indicated that vessels in industrial refrigeration systems have either or both the 
function of liquid storage and/or separation of liquid from vapor. Usually the 
flash-tank/desuperheater must be sized only for separation of liquid and vapor. 
The exception to that limited role is when other streams in addition to the liquid 
supply and discharge vapor from the low-stage compressor flow into the vessel. If 
there are intermediate-temperature evaporators discharging into the vessel, for 
example, surge volume should be provided to allow for the rush of liquid coming 
from the evaporators during defrost. 

Desuperheating of vapor, which is a unique function of this vessel, is not re- 
quired in other vessels of the system. One method of desuperheating is to bubble 
the vapor through the liquid, a process that is effective, but requires two simulta- 



neous functions tha t  are somewhat conflicting..One process is agitation for good 
desuperheating and the other is an orderly flow pattern for good liquid/vapor 
separation. Some vessel designers choose a configuration like that shown in Fig. 
10.12a which injects the vapor below a perforated plate to spread out the vapor 
bubbles, thus providing more intimate contact of vapor and liquid and avoid- 
ing a geyser which would make the liquid and vapor separation more difficult. 
Still another feature used by some designers is the installation of a plate against 
which the vapor is directed. The purpose of this plate is t o  prevent the vapor 
bubbles from blowing to  the liquid outlet and being drawn out of the vessel. 
This precaution would be especially appropriate if the vessel is part of a liquid 
recirculation systems where vapor bubbles in the liquid could vapor- bind the 
pump- 

T h e  other concept of desuperheating, as shown in Fig. 10.12b, is to  spray 
liquid into the incoming vapor. The diagram shows a control valve regulating 
the liquid flow, but, as was discussed in Chap. 9, the bypass from a centrifugal 
pump may serve as the liquid source. 

10.8 LOW-PRESSURE RECEIVER 

This vessel is one that  performs both the role of liquid/vapor separation and 
liquid storage. The dashed lines in Fig. 10.13 show five distinct liquid levels of 
interest. The level controller, whether i t  is a capacitance level sensor as shown in 
Fig. 10.13, or a float switch, regulates the solenoid valve in the liquid line. If the 
level in the vessel drops below the control point, the solenoid valve in the liquid 
supply line opens. When the level in the vessel reaches the control point, the 
solenoid valve closes. Volumes above and below this controlled level accommodate 
surge volume and provide ballast volume. The .surge volume serves the purpose 
of accommodating liquid that  might be forced out of evaporators during defrost. 
Another source of liquid surge in some plants is from the liquid/vapor line when 
pitched downward to  the low-pressure receiver. Should the electric power in the 
plant be interrupted, the liquid continues to  drain from the liquid/vapor line. 

The controlled level is not the lowest operating level, because some liquid 
supply should be available between the controlled level and level that actuates 
the low-level alarm. The reason for needing this ballast volume is that during 
startup or resumption of operation of one or more evaporators, the pump may 
withdraw refrigerant from the vessel a t  a greater rate than is supplied a t  tha t  
moment by the combination of the controlled liquid supply and from the return 
from the liquid/vapor line. If the vessel empties t o  the low-level alarm status, 
operation continues but an operator or the security system is informed of the 
fact. On a further drop in level the low-level cutout is reached, which is usually 
set to stop pump operation. 

There are also two designated control levels above the controlled level: the 
high-level alarm and the high-level cutout. The alarm simply notifies the operator 
or the security system t o  summon an on-site investigation. Should the liquid 
level reach the point of the high-level cutout, the compressors are shut down 
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FIGURE 10.13 
Liquid levels maintained in s low-prrssure receiver. 

for their protection. Figure 10.13 shows for controllers a popular combination 
of the capacitance level controller and float ewitches. Several electrical current 
values can be picked off the 4-20 rnA output of the capacitance level sensor that 
correspond to the'controlled level, the high-level alarm, and the low-level alarm. 
To provide an independent backup, the ultimate eafety provisions of the high- 
and low-level cutouts are actuated by separate float switches. 

Computing the ballast volume. The ballast volume is provided to permit 
the pumps to draw liquid from the low-pressure receiver for a short interval to  
bring the liquid content of evaporatora up to the steady-state amount following 
a shutdown. Typically, a five-minute time period is assumed adequate for this 
purpose, so the ballast volume is the design pump flow rate in volume flow per 
minute multiplied by 5. 

Computing the surge volume. Two major contributors to  momentary excess 
flow into the low-pressure receiver are flooding of abnormal rates of liquid out 



of the evaporator due t o  defrost or t o  sudden increases of refrigeration load, and 
the liquid in the liquid/vapor return line that drains back to  the low-pressure 
receiver in the event of pump or power failures. During a defrost it is assumed 
that  the entering defrost gas pushes all liquid in the coil out to  the return line. 
The fraction of liquid in the coil during operation depends on whether the coil is 
top or bottom fed. For a top-fed coil the percentage of liquid is often assumed t o  
be about 30%. For bottom-fed coils the percentage is sometimes chosen as high 
as 80%. Another approach t o  the estimateS that  incorporates the circulation 
ratio n but does not distinguish between top and bottom feed is 

1 
Liquid volume percent = 1 - - 

1 .2n0.2 
(10.11) 

Equation 10.11 gives with a circulation ratio of 3, for example, the percentage 
of volume occupied by liquid t o  be 33%. 

The  premise that  the liquid in a coil is pushed out during a hot-gas defrost 
and sent to  the low-pressure receiver is now being questioned by some engineers. 
In times past, it was certainly true that  the defrost gas was sent t o  the coil im- 
mediately after interrupting the supply of liquid to  the coil, and the liquid would 
flow rapidly through the pressure-regulating valve or through a float drainer. As 
was emphasized in the treatment of hot-gas defrost in Chapter 6, the coil should 
first be emptied of liquid by closing the liquid supply solenoid but continuing 
refrigeration until all or most of the liquid in the coil has been drawn off by the 
compressor. The liquid that  was contained in the coil thus never leaves as liq- 
uid. Only experience will determine whether the modern recommended defrost 
sequence will permit reduction in the required surge volume. 

To estimate the fraction of liquid F L  in the liquid/vapor return line, Sec. 
9.12 presented relations that  should bracket the correct value. If the liquid is 
assumed to  move a t  the same velocity as the vapor, thus with no slip, 

On the other hand, the other extreme described in Sec. 9.12 is if the liquid 
flows along the bottom of a horizontal pipe, dragged by the faster-moving vapor. 
The expression is: 

Equation 10.12 underestimates the fraction of liquid occupying the pipe, 
because slip will always occur. Equation 10.13 overestimates the value, if the 
vapor velocity is high enough t o  generate mist flow rather than stratified flow, 
and also if the pipe is sloped in the direction of flow. 



FIGURE 10.14 
Surge drums for flooded coils, (a) oriented horiwntdly, and (b) oriented vertically. 

10.9 SURGE DRUM FOR A FLOODED 
EVAPORATOR 

Flooded evaporators, first described in Sec. 6.7, are equipped with a surge drum 
at  a level slightly above the evaporator coils. Either a horizontal or vertical surge 
drum is possible, as shown in Fig. 10.14, with the choice usually dependent upon 
the space restrictions. The surge drum serves the purpose of liquid storage and 
liquid/vapor separation. A need for surge volume arises when the evaporator is 
subjected to a sudden heavy heat load, in which case the rate of boiling abruptly 
increases and the vapor thus developed pushes liquid out of the evaporator. In 
the case of air coils during hot-gas defrost the surge drum provides storage during 
the transient conditions. 

The principles for disengaging vapor from liquid are the same ones a p  
plicable to low-pressure receivers, as discussed in Secs. 10.4 and 10.5. Usually 
the manufacturer of the coil provides the surge drum as part of the package and 
thereby makes the decision on the dimensions of the surge drum. As a suggestion 
of the order of magnitude of the volume of the surge drum, one recommendation8 

for finned evaporator coils is that horizontal surge drums have a free volume as 
great as the internal volume of the evaporator coils. The free volume is defined 
as the vapor space from the controlled level to  the level a t  which liquid would 
carry out of the vessel. 

One manufacturer
g 

offers guidelines for dimensions of horizontal surge 
drums, such as shown in Fig. 10.14a, as expressed in Table 10.3. For vertical 
surge drums, as shown in Fig. 10.14, the permitted refrigeration capacity of the 
coil is about twice that shown in Table 10.3 for a given vessel size and evaporating 
temperature. 



TABLE 10.5 
Appropriate refrigaating capacities of flooded coils tmpnponding to several surge drum izes. 

FIGURE 10.15 
A suction-line accumulator with the option of passing warm liquid through the accumulator 
to vaporize any trapped liquid from the suction line. 

10.10 SUCTION-LINE 
ACCUMULATOR 
The vessel shown in Fig. 10.15 should normally not be necessary, and in newly 
designed and constructed systems it usually is not found. In a two-stage liq- 
uid recirculation system the low-pressure receiver.should be designed to prevent 
liquid from reaching the low-stage compressors, and the flash-tankfintercooler 
should prevent liquid from reaching the high-stage compressors. 

The operators of many plants that employ a suction-line accumulator, how- 
ever, are comforted by having one. In plants that through the years have been 
expanded, modified, and restructured there is sometimes liquid carryover and 
the suction-line accumulator is the final protector of the compressor from slug- 
ging with liquid. Some of the reasons that liquid carryover occurs are because of 
improper design of some other separating vessel, or occasional liquid carryover 
from a leaking expansion valve on a direct-expansion coil or the imposition of a 
sudden heat load on a flooded coil. The installation of a suction-line accumulator 



in a plant that  is carefully designed could permit smaller surge drums on all the 
flooded coils and the occasional carryover of liquid could be accommodated by 
the suction-line accumulator. 

Figure 10.15 shows the option of directing warm liquid from the high- 
pressure receiver to a coil in the bottom of the accumulator. When liquid does 
collect in the accumulator the vaporization by heat from the machine room is 
a slow process, and the supply of heat from the warm high-pressure liquid ac- 
celerates vaporization and recovers a small amount of refrigeration as well. The 
warm liquid coil in the accumulator will have the undesirable effect of super- 
heating the suction vapor when no liquid is present in the accumulator. Some 
plants equip the accumulator with a transfer system employing mechanical or 
gas pumping, which is initiated by a rise in the liquid level in the accumulator. 
These arrangements deliver the liquid to the high-pressure receiver. 

10.1 1 THERMOSYPHON RECEIVER 

A small but important vessel is the thermosyphon receiver which is an integral 
part of tha t  type of oil cooling concept for screw compressors. The procedure 
for selecting the size of the thermosyphon receiver is explained in Sec. 5.14 and 
the key requirement is that it provides a reserve for five minutes of  flow to the 
oil cooler if the supply of liquid from the condenser is interrupted. Separation of 
liquid and vapor indeed also takes place in the thermosyphon receiver, but the 
requirements are not stringent. Some liquid mist could pass through the vent line 
to the condenser inlet without an adverse effect, but it should be emphasized 
that  the return of liquid and vapor from the oil cooler should not be delivered 
to the condenser inlet, because such a large fraction of liquid would degrade the 
condenser performance. 

Some designers and contractors combine the thermosyphon receiver and the 
system receiver as shown in Fig. 10.16. Rather than transferring the liquid from 
a separate thermosyphon receiver to a separate system condenser, the liquid 
simply spills over from the oil cooler reserve into the system receiver. When 
multiple condensers feed the receivers, the individual condensate drain lines are 
trapped as was described in Chapter 7. 

10.12 OIL POTS 

A small vessel frequently installed beneath the low-pressure receiver and other 
larger vessels is a n  oil pot whose purpose is to accumulate oil t o  facilitate periodic 
draining. Figure 10.17 shows oil pots with their typical connections, including 
the line from the bottom of the low-pressure receiver, the drain line, and the 
equalizer line, which is connected to the vapor section in the upper portion of 
the low-pressure receiver. Without the equalizer line it may be difficult to achieve 
drainage into the oil pot because of the vapor pressure that could build up. In 
addition, since the oil pot is usually classified as a vessel, it must be protected 
by relief valves. 



FIGURE 10.16 
Combination of a thennosyphon receiver within the syrtem receiver. 

If both the inlet line and the equalizer line are flush with the top of the 
oil pot, as shown in Fig. 10.17a, i t  will be possible to completely fill the vessel 
with liquid, which could be dangerous should all the valves in the connecting 
lines be inadvertently closed. To avoid the possibility of complete liquid filling of 
the vessel, the equalizer line can be extended into the oil pot a short distance. 
When the level of oil (and refrigerant) rises in the oil pot to the bottom of the 
equalizer line, liquid is forced up the equalizer line but the vapor space a t  the 
top of the vessel is preserved. 

10.13 SEPARATION ENHANCERS 

Certain refinements of the basic inlets and ontlets to the vessel are usually used 
to  facilitate the separation of liquid and vapor. Any of the entrance lines that 
are carrying liquid are usually turned downward. The vapor line leaving for the 
compressor usually has an upward turn, as shown in Fig. 10.1Ba, which requires 



FIGURE 10.17 
Oil pots with (a) the equdizm line flush with the top of the oil pot, and (b) extended into the 
oil pot to provide a vapor space at the top. 

FIGUaE 10.18 . 
(a) Separation enhancers including (a) dkcting inlet flowa donard and drawing vapor from 
the top, and (b) installation of a metal mesh for miat elimination. 

any liquid drops to  travel upward and make a 180' turn to inhibit capture by 
the suction line. This suction line should be sloped back to  the vessel, so a liquid 
trap develops which can be prevented by drilling a weep hole a t  the elbow of the 
pipe. 

Another approach to improved liquid separation is through coalescing the 
small drops into larger ones by passing the liquid/vapor mixture through elirni- 
nator baffles or a mesh, as is shown in Fig. 10.28b. These devices are commonly 
used for vessels in chemical plantslO*ll and surely permit the choice of a smaller- 



size vessel. They have the disadvantage of introducing pressure drop which in 
the view of many refrigeration system designers is a penalty that can be avoided 
by a larger-size vessel with no obstructions. 

10.14 VESSEL SIZING IN 
PERSPECTIVE 
The thrust of this chapter has been to compute the minimum sizes of vessels. In 
this task the simple rule is, "Never scrimp on the size of the vessel." Certainly 
there is a price to pay for the installation of a generously sized vessel-the 
increased wst of materials and installation. Furthermore, additional space will be 
occupied and larger vessels may entail a largei refrigerant charge. The payback 
for this extra cost is improved separation of liquid and vapor and the ability to 
accommodate surges in the shifts of liquid between components, both of which 
provide additional protection for the compressor. 

All those involved in the planning of a system may be convinced that the 
capacity specified for the plant is final and will suffice for eternity. Five years 
later, however, another refrigerated space or process may need to be added, and 
if the vessels were generously sized at the time of the original installation, they 
may be able to accommodate a moderate-sized expansion without the need for 
replacement. 
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CHAPTER 

11.1 TYPES OF VALVES 

All devices considered in this chapter, even those called controls, are valves in 
tha t  they are placed in refrigerant lines and can restrict or even completley block 
the flow of refrigerant. Twc-position shutoff valves are expected to  operate either 
in a completely open or a completely closed position. Other valves modulate 
the flow rate of refrigerant in response to  some variables, such as temperature, 
pressure, or liquid level. 

The  specific types of valves explored in this chapter are: 

manual shutoff valves 

manual expansion valves 

check valves 

solenoid valves 

level controls 

pressure-regulating valves 

superheat controlling expansion valves 

A discussion of safety relief valves appears in Chapter 13, Safety. 
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11.2 MANUAL SHUTOFF VALVES 

A basic valve type distributed liberally throughout an industrial refrigeration 
system is a manual shutoff valve. In the completely open position, this valve 
should allow a free flow of refrigerant and when closed completely block the 
flow. The usual function of the shutoff valve is to  isolate a component or a 
section of the system. Some major categories of manual shutoff valves are globe, 
angle, inline, and ball valves, as shown schematically in Fig. 11.1. Three desirable 
characteristics of manual shutoff valves are: 

that they permit no passage of refrigerant when closed 

a that they cause only a low-pressure drop of refrigerant flowing through them 
when they are open 

a that they do not leak to  atmosphere 

Several other types of valves are gate and butterfly valves which meet the 
low-pressure-drop requirement, but in general do not seal as well as other valves 
when closed. Consequently they are not widely used in industrial refrigeration 
service. All valves shown in Fig. 11.1 have accessible handles, but in recent years 
a strong preference has developed for capped valves when the valve does not 
need to be opened and closed often. 

Shutoff valves are oriented so that  they close against the flow which usually 
means that they close against the high pressure. With this orientation the up- 
stream pressure assists in the opening of the valve. If the valve must open against 
high pressure, cases have been reported where the pressure holds the disc with 
such force that the stem may pull away from the disc in an attempted opening. 
When the valve closes against the flow the highest pressure is kept off the stem 
and bonnet when the valve is shut off. Globe valves should be mounted with the 
stem horizontal so that  any vapor in the line cannot form a pocket at  the valve 
inlet which would peiorically release, causing noise and unsteady flow. 

Ball valves have become very popular in the past few years, primarily be- 
cause of the low pressure drop that  they cause in their completely open position. 
A further advantage of ball valves in certain situations is that they are quarter- 
turn valves so that a quarter turn of the handle permits quick opening or closing 
of the valve. An undesirable characteristic of the basic ball valve is that  of trap- 
ping liquid within the ball when the valve is shut off. A ball valve in a cold liquid 
line traps cold liquid inside the ball when the valve is closed, and this liquid 
is likely to  warm up when the flow is interrupted. The trapped liquid expands 
which could blow out the valve seat or even rupture the valve body. 

Two methods1 used most commonly to relieve pressure of trapped liquid 
in the ball and prevent damage are upstream-venting and self-relieving seats. In 
upstream venting a small hole is drilled through one side of the ball, connecting 
the upstream line with the cavity when the valve is in its closed position. This 
configuration bypasses the upstream seat, and provides a continuous vent path 
for cavity pressure. In the self-relieving seat design, the seats act as internal relief 
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FIGURE 11.1 
Some t p  of m d  nhutoff valves. 

valves to open a vent path from the valve body cavity to the line. Self-relieving 
valve seats serve as normal valve seats unless the pressure within the ball rises 
to an extreme level, in which case they permit leakage of a few drops of liquid. 

Judgment should be used in whether and what type of valves should be 
incorporated in the lines. Even valves that are rarely shut off may be invaluable 
in isolating a certain component or even another valve on rare occasions. On the 
other hand, extra valves, particularly those placed in vapor lines, may represent 
a persistent demand for extra compressor power when ever the eystem operates. 
One estimate2 calculated that a fully open valve in the liquid/vapor line between 
the evaporator and the low-pressure receiver causing 7.5-kPa (1.1-psi) pressure 
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TABLE 11.1 
Pressure drop coefficients for frequently used valves and fittings3-values of c in 
Eq. 11.1. 

drop could add $9,400 to  the annual operating cost of a 2100 kW (600 ton) 
system. A fully open ball valve would add only $43 to the annual operating cost. 

Some pressure drop is expected when refrigerant flows through open valves, 
and this pressure drop adds to the pressure drop occurring in straight sections of 
pipe. Methods for calculating the pressure drop in straight pipes were presented 
in Chapter 9, and Table 11.1 provides data for computing the pressure drop in 
fittings and valves. Table 11.1 gives the values of the c-terms in the equation 

where Ap = pressure drop, P a  or Ap = pressure drop, psi 
V = velocity, m/s V = velocity, fps 
p = density, kg/m3 p = density Ib/ft3 

g, = 32.2 ft/s2 

An important observation that  can be made from Table 11.1 is the relative 
pressure drops of globe and angle valves. An angle valve causes anywhere from 
112 to  118 the pressure drop of a globe valve (depending upon the valve and 
pipe size) and should be considered if the physical arrangement permits. The 
pressure-drop coefficients for ball valves are likely to be approximately the same 
as gate valves. 

11.3 MANUAL EXPANSION OR 
BALANCING VALVES 

Manual regulating valves are designed to  adjust the flow rate through their entire 
stem travel. Shutoff valves, on the other hand, are not intended for use as regu- 
lating valves since they provide most of their regulation in the first turn of the 
valve from its closed position. Two frequent applications of manual expansion or 
balancing valves are a t  the evaporator coils of liquid-recirculation systems and 
in conjunction with on-off liquid level control valves, as illustrated schematically 
in Fig. 11.2. In the liquid recirculation system of Fig. 11.2a the function of the 
valves is to  throttle the flow rate to coils whose unthrottled coil-and-piping cir- 
cuit has a lower pressure drop than others. The liquid supply pressure ahead of 
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FIGURE 11.2 
Manual control valves in (a) liquid recirculation systems, and (b) in conjunction with an on-off 
liquid level control valve. 

the valves is increased, which diverts liquid to those coils that otherwise might 
be inadequately fed. .In liquid recirculation systems, the drop in pressure through 
the valve is small relative to that occurring when an expansion valve separates 
condensing and evaporating pressures. 

Valves regulating liquid flow into vessels where the level is controlled are 
often electrically operated on-off valves. Such solenoid valves are combined with 
manual control valves, as illustrated in Fig. 11.2b, to prevent wild pressure fluc- 
tuations in the vessel as the solenoid valve opens and closes. Pressure drop occurs 
in both the manual valve and the solenoid valve, even when it is open, but ap- 
proximately 2/3 of the pressure drop should be taken in the manual valve. 



396 INDUSTRIAL REFRIGERATION HANDBOOK 

FIGURE 11.3 
Check vdves of the (a) gravity type, and (b) of the ~pring-loaded type. 

11.4 CHECK VALVES 

Check valves allow the flow of refrigerant in only one direction by automatically 
closing when fluid attempts to flow in the opposite direction. The moving element 
may be assisted by gravity so that the valve closes unless a slight pressure drop 
in the permitted flow direction opens the valve, as in Fig. 11.3a. This swing 
type of check valve is not as reliable as the spring-actuated valve of Fig. 11.3b, 
but this check valve imposes a pressure drop because of the spring pressure. A 
more sophisticated check valve is the gaspowered type in which the valve is 
normally open and held open by spring force.. When the downstream preasure 
rises above the entering pressure to the valve, vapor from a high-pressure source 
closes the valve, which remains closed as long as the downsteam pressure exceeds 
the upstream pressure. 

11.5 SOLENOID 
VALVES-DIRECT-ACTING 

Solenoid valves are electrically operated shutoff valves. Probably the most com- 
mon is the normally closed (NC) valve, but normally open (NO) valves are also 
available4. With both types, system pressure works to keep the valve closed 
when that position is desired. Solenoid valves thus can hold against high u p  
stream pressures, but will not restrain much pressure in the reverse direction. 
Two classifications of solenoid valves are: 

1. direct-acting 
2. pilot-operated (to be discussed in the next section) 

In the direct-acting solenoid valve, as shown in Fig. 11.4, the magnetic force 
developed by the electric coil draws the stem and connected plunger off the valve 
port when the coil is energized. Some solenoids are designed to allow the stem to 
start its motion before engaging the plunger which is seated against the system 
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Coil 

FIGURE 11.4 
A directacting solenoid valve. 

pressure. The momentum of the stem thereby helps open the valve. When the 
coil is de-energized, the plunger either drops into the closed position by gravity, 
and/or a light spring assists the closing. 

A solenoid valve must be selected to be able to open against the maximum 
operating pressure differential (MOPD), a characteristic of the valve listed in 
the manufacturer's catalog. Because direct-acting valves must generate sufficient 
force in the coil to  open the valve against the system pressure, they are l i i t e d  
to line sizes of perhaps 6 to 25 mm (114 to 1 in). 

11.6 SOLENOID 
VALVES-PILOT-OPERATED AND 
GAS-PRESSURE-OPERATED 

To make the solenoid valve practical for large pipe diameters, concepts must be 
applied other than .direct force on the valve stem from the magnetic coil. Two 
approaches are pilot-operated and gaspressure-operated valves. In the pilot- 
operated valve, a small solenoid opens to apply high upstream pressure on a 
power piston. The power piston has a greater area than that of the valve plug, 
which is also subjected to the upstream pressure, so the force of the power piston 
opens the valve. One design of a pilot-operated solenoid5 is shown in Fig. 11.5 
where the opening of the pilot solenoid permits upstream pressure at  M to pass 
through the paasage N to the power piston. 

The pilot-operated solenoid valve requires a minimum pressure drop across 
it, even when completely open. There are situations where the pressure drop 
through the open valve is to be kept as low as possible, such as in low-pressure 



FIGURE 11.5 
A pilot-operated solenoid valve. (Couriedy,  Rejrigerating Specialtied Div. of Parker-Hannifin 
Corp.) 

vapor lines, or in the liquid leg or the return line of a flooded evaporator. In 
other situations, viscous oil may be coating the moving parts of the valve, which 
requires more positive action to open and close the valve. The gas-pressure- 
operated valve5, such as ahown in Fig. 11.6, may be considered in such cases. 
The construction is similar to the pilot-operated solenoid, except that pressure 
from the condenser or another high-pressure source is applied to the power piston. 
Usually a pressure of the high-pressure gas of 69 kPa (10 psi) higher then the 
inlet pressure to the valve is adequate to open the main valve. When the valve 
n to be opened, the pressure pilot solenoid opens to allow the high-pressure 
gas access to the power piston. To close the valve, the pressure pilot solenoid 
valve closes and the bleed pilot solenoid valve opens. With this valve status, the 
pressure above the power piston vents to the low-pressure side, permitting the 
spring to close the main valve. 

11.7 GAS-POWERED SUCTION STOP 
VALVES 

In low-temperature installations the shutoff valve between the evaporator and the 
suction line should offer as little flow resistance as possible during refrigeration. 
A normally-open valve meets this requirement, but in addition the valve must 
be capable of closing positively, for example, during a hot-gas defrost. A valve 
designed to  meet these requirements, and first shown in Fig. 6.49 among the 
defrost piping arrangements, is the gas- powered suction valve, as shown in Fig. 
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FIGURE 11.6 
A gae-pressweoperated solenoid vdve. (Cow-tesv, Refrigemling Specialties Div. of Parker- 
Hannifin Gorp.) 

11.7. If the external gas pressure is removed, the pressure above the piston vents 
through the bleed hole and the spring opens the valve. When the valve is to be 
closed, high-pressure gas from an external source is applied to the piston, which 
closes the valve, working against the spring compression. 

11.8 PRESSUREREGULATING 
VALVES: DIRECT-ACTING, 
PILOT-OPERATED, AND 
EXTERNALLY COMPENSATED 

There are frequent situations where refrigerant flow controls must regulate prea- 
sure; several are illustrated in Fig. 11.8. Controlling the pressure in the evap* 
rator, as in Fig. 11.8a, may be required in two different situations. It may be 
necessary to prevent the evaporating temperature from dropping too low in order 
to protect the product being refrigerated. Another application of a control that 
regulates the pressure in the evaporator ia used during hotgas defrost, as ex- 
plained in Set. 6.22. A different technique to prevent evaporating pressure from 
dropping too low, shown in Fig. 11.8bI is called hoegas bypass. The valve con- 
trols its downstream pressure and opens if the evaporator pressure drops below 



FIGURE 11.7 
A gas-powered suction #top valve. (Couriesy, Refrigerating Specialties Div. of  Parker-Hannifin 

COT.)  

the outlet pressure setpoint. Another pressure-regulating valve that controls its 
downstream pressure is shown in Fig. 11.8~. This valve might be used to prevent 
the suction pressure to the compressor from rising so high that the compressor 
motor overloads. 

A cutaway view of a small valve that regulates the upstream pressure is 
shown in Fig. 11.9a. The valve remains closed until the upstream pressure rises 
to the setpoint whereupon the diaphragm lifts off the port. For the valve to open 
wider and pass a greater flow rate, the upstream pressure rises somewhat higher 
than the setpoint as the diaphragm works against the spring force. The setpoint 
is fixed by adjusting the screw that regulates the spring precompression. 

Pilot-operated valves are available in larger sizes, as in Fig. 11.9b, where in 
an operation similar to pilot-operated solenoids5 the upstream pressure controls 
a flow of pilot fluid to the power piston. 
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FIGURE 11.8 
(a) Inlet pnsnue regulator preventing the evaporator presswe from dropping below the net- 
ting, (b) outlet pressure regulator preventing the evaporator presswe from dropping below 
the setting, and (c) an outlet pressure regulator that prevents the compressor suction pressure 
from rising above the setting. . 

While both the valves shown in Fig. 11.9 are manually adjustable, in some 
installations it would be convenient or necessary to provide automatic adjustment 
of the settings. Additional capabilities are available6 that allow adjustment of the 
setting through a pneumatic signal, a signal based on temperature, or an electric 
signal. In addition, pressureregulating valves are available that will control one 
of two different pressures, depending on whether a small pilot solenoid is open 
or closed. 
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FIGURE 11.9 
Contmlling the upstream pressure with (a) a directacting vdve and (b) a pilot-opaakd vdve. 

11.0 LIQUID LEVEL 
CONTROLS-HIGH- AND LOW-SIDE 
FLOAT VALVES 

Two major categories of liquid-level controllem used in industrial refrigeration 
systems are (1) high-side float valves, and (2) low-side float valves. These classes 
of valves, as shown schematically in Fig. 11.10, differ in the placement of the 
valve. The flow regulation in a high-side float (Fig. 11.10a) is downstream of the 
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FIGURE 11.10 
(a) A high-side liquid level controller and (b) a low-side level controller. 

controlled liquid level and the flow regulation in the low-side float (Fig. 11.10b) 
is upstream of the controlled liquid level. 

The low-side level controllers are much more common in industrial refriger- 
ation systems than are high-side controllers, but there are roles for the high-side 
float valve, which ,are primariIy to allow liquid to pass but prevent the flow 
of vapor. Three applications for the high-side float valve are (1) to drain con- 
densed liquid from a coil during hot-gas defrost as is shown in Fig. 6.56, (2) to 
drain condensed liquid from a hot-gas main, and (3) to be placed at the outlet 
of a condenser in a critically charged system. The function of the valve in the 
latter situation is to allow condensed refrigerant to leave the condenser, but pro- 
hibit the passage of vapor. These critically-charged systems sometimes have no 
high-pressure receiver, but there must be a vessel somewhere on the low side to 
accommodate changes in liquid volume in the evaporators. 

The low-side liquid level controller is the type commonly encountered in 
industrial refrigeration systems, because it is the class used for control of the 
liquid level in low-pressure receivers and flash-tankldesuperheaters. 



, Pivot - 1 (a) 
Liquid 

+ Liquid 

FIGURE 11.11 
(a) A mechanical float valve, and (b) a float-switch level controller. 

11.10 LIQUID LEVEL 
CONTROLS-MECHANICAL AND 
FLOAT SWITCH 

Numerous types of level controllers are used in industrial refrigeration practice, 
two important types of which are shown in Fig. 11.11. The mechanical type in 
Fig. 1 l . l l a  is a simple one applicable for smaller systems. As the liquid level 
rises, the valve stem closes the port to restrict the flow of liquid. This type of 
valve provides a modulated rate of flow. A standard type that has been used 
for many years is the float switch of Fig. 1 l . l l b  where the rise in liquid level 
elevate the float in the float chamber which discontinues the flow of electric 
current to  the solenoid valve to interrupt the supply of liquid to the vessel. The 
float chamber serves a useful purpose in damping some of the splashing likely to  
exist in the liquid level in the vessel. The manual expansion valve, as was shown 
in Fig. 11.2, is always combined with the solenoid valve to reduce the flow rate 
when the solenoid is open to  avoid short pulses of high flow rates which would 
disturb the pressure in the vessel. 
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FIGURE 11.12 
The liquid level in the column will change the capacitance between the rod and the column. 

11.11 LIQUID LEVEL 
CONTROLS-CAPACITANCE LEVEL 
SENSOR 

Electrical capacitance between two plates is the electrical charge divided by the 
voltage difference needed to maintain this charge. A capacitance level sensor 
measures the capacitance between the center rod and the column in Fig. 11.12. 
When the liquid level is different in the two columns, the capacitance in them 
will also be different. 

The total capacitance7 for a given clearance between the rod and the col- 
umn is expressed by the equation 

Total capacitance 2z D,A, + D,AI (1 1.2) 

where D, = dielectric constant of vapor 
A, = &ea of plates surrounded by vapor 
Dl = dielectric constant of liquid 
A1 = area of plates surrounded by liquid 

Furthermore, the approximate dielectric constants of vapors and several 
liquids are: 

Material Dielectric constant 
Most vapors 1 .O 

Ammonia liquid 15.5 
R-22 liquid 6.1 

Oil 2.0 



Vapor has a dielectric constant appreciably less than liquids, so the appli- 
cation of Eq. 11.2 shows that as the liquid level in the probe chamber rises, so 
doe. the capacitance between the rod and the column. This capacitance is sensed 
and usually converted into an electric current varying between 4 and 20 mA. A 
comparison of the dielectric constant of oil and ammonia, for example, suggests 
that if the probe chamber has accumulated oil, that the sensed level will be in 
error. 

There are two types of capacitance level indicators, the single-point and 
the continuous. Single-point probes indicate the presence of liquid a t  one level, 
and thus are comparable to  the float switch. This application of the capacitance 
principle fails to capitalize on its full capabilities, because circuitry is available 
to open or close a contact a t  multiple values of the probe output. A typical 
set of level indicators is shown in Fig. 10.13 applied to a low-pressure receiver 
where the capacitance level probe not only manages the normal control level, but 
signals two extreme positions to activate the low-level and high-level alarm. The 
high- and low-level cutouts are usually part of a separate system, perhaps float 
swithes, so that the plant is protected in the event of a failure of the capacitance 
level controller. 

An advantage of the capacitance level controller is that a setting of a level 
can easily be adjusted by changing the pickoff point in the 4 to 20 mA range 
that triggers the action. Changing the level setting with a float switch is not 
so simple, because the connections of the float chamber on the vessel must be 
relocated. Capacitance probes have no moving parts in the sensor to wear out, 
so they are not subject to sticking and failure of electrical contacts in the probe. 

11.12 PROPER PLACEMENT OF THE 
FLOAT CHAMBER 

It would be possible to install a float or a capacitance probe directly in the vessel, 
but it is highly preferable to attach a float or capacitance chamber external to the 
vessel. One reason is that  the level in the vessel may be subject to considerable 
agitation, whereas the level in the chamber will be much more tranquil. The 
float chamber requires two connections to the vessel, one above and one below 
the desired liquid level. The connections to the vessel should be made to  the 
side of the chamber, rather than from the bottom. As Fig. 11.13a shows, in an 
ammonia system any oil in the vessel could collect in the line between the vessel 
and the chamber. Since oil has a different density than liquid ammonia, the float 
would settle at  a level different than that in the vessel. As was mentioned in the 
previous section, the capacitance level sensor would be distorted by oil for an 
additional reason, which is that  the dielectric constant of oil differs from that of 
liquid ammonia or the halocarbons. 

If the liquid in the vessel is boiling or has compressor vapor bubbling 
through it t o  desuperheat the vapor, the density of the mixture in the vessel 
will be less than in the float chamber. The result, as illustrated in Fig. 11.13b, 
is that  the liquid level in the vessel will be higher than in the float chamber. 
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FIGURE 11.13 
Float chambers: (a) with one leg connected to the bottom of the v d  and collecting oil, and 
(b) difference in levels in the float chamber and v d  when liquid in the vessel contsins vapor. 

Equalizer pipe lines should be a minimum of 30 m m  (1-114 in) pipe for 
low- pressure vessels7. Chambers for low-pressure vessels should be a minimum 
of 75 mm (3 in) in diameter. 

11.13 SUPERHEAT-CONTROLLED 
EXPANSION VALVES (THERMO OR 
TX VALVES) 

Probably the most widely used flow control device in general refrigeration prac- 
tice, including air conditioning, is the superheat-controlled expansion valve. The 
valve is popularly called a thermostatic expansion valve, a name that  implies con- 
trolling a fixed evaporating temperature. The  valve d o a  no such thing, as will be 
explained later, so we shall call the valve a superheat-controlled valve, although 
another acceptable name is thermoualve. The  valve is also called a TXV by some 
refrigeration professionals. Even though the superheat-controlled valve is used 
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Liquid 
FIGURE 11.14 
A schematic diagram of tho basic superheat-controlled erpsnsion vdvo. 

so widely, one objective of this section is to distinguish where the valve can be 
applied effectively in industrial refrigeration and where it is not recommended. 

A schematic diagram of the basic superheat-controlled expansion valve is 
shown in Fig. 11.14. The essential objective of the expansion valve is to regulate 
a flow rate of refrigerant to the evaporator that matches the rate boiled off. 
The valve accomplishes this objective by controlling the amount of refrigerant 
superheat leaving the evaporator. 

The valve stem is positioned by the pressure difference on opposite sides 
of the diaphragm. The pressure under the diaphragm is provided by the refrig- 
erant a t  the entrance to  the evaporator, and the pressure on the top side of the 
diaphragm by what is called the power fluid. In the basic expansion valve, the 
power fluid is the same refrigerant used in the system. It is in vapor form, except 
for a small amount of liquid in the sensing bulb. 

A slight force exerted by the spring on the valve stem keeps the valve 
closed until the pressure above the diaphragm overcomes the combined forces of 
the spring and the evaporator pressure. For the pressure above the diaphragm 
to be higher than the evaporator pressure below the diaphragm, the power fluid 
temperature must be higher than the saturation temperature in the evaporator. 
The suction gas must, therefore, be superheated to bring the power fluid up to 
the valve-opening pressure. 

The superheat-controlled expansion valve is a type of proportional con- 
troller in that the response of the valve stem is proportional to the error between 
the sensed and set values. The stem position thus bears a relationship to the 
superheat at the evaporator outlet as shown in Fig. 11.15. Conceivably the valve 



FIGURE 11.15 
Range of superheat controlled by the expansion valve. 

could be adjusted t o  operate with no superheat when just closed and thus hold 
about 3°C (5.4OF) superheat when completely open. But such a setting provides 
no protection against a surge of liquid moving through and out of the evaporator 
more rapidly than the valve could respond. As a precaution, then, the application 
of a precompression on the spring assures that even at  its nearly closed position, 
the valve provides some superheat leaving the evaporator, as is the case in Fig. 
11.15. 

If the amount of superheat at  the evaporator outlet is to  be truly regulated 
by the valve, the stem position should be controlled by the pressure difference 
of the power fluid and the pressure at  the outlet of the evaporator, rather than 
at  the inlet as is true of the basic valve of Fig. 11.14. Because of the pressure 
drop between the inlet and outlet of the evaporator of perhaps 15 to 40 kPa (2 
to  6 psi) which varies as a function of evaporator load, the performance of the 
basic expansion valve would be distorted. To correct this problem, a standard 
expansion valve is available that incorporates an external equalizer, as shown in 
Fig. 11.16. This valve is provided with an additional connection which permits 
the pressure at  the outlet of the evaporator to  be applied t o  one side of the 
diaphragm. 

We stated earlier that the name thennostaficerroneously suggests that this 
type of expansion valve controls the evaporating temperature. Instead, the evap* 
rating temperature and pressure of a refrigeratiion system served by a compressor 
of a constant displacement rate will ride up and down, as shown in Fig. 11.17. 
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FIGURE 11.16 
Superheat-controlled expansion valve with external equalizer. 

Two balance points are shown, one a t  a heavy refrigeration load and the other 
a t  a low load. The valve admits a flow rate of refrigerant equal to  that e v a p  
orated, and at  low loads the compressor/valve combination settles on a lower 
evaporating pressure and temperature than a t  heavy refrigeration loads. 

11.14 SUPERHEAT-CONTROLLED 
VALVES FOR INDUSTRIAL 
REFRIGERATION 

The superheat-controlled expansion valve needs no defense in its use in comfort 
air conditioning applications and in commercial refrigeration, but it is appropri- 
ate now to  examine its applicability to  industrial refrigeration systems. Many re- 
spected industrial refrigeration professionals have in the past made flat assertions 
that the superheat-controlled valve should not be used in low-temperature, am- 
monia refrigeration systems. The next few paragraphs will present some reasonse 

why those two conditions present challenges for this type of expansion valve. In 
addition, certain applications will be proposed where this type of expansion valve 
could be properly applied. 

One drawback of superheat-controlled valves for low-temperature applica- 
tions is the high superheat that occurs a t  low temperatures with the consequent 
reduction in the effectiveness in the use of the evaporator surface. This charac- 
teristic is particularly applicable to systems where the evaporating temperature 
is frequently pulled down from a warm state. Fig. 11.18a, for example, shows a 
valveserving an R-22 system with R-22 as the power fluid. The valve is set a t  5OC 
(g°F) superheat a t  a high temperature of 5OC (41°F) which provides a 100-kPa 
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FIGURE 11.17 
Shift of evaporating pressure snd temperatun as the refrigeration load changes on a system 
with a superheat-controlled expansion valve. 

(14.6-psi) pressure difference across the diaphragm. To open the valve the same 
amount a t  a low temperature of -30°C (-22OF), a superheat of 12OC (22OF) is 
required. This large amount of superheat will-penalize the performance of the 
evaporator. The situation can be avoided by selecting a type of valve that uses 
what is called a cross charge for the power fluid, as illustrated in Fig. 11.18b. 
This cross charge is a specially blended mixture whose pressure-temperature 
curve is precisely displaced from the curve of the system refrigerant. In this way 
a constant relationship of Ap t o  superheat over a wide range of temperatures 
prevails. 

One of the critical drawbacks of the superheat-controlled expansion valve 
for low-temperature systems is that superheat in the evaporator becomes a pro- 
gressively greater deterrent to  the maintenance of capacity and coefficient of per- 
formance as the evaporating temperature drops. In fact, the improved evaporator 
heat-transfer characteristic, as shown in Fig. 8.6 and 8.7, was one of the reasons 
for applying liquid recirculation. Because the penalty on the power and capac- 
ity of each degree.of temperature becomes more prominent in low-temperature 
systems. 

The superheat-controlled valve encounters another difficulty when operat- 
ing a t  low temperatures, and that is that there may be no temperature available 
that is high enough to provide the superheat needed to  open the valve. As Fig. 
11.15 shows, a superheat of perhaps 7OC (12.6OF) may be required to  fully open 
the valve. An air coil in a frozen-food storage facility may be designed for a 5.5OC 
(9.g°F) temperature difference between the inlet air and the refrigerant. The en- 
tire coil is surrounded by air a t  the entering temperature, so there is no source of 
air a t  a high enough temperature to  provide the required superheat. The draw- 
backs of the superheat-controlled valve in industrial refrigeration systems that 



FIGURE 11.18 
(a) If the power fluid h the m e  as the refrigerant in the system, high superheat u l t s  at 
low temperat-, which is corrected by (b) udng a crrrm charge as the power fluid 



operate a t  low temperature are formidable, but at  medium temperature levels- 
in the neighborhood of O°C (32OF)-the temperature level alone is not a major 
issue. 

Consider next the question of the compatability of ammonia with direct- 
expansion systems in general and with superheat-controlled expansion valves in 
particular. Refrigeration practitioners occasionally report attempts to install a 
superheat-controlled valve on a coil designed for liquid recirculation. Invariably 
the coil is not able to provide as high a heat transfer rate as with liquid re- 
circulation, and the reason is that the liquid ammonia flows along the bottom 
of the tubes without wetting the entire tube wall. Section 6.27 when discussing 
direct-expansion ammonia air-cooling coils stressed the need of small-diameter 
tubes with long circuit lengths in order to achieve sufficient agitation of the boil- 
ing refrigerant to adequately wet the surfaces of the tubes. Interest is high in 
successful application of direct expansion to ammonia coils, because of the lower 
refrigerant charge and the reduction in first cost by eliminating liquid pumping 
equipment. 

Ammonia possesses five or six times the latent heat of halocarbon refrig- 
erants, and this property is almost always a valuable asset. With control valves, 
however, the high latent heat may be a drawback, because the flow rate of am- 
monia for a given refrigerating capacity will be low. Ammonia expansion valves 
are built with much smaller ports than those for halocarbons refrigerants, and 
a t  their nearly closed position a minute change in stem position results in large 
percentage changes in flow rate. Expansion valves in ammonia systems are thus 
more prone to instability than in halocarbon systems. Another feature of a m m e  
nia superheat-controlled expansion valves is that the outlet line of the evaporator 
to  which the bulb is strapped is likely to be steel. The thermal conductivity of 
steel is about one-eighth that of copper, so the response of the ammonia valve is 
likely to be more sluggish. 

An approach
g 

to circumventing the control instability that occurs with a 
nearly closed control valve is to resort to pulse-width modulation of a valve that  
is either completely open or completely closed. A signal, such as the superheat of 
the refrigerant leaving the evaporator, is fed to a microprocessor which regulates 
the pulse width. Figure 11.19 shows three different percentages of flow rates that  
are accomplished by varying the fraction of time that the valve is open during 
the uniform pulse width. A typical cycle time is 6 s. This valve is essentially 
a rapidly opening and closing solenoid valve which will survive for millions of 
cycles. 

11.15 VALVE AND CONTROL 
SELECTION 

Valves and controls may constitute only a small fraction of the first cost of a 
plant, but they are the focus of considerable attention during the operating life 
of the plant. Careful consideration should be given to the location of shutoff 
valves, because valves a t  convenient locations facilitate isolation of a component 
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FIGUaE 11.19 
A pubcxidth-dulrted vdve. 

for servicing. The pressure drop of an unneeded d v e ,  however, adds to operating 
cost of the system. Proper installation of solenoid ahutoff, pressure-regulating, 
and level-control valve should be followed up with regular maintenance. 
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CHAPTER 

REFRIGERANTS 

12.1 CFCS AND THE UPHEAVAL IN 
THE REFRIGERATION INDUSTRY 

The most radical revolution that  the refrigeration and ai;-conditioning industry 
has experienced is probably the one that began a few years ago with the phase- 
out of chlorofluorocarbons (CFCs). After having about 50 years t o  develop and 
learn to  properly apply a certain assortment of refrigerants, the industry needed 
quickly to replace some widely used refrigerants. Manufacturers of domestic re- 
frigerators and auto air conditioners, for example, have been forced to  find a 
substitute for R-12, which has been used effectively in those products for many 
years. The industrial refrigeration industry had settled primarily on the use of 
two refrigerants-ammonia and R-22. A third refrigerant, R-502, which is a dom- 
inant refrigerant in supermarket refrigeration and other commercial applications 
as well as occasional industrial applications, is scheduled for retirement. 

The premise of this chapter is that ammonia will continue to  be a dominant 
refrigerant in the industrial refrigeration field. Also, the halocarbon refrigerant 
that  is most prominent in the industrial refrigeration field, R-22, will be vitally 
important for the next several decades until it is discontinued. R-502 will be 
phased out because it contains a CFC. A crystal ball is needed to  predict which 
halocarbon or halocarbons will eventually replace R-22 and R-502. A few in- 
dustrial refrigeration systems used R-12, but most of these systems have been 
retired by now. If the system served moderate-temperature evaporators, R-134a 
could serve the application. In fact, the most successful replacement so far has 
been of replacing R-12 with R-134a, sometimes in the same equipment, provided 



that the mineral oil is completely removed and replaced with synthetic oil and 
elastomer seals and hoses replaced. The vapor density of R-134a is relatively 
low, so the compressor displacement required for a given refrigerating capacity 
is high, which requires a larger and more expensive compressor. 

It is not possible a t  this time to predict with certainly which halocarbon 
refrigerants will become the favored substitutes for R-22 and R-502. There cer- 
tainly is no shortage of candidates, and the commercial refrigeration field in 
supermarkets is wrestling with the large number of potential alternatives. In al- 
most all cases these refrigerants are not single refrigerants, such as R-134a, but 
a mixture-either an azeotropic or a zeotropic mixture. The variety of replace- 
ments for R-22 and R-502 is so extensive that it is difficult to envision that all 
the candidates can survive. A technician servicing supermarkets will not carry 
ten different cans of refrigerant on the truck and will not want to repair and 
recharge equipment with a large variety of refrigerants. It is expected that the 
competing manufacturers will practice a certain amount of cross-licensing to  re- 
duce the number of available refrigerants to  a manageable group. The list given 
in Section 12.5 presents a number of the halocarbon refrigerant mixtures that 
are currently available. In preparing this chapter one refrigerant, R-507, typical 
of the class of azeotropic mixtures is chosen for coverage and R-404a as an exam- 
ple of a zeotropic, but near-azeotropic mixture.. Both of these refrigerants could 
actually emerge as halocarbons that are companions to ammonia in industrial 
refrigeration. 

Another important consequence of the banning of CFCs is that R-11, which 
has been a blowing agent in foamed insulation products, must be replaced. This 
conversion is important in the construction of refrigerated buildings and will be 
addressed in Chapter 19. 

In the comparisons of refrigerants presented in this chapter, some of the 
CFCs will be included as a point of reference, but properties of R-12 and R-502 
will not be included in the appendix, because their properties have appeared in 
many other references for years. The properties of the following refrigerants will 
be included in the appendix: R-22, R-23, R-134a, R-404a, R-507, and ammonia. 

12.2 THE OZONE LAYER AND 
GLOBAL WARMING 

The molecules of refrigerants in the halocarbon refrigerant family are made up 
of some or all of the following elements: carbon, hydrogen, chlorine, and fluorine. 
Examples of the molecular structures of several classes of halocarbons are shown 
in Fig. 12.1. Because some of the halocarbons are considered environmentally safe 
and some others damaging, the industry has adopted a practice of distinguishing 
among them by the designations of CFC, HCFC, and HFC. 

Figure 12.la shows the structure of a chlorofluorocarbon (CFC) such as 
R-12, which is a nonhydrogenated (no hydrogen) halocarbon. The chemical is 
extremely stable, which is a desirable feature for a refrigerant, but when released 
to the atmosphere it ultimately diffuses to the  upper atmosphere. In the upper 
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FIGURE 12.1 
Molecular structure of several groups of halocarbon refrigerants having differing environmental 
effects, (a) a CFC, (b) an HCFC, and (c) an HFC. 

atmosphere it breaks down, and the chlorine combines with ozone that exists 
there, depleting the ozone concentration. While ozone has harmful effects a t  the 
earth's surface, ozone in the upper atmosphere has the beneficial role of blocking 
some of the sun's ultraviolet rays. Too high an intensity of ultraviolet rays could 
result in a greater incidence of skin cancer among the earth's occupants. 

The second group of halocarbons is hydrogenated, because i t  contains a 
hydrogen atom, as Fig. 12.lb shows. This group is called the hydrochlorofluoro- 
carbons (HCFCs), of which R-22 is an example. Because of the hydrogen atom, 
the chemical is not quite as stable as a CFC, so when released to the atmosphere, 
most of it breaks down before reaching the ozone layer. An HCFC, therefore, is 
likely to be much less damaging to  the ozone layer. 

Yet another group of halocarbons, called the hydrofluorocarbons (HFCs), is 
illustrated in Fig. 12.1~.  This chemical not only breaks down before reaching the 
stratosphere, it contains no ozone-depleting chlorine. The particular refrigerant 
shown in Fig. 1 2 . 1 ~  is R-134a, which has similar saturation properties to R-12 
and is the front runner for a replacement of R-12. 

Molina and Rowland1 (1974) first hypothesized that the presence of CFCs 
in the upper atmosphere contributed to depletion of stratospheric ozone (03). 
Further tests and analyses confirmed the perils of continued discharge of CFCs 
into the atmosphere. A further detriment of the CFCs in the atmosphere is the 
global warming potential due to the greenhouse effect. Perhaps the discharge 
of CO and COz represents a more signifcant risk than does the discharge of 
the CFCs, but the threat must be attacked on all fronts. Table 12.1 shows the 
ozone depletion potential (ODP) and the global-warming potential (GWP) of 
some CFC, HCFC, and HFC refrigerants. Ammonia, which is not listed, neither 
depletes ozone nor causes global warming. 
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TABLE 12.1 
Ozone-depletion potential, ODP, and global-warming potential, GWP (relative to  
CFC-11) of several refrigerants. 

Refrigerant 

C F C l l  

CFC12 

CFC115 

HCFC22 

HFC32 

HCFC123 

HFC125 

HFC134a 

HFC-14% 

F o d  

CFC4 

CFaa2  
CClFp CF3 

CHClF2 

CH2Fz 
CHC12CF3 

CHFz CFj 

CH2 FCFj 
CHj CFj  

ODP - 
1.00 

1 .o 
0.6 

0.055 

0 

0.02 

0 
0 

0 - 

GWP 

1 .w 
3.20 

10.6 

0.3 

0.12 

0.02 

0.63 

0.31 
0.76 

Sources: Report No. 25, World Meteorological Organization, Globa Ozone Research and Mon- 
itoring Project, 1991. Lund et al. 1988, UNEP 1988, Makbijani et d. 1988, du Pont 1988. 

12.3 NUMERICAL DESIGNATIONS OF 
REFRIGERANTS 

Standard 34-92 of the American Society of Heating, Refrigerating and Air- 
conditioning Engineers2 has categorized and numbered all refrigerants, including 
air and water. The industrial refrigerants, inchding those in current as well as 
future possible use, fall into one of five chemical groups: 

Halocarbons 
Azeotropes 
Zeotropes 
Organic compounds 
Inorganic compounds 

Examples of acceptable usage of number designations are R 22, R-22, Re- 
frigerant 22, or (Trade name) 22. The convenience of a numbering system is es- 
pecially apparent for the halocarbons that have complex chemical names. Some 
popular industrial refrigerants are listed in Table 12.2. 

The halocarbon family consists of halogenated hydrocarbons that contain 
one or more of the halides-chlorine, bromine, fluorine, or iodine. Hydrogen may 
or may not be present. The numbering system applicable to the halocarbons and 
some hydrocarbons is as follows: 

The first digit on the right is the number of fluorine atoms 
The second digit from the right is one more than the number of hydrogen 
atoms 
The third digit from the right is one less than the number of carbon atoms 



TABLE 12.2 
Numerical designation of some refrigerants. 

When the third digit from the right is zero, it is omitted from the number. 
The 600 series has been assigned to miscellaneous organic compounds and the 
700 series to inorganic compounds. Azeotropes that have been commercialized 
are assigned identifying numbers in the 500 series in order of their commercial 
appearance. 

Family 

Halocarbons 

Azeotrope 
Hydrocarbons 

lnorganic 
compounds 

12.4 REFRIGERANT BLENDS 

A summary statement of the position of industrial refrigeration with respect to 
refrigerants is that ammonia is likely to continue to be dominant in the field, 
but there is a need for refrigerants of low toxicity to supplement ammonia and 
to take the place immediately of R-502 and in the future R-22. While it is 
a suitable replacement for R-12, R-134a will be limited in its applications in 
industrial refrigeration, so the need remains for a halocarbon appropriate for 
low-temperature refrigeration. The industry hai been forced to turn to mixtures 
or blends. 

Refrigerant mixtures or blends are often characterized as azeotropic mix- 
tures or nonazeotropic (or correctly, zeotropic) mixtures. Azeotropic blends are 
precise mixtures of substances that have properties differing from either of the 
two constituents. The diagram of the temperature-pressure-concentration rela- 
tionship of an ideal zeotropic mixture might appear as shown in Figure 12.2. In a 
zeotropic mixture, the concentration of the two substances in the vapor is differ- 
ent from that in the liquid at  a given pressure and temperature. There are certain 
applications where the properties of a zeotrope are advantageous, such as in the 
autocascade system for ultra low temperatures as explored in Chapter 21. For 

Numeri- 
cal desig- 
nation 
12 

13 

22 

23 

32 

125 

134a 

R-507 

170 

290 

600 

717 

744 

Chemical name 

Dichlor&uoromethane 
Chlorotrifluoromethsne 
Chlorodifluoromethane 
~ f l u o r o m e  thane 
Difluommethane 
Pent duoroethane 
Tetrafluomethane 

Ethane 
Propane 
Butane 
Ammonia 

Carbon dioxide 

C h v n i d  
form& 

CC12 F2 
C C f i  
CHClF2 
CHF3 

CH2 F2 
CHFz CFJ 
CH2FCF3 
R-125/R-143a 

C2 Hs 
C3 Ha 
CIHIO 
NH3 
c o z  
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Fraction of B 

1 .o 0 

FIGURE 12.2 
An ideal zeotropic mixtun of clubstanas A and 8. 

conventional industrial refrigeration systems, however, the zeotrope of Fig. 12.2 
has the drawback that if a leakage from a system occurs that is in vapor form, 
for example, the composition of the lost vapor will be different than the original 
charge. Replacing the lost refrigerant thus requires some analysis of the concen- 
tration of the refrigerant mixture remaining in the system. Another charcteristic 
of the zeotrope when boiling or condensing is that its temperature changes, in 
contrast to a single refrigerant whose temperature remains constant during a 
constant-pressure evaporation or condensation. This characteristic could be an 
advantage on some systems which are designed for this behavior, but it is not 
the standard expectation in an industrial refrigeration system. 

12.5 AZEOTROPIC MIXTURES 

An azeotropic mixture, in contrast to the zeotropic mixture, has a temperature- 
pressure-concentration diagram where the saturated vapor and saturated liquid 
lines coincide at  a range of concentrations, as shown in Fig. 12.3. At the point or 
region where the saturated vapor and liquid lines merge, the mixture of the two 
substances behaves with the properties of a single substance, having properties 
different from either of its constituents. 

Even combinations that are azeotropic at  certain concentrations a t  one 
pressure may not be perfectly azeotropic at  another pressure, as Figure 12.4 



FIGURE 12.3 
An azeotropic mixtun of Materids A aad B in the range of 5 0 - ~ 6 0 %  of A. 

shows. The low-pressure temperature-concentration a t  low pressure, which is that 
of Figure 12.3 may change as the pressure increases. Usually the azeotropic region 
shifts toward the high concentration of the low- temperature boiler (material A 
in this case). Even the azeotrope R-502, which has been used successfully for 
many years, was subject to fractional distillation at certain operating pressures. 

Most of the new substitute halocarbons that have become available in the 
past few years are blends, most of which are near-azeotropic, but a few are 
labeled azeotropic, such as R-507 which will be used as an example in this book. 
As an example of a near-azotropic refrigerant, R-404a will be chosen. In contrast 
to single refrigerants and azeotropes, the saturation tables (see Appendix) show 
a slightly different pressure for the vapor compared to the liquid a t  a given 
temperature. 

Table 12.3 lists the major blends intended as substitutes for R-502 and/or 
R-22. 

12.6 SATURATION PRESSURES AND 
TEMPERATURES 

The magnitudes of the evaporating and condensing pressures a t  the expected op- 
erating temperatures strongly affect the choice of refrigerant. Figure 12.5 shows 
the saturation pressures as functions of temperature for most of the refrigerants 
that are listed in Table 12.2. It is desirable that the operating pressures be low 
enough to use pipe and vessels of standard wall thicknesses. On the other hand, 
pressures below atmospheric have the disadvantage of drawing in air dong  with 
water vapor should there be any leaks. If a leak in the system does exist, it is 
usually preferable for refrigerant to leak out rather than for air to leak in. The 
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FIGURE 12.4 
A shift in the azeotropoic region as the pressure changes. 

graph in Fig. 12.5 explains why R-23, ethane, and carbon dioxide are usually 
reserved for low-temperature systems, and why R-134a might be chosen in the 
future for systems in which the condensing temperature is high, such as in an 
industrial heat pump. 

Carbon dioxide (R-744) possesses some thermodynamic characteristics that  
make i t  advantageous in certain applications. The pressure-enthalpy diagram of 
carbon dioxide is shown in Fig. 12.6 and demonstrates that  solid carbon dioxide, 
or dry ice, sublimes from a solid t o  a vapor a t  -78.4OC (-109.1°F) when the 
pressure is atmospheric. At pressures above 518.1 kPa (75.1 psia), carbon dioxide 

TABLE 12.3 
Zeotropic and azeotropic blends and their composition intended as substituted for 
R-502 and 

Number 

R-4028 

R-402b 

R-403b 

R-4048 

R-4078 

R-40% 

R-407c 

R-4088 

R-4108 

R-410b 

R-507 

Constituents 

R-125/290/22 

R-290/22/218 

R-125/143a/134a 

R-32/125/134a 
t 

R-125/1438/22 

R-321125 

R-125/143a 

8- 22.  
Type 

Zeotrope 

Azeotrope 

Composition I 
60/2/38 

38/2/60 

5/56/39 

44/52/4 

20/40/40 

10/70/20 

23/25/52 

7/46/47 

50/50 

45/55 

50/50 



FIGURE 12.5 . 
Saturation pressure as a function of tempaature for some industrial refrigerants. 

does not solidify and can only exist in liquid and/or vapor phases. 

12.7 PHYSICAL PROPERTIES 

Several important physical properties3 of the refrigerants studied in this chapter 
are listed in Table 12.4. Some of these properties reinforce the distinction between 
low-temperature and moderate-temperature refrigerants that is apparent from 
the saturation pressures shown in Figure 12.5. The freezing temperatures of all 



FIGURE 12.6 
Skeleton pressure-enthalpy diagram of carbon dioxide. 

the refrigerants shown are adequately low for operating temperatures down to 
-lOO°C (-148OF), with the exception of ammonia and carbon dioxide. Table 12.4 
does not show freezing temperatures for the azeotropes, because they have no 
precise freezing point. 

12.8 LOW-TEMPERATURE 
HALOCARBON REFRIGERANTS 

The halocarbon in the high-pressure group of refrigerants in Fig.12.5, R-23, is 
a candidate for the low-temperature circuit of the cascade system which will be 
examined in greater detail in Chapter 21. R-23 may replace R-503, which was a 
popular low-temperature refrigerant but also an weotropic mixture, composed 
of 59.9% R-13 and 40.1% R-23. Since R-13 is a CFC, R-503 has been phased 
out. R-23 now remains as a single refrigerant adaptable to low-temperature cir- 
cuits. Water is fairly soluble in R-23, which is an advantage because R-23 is not 
extremely susceptible to separation and freezing during low-temperature opera- 
tion. The solubility of oil in R-23 may not be as good as it was in R-503, but this 
problem is currently being addressed. In one retrofit where R-503 was replaced 
by R-23, the time for drawing down the temperature was increased. Further- 
more, t he  R-23 discharge temperature from the compressor was high-132OC 
(270°F)-necessitating the injection of a controlled amount of liquid refrigerant 
at the suction of the compressor. 

Lately, an azeotropic blend of R-23 and R-116 (hexofluoroethane) has been 
explored. Preliminary tests suggest the use of polyol ester (POE) oils to achieve 



TABLE 12.4 
Several physical propertiea of industrial refrigerants. 

lubricantlrefrigerant miscibility. This refrigerant offers lower compressor dis- 
charge temperatures than R-23. 

12.9 CYCLE PERFORMANCE 

Various thermodynamic properties of a refrigerant combine when operating within 
a cycle to influence the performance. Tables 12.5 and 12.6 show several impor- 
tant quantities that give added insight into the choice of refrigerant. To provide 
a common basis of comparison, the standard vapor-compression cycle with an 
evaporating temperature of -15OC (5OF) and a condensing temperature of 30°C 
(86OF) has been chosen for the refrigerants in Table 12.5. For the low-temperature 
refrigerants in Table 12.6, -50°C (-58OF) and -15°C (5OF) are the evaporating 
and condensing temperatures, respectively. 

The refrigerants listed in Table 12.5 often serve large systems, so their 



TABLE 12.5 
Performance of several refrigerants in a standard vapor-compression cycle oper- 
ating at -lS°C (S°F) waporating and 30eC (8e°F) condensing temperatures. 

energy characteristics are important. A high latent heat at the evaporating tem- 
perature reflects itself in the mass rate of refrigerant flow per unit refrigeration 
capacity. The latent heats of the halocarbons shown in Table 12.5 are of the 
same order of magnitude, but the latent heat of ammonia is much higher. An- 
other quantity that affects the size of components is the volume flow rate leaving 
the evaporator per unit refrigerating capacity. Ammonia, HCFG22, and R-507 
show comparable magnitudes of the volume flow rate per unit refrigerating ca- 
pacity in comparison to the higher value of HFG134a. The consequence of this 
comparison is that the compressor required in an HFG134a unit must have 
greater volume-pumping capacity than compressors serving systems with the 
other refrigerants. 

Systems with different refrigerants perform with somewhat unique COPs, 
so it is fair to say that some refrigerants are more efficient than others. A com- 
parison of the COPs for the refrigerants shown in Table 12.5 indicates that all 
these refrigerants are about equally efficient, with the possible exception of R- 
507, which has a COP of about the same order of magnitude as  R-502, for which 
it is a potential replacement. 

The choice of low-temperature refrigerants is now quite limited, as was 
discussed in Section 12.8. Table 12.6 shows a comparison of three candidate 
refrigerants, HFG23, ethane (R-170), and carbon dioxide (R-744). The use of 
HFG23 as a single refrigerant is just now proving itself, but the results so far 
have been promising. Carbon dioxide has certain desirable properties, but cannot 
be used w>th evaporating temperatures lower than -56.6OC (-69.g°F), which is 
its triple point. 



TABLE 12.6 
Performance of several low-temperature industrial  refrigerants in  a s t andard  
vapor-compression cycle with a -50°C (-5E°F) evaporating t e m p e r a t u r e  a n d  a 
-15OC (SoF) condensing temperature .  

TABLE 12.7 
Matr ix  of flammability a n d  toxicity for classifying refrigerants in A S H R A E  Stan-  
d a r d  34-92. 

Characteristic - 
Latent heat a t  -50°C (-58OF), 

kJ/kg (Btu/lb) 

Vapor specific volume 

a t  -50°C (-5a0F), L/kg (ft3/lb) 

Volume flow rate leaving evaporator 

per unit refrigerating capacity 

L/s per k W  (ft3/min per ton) 

Coefficient of performance 

12.10 SAFETY OF REFRIGERANTS 

HFC23 

209.6 

(90.1) 
48.49 

(0.776) 

0.274 

(2.04) 

4.96 

Highly flammable 

Moderately flammable 

No flame 

propagation 

Some factors on which the safety of refrigerants are judged include toxicity, 
carcinogenicity, mutagenicity, and flammability. Itecommendations as to  where 
various refrigerants should and should not be used and specification of toxic 
levels and flammability limits are available from several sources. The data from 
the different source do not always agree, although general conclusions can be 
drawn about, for example, their relative toxicity and flammability. 

One safety classification of refrigerants that has been in a state of flux as 
the writers of the standard attempt to  keep pace with the development, of new 
refrigerants is ANSI/ASHRAE Standard 34-92, Number Designation and Safety 
Classification of R e f i g e m n t s .  The safety classifications established in Standard 
34-92 are carried over into ANSI/ASHRAE Standard 15-94, the premier standard 
for industrial refrigeration in North America. Standard 34-92 establishes a matrix 
formed by levels of flammability and toxicity, as shown in Table 12.7. The table 
also lists an example or two of refrigerants classified in each category. 

Underwriters L a b o r a t ~ r ~ ~ ~ ~  has classified some of the industrial refrigerants 
with respect t o  their hazardous effects on life. Several of the groups are: 

Ethane 

431.8 

(185.2) 

99.4 

(1.592) 

0.301 

(2.24) 

4.80 

Lower toxiaty 

Group A3 

(propane) 
Group A2 

(HFC-1428, HFC-1528) 

Group A1 

(HFC-1348) 

Cop 
336.5 

(144.4) 

55.7 

(0.892) 

0.209 

(1.56) 

4.66 

Higher toxicity 

Group B3 

(vinyl chloride) 

Group B2 

(ammonia) 

Group B1 

(HCFC-123) 



TABLE 12.8 
Permiesible exposure during eight hours (weighted average) specified by OSHA6. 

Refrige~ant I Msxianun allowable, by volume, ppm 

Ammonia I 35 (abort-tam expos= limit) 
Carbon dioxide 

Jm12 I 
ProDane 

TABLE 12.9 
Threshold limit values of several industrial refrigerants7. 

Group 2. Gases or vapors which in concentrations of about 1/2 to  1% (5,000 
to 10,000 ppm) for durations of exposure of about one-half hour are lethal 
or produce serious injury4: ammonia. 

Rekigersnt 

Ammonia 

Butane 
Carbon dioxide 
HCFC-22 

Group 5. Gases or vapors which in concentrations somewhere between 2% 
and 20% by volume for durations of exposure of about 2 hours are lethal or 
produce serious injury5: HFG22 and carbon dioxide. 

Group 6. Gases or vapors which in concentrations of 20% by volume for 
durations of exposure of about 2 hours do not appear to  produce injury. I t  
is hoped that HFG134a will fit into this category. 

The U.S. Occupational Safety and Health Administration (OSHA)6 lists 
maximum permissible exposures, as shown in Table 12.8. 

The American Conference of Governmental Industrial Hygienists defines 
two Threshold Limit Values (TLVs). One is the TLV-TWA, which is the time- 
weighted average concentiation for a normal 8-hour day, 40-hour week, t o  which 
nearly all workers could be exposed without adverse results. The TLV Short- 
Term Exposure Limit (TLV-STEL) is the mavimum exposure for a lbminute  
period repeated no more than four times a day. Adopted TLVs are shown in 
Table 12.9. 

Threshold limit values for the new HFC refrigerants are not yet established, 
but tentatively HFG134a will have TLVs that are similar t o  HCFG22. 

TLV, P P ~  
Tiweighted 

value 
25 
800 

5 
1 

Short-term 

e x p m  limit 
35 
- 

15,000 
1,250 



TABLE 12.10 
Physiological response t o  ammonia vapor8. 

Exposure 

Least detectable odor 

Least amount for prolonged exposure 

Maximum for 112 to 1 hour exposure 

Least amount causing throat irritation 

Least amount causing eye irritation 

Least amount causing coughing 

Dangerous for even 112 hour exposure 

Rapidly fatal for short exposure 

Concentration, ppm 

53 

100 

300-500 

408 

698 

1,720 

2,500-4,500 

5 . ~ 1 0 . 0 0 0  

TABLE 12.11 
Effect of short- term exposure to  ammonia

Q

. 

An older set' of exposure standards8 for ammonia that is reproduced in 
Table 12.10 was not quite 'so stringent as the two standards mentioned above. 

Table 12.11 presents results of tests of 1- to 3-minute duration conducted 
on seven volunteer subjects are presented in Table 12.11. 

Some refrigerants are flammable. The ranges of percentages by volume in 
air constituting flammable limits of several industrial refrigerants are:4 

Concentration, 

PPm 
150-200 

440 

600 

700 

1,000 

1,500-greater 

Butane 1.6% to  6.5% 
Propane 2.3% to 7.3% 
Ammonia 16.0% to 25% 

Effects 

Affected eyes to a limited extent after about 

one-minute exposure, but vision not seriously 

impaired. Breathing not affected. 

Affected eyes more quickly, but not sufficiently 

to seriously impair vision. 

Eyes streaming within about 30 seconds. 

Still breatheable. 

Tears to eyes in a few seconds. Still bieatheable. 

Eyes streamed instantly and vision impaired, 

but not lost. Breathing intolerable to most 

participants. 

Skin imtation after several minutes exposure. 

Instant reaction was to get out of the 

atmosphere. 



Carbon dioxide, HFG134a, and HCFG22 are not considered to be flammable 
refrigerants, although the combustion of a 50% mixture of air and HCFG22 a t  
pressures higher than 1380 kPa (200 psi) can be triggered by high temperatures.10 

Many halocarbon refrigerants will decompose when exposed to  high tem- 
peratures from flames or electric resistance heaters." The products of the de- 
composition, such as hydrogen chloride and hydrogen fluoride, may be irritating 
and even toxic. 

In summary, all refrigerants should be handled carefully. Even the halocar- 
bon refrigerants, which are the safest, can be injurious and even fatal in high 
concentrations. The hydrocarbons are quite flammable and should be used only 
in plants already outfitted t o  avoid flames and electrical sparks. Ammonia is the 
most toxic of the industrial refrigerants and has flammability limits somewhere 
between those of the hydrocarbons and the halocarbons. The flammability limits 
of 16% to 25% by volume in air correspond to 160,000 to 250,000 ppm, which is 
500 to 1000 times the concentration considered toxic. No human could function 
in an environment where ammonia could burn. Some refrigeration professionals 
suspect that many accidents reported as ammonia explosions were actually rup- 
tures of pipes or vessels. Leaks of natural gas may also cause an explosion that 
results in discharges of ammonia. 

12.11 COMPATIBILITY WITH THE 
MATERIALS REFRIGERANTS 
CONTACT 

Most metals may be used in refrigeration systems with the following exceptions. 
Magnesium, zinc, and aluminum alloys containing more than 2% magnesium 
are not recommended for use in halocarbon systems, particularly if even traces 
of water are present.3 Ammonia should not be used in any system containing 
copper, brass, or other alloys containing copper. 

In certain cases, elastomers such as rubber, Buna N, and Buna S will be 
weakened by certain halocarbons. Elastomers are often used as seals, and the 
manufacturer of the refrigerant should be consulted for recommendations of what 
materials to  use. 

12.12 WHICH REFRIGERANTS WILL 
SERVE INDUSTRIAL REFRIGERATION 
IN THE FUTURE? 

This chapter is being written a t  a time when the phase out of CFCs and the 
potential phaseout of some HCFCs has resulted in an upheaval in the choice 
of refrigerants. A capsule summary of the status in the past is that for low- 
temperature industrial refrigeration systems, HCFG22 and ammonia have been 
the strongest competitors. hfrigerant-502 had found a role for some low-temperature 
applications, particularly when operating a t  high pressure ratios where its low 
adiabatic discharge temperature was an advantage. Statistically, CFG12 has not 



been widely used in industrial refrigeration. Even though CFC-12 a t  low tem- 
peratures has desirable mutual solubility with oil, its requirement of high volume 
rates of flow a t  the compressor place it a t  an economic disadvantage. 

C F G l 2  is no longer in the picture and its replacement is HFG134a, which 
might find applications in systems requiring a refrigerant of low toxicity with 
evaporating temperatures above -5OC (23OF):There is a possibility that  R-507, 
some of the new HFC blends, and even HFG125 will be important in the future. 
For the next several decades, HCFG22 will continue to compete vigorously with 
ammonia as the refrigerant of choice, until HCFG22 is phased out. The manu- 
facturers of halocarbon refrigerants are not idle, and new refrigerants are already 
available. Unfortunately, all the refrigerants seem to  have one or more drawbacks, 
and their applications must be directed to  minimizing their disadvantages. 

12.13 AMMONIA VS. HCFC-22 

The decision t o  be made in the next several decades by designers and owners 
of industrial refrigeration plants in the choice of refrigerant is primarily between 
ammonia and HCFC-22. The decision may be a quick one if ammonia is not 
permitted a t  the location or its use is inadvisable. Codes in certain cities or 
counties may restrict the type of facility in which ammonia can be used. In 
general, its use is permissible in locations physically separated from spaces to  
which the general public has access. Even if no codes legislate against i t ,  placing 
a large ammonia system close to  a school, hospital, or similarly occupied building 
would not be prudent. Progress is being made in the development of packaged 
ammonia liquid chillers with low refrigerant charges that  open opportunities for 
applications not previously considered, such as water chillers for air conditioning. 

The first point of comparison will be cost. The prices of refrigerants fluc- 
tuate and are a function of the quantity bought, but a rough comparison on a 
mass basis of ammonia, HCFG22, and HFC-134a is shown in Figure 1.9. The 
costs are relative to  that  of HCFG22 and show ammonia with the lowest cost 
and HFG134a the highest. The cost comparison becomes a factor in plants con- 
taining tens of thousands of kilograms or pounds. The cost comparison is even 
more striking when i t  is realized that  t o  fill a plant, a certain amount of volume 
(not mass) of liquid must be supplied. Because the density of liquid ammonia is 
about half tha t  of the halocarbons, only half the mass needs t o  be purchased. 

Table 12.5 showed comparisons of mass and volume flow rates for H F G  
134a, HCFG22,  R-507, and ammonia. The volume flow rates that  must be han- 
dled by the compressor in systems of the latter three refrigerants are comparable, 
so there is no advantage for one of the refrigerants. The mass flow rate for a given 
refrigerating capacity of ammonia is 117 that  of HCFG22, and this comparison 
exerts itself both in required pipe sizes and in requirements for liquid recircu- 
lating systems. Only 117 of the liquid need be pumped for a given refrigerating 
capacity, which means that  the liquid pump can be much smaller and pumping 
power will be much smaller in an ammonia system. 

Table 12.5 also showed that  the volume flow rate in the suction lines is 



FIGURE 12.7 
Comparative costs of severd industrial refrigerants. 

comparable for HCFG22, R-507, and ammonia, which may suggest that the pipe 
sizes for low-pressure vapor should be of the same order of magnitude. Another 
factor is concealed, however. The principal criterion in selecting vapor line sizes 
is the drop in saturation temperature. Table 12.12 compares the refrigeration 
capacities for several different pipe sizes and drops in saturation temperature for 
HCFG22 and ammonia. This advantage for ammonia shows itself particularly 
in industrial facilities spread over a large area where the suction lines are long. 
Either the pipe size for ammonia could be smaller than that for HCFG22 or for 
a given pipe size the pressure drop penalty will be less. 

Ammonia is more tolerant of water that might inadvertently get into the 
system. In most halocarbon systems, water remains separate from the refrigerant 
and could freeze, especially immediately after an expansion valve. With ammo- 
nia, however, water stays in solution and contaminations less than 100 ppm, for 
example, cause no penalty to system operation. 

Ammonia enjoys higher heat-transfer coefficients than HCFC22, primarily 
because most of the thermodynamic and transport properties that affect heat 
transfer are favorable to ammonia. The ratios of these properties for ammonia 
relative to HCFC22 are the following: 

Specific heat of liquid and vapor, 4 to 1 
Latent heat of vaporization, 6 to 1 
Liquid thermal conductivity, 5.5 to 1 
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TABLE 12.12 
Eefrigeration capacities served by pipes of various diameters using HCFC-22 and 
ammonia. The  quantities apply to  suction vapor lines 30.5 m (100 i t )  long oper- 
ating a t  -17.8OC (O°F) saturation temperature. 

TABLE 12.13 
Range of heat-transfer coefflcients for ammonia and HCFC-22 used by several 
designers, expressed in W/m2.K (Btu/hr.ft2.F). 

Refrigerant 

HCFC-22 

Ammonia 

Viscosities, 0.8 to 1 

Rekigcrating capacity, kW (tons) 

Condensation 

outside tubes 

Condensation 

inside tubes 

Boiling 

outside tubes 

Boiling inside 

tubes (liquid 

recirculation) 

Liquid density, 0.5 to 1 

A survey12 conducted among designers of heat exchangers who work with 
both ammonia and HCFC-22, as shown in Table 12.13, indicates that heat- 
transfer coefficients used in industrial practice are two to  three times higher for 
ammonia. 

I t  is fair to  point out by way of additional perspective that the copper tubes 
used for halocarbon refrigerants lend themselves conveniently t o  heat-transfer 
enhancement, so that the values that apply to  bare tubes shown in Table 12.13 
for HCFC-22 can be improved. On the other hand, research results are showing 
that heat-transfer enhancement is possible with the steel or aluminum tubes used 
in ammonia heat exchangers as well. So far, the possibilities have not generally 
been commercialized. 

A capsule conclusion of the foregoing discussion is that ammonia has many 
advantages as a refrigerant. Its major disadvantage is the low concentration con- 

Drop in saturation temp 

erature of 0.56OC (l°F) 

Ammonia 

7,5Wll,Z)O 

(1,300-2,000) 

4,200-8,500 

(75G1,500) 

2,300-4,500 

(400-800) 

3,100-5,000 

(550-850) 

4 in. dia. 

199 

(56.7) 

545 

(155) 

Drop in saturation temp 

erature of l.l°C (2OF) 

HCFC-22 

1,700-2,800 

(300-500) 

1,40G2,0W 

(25G350) 

1,400-2,000 

(25G350) 

1,500-2,800 

(250-500) 

6 in. dia. 

587 

(167) 
1,583 

(450) 

4 in. dia. 

281 

(80) 
731 

(208) 

6 in. dia. 

833 

(237) 
2,110 

(6c"J) 
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sidered toxic. The safety provisions to be discussed in Chapter 13 are particularly 
crucial for maintaining and expanding the realms of ammonia applications. 
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CHAPTER 

SAFETY 

13.1 SAFETY IS PARAMOUNT 

Of all the facets in the design and operation of refrigeration facilities, none may 
be more critical than safety. Providing the required refrigeration capacity at  
low energy costs may affect the profit of a business, but energy efficiency only 
becomes a factor after safe operation is ensured. The primary motivation for a 
safe plant is to protect people, including employees and the neighboring public. 
In addition, accidents often result in loss or damage to  stored products as well 
as requiring repairs-all of which may be costly. 

The emphasis on-safety impacts the refrigeration plant in three major cat- 
egories: 

Design 
Construction ahd installation 
Operation 

A fundamental responsibility of the engineer in the design of the facility is 
to  observe pertinent safety codes. Most code requirements are written to assist 
in achieving a safe plant. The designer is also compelled to conform t o  codes 
for reasons of professional liability. A fundamental objective of the designer is 
to specify a system that is efficient and meets the capacity and temperature 
requirements of the client. Then, beyond obeying the stipulations of the codes, 
the designer should choose components and arrange the equipment for convenient 
access for service and maintenance. One provision that enhances maintenance is 



the effective monitoring of the equipment, so proper instrumentation, as will be 
discussed in Chapter 14, should be planned in the design stage. 

Following design, another phase in the life of a refrigeration plant is its 
construction and installation, either for the modification of an existing plant 
or in building a new one. Design documents never specify all necessary details, 
so the installer must make many decisions during construction. The installer, 
therefore, has a key role in providing good workmanship and making judgments 
that prevent failures once the plant is in operation. A critical time for accidents 
in the process of installing or repairing a facility is after the components have 
been charged with refrigerant but before operation becomes routine. 

The third important sector where safety must be stressed is in the operation 
of the plant. The operating personnel should understand the plant thoroughly- 
they should be very familiar with how the system works and why i t  works the 
way it does. With such a n  understanding, when a nonroutine problem arises 
they can analyze the situation t o  decide the best course of action. The person 
most vulnerable to an accident is the operator or service technician. A signifi- 
cant number of injuries are suffered by the mechanic making an adjustment or 
trying to correct a problem. Some accidents occur even though the worker takes 
proper precautions and uses proper tools and procedures. Sadly, however, many 
accidents are caused by improper practices. These accidents often could have 
been prevented if the technician had been properly trained-a responsibility of 
the supervisor. 

Because the conformity to  safety codes and standards assists in arriving a t  
a safe plant, this chapter steps through what is probably the premier U.S. in- 
dustrial refrigeration standard, ANSIIASHRAE Standard 15-94, Safety Code for 
Mechanical Refrigemtion1. When the plant is designed and constructed accord- 
ing to applicable codes, the assignment is only half done. Numerous opportu~lities 
remain in the arrangement and placement of components as well as in the con- 
struction details to enhance the safety of the plant. A sampling of these features 
will be described in this chapter. 

13.2 SAFETY CONSIDERATIONS FOR 
AMMONIA PLANTS COMPARED TO 
THOSE USING HALOCARBONS 

In much of this chapter, there is no special mention of which refrigerant is be- 
ing assumed. The fact is, however, that safety requirements are heightened for 
ammonia. Certainly, all the specifications in ANSIIASHRAE Standard 15-94 
dealing with the testing and protection of pressure vessels are equally applica- 
ble to  all refrigerants. But the appreciably lower concentration considered toxic 
for arnmmia compared to that  for most of the halocarbons, as pointed out in 
Chapter 12, reinforces the need for special care and attention to safety details in 
ammonia systems. 

Unique precautions, however, also apply to halocarbon systems. In a large 
halocarbon plant, a significant quantity of refrigerant could escape without the 
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operators being aware of it, because halocarbons are odorless. A further charac- 
teristic of halocarbons is that they are heavier than air and may collect in low 
levels of the building, such as a basement. High concentrations can asphyxiate a 
worker, so this potentially dangerous situation should be prevented by suitable 
detectors and alarms. With ammonia, the existence of a leak is evident because 
of the odor, and the challenge is to control the magnitude and correct the leak 
to avoid injury to people and damage to products. 

13.3 OVERVIEW OF ANSIIASHRAE 
STANDARD 15-94 

In addition to routine editorial changes and rearrangements, the 1994 revision of 
the standard contains some significant changes from past versions, particularly 
Standard 15-78 which was in force for many years. One of the major revisions 
is in the occupancy standards as influenced by the refrigerant classifications 
adopted in the companion standard ANSI/ASHRAE Standard 34-92, which was 
discussed in Chapter 12. Along with the accommodation of the new refrigerant 
classifications, the standard specifies the types of building occupancies where the 
refrigerants of the various classifications can be'applied. Furthermore, new venti- 
lation requirements for machine rooms are specified, and these new specifications 
are reviewed later in Section 13.8. 

ANSI/ASHRAE Standard 15-94 consists of 14 sections and three appen- 
dices. The first three sections cover preliminary explanations. Sections 4 through 
7 combine the refrigerant classifications with indications of where and how each 
of these classifications can be applied. Sections 8 through 10 deal especially with 
vessels and their protection from high pressures. Section 11 is titled Installa- 
tion Requirements and includes material on machine room ventilation that is 
especially important for ammonia. Appendices A and C address the new types 
of refrigerants-the blends of nonazeotropic mixtures. Appendix B is pertinent 
to industrial refrigeration systems, because it deals with emergency releases of 
refrigerants. 

13.4 ADDITIONAL CODES 

ANSI/ASHRAE Standard 15-94 refers to other codes, and thus makes those ref- 
erences a part of the original code. Referenced codes include the ANSI/ASME 
Boiler and Pressure Vessel CodeZ of the American' Society of Mechanical Engi- 
neers, which is applicable to unfired pressure vessels and the ANSI/ASME B31.5 
Refigeration Piping Code3 for piping. Pressure vessels exceeding 152 mm (6 in) 
I.D. with design pressures greater than 103.4 kPa gauge (15 psig) must comply 
with the requirements of the Boiler and Pressure Vessel Code in design, fabrica- 
tion, inspection, and testing during construction. In a similar manner, refrigerant 
piping for design pressures 103.4 kPa gauge (15 psig) or higher must comply with 
the ANSI/ASME B31.5 Code. Another standard referenced in ANSI/ASHRAE 
Standard 15-94 that is particularly applicable to flammable refrigerants, such as 



those in Groups A2, A3, B2, and B3, as described in Chapter 12, is the National 
Electrical Code.4 

A standard5 developed by the International Institute of Ammonia Refrig- 
eration, Standard ANSIIIIAR-2-1992, addresses only ammonia mechanical re- 
frigeration systems, so it can be ammonia-specific. Some of the sections, such as 
those dealing with pressure relief, piping, and vessels, parallel ANSIIASHRAE 
Standard 15-94, but a number of other specifications are unique. ANSIIIIAR-2- 
92 requires 99.95% purity for ammonia. The standard also requires nameplates 
on the major components that state the manufacturer, year of manufacture, man- 
ufacturer's identification or model number, and design pressure. The purposes 
of these nameplates are to identify that the equipment has been safety-tested 
and to aid in detecting improper application. The standard specifies two levels 
of design pressure, high- and low-side. An alternate approach to specifying ma- 
chine room ventilation is contained in the standard, and this subject is explored 
in more detail in Section 13.8 of this chapter. 

Several other codes and standards that may apply in certain jurisdictions 
are ANSIIUL 207-1986, Safety for  Refrigerant-Containing Components and Ac- 
cessones,  Nonelecinca16 of the Underwriters Laboratory and the BOCA Basrc 
N a t ~ o n a l  Mechan~cal Code7. ANSI/UL 207 parallels ANSIIASHRAE Standard 
15-94, omitting some of the Standard 1594 specifications but including others. 
Some governmental units have adopted such codes as the Basrc National Me- 
chanical Code of BOCA (Building Officials and Code Administrators) and the 
Unrform Mechanrcal C o d e G f  the International Conference of Building Officials. 
The BOCA Code cites ANSIIASHRAE Standard 1594 for permitted quantities 
of refrigerant in the system. For the discharge of ammonia from a system, the 
BOCA Code parallels ANSIIASHRAE 15-94 and IIAR-2-92 in stating that the 
preferred discharge is to atmosphere, but also describes an optional discharge to 
a tank of water, as will be discussed further in Section 13.12. 

Engineers in the United Kingdom are guided by two different  code^^^^^, 
one for ammonia and the other for halocarbons. These codes contain some of the 
same specifications that are parts of IIAR-2-92 and ANSIIASHRAE Standard 
15-94. 

13.5 VESSELS 

The suggestion that any refrigerant-containing component is a vessel is too broad 
a definition, because ANSIIASHRAE Standard 1594 excludes tube-type con- 
densers and evaporators from the category of.vessels. However, Section 9.11.1, 
which does apply to condensers, requires that the component shall have an ulti- 
mate strength sufficient to withstand three times the design pressure for which 
it is rateb. Furthermore, auxiliaries such as gauges and bodies of valves are not 
considered vessels. The usual interpretation of Standard 15-94 is that a vessel is 
a component containing liquid refrigerant (except for the tube-type components 
described above). Thus, an oil separator is not considered to be a vessel. Standard 
15-94 groups some of the components into different categories, for example: 



SAFETY 439 

TABLE 13.1 
Design pressure for several refrigerants. 

Components smaller than 152 mm (6 in) diameter with a design pressure 
less than 103.4 kPa gauge (15 psig) are exempt from the requirements Iisted 
below. 

Pressure-containing components smaller than 152 mrn (6 in) diameter with 
a design pressure greater than 103.4 kPa gauge (15 psig) must be listed 
with an approved testing laboratory or shall meet the requirements of the 
ANSIIASME Boi ler  and Pressure Vessel Code.  For a component to be listed, 
it must have been tested and identified as acceptable by an approved, na- 
tionally recognized testing laboratory. 

Description 

Low sides 

High side, water- or 

evaporativccooled 

High side, 
air-cooled 

Vessels larger than 152 mm (6 in) diameter with a design pressure greater 
than 103.4 kPa gauge (15 psig) must conform to  Section VIII of the ANSI/ASME 
Boi ler  and Pressure Vessel Code.  

Saturation 
temperatun 

26.5OC 

(80°F) 

40.5OC 

(105OF) 

51.5OC 

(125'F) 

Design pressure, kPa gauge (psig) 

ANSIIASHRAE Standard 15-94 provides specifications for pressure-relief 
devices on vessels and what their settings should be. A pressure vessel must be 
equipped with a pressure-relief device if there is any possibility that the vessel 
could be valved off from another part of the system where a pressure-relief device 
exists. 

A key characteristic of a vessel is its design pressure. The design pressure 
depends on the refrigerant and whether the vessel is on the high- or low-pressure 
side of the system. As Table 13.1 shows, the design pressure (as specified in 
ANSI/ASHRAE Standard 15-94) is the saturation pressure a t  various maximum 
temperatures of refrigerant liquid. 

The pressures listed in Table 13.1 are the minimum, and designers often 
request a rounded-off pressure slightly higher than those listed. The fabricator, 
in turn, must work with standard material thicknesses which, in combination 
with the vessel diameter, determine the pressure capability of the vessel. There- 
fore, the vessel from the fabricator may be rated a t  a pressure slightly higher 
than requested, or the fabricator may contact the designer to  ask whether a 
slightly lower design pressure than requested could be permitted. The vessel is 
hydrostatically tested by the fabricator to  1.5 times the design pressure, which 
provides a simultaneous test for leaks. The test pressure does not mean that  the 

R-717 

958 

(139) 
1,482 

( 215) 
2,020 

(293) 

R-22 

993 

(144) 
1,445 

(211) 
1,917 

(278) 

R-502 

1,117 

(162) 

1,600 

(232) 
2,082 

(302) 



safety factor on the vessel is only 1.5, because the calculated shell thickness is 
such that the safety factor is usually about 4 or 5. 

The welding operations on the vessel are tightly prescribed in order to  
qualify the vessel, which refers to  both the welder and the procedures. For the 
procedures to  be qualified, specific materials must be used for the weld, and the 
welder must be qualified by passing tests on whatever type of weld is in question 
(pipe, couplings, shell, heads, etc.). 

The buyer of the vessel expects a certification, often called the stamp, which 
is a stainless steel nameplate with the symbol U (for unfired) within the ASME 
emblem, as shown in Fig. 13.la. 

The owner and operator of a plant usually want the stamp to be visi- 
ble, even if the vessel is ultimately insulated. The fabricator can be requested 
to mount an extension bracket, as in Fig. 13.lb, so that the nameplate is not 
concealed by the insulation. 

Table 13-1 shows that a lower design pressure would be permitted for a 
low-side vessel. Many designers, nevertheless, specify a high-side design pressure 
even for low-pressure receivers and constant-pressure receivers, so that if ever 
there is a need to store liquid during shutdown, the vessels will be pressure-rated 
for this purpose. 

13.6 PIPING AND VALVES 

The ASME Code for Pressure P i p i n g  is the applicable code to follow in designing 
and installing piping. In addition to some specific requirements, the code lists 
some general precautions, such as the following: 

"Consideration must be given to  expansion of liquid refrigerant trapped in 
or between closed valves and a means provided to prevent overpressure." 
"Impact forces (including hydraulic shock and liquid slugging) caused by 
either external or internal conditions shall be considered in the design of 
piping components." 
"Piping shall be arranged and supported with considerations to vibration." 
"Piping systems shall be designed, arranged and supported so as to withstand 
reaction forces due to let down or discharge of fluids." 

These issues and several additional ones related to piping and valves will be 
addressed through an exploration of the following individual topics: (1) expan- 
sion of trapped liquid, (2) impact forces and shock caused by sudden deceleration 
of liquid, (3) liquid propelled by high-velocity vapor resulting from sudden re- 
duction in pressure, (4) valving the oil drain line in an ammonia system, and 
(5) additional recommendations for safe piping practices. The first three of the 
above subjects are also explored in Reference 11. 

Ezpansion of trapped liquid. A frequent cause of pipe rupture is due to 
trapping liquid between two valves. If this liquid is cold when trapped, when it  
warms it can develop enormous pressures that may be high enough to rupture the 
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certified by 

[Nome d MaMlfactuec] 

psiat"F 
M c x . c 7 l k n m M w w # n g ~ e  

W (If arc or 
O F  at - psi 

gas welded) RT Mln. design metd tenpxature 
(if radiographed] 

HT [if postweld MwU'octum- nwnber 
heat treated) year kdlt 

FIG. UG-118 FORM OF STAMPING 
Note: Information wlthln parentheses is not part of ltte required marklng. 
Phrases identifying data may be abbreviated; minimum abbreviations 

shall be MAW MDMT, S/N, and year, respectively. 

Nameplate -, 

FIGURE 43.1 
(a) Replica of the certification stamp for a shell-and-tube heat exchanger, and (b) extension 
bracket for an insulated vessel. 



pipe or valves. A section of pipe with two shutoff valves at  either end, as shown 
in Fig. 13.2aI is an obvious example of the case where a pressure-relief valve 
must be installed. The discharge from this relief valve could be vented directly 
to atmosphere, but i t  is adequate and preferable to discharge to a section of the 
system that is itself protected by a relief valve: 

A more subtle situation where liquid can be trapped is between a check 
valve and a shutoff or solenoid valve, as in Fig. 13.2b. This arrangement is com- 
mon in liquid-recirculation systems with multiple pumps, where each pump is 
equipped with a check valve on the discharge side. If solenoid valves regulating 
liquid flow to the coils all happen to be closed, liquid will be trapped and during 
the no-fiow situation may warm up and expand. 

Figure 1 3 . 2 ~  shows another combination capable of trapping liquid. Here 
an outlet pressure regulator downstream from a check valve can act as a shutoff 
valve. If the outlet pressure is high, the regulator will remain closed and the 
check valve will not permit liquid to pass back through it. Some commercial 
regulators are designed, however, to relieve against abnormally high pressures. 

As Figs 13.2a through 1 3 . 2 ~  show, the section of pipe in which liquid refrig- 
erant might be trapped is equipped with a pressure-relief valve. Some designers 
specify an inlet pressure regulator in preference to a standard relief valve. The 
r e w n  for this choice is that a pressure-relief valve opens based on a pressure 
difference. Thus, a pressure-relief valve rated for 1724 kPa gauge (250 psig) nor- 
mally discharges to atmospheric pressure of 0 kPa gauge (0 psig) and thus opens 
with a pressure difference of 1724 kPa (250 psig). If the discharge of a relief valve 
shown in Fig. 13.2 vents to a pressure vessel operating a t  1,034 kPa gauge (150 
psig), it will actually require a pressure of 1724 + 1034 = 2758 kPa (400 psi) to 
open the valve. Inlet pressure regulators, on the other hand, open only against 
a spring pressure and are independent of the pressure a t  the valve outlet. 

The ball valve of Fig. 13.2d is becoming popular because of its low pressure 
drop when completely open. If a ball valve in a liquid line is closed, it will trap 
liquid within itself. Most ball valves are fabricated in such a way that the seal 
is capable of venting to the upstream side of the valve when it is closed. To be 
certain, some installers drill a small hole in the ball to vent upstream. 

Sudden deceleration of liquid. Impact forces can be generated by quickly 
stopping the motion of a moving stream of liquid in a pipe. An initial estimate of 
the magnitude of the pressure spike can be made by visualizing a plug of liquid 
in motion, as  in Fig. 13.3. When the valve closes, a pressure must build up on 
the liquid cross section a t  the valve (and thus throughout the liquid) such that 
the force equals the rate of change of momentum of the moving rod of liquid. 

(mass)(original velocity - 0) 
pA = 

time needed to bring liquid to rest 

where: 
p = pressure, P a  (psf) 
A = area, m2 (ft2) 
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FIGURE 13.2 
Trapping liquid (a) between two shutoff valves, (b) between a check valve and a manual or 
solenoid valve, (c )  between a check valve and an outlet pressure regulator, and (d) within a 
ball valve. 
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I 

1- 
Rod of liquid 

FIGUBE 13.3 
Sudden dosing of a valve in a liquid line develops high pressure in the liquid. 

The mass is the volume of the liquid rod multiplied by the density of the 
liquid, so: 

( L A ~ ) v  
closing time, s 

where: 
L = length of rod, m (ft) 
p = density of liquid, kg/m3 (lb/ft3) 
V = velocity, m/s (ft/s) 

Example 13.1. Refrigerant-22 with a density of 1286 kg/m3 (80.3 lb/ft3) mov- 
ing at 2 m/s (6.6 ft/s) in a 20 m (66 ft) length of pipe is brought to rest by the 
dosing in 0.02 s of a solenoid valve. How much overpressure is developed? 

Solution. Applying Eq. 13.1: 

P = (20 m)(ll k/m3)(2 m/s) = 2,572,000 Pa = 2572 kPa (373 psi) 
0.02 5 

The high-pressure pulse that first develops at  the valve transmits back 
upstream through the liquid refrigerant a t  a sonic velocity12. For ammonia liquid 
at  -34OC-(-2g°F), the sonic velocity is 1715 m/s (5625 ft/s). The associated 
noise is attributable to the metal pipes becoming sound generators. The pressure 
pulse calculated in Example 13.1 is not sufficient to rupture the pipe. However, 
in plants where the liquid velocity is high 01 a solenoid valve closes quickly, 
pipes may shake each time a valve closes, which is an indication to the operator 
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that an abnormal situation prevails. Also, the pressure-relief valve might open 
momentarily a t  each pressure pulse and eventually start leaking. Designing for 
low velocities in the liquid lines is one method of reducing this impact force. 

Liquid propelled by high-velocity vapor. Some disastrous incidents appear 
to  have as their root cause the sudden expansion of high-pressure vapor into a 
low-pressure space. If liquid refrigerant is in the path of the high-velocity vapor, 
this liquid can be driven at high velocity against the end of the pipe, possibly 
causing a rupture. Two typical situations where there could be a rapid release 
of pressure are both associated with the hoegas defrost process: 

1. Opening of the valve admitting high-pressure defrost gas into the coil that 
is to be defrosted 

2. Opening of the suction solenoid valve between the coil and the suction line 
when defrost is complete 

In both of these situations, vapor rushes into the low-pressure region and 
high vapor velocities exist during the pressure equalization. In the first situation, 
a coil may be damaged a t  the initiation of defrost. During refrigeration service 
the coil, particularly a liquid-overfeed coil, contains considerable liquid, as illus- 
trated in Fig. 13.4a. Furthermore, additional liquid may enter the coil because 
of condensed refrigerant in the hot-gas line. When the defrost process starts, 
high-pressure gas rushes into the coil that is a t  a low pressure and drives some 
of the liquid with high velocity against U-bends or headers of the coil, as shown 
in Fig. 13.4b. The force may be enough to  rupture a tube in the coil or the drain 
pan. 

Another possible cause of hammer-like blows and the knocking sound within 
the coil at the start of defrost may be attributable to  the sudden condensation 
of bubbles of vapor in the subcooled liquidI2. When the liquid is subcooled by 
more than about 35OC (63OF), the rapid condensation of vapor causes the liq- 
uid to  close on itself with such velocity that the impact generates high localized 
pressures. 

Some steps that may be taken to  avoid liquid hammer a t  the initiation of 
defrost are the following: 

Limit thepressnre of the entering defrost gas by means of a pressure-regulating 
valve, as shown in Fig. 13.4b. In summer operation when the condensing pres- 
sure and thus the pressure of the defrost gas is high, the entering pressure 
permitted is reduced. Dropping the defrost gas pressure from, say, 1275 kPa 
gauge (185 psig) to 950 kPa gauge (140 psig), does not cause a noticeable 
lengthening of the defrost time. 
Employ a pumpout process. In this operation, the first step on initiation 
of defrost is to  close the solenoid in the liquid supply line to  the coil. The 
fan continues to operate giving the liquid in the coil time to  vaporize. Only 
after this pumpout operation (perhaps 5 to  10 minutes) does the fan stop, 
the valve in the suction line closes, and the defrost gas valve opens. The 
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FIGURE 13 .4  
(a) Liquid in the coil immediately before defrost, and (b) high-pressure defrost gas driving 
liquid at high velocity against a U-bend or header of the coil. 
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pumpout operation rids the coil of most of its liquid so the entering defrost 
gas finds little or no liquid to  drive against the ends of tubes. 
Keep the defrost gas main as free of condensed refrigerant as possible. The 
defrost gas line often passes through low-temperature spaces which condense 
the refrigerant; but some means of preventing liquid accumulation are to: 
install a main solenoid valve in the machine room that opens only when 
one of the solenoids controlling flow to a coil opens, and/or install a small 
high-side float valve near the coils and pitch the defrost gas pipe to this float 
valve. The float valve drains liquid to  a wet suction line. 

a Choose slow-opening solenoid valves for the defrost gas valve. 

Another critical time when there is danger of liquid hammer is upon ter- 
mination of defrost. Near the end of the hot-gas defrost the pressure in the coil 
builds up to that of the pressure-regulating valve relieving the refrigerant con- 
densate. If the return to  refrigeration operation consists of no more than the 
sudden opening of the solenoid valve between.the coil and suction line and re- 
opening of the liquid supply, the high-pressure vapor in the coil rushes into the 
suction line. In a liquid-recirculation system, there will surely be some liquid in 
the liquid/vapor suction line. The high-velocity gas can drive some of this liquid 
to  the end of the suction line, as shown in Fig. 13.5, or to  the first elbow where 
an enormous impact is generated. 

To prevent this situation", a bleed valve can be installed to bypass the 
pressure-regulating valve on the refrigerant condensate line. When defrost is 
terminated, close the solenoid valve in the defrost gas line, and open the solenoid 
in the bleed line. This allows the pressure in the coil to drop slowly, and when 
the large valve between the coil and suction line opens there is little pressure to  
vent from the coil. 

Here is a word of caution. The bleed valve is small and may become blocked 
with foreign matter. If this happens, the valve might open as required, but the 
pressure equalization does not occur. A periodic check is advisable to be sure 
that the coil pressure subsides at  the desired rate. 

A pattern that emerges from inspections of the incidents of rupture occur- 
ring in a coil or in the suction line at  the initiation or termination, respectively, 
of defrost is that (1) the metal in the region of rupture is at  a very low tem- 
perature, and (2) the rupture usually occurs at  a weld. The metal at  these low 
temperatures may be exhibiting brittleness, and high-quality welds are manda- 
tory, especially in these sections of the system. 

Valves in an oil drain line. Accidents sometimes occur when draining oil 
in an ammonia system. What can happen is that the operator cracks the shutoff 
valve, shown in Fig. 13.6, but nothing happens because the oil is cold and stiff. 
The operetor then slowly continues to open the shutoff valve, which may require 
about eight or ten turns to open completely. At some point during the opening 
process, a tunnel breaks through the oil, allowing ammonia liquid to  rush out the 
drain. The operator may at first try to  close the shutoff valve, but the required 
time is so long that the operator is forced to try to escape. Drain lines should be 
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FIGURE 13.5 
Rush of high-pressure vapor into a low-pressure suction pipe upon termination of defrcmrt drives 
liquid at high velocity against the end of the line. 

equipped with a quarter-turn ball or butterfly valve that could quickly interrupt 
the rush of ammonia and oil. Instead of the quarter-turn valve, some plants are 
equipped a t  this position with a spring-closing valve that automatically closes if 
the manual opening force is withdrawn. 

Addiiional recommendations for safe piping practices. 
Several technical specifications13 that result in safer ammonia piping are 

the following: 

Use A106B or A53B pipe for low-temperature .service. Some engineers also 
specify seamless pipe for liquid and hot-gas lines. 
Use 3000 lb socket weld fitting (A-181) for up to 37 mm (1-112 in) schedule 
80 pipe. 
Use long radius weld ells and A-105 butt weld fitting on 50-mm (2-in) and 
larger pipe. 
Use n p  threaded joints on liquid lines larger than 25 mm (1 in) or on gas 
or vapor lines larger than 37 mm (1-112 in). If a t  all possible, seal weld the 
joint and paint after assembly to prevent external corrosion and leaks. 
Use a minimum of bolted flange joints. Use seal caps on the stems of all 
manual valves that are not frequently operated. 
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FIGURE 13.6 
Quick-closing valve on an oil drain line. 

13.7 RELIEF DEVICES 

Questions that arise and decisions .that must be made with respect to relief 
devices include the following: Where must a relief device be installed? Which of 
the several available devices should be chosen? How many should be installed a t  
a given position? To where should the device be relieved? What pressure setting 
should be chosen? What is the required discharge capacity of the device? If outlet 
vent piping is called for, what size should it be? , 

It  is convenient first to categorize several types of devices, such as those 
shown in Fig. 13.7. There is a distinction between a pressure-limiting and a 
pressure-relief device. An example of a pressure-limiting device is the high- 
pressure cutout, Fig. 13.7a, which should be installed at  the outlet of a recipre 
cating or screw compressor and before the discharge stop valve. If the pressure 
rises too high, the device shuts off the compressor but does not vent refrigerant. 

A fusible plug, as shown in Fig. 13.7b, is. a fitting whose port is sealed by 
an insert composed of an alloy with a low melting temperature. When installed 
on a vessel in contact with liquid refrigerant, the fusible material melts when the 
liquid temperature (which is the saturation temperature corresponding to the 
pressure) rises too high. Fusible plugs may be appropriate for small refrigeration 
appliances, but are not used in industrial systems, because the entire charge is 
vented when the fusible plug melts. Furthermore, if no liquid is in the vessel for 
some reason, the fusible plug cannot sense a high pressure. 



The most widely used pressure-relief devices are spring-loaded valves for 
vapor, as shown in Fig. 13.7c, and the relief valves for liquid, as shown in Fig. 
13.7d. The latter are usually small and no special attention is devoted to speci- 
fying their capacity, because relief of even a minute amount of liquid is sufficient 
to reduce the pressure. 

Relief valves for vapor must be installed on all vessels, which includes shell- 
and-tube condensers and evaporators. The connection on the vessel should be 
above the liquid level, because the discharge of liquid would be especially dan- 
gerous and furthermore would have little effect on reducing the pressure. No stop 
valves may be installed between the vessel and relief valve, with the exception 
of a three-way valve serving a dual relief valve, Figure 13.8. The three-way valve 
should be positioned so that only one of the relief valves is subject to  the vessel 
pressure, as is shown in Figure 13.8, and not in the mid-position, which would 
allow both valves to  relieve a t  the same time. The reason for this practice is that 
often if a valve opens once or twice to  relieve pressure i t  does not reseat perfectly. 
If only one valve fails to  reseat perfectly, i t  can be removed and replaced while 
the other provides the safety function. The sizes of both valves are selected so 
that either can handle the total refrigerant flow by itself. 

From a liquid relief valve in a section of pipe where liquid could be trapped 
by valves, the discharge is directed t o  a section of the system where another relief 
valve is located. Vapor relief valves often vent to the atmosphere, although it  is 
also possible to relieve from a high-pressure vessel t o  a low-pressure vessel that 
vents to the atmosphere. One section of the plant eventually must be vented 
to  the atmosphere, and the valve controlling this relief must be of a size that 
it can accommodate the total flow rate of the vessels served. The flow capacity 
of the valve is influenced by the size and length of the discharge line from the 
valve. The minimum diameter of the discharge pipe is that of the outlet fitting 
of the valve. If the discharge line is unusually long, i t  is advisable to choose a 
pipe diameter one size larger than the outlet fitting. 

Each pressure vessel with a volume larger than 0.085 m3 (3 ft3) must be 
provided with a pressure-relief valve, and vessels larger than 0.283 m3 (10 ft3) 
must be equipped with two parallel valves, as-in Fig. 13.8. Some designers and 
plant operators always use double and never single relief valves. With a single 
valve there is no way to remove it for servicing. Each of these valves must have 
a venting capacity that prevents the pressure from rising more than 10% above 
the setting of the relief valve. 

The size of relief valves is related to  the discharge capacity of air, which is 
calculated1 by the formula: 

C =  fDL (13.2) 

where: 
C = minimum discharge capacity of relief device, lb/min of air 
D = outside diameter of the vessel, ft 
L = length of the vessel, ft 
f = factor depending on the refrigerant 
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FIGURE d3.7 
Some pressure-type safety devices including (a) pressure-limiting cutout, (b) fusible plug, which 
is not normally used in industrial dgeration system; (c) prcaaure-relief valve for vapor, and 
(d) preesue-relief valve for liquid. 
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FIGURE 13.8 
The-way valve serving two relief valves. 

The values o f f  for several refrigerants are: 
Ammonia, f = 0.5 

R-12, f = 1.6 
R-22, f = 1.6 

R-502, f = 2.5 
In SI units, the terms in Eq. 13.2 are: C in kg/s, D in m, L in m,  for which 

the f-factors are 0.041 for ammonia, 0.13 for R-12 and R-22, and 0.20 for R-502. 
It may have been expected that the discharge capacity of the valve in 

Eq. 13.2 would have been related to the volume of the vessel, thus equal to 
(constant)(xD2/4)L, where D is the diameter and L the length of the vessel. 
The rationale14, however, is that the relief valve shall be able to control the 
pressure in the event of a fire where the heat radiated to  the vessel is the pro- 
jected area of the vessel, and thus the product of D and L. The relief valve must 
be able to release refrigerant a t  a rate such that the rate of vaporization of liquid 
in the vessel provides sufficient cooling effect to limit the saturation pressure. The 
heat flux used as the basis of the specification is 10 kW/m2 (3,171 Btu/hr.ft2). 
The f-factor is unique for each refrigerant and accounts for the differences in 
latent heats of the refrigerants. Ammonia has a smaller value off  than the other 
refrigerants listed because of its high latent heat, which reduces the flow rate 
needed for the cooling effect. 
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The value of C in Eq. 13.2 is the flow rate of air, and there is no reference 
t o  refrigerant. An examination of catalogs of manufacturers of relief valves also 
shows that  the ratings are specified in flow rate of air for various rated pressures. 
This procedure simplifies the task of selecting 9 relief valve but also means that 
the flow rate of refrigerant that the relief valve is able to  pass may typically not 
even be calculated. I t  is possible, however, t o  translate the data for air t o  that 
of refrigerant flow if, for example, i t  is important to  know how much ammonia 
refrigerant has been released during a discharge of a certain time duration. Ap- 
pendix 11 of Section VII of the ASME Boiler and Pressure Vessel Code2 provides 
an equation that  permits the conversion: 

where: 
K = constant that is related to the ratio of specific heats 

Iiamm = 350 
Kair = 356 
M = molecular mass (28.97 for air and 17.03 for ammonia) 
T = absolute temperature 
m = flow rate 

Tair is arbitrarily chosen as 289 K (520-R), and Tam, is the saturation 
temperature (in absolute) at  the rated pressure. Equation 13.3 resolves t o  the 
following conversions for two frequently used pressure ratings: 

For a valve rated a t  1,825 kPa absolute (250 psig): 

For a valve rated at 1,135 kPa absolute (150 psig): 

13.8 VENTILATION OF MACHINERY 
ROOMS 

Ventilation requirements for machinery rooms are specified by various codes 
and standards such as those of BOCA', Uniform Mechanical Codes, IIARS, and 
ASHRAE1, and in general all the specifications differ. A new member of the fam- 
ily of documents making ventilating recommendations is Bulletin 111, Ammonia 
Machinery Room Ventilationls of the International Institute of Ammonia Re- 
frigeration. While carrying no weight as a code or standard, Bulletin 111 seems 
to  be backed with strong logic. Furthermore, the ventilation rates specified by 
Bulletin 111 are often the most generous and safest. The recommended strategy, 
then, is to  select the ventilation rate based on Bulletin 111, but also calculate 
the rate(s) specified by whatever code(s) is applicable at  the plant location to  be 
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sure that those requirements are met. This section on the ventilation of machin- 
ery rooms first summarizes the procedure outline in Bulletin 111. Later on, the 
rationale on which Bulletin 111 and the other codes and standards are based will 
be compared. Finally, several related requirements of the ventilation equipment 
will be explained. 

Bulletin 111 defines two ventilation rates, one a continuous rate and the 
other the emergency rate: 

Continuous rate, 5.08 to  10.16 L/s per mZ of floor area (1 to 2 cfm/ft2) 
Emergency rate, 50.8 L/s per m2 of floor area (10 dm/ft2)  with a minimum 
of 9,440 L/s (20,000 cfm) 

The dominant reason for ventilating machine rooms is to prevent excessive 
concentrations of refrigerant, regardless of the refrigerant. A further function of 
the ventilating system is to minimize discomfort to the operators by removing 
heat from motors and other electrical equipment during hot weather. The flow 
rate of ventilation air for this purpose is recommended in ANSIIIIAR-2-92 and 
Bulletin 111 such that ambient ventilation air brought through the machinery 
room does not rise in temperature more than 10°C (18OF). If, for example, 
compressor motors of 900 kW could be in operation in addition to 20 kW of 
additional energy usage in the machine room, the total kW of heat would be 20 
kW + (0.1)(900 kW), or 110 kW. Only 10% of the compressor motor power is 
estimated to be released into the machinery room, based on about 6% due to 
motor inefficiency and about 4% heat loss to the ambient from the compressor 
and its auxiliary equipment. To limit the temperature rise of the ventilating air 
to 10°C, the required flow rate Q would be: 

rate of heat release 
= (air density)(specific heat)(temperature rise) 

The air flow rate requirement for cooling the machine room is nearly as 
large as the 9,440 L/s (20,000 cfm) minimum for controlling the refrigeration 
concentration. 

The shift from the flow rate chosen for continuous to the emergency flow 
rate should be activated by a high-ammonia concentration alarm, and there shall 
also be a manual switch located outdoors. The power supply for the ventilating 
fans should be separate from that supplying the major equipment in the machin- 
ery room which might need to be shut down in the event of an emergency. I t  is 
quite acceptable to install two ventilating fans with a twc-speed motor on one 
of them. For continuous ventilation, one fan operating at  low speed is sufficient. 
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As was previously mentioned, there are different ventilation requirements of 
the various codes and standards. The Uniform Mechanical Code specifies twelve 
air changes per hour, and the BOCA Mechanical Code requires six air changes 
per hour. ANSI/ASHRAE 15-94 bases its recommended ventilation rates on the 
mass of refrigerant, G, in the largest system, any part of which is located in the 
machinery room. The applicable equation is: 

The recommendation of Bulletin 11 1 of a minimum flow of 9,440 L/s (20,000 
cfm) for emergency ventilation may be preferable to  basing the ventilation rate 
on air changes or mass of refrigerant in the system. The emergency ventilation 
rate in Bulletin 111 is based on maintaining an ammonia concentration below 
4% (a  value to  be explained in the next paragraph) if a small pipe, for example, 
a high-pressure liquid pipe 25 mm (1 in) in diameter, rupture.  Incidentally, 
using Eq. 13.4 or 13.5 does not yield 9,440 L/s (20,000 cfm) until the refrigerant 
charge is 18,140 kg (40,000 lb). Bulletin 111 almost always recommends higher 
and more conservative ventilation rates. 

The emergency ventilation rate is to  be activated by an ammonia sensor 
that also sounds an alarm. The next question is what setting to choose of the 
concentration sensor to  trigger the emergency rate. The concentration of 40,000 
ppm or 4% was mentioned previously, and the significance of this value is that 
the National Fire Protection Association usually adopts one-fourth of the lower 
flammability concentration as the alarm setting. The lower flammability limit 
of ammonia is 16% and oneSfourth of this concentration is 4%. So certainly, the 
emergency level should be lower than 40,000 ppm for fire protection, but that 
concentration would be fatal to workers. For this reason, the emergency concen- 
tration level should be set at  perhaps 100 or 150 ppm. Too high a setting could 
result in added risk for the personnel, and too low a setting would result in nui- 
sance alarms. If a ventilating system that maintains the ammonia concentration 
less than 4% is not installed, the machinery room is no longer considered nonhaz- 
ardous by the National Electrical Code, and more expensive electrical switches 
and other gear are required. 

Here are a few final recommendations for the ventilation system. Because 
ammonia vapor released in the machinery room tends to rise to the ceiling, the 
exhaust should be a t  the high sidewall or the ceiling, as illustrated in Fig. 13.9. 
The inlet should be on the opposite side of the room at a low level. Any fan that 
is off for &he continuous flow rate but is brought into service for the emergency 
rate should be equipped with louvers that are closed when the fan is off and 
open when the fan operates. The fail-safe status of the louvers should be the 
open position. The required area for passage bf air at  the inlet and exhaust is 
recommended to  be such that the air velocity is of the order of 3.0 m/s (600 



FIGURE 13.9 
Placement of inlet and exhaust openings in the mschiqe room. 

Machinery room 

fpm). For a ventilation air flow rate of 9,440 L/s (20,000 cfrn), therefore, the 
openings in the wall or ceiling should have an area of 3.06 rn2 (33 ft2). 
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13.9 FIRE PROTECTION IN 
REFRIGERATED WAREHOUSES 

Louvers 

Fires in refrigerated structures are rare, but they do occur and can be costly. 
The major loss associated with a fire may be the product, whose value may be 
5 to 10 times that of the building. It may at first seem that there would be 
negligible flammable material in a low-temperature warehouse, but for a certain 
20,000 m3 (700,000 ft3) building, the estimated content of wood in the pallets 
was 100,000 kg (220,000 lb), 150,000 kg (330,000 lb) of cardboard cartons, and 
7,000 kg (15,400 lb) of plastic wrapping material1=. Many types of insulation, 
including many cellular plastic foam,  will also burn. 

The fundamental approach of the designer 'and operator should be to pre- 
vent a fire in the first place. Toole16 and Duiven and Twiltl' cite the causes of 
most fires in their surveys as attributable to: 

Welding 
Heating cable at doors and defrost drain lines 
Faults in other electrical equipment, such as transformers, battery chargers, 
or solenoids 
Hot bitumen from roof work 
Poor housekeeping (rubbish fire started by. a cigarette butt) 
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7 Temperature sensor 

FIGURE 13.10 
A dry sprinkler system for f i e  protection in a low-temperature space. 

To the above list could be added fires starting in adjacent areas, such as 
the machine rooms or shops. Some fires may, unfortunately, be attributable to 
arson or sabatoge by a disgruntled employee or former employee. Many insurance 
underwriters require water sprinkler systems for refrigerated storage areas, even 
in those spaces maintained at  subfreezing temperatures. For such applications a 
dry-type sprinkler system, as illustrated in Fig. 13.10, may be used. Some insur- 
ance companies require the dry system at temperatures lower than about 7OC 
(45OF). In this type of system, the distribution pipes are filled with compressed 
air. If heat from a fire melts the fusible element in a sprinkler head, the air pres- 
sure drops. This drop in air pressure is interlocked with a temperature sensor 
at  each of the sprinkler heads, and if both indicate abnormal temperatures, the 
control starts the pump and opens the valve in the water line. Earlier systems 
were actuated by the melting of the fusible plug alone, and an errant opening 
of the plug allowed water to fill the distribution system. The water would soon 
freeze in the pipes, and the entire system had to be dismantled. 

All refrigerated buildings are equipped with insulation, and the combustibil- 
ity characteristics of various insulations should affect the choice of material 
and/or hew the insulating material is applied. Polyurethane and polystyrene 
can burn and emit smoke and noxious fumes. These materials now can be pur- 
chased with self-extinguishing additives, although in one experience1' the self- 
extinguishing sulfate was vaporized by the heat of the fire and the remaining 
polystyrene became a burning, molten mass. There are factors in addition to the 



flammability characteristics that influence the choice of insulating material, but 
the following are broad characteri~ations of some frequently used insulations: 

Polyurethane-eombustible 
Polystyrene-combustible, but is treated with a flame retardant that is ef- 
fective against small flames 
Polyisocyanurate-combustible 
Cellular glass-resistant to  combustion 

More precise descriptions of the fire characteristics are available from the Ma- 
terial Safety Data Sheet for each of the insulation materials. The fact that a 
material may burn under certain conditions does not necessarily preclude its 
use. It may simply require that the material be enclosed or otherwise protected 
by a noncombustible material. Polystyrene may be used in floors, for example, 
because the insulation material is protected by the concrete. Cellular glass has 
excellent fire resistance, but tends to be heavier and more expensive than some of 
the other insulations. Insulated builtup panels now predominate in construction 
and have either metal or plastic skins. The metal is fire-resistant but is harder 
to clean than the plastic, which might melt in the event of a fire. 

13.10 LEAK DETECTION AND 
AMMONIA SENSORS 

Both for reasons of safety and to prevent interruption of refrigeration service, it 
is important to sense leaks of refrigerant. Since halocarbons are odorless, sensors 
are important in installations using such refrigerants to ensure that a leakage of 
a major portion of the refrigerant charge does not go undetected. Also, leakage 
of large quantities of a halocarbon represents a danger to humans who are not 
aware of being engulfed in high concentrations. When an ammonia leak occurs 
where people are present, the odor of ammonia provides its own warning. But for 
unoccupied spaces, such as refrigerated storage areas and unattended machine 
rooms, automatic sensors are crucial to providing an early warning of a potential 
problem. 

The principles of operationlg of the most popular ammonia sensors are: (1) 
detector tubes, (2) solid state, (3) electrochemical, and (4) infrared (or ultravi- 
olet). The concentrations of ammonia and the applicable temperature ranges of 
these types of sensors are enumerated in Table 13.2. 

The most widely used concept for sensing ammonia is the solid-state type 
because of its relatively low cost and ease of installation and maintenance. The 
solid-state sensor works well for initiating Barms in the range of ammonia con- 
centration of several hundred ppm, but it is normally not very precise in the 
range of 20 to 50 ppm, which might be of intkrest for personnel exposure reg- 
ulations. One experience report20 suggests that solid-state sensors employed in 
low-temperature spaces should be allowed several weeks to age before taking 
seriously the indications from the sensor. 
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TABLE 13.2 
Some characteristics of several types of ammonia sensors. 

13.11 PERSONAL PROTECTION 
AGAINST AMMONIA 

I t  is economically crucial to  protect products from damage by exposure to am- 
monia, but a n  even more critical requirement is that  any escape of ammonia be 
prevented from causing personal injury. Any worker in ammonia refrigeration 
plants should be familiar with the following two documents: 

Calibration 

h m ~ r  

Long term 

Frequent 

Moderate 

h u m c ~  
Long term 

Material Safety Data Sheet (MSDS) for ammonia 
Poster on first aid for ammonia exposure, such as one available from the 
International Institute of Ammonia Refrigeration 

Purpose 

Pcxsonnel, 
detect lealrs 

Personnel, 
leak alarm 

Leak almm 

Personnel 

Sensor 

type 

Detector 
tube 

Electro- 
chemical 

Solid state 

Infrared 
or UV 

The MSDS provides data on some of the physical properties of ammonia, 
but those items that deal primarily with personal safety are as follows: 

If a t  all possible, avoid inhalation, skin contact, and especially contact with 
eyes. 
The general rule is to  deluge affected areas with water. 
Remove clothing, except if i t  is so saturated with liquid ammonia that  it is 
frozen to  the skin. 

Concentration 

range, ppm 

5 to 1,000 

0.7 to 1,000 

300 to 5,000 

10 to 10,000 

Contact lenses must not be worn while working with ammonia. 

Operating 
temperature, 
"C (OF) 

20 (70) 

-5 to 45 

(23 to 113) 

-40 to 90 

(-40 to 190) 

-10 to 50 

(14 to 122) 

Use face shield when making repairs. 
Protect hands with rubber gloves. 

There are two types of masks-canister and self-contained breathing appa- 
ratus (SCBA). The canister masks are the most convenient and manageable of 
the two, but the SCBA is the most effective. 

If a spill has occurred and no person is in danger in the room, start  venti- 
lation of the room before entering i t ,  even if protected by a mask. 
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13.12 DISCHARGE OF 
AMMONIA-DIRECTLY TO 
ATMOSPHERE 

In the routine operation of the plant there should be no discharge to atmosphere. 
In well-maintained plants, i t  is not possible for a visitor to detect from the 
smell that ammonia is the refrigerant. Slight smells of ammonia sometimes occur 
because of leakage a t  valve padrings, pump seals, venting from freshly drained 
oil, or from an air purger. A strong trend has developed for the use of capped 
valves, particularly those needing only occasional adjustment, in preference to 
the wheel type in order to avoid leakage a t  the packing. The quality of pump 
seals has improved over the past decade with the introduction of oil-pressurized 
seals and the use of hermetic pumps to dramatically reduce leakage at pump 
seals (see Chapter 8). 

A significant quantity of ammonia may be released when a safety relief 
valve opens, but the purpose of this relief of pressure is to prevent a serious 
rupture of a pipe or vessel. Nevertheless, some special measures for treating 
releases from safety valves may be warranted, and providing these measures 
may be manageable, because the precise location where the release will occur 
is known. Three approaches to handling discharges from such point sources as 
relief valves are as follows: 

Direct discharge to atmosphere 
Absorption in water and subsequent disposal of the ammonia-water solution 
Flaring 

The direct discharge of ammonia to  atmosphere may at  first appear t o  be 
a cop-out, but many refrigeration professionals on occasion discharge ammonia 
to atmosphere with a clear conscience, provided the concentrations that come 
into contact with plants, animals, and humans are maintained low. This position 
is justified by several factorsz1 such as that the release of ammonia into the 
atmosphere does not contribute to ozone depletion or global warming, and that 
ammonia is a naturally occurring compound in air and is a necessary ingredient 
for many biological processes. 

One realization that became apparent in a study of concentrations in the 
vicinity of ammonia vapor releasesz2 was that, to reduce the ground-level con- 
centrations, two measures should be attempted: discharge the ammonia a t  as 
high an elevation as possible and discharge the ammonia upward at a high ve- 
locity. Figure 13.11 shows ground-level concentrations for a release of 0.15 kg/s 
(20 lb/min) with a wind velocity of 4.5 m/s (10 mph). Curves B and C may 
be compared to the base case represented by Curve A, which represents con- 
centrations when the stack height is 6 m (20 ft) above ground level and the 
diameter of the stack is 50 &m (2 in). The conditions shown for Curve A result 
in a maximum ground-level concentration of 115 ppm at a downwind distance 
of 40 m (130 ft). If the diameter of the stack pipe were reduced to 25 mm (1 
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FIGURE 13.11 
Ground-level concentrations of ammonia in the vicinity of a vapor release of 0.15 kg/s (20 
lb/min) with a wind velocity of 4.5 m/s (10 mph). 

in), as Curve B shows, the exit velocity is roughly four times that of the base 
case. The peak concentration drops to 36 ppm at a downwind distance of 60 m 
(200 ft). The second approach, shown in Curve C, demonstrates that elevating 
the stack height to 12 m (40 ft) reduces the maximum concentration to 21 ppm 
at a downwind distance of 75 m (250 ft). 

While the skillful treatment of direct discharges of ammonia into the at- 
mosphere may give satisfactory results in the  view of the plant operator, the 
discharge of a significant amount of ammonia usually must be reported for in- 
formation purposes to environmental authorities. In the United States, a release 
of 45 kg (100 lb) or more in a 24hour period must be reported. Furthermore, 
regulatory agencies sometimes do not permit even the careful direct discharge 
to atmosphere. In this situation, absorption of ammonia in water or flaring of 
ammonia might be required. 

13.13 DISCHARGE OF 
AMMONIA-ABSORPTION IN WATER 

Another -concept for handling discharges of ammonia from a refrigeration system 
is to absorb the ammonia in water. ANSI1ASHR.E Standard 15-94 has tradi- 
tionally listed the discharge of ammonia into a tank of water as an option. The 
recommended proportions of water to ammonia are 1 m3 of water for each 120 kg 
of ammonia (1 gallon of water per Ib of ammonia). Field tests23 of the absorption 
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FIGURE 13.12 
Absorption of ammonia in water, ending with the find composition of 120 kg of ammonia per 
rn3 (1 Ib of ammonia per gallon of water). 

of ammonia in vapor form in a vessel of water showed the effectiveness of this 
process, as illustrated in Fig. 13.12. During a time interval of approximately 11 
minutes, 90 percent of the released ammonia was absorbed to bring the ammonia 
concentration in the water t o  the end condition of 120 kg of ammonia in 1 m3 

of water (1 lb of ammonia per gallon of water). Figure 13.12 shows the temper- 
atures of the solutions during absorption of both vapor and liquid. In absorbing 
ammonia vapor, the temperature of the solution rises from the starting temper- 
ature of about 20°C (68'F) to  60°C (140°F) in the 11-minute absorption period. 
Water in the vessel will absorb liquid ammonia equally well, as Fig.13.12 also 
shows, and the temperature rise is only about 15'C (27OF). The greater rise in 
temperature when vapor is absorbed is explained by the need to condense the 
vapor in the absorption process. 

Sometimes regulating agencies prefer a facility absorb the entire charge of 
the plant in a vessel of water. This requirement is normally not practical for a 
large plant with a charge of, for example, 5,000 kg (11,000 lb) or greater. Even 
for water vessels capable of absorbing modest-sized discharges, the water in these 
vessels must be kept from freezing in cold climates. 

If a water tank for absorption of the ammonia is used, a question that 
arises is what to do with the aqua-ammonia solution after ammonia has been 
absorbed in it. In some localities, firms are available to haul away the solution for 
reclamation. If the solution is relatively free of oil, it may be used as agricultural 



TABLE 13.3 
Concentrations of ammonia in water ( 
( Percentage of ammonia I pH 

in water, mass basis 
10 I 12.0 

~rresponding to various pH values. 

1 Concentration with normality = 1 1 

fertilizer. If direct discharge to atmosphere is permitted, the ammonia can be 
vented off to the atmosphere naturally, sometimes even heating the solution 
slightly to speed the release. In connection with the absorption studies reported in 
Fig. 13.12, some desorption tests showed that when a vessel was vented through 
a tube, it required about 50 days to  bring the ammonia concentration down to 
one-half of its starting concentration. 

One of the methods of disposing of the aqua-ammonia solution is to dilute 
and discharge the mixture into either the sanitary or storm sewer. This action 
should be taken only after consultation with the appropriate authorities who 
are likely to specify a maximum permitted pH value of the diluted mixture. It 
is appropriate, then, to explain pH values and also to  emphasize what some 
magnitudes of pH mean with respect to the mass concentration of ammonia in 
the water. The pH value, which means poieniial of hydrogen, is defined as: 

pH = log (l/H+) 

where: 
H+ = number of gram-ions of hydrogen per liter 
Pure water contains 0.00000001 gram-ions of H+ per liter, so pure water 

possesses a pH value of log(10,000,000) or 7. Absorption of ammonia in water 
decreases the number of hydrogen ions, so the pH value of an ammon: la / water 
solution exceeds 7, and high pH values indicate a high concentration of ammonia. 
An important point is that only a small amount of ammonia can rapidly raise 
the pH value from 7. Table 13.3 shows the percentage concentrations by mass 
resulting in various pH values. The table shows that  even one part of ammonia in 
100,000 parts of water elevates the pH to  10. The consequence of this distribution 
of pH values is that if an ammonia/water mixture can be discharged only if the 
pH value is below 11, for example, then enormous quantities of dilution water 
will be required. 
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FIGURE 13.13 
Concentration of ammonia in combustion products when flaring an ammonia/air mixture with 
the aid of methane. 

13.14 DISCHARGE OF 
AMMONIA-FLARING 

The third method of disposing of ammonia discharges is by flaring or burning the 
ammonia. This method is particularly applicable when the release to be treated 
will be located a t  an identifiable point, such as the discharge vent of a relief valve. 
It is recognized that mixtures of ammonia and.air with ammonia concentrations 
between about 15 percent and 27 percent of ammonia will burn. This combustion 
can be sustained, however, only through the use of a flame holder, such as an 
iron screen. This iron screen is maintained at a high temperature by the burning 
ammonia. Practical flares must provide a support flame from the burning of a 
hydrocarbon such as methane. Tests24 on ammonia flares show that the methane 
concentrations of between 4 and 10 percent in.the arnmonialair mixture are 
effective in facilitating the combustion. Figure 13.13 shows the effectiveness of 
combustion as a function of the percentages of methane and ammonia in the feed 
stream. Bracketed within the two straight lines is the flammability region of the 
mixture, and the contours within this region show the concentration of ammonia 
in ppm in the combustion products. 

The-map shows that with an initial concentration of less than 15 percent 
ammonia in air, most of the ammonia can be oxidized by providing a methane 
concentration of between 4 to 10 percent. With initial ammonia concentrations 
higher than 15 percent, there will still be unburned ammonia in the combustion 
products, but significantly less than the original 150,000 to 250,000 ppm. 
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FIGURE 13.14 
NO, concentrations in the combustion products of an mania flare. 

The complete and ideal chemical reaction in the combustion of ammonia 
is: 

When the flame temperatures are especially high, however, some of the 
NH3 dissociates and along with a small quantity of nitrogen in the air combines 
to yield NO and NOz, which are the NO, compounds in Fig. 13.14. Figure 13.14 
shows contour lines of the NO, concentration indicating that the concentrations 
can be reduced by tuning the flare to operate toward the upper flammability 
limit. The region of lower NO, concentrations is that portion of the map associ- 
ated with reduced flame temperatures in contrast t o  the high flame temperatures 
near the lower flammability limit. 

One of the conclusions from the curves is that the flaring of pure ammonia 
is not possible. The ammonia must be diluted with combustion air, preferably 
with an incoming mixture of less than 15 percent ammonia. 

13.15 LARGE RELEASES OF 
AMMONIA 

There are-few situations where discharges of ammonia are planned. An excep- 
tion might be where a plant is being decommissioned or reduced in size. Even 
when ammonia must be removed from a section of the plant being repaired or 
retrofitted, every effort should be made to  recover the ammonia. Discharges from 
relief valves are not normal operation, although the specific function of the relief 
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FIGURE 13.15 
Release of ammonia vapor from a vessel containing Liquid. 

valve is to  discharge ammonia to  prevent a much more serious failure of a vessel. 
The designation of large releases that are discussed in this section primarily refers 
to those resulting from a rupture of a pipe, fitting, or vessel. The occurrence of 
such ruptures is almost always the result of an external impact such as a fork-lift 
truck striking a pipe or its support. The three major forms of release are: (a) 
as a vapor, (b) as an aerosol, and (c) as a liquid spill on the floor of the facility 
or earth outdoors. Several forms of these releases may occur simultaneously in a 
given incident. 

One form of release, illustrated in Fig. 13.15, is when ammonia vapor es- 
capes from a vessel containing liquid. In order to  supply the vapor, liquid in the 
vessel must evaporate, and in doing so drops the temperature of the remaining 
liquid. As the temperature of the liquid drops, so does the pressure in the vessel, 
so the rate of discharge progressively decreases. For the idealization of no heat 
transfer t o  the vessel during discharge, calculations show that 20 percent of the 
liquid in a vessel initially a t  a temperature of 27OC (80°F) will vaporize to reduce 
the temperature to  -33OC (-2g°F), at which point the pressure inside the vessel 
is atmospheric, so flow stops. Actually, there will always be heat transfer to  the 
vessel, so more than 20 percent of the liquid vaporizes and a small flow rate will 
continue to  boil off. 

A dramatic demonstration of an effective response to  a vapor release from a 
liquid tank has been shown by the school of Hydro Care in Landskrona, Sweden, 
which is dedicated to  the safe handling of ammonia. The technique used was to  
throw a canvas cover over the entire vessel. The cover provides thermal insula- 
tion such that the temperature of the liquid drops rapidly and the flow rate of 
ammonia vapor diminishes perceptively. Workers, using masks, then remove the 
canopy t o  repair the leak. If a long time is necessary, the vessel may have to  be 
recovered. 
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FIGURE 13.16 
A release of ammonia as an aerosol. 

TO BE AVOIDED 
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FIGURE 13.17 
Water should normally not be applied to a pool of liquid ammonia resulting from a spill. 

Probably the most treacherous release of ammonia is in aerosol form, shown 
schematically in Fig. 13.16. Tiny droplets of liquid are dispersed thoughout the 
vapor, and the vaporization of this liquid develops a cold, dense combination 
which usually clings to the ground rather than rising quickly and away from 
people and vegetation. 

Another form of release is one that might occur if a liquid line is ruptured 
and liquid ammonia spills onto the floor of a refrigerated space or machine room 
or onto the earth if the release is outdoors. The recommendation is that water 
normally not be applied to  the liquid, Fig. 13.17. Immediately following the 
spill, the rate of vaporization will be high, but as the remaining liquid and the 
floor or ground on which it has spread becomes cold, the rate of vaporization 
diminishes rapidly. Ventilation of the enclosed space may be adequate to  disperse 
the ammonia vapor until all has been evaporated. Experiments are going on 
currently with foams that could cover the liquid to  retard the rate of vaporization 
even more. 

The final topic associated with large releases is the concept of positive- 
pressure ventilation. A machine room should be equipped with permanently- 



installed fans of sufficient ventilating capacity as specified in Section 13.8. If a 
release occurs in a refrigerated space, however, installed ventilating capability 
will normally not be available. Large-capacity- portable fans should be present 
on site for such emergencies. I t  may a t  first seem that one placement of the fan 
a t  an opening of the space is as good as another. The attempt to use the fan to 
exhaust air and ammonia fumes from the space, as shown in Fig. 13.18a, is likely 
not to be effective, however, because the bypass air from the exterior to the fan 
intake reduces the withdrawal rate of the fan from the space. Positive-pressure 
ventilation, however, as shown in Fig. 13.18b, takes advantage of the jet issuing 
from the outlet of the fan to seal the opening. 

13.16 BEYOND THE CODES 

The adherence to  codes and standards is a giant step toward designing and con- 
structing a safe refrigeration system. There are also numerous provisions that  
contribute to a safe environment that  are not covered by codes. A fundamental 
requirement is that  the equipment be arranged in an orderly manner and suf- 
ficient space be provided to allow access to the equipment for frequent visual 
examinations and for servicing. The trend to locate coils that serve refrigerated 
storage spaces in penthouses is commendable, because it then permits piping to 
be placed above the roof line and out of reach of fork-lift trucks. Every effort 
should be made to avoid placing pumps in pits. The reason that pumps are some- 
times installed in pits is to provide adequate net-positive-suction head to  prevent 
cavitation of liquid in the pump. This location of pumps should be avoided, if 
possible, because the location places a technician working on the pump a t  risk 
should a release of ammonia occur during servicing. 

Careful thought should be given to the location of valves. Valves should 
ideally be placed where they can be reached conveniently by the operator, but 
should not be located where they could be damaged by a passing fork-lift truck. 
The choice of penthouse enclosures for evaporator coils usually permits valve 
groups for shutoff and hot-gas defrost to be placed outside the penthouse. This 
location provides access for servicing and usually less hostile temperatures than 
inside the space. Many designers are striving toward placing only welded con- 
nections inside the refrigerated space. 

The choice and location of king valves has received much attention in the 
past few years. The king valve is located in the liquid line from the receiver 
and can be closed to interrupt the supply of liquid to  the system in case of 
an emergency. In large systems, there may be several high-pressure receivers 
and also several liquid supply lines in which a shutoff valve would be advisable. 
A basic provision is to either locate the control or the valve itself outside the 
machine mom. A hand valve in the machine room may not always be accessible 
in an emergency. If the high-pressure receiver is located outdoors, it is logical for 
the king valve to  be outdoors as well. If the king valve is located in the machine 
room, it should be a normally-closed solenoid valve with the control outdoors in 
a locked box to which only authorized personnel have access. 
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FIGURE 13.18 
(a) Exhausting from a contaminated room where the effectiveness is diminished because of 
recirculation, and (b) the preferred method of positive-pressure ventilation that uses the outlet 
jet to seal the opening. 

Both liquid and vapor are present in many pipes, and such pipes should 
be inclined or pitched such that liquid will drain to locations where it can be 
handled properly. Pipes carrying both liquid and vapor include liquid/vapor 
return lines in liquid recirculation systems, but also in some others as well where 
condensation of vapor to liquid may occur unintentionally. Several lines where 
pipes should be provided with slope and the direction of pitch are the following: 

Liquid/vapor suction line-toward low-pressure receiver 
Vapor line connecting the low-pressure receiver to the low-stage compressor- 
toward low-pressure receiver 
Line carrying vapor between the flash-tank/intercooler and high-stage compressor- 
toward intercooler 
Horizontal portion of discharge line between compressor and condenser- 
toward condenser 
Defrost gas line-back toward machine room 

Pipes should be clearly labeled to  indicate in the first place that they 
carry ammonia, the function in the system, whether the ammonia is liquid or 
vapor, the pressure level, and the direction of flow. Pipe labels are valuable in 
helping new operators or outside technicians understand the configuration of the 
system. They also help an operator avoid opening or closing the wrong valve 
during routine operation, as well as helping avoid incorrect responses in the 
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FIGURE 13.19 
Labels for ammonia pipes. 
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event of an emergency. The International Institute of Ammonia Refrigeration 
has standardized2' the form, color, and information to  be contained on pipe 
labels, as illustrated in Fig. 13.19. 

Still another crucial administrativeaction is to maintain up-to-date asbuilt 
plans and drawings that are readily accessible to operators and repair personnel, 
but stored where they remain in a clean, readable condition. For refrigeration 
plants with an ammonia charge of 4,500 kg (10,000 Ib) or greater, the OSHA 
Process Safety Management regulation26 requires that a process flow diagram as 
well as a piping and instrumentation diagram be readily available in the plant. 

13.17 A PLANT SAFETY PLAN 

VAP 

I t  is the duty of management to ensure that an emergency plan is in place for 
the facility and that employees know their responsibilities should an emergency 
arise. Many plants on a regular basis conduct dry runs of simulated emergencies 
to  help acquaint staff with their role(s). Training should be an ongoing process 
for both the safe and efficient operation of the plant. These training sessions 
can be conducted by a qualified staff member within the organization or an 
outside specialist can be brought in. In addition, there are now short courses 
available in design, management, and operation of industrial refrigeration plants 
that are sponsored by technical and trade organizations. Some of the benefits of 
these courses are that the instructional staff usually includes top people in the 
industry. Furthermore, the interchange of knowledge among the participating 
firms serves a valuable purpose. 

AMMONIA LOW 
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CHAPTER 
14 

ELECTRICAL 
CONTROL AND 

INSTRUMENTATION 

14.1 INSTRUMENTATION AND 
CONTROL 

This chapter concentrates on the electrical equipment associated with the refrig- 
eration system. It focuses on controlling the electrical supply to the system and on 
electrical and/or electronic sensors and actuators. Because the full range of elec- 
trical topics is so vast, a selection has been made, as illustrated in Fig. 14.1, such 
that the subjects treated in this chapter are those most intimately connected 
with the refrigeration system. Those topics not covered or only mentioned in 
passing include, for example, electrical circuits (single- and three-phase, wye and 
delta), conductor sizing, circuit protection, power factors and their corrections, 
and transformers. Another important body of knowledge that is not covered is 
that of motors-the types of industrial motors and their characteristics. 

The electrical principles that will be expliined are those related to control- 
ling the power to  electric motors and other equipment and the electrical types 
of instrumentation and actuators. The first major topic presented will be ladder 
diagrams, which are the widely accepted means of showing control logic and are 
the plans followed by electricians. Means of executing ladder diagrams include 
electromechanical relays, programmable controllers, and computer controllers. 
Instruments providing visual indications (pressure gauges, thermometers, etc.) 
are standard and should continue to  be installed. The shift in recent years to 
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FIGURE 14.1 
Full range of electrical considerations and those addressed in this chapter. 

electronic and/or computer control, however, stimulates a greater need for elec- 
tric and electronic sensors, transducers, and actuators. These devices will be 
explained in the latter sections of this chapter. 

14.2 LADDER DIAGRAM SYMBOLS 

Ladder diagrams serve two purposes-they represent the plan for hardwiring 
a panel of electromechanical devices and they also represent the logic of the 
control plan. Logic means the conditions that must be met before a certain 
action is taken. The ultimate action of most ladder diagrams is to  provide electric 
power or to interrupt power to motors and other electrical devices. The symbols1 

that are probably the most used in ladder diagrams are shown in Fig. 14.2 
for manual switches, Fig. 14.3 for switches controlled by physical variables and 
other conditions, Fig. 14.4 for timing switches, Fig. 14.5 for symbols referring 
to the controls for the power portion of the electric system, and Fig. 14.6 for 
miscellaneous symbols. 

A toggle switch, as shown in Fig. 14.2, retains its position (open or closed) 
until manually changed. Push buttons are designed for momentary contact or 
interruption. A dashed line indicates a mechanical linkage between two push 
buttons, which in Fig. 14.2 shows one push button opening and the other closing 
a contact when the button is pressed. 

In Fig. 14.3, the switch changes from its normal position when the sensed 
variable increases above its setting. For example, the normally closed (NC) tem- 
perature switch set for 40°C (104OF) is closed when the sensed temperature is 
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FIGURE 14.2 
Some symbols for manual switches used in ladder diagrams. 

below 40°C (104OF) and open when the temperature is above the setting. If a 
low-temperature cutout is to open a switch when the temperature drops below 
O°C (3Z°F), for example, a normally open (NO) switch would be chosen and set 
for the temperature. During satisfactory operation above O°C (3Z°F), the switch 
is in its non-normal state (closed). 

The symbols for another class of components used in ladder diagrams are 
shown in Fig. 14.4 and apply to timing switches. Most timing switches are single- 
throw, but double-throw switches are also available, as shown in Figs. 14.4e and 
14.4f. One class of timing switches is indicated by the upward-pointing arrow 
T and another by a downward-pointing arrow 1, representing a delay on and a 
delay off, respectively. The energizing of the coil initiates the time delay of a 
delay-on switch, while the denergizing of the coil initiates the time delay of a 
delay-off timing switch. 

Figures 14.4a and 1 4 . 4 ~  show NC switches, and Figs. 14.4b and 14.4d show 
NO switches. The NC, timed-open, delay-on switch of Fig. 14.4a begins the 
timing upon energizing of the coil and opens the contacts following the specified 
delay. When the coil is deenergized, the contacts immediately return to their 
NC status. Should the coil be deenergized during the delay period, the switch 
remains closed and the timer is reset to  zero. The NO, timed-closed, delay-on 
timing switch of Fig. 14.4b begins the timing operation upon energizing of the 
coil and closes the switch following the delay. When the coil is deenergized, the 
contacts immediately return to their NO status. Should the coil be deenergized 
during the delay period, the contacts remain open and the timer is reset to zero. 

The down arrow 1 timer switches in Fig. 1 4 . 4 ~  and 14.4d are in the sta- 
tus shown (normally closed or normally open, respectively) when the coil has 
been deenergized for some time. When the coil is energized, the switch changes 
instantly to its nonnormal status, a t  which condition it remains so long as the 
coil is energized. When the coil is deenergized, timing begins, and following the 
specified delay, the contacts revert to their normal position. If the coil should be 



FIGURE 14.3 
Switches activated by physical variables or conditions 

energized during the delay period, the contacts return to their nonnormal status 
and the timer resets to zero. 

The double-throw timing switch of Fig. 14.4e is a combination of the 
switches in Figs. 14.4a and 14.4b. The status of the blade shown occurs when 
the coil has been deenergized for a period of time. When the coil is energized, 
the timer begins, and following the specified delay, the blade changes from the 
NC contact to the NO contact, where it remains so long as the coil is energized. 
Deenergization of the coil returns the blade to the NC position instantly. Some 
commercial timing switches of this type are supplied with power continuously, 
and what is referred to as energizing and deenergizing of the coil is achieved by 
closing and opening, respectively, external contacts. 

The double-throw, delay-off timing switch of Fig. 14.4f combines the func- 
tions of the switches in Figs. 1 4 . 4 ~  and 14.4d in the following manner. The 
position of the switch shown is what occurs when the coil has been deenergized 
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FIGURE 14.4 
Timing switches. 
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for a period of time. Energization of the coil changes the blade instantly from the 
NC post to  the NO post. Deenergization of the coil initiates the timer. Following 
the specified delay, the blade changes t o  contact the NC post. 

Several other symbols sometimes associated with ladder diagrams that  refer 
to  the power portion of the electrical network-are shown in Fig. 14.5. To show 
that two crossing electrical lines are not physically connected, i t  is only necessary 
to show the cross without a heavy dot. This practice is standard in the electronic 
industry since the diagrams sometimes become massive. For drawings applicable 
to refrigeration systems often used in industrial workplaces, the semicircular 
bypass avoids the risk of misreading a soiled drawing. 

The symbols' for coils of relays, solenoids, contacts, and several other com- 
ponents used in ladder diagrams are shown in Fig. 14.6. 

'" T 
NO, timed- 
closed, delay-onl 

'"I NO, T instant- 

Closed, timed- 
Open, delay off 

"' Single-pole, v:z double- 

14.3 LADDER DIAGRAMS 

throw, delay-on 1 throw, delay-off 

The ladder diagram gets its name from the appearance of the network, which 
consists of the horizontal rungs extending from one vertical roilto the other. The 
left rail is designated L1 and the right rail L2.  Usually, L1 is hot and is a t  a volt- 
age of 115 V ac, for example, and L2 is usually neutral. In some cases, however, 
L2 is 115 V ac of opposite polarity t o  L l ,  so that  230 V prevails across the ladder. 
When a voltage is applied across a control relay (CR), any contact associated 
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FIGURE 14.5 
Several symbols applicable to the power portion of the electrid network. 

FIGURE 14.6 
Some miscellaneous symbols. 
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FIGURE 14.7 
Ladder diagram for starting and stopping a condenser fan motor and a compressor motor in 
conjunction with its crankcase heater. 

with this relay is switched to the opposite of its normal position. A simple ladder 
diagram depicting the operation of the compressor and condenser fan motors and 
the heater for the compressor crankcase is shown in Fig. 14.7. The compressor 
is started by pressing a push button, designated 2PB, and stopped by pressing 
a different button, 1PB. When the start  button is pressed, the crankcase heater 
comes on if needed until the temperature of the oil rises to  a temperature of 30°C 
(86OF). When the desired oil temperature has been reached, the condenser fan 
starts and runs for 10 s before the compressor motor starts. Once the compressor 
is operating, there is no further need to  warm the oil, and the heater shuts off. 

The plan expressed by the ladder diagram in Fig. 14.7 is as follows. To start 
the sequence, press push button 2PB,  which feeds power to the left side of 1CR. 



Control relay 1CR changes the status of all contacts associated with it.  One of 
these contacts is 1CR-1, which is wired in parallel to 2PB.  Closing this contact 
permits 1CR to  remain energized even after 2 P B  is released. Another contact 
associated with 1 C R  is 1CR-2, which closes. Because 3CR-1 is normally closed, 
power is fed to the crankcase heater, 1HTR.  The final contact associated with 
1CR is 1CR-3, which closes. If the oil temperature is not yet up to  the desired 
value of 30°C (86OF), temperature switch T1 is open and no power reaches 2CR 
and TR-1. When the oil temperature rises to  the point that T1 closes, 2CR 
and TR-1 are energized. The energizing of 2CR closes the contacts in the 3- 
phase lines to  the condenser fan motor and also closes the contacts in line 6. 
Energizing TR-1 starts the timing switch, which after a 10 s delay energizes 
3CR. Energizing 3CR closes the contacts in the 3-phase lines to the compressor 
motor, thus starting that motor. Another contact served by 3CR, namely 3CR-1, 
turns off the crankcase heater. 

To stop the compressor, press l P B ,  which interrupts power to 1CR.  Con- 
tact 1CR-1 reverts to its NO position and deenergizes 1CR even after 1 P B  is 
released. Contact 1CR-2 returns to  its normally-open position, but the heater 
had been off anyway, so the status of the heater remains unchanged. Contact 
1CR-3 opens so that 2CR is deenergized, which opens the contacts in the 3- 
phase lines to  the condenser motor and also opens 2CR-1, which deenergizes 
3CR to stop the compressor motor. 

Also illustrated in Fig. 14.7 is a recommended numbering pattern. Each of 
the rungs is numbered in sequence down the left rail, and each of the control 
relays, contacts, and other switches are given unique numbers. The designation 
2CR-1(4), for example, indicates a contact whose status is changed by control 
relay 2CR. The number 1 indicates that this contact is the first one associated 
with 2CR, and the number 4 in parentheses designates the rung number in which 
2CR is located. The numbers down the right rail indicate the rungs in which 
contacts are located that are associated with any C R  of that rung. In rung 1, 
for example, 1CR activates contacts in rungs 2, 3,  and 4. 

Example 14.1. At the moment that 3CR is energized, starting the compressor 
motor and shutting off the crankcase heater, some remaining liquid refrigerant in 
the crankcase oil evaporates to cool the oil and open the temperature switch TI.  
What is the response of the control logic thereafter? 

Solution. The opening of T1 deenergizes 2CR and TR-1. The condenser fan 
stops, and the contacts of 2CR-1 change to their NO status, which deenergizes 
3CR, stopping the compressor motor and allowing the contacts of 3CR-1 to 
return to their NC status. Coil 1CR has remained energized, so the heater resumes 
operation and another startup is attempted. 



14.4 LADDER DIAGRAM FOR A 
SCREW COMPRESSOR 

To illustrate a more complex control logic, Fig. 14.8 shows a ladder diagram for 
the implementation of many of the functions needed to start, stop, and reset a 
screw compressor package. Most of the standard features are incorporated, but 
to provide a gradual progression to full realism, the control of the slide valve 
and the capability of automatic remote control have been omitted. A complete 
example is presented in Reference 2 ,  which in turn is taken from a manufacturer's 
m a n ~ a l . ~  Those functions that are incorporated are the following: 

1. Push-button start 
2. Cutouts to stop the compressor and oil pump in the event of: 

oil pressure failure lasting longer than 6 s. 
low oil temperature. 
high temperature of discharge refrigerant. 
low suction pressure. 
high discharge pressure. 
overloads of motors serving compressor and oil pump. 

3. Push-button stop and reset. The function of the reset is to prevent the com- 
pressor from automatically starting up again after a cutout has stopped 
operation. 

4. Operation of the oil pump for 30 s prior to starting the compressor in order 
to allow the slide valve to move to its unloaded position (the slide valve 
operation is not shown in Fig. 14.8). 

5. Anti-recycle timing, which prevents a restart of the compressor motor within 
20 min of the previous start. 

6. Keeping the oil warm during compressor shutdown and turning the heater 
off during compressor operation. 

The following is a brief, line by line description of each switch, contact, and 
relay in Fig. 14.8: 

1. ITR-1 is normally open (NO) but closed if 1TR is energized, and i t  opens 
6 s after 1TR is deenergized. 1TS is NO and closes on satisfactory high 
oil temperature. 2TS is normally closed (NC) but opens on high refrigerant 
discharge temperature. IPS is NO but closes on adequately high suction 
pressure. The motor overload cutouts are NC but open on high motor cur- 
rent. 2PS is NC but opens on high discharge pressure. 1PB is a NC push 
button for stopping. 2PB is a NO push button for starting. 1CR is a relay 
coil. 

2. The pilot lights are in parallel with each cutout and are off when the cutout 
is closed, because most current passes through the switch. If the switch is 
open, the light is illuminated. 1CR-1 continues to energize 1CR after the 
start button is released. 





3. 3 P B  is a NO push button reset mechanically connected to  the STOP button. 
4. 2TR-1 is NC but opens 30 s after energizing 2TR, providing power t o  1TR 

on startup. 1TR is a relay coil that remains energized if the oil pressure 
differential is above 140 kPa (20 psi). 

5. If the oil pressure differential is greater than 140 kPa (20 psi), then the 
contact of 3 P S  is with A; but if the differential pressure is very low, the 
blade is in contact with B. 

6. 4TR-1 is a special timing switch, combining both an  electrical and pneumatic 
capability. I t  is NC and opens when 4TR is energized. The switch remains 
open for 20-min before reclosing. Because of the pneumatic capability, the 
20 min timing does not require electric power. 1 M  is the oil pump motor 
relay coil. 

7. A pilot light, which is in parallel with 4TR-1, lights when 4TR-1 is open. 
2TR is a relay coil initiating the two 30 s time delays of 2TR-1 and 2TR-3, 
as well as closing contact 2TR-2. 

8. 2TR-2 contact is closed by energizing 2TR and continues to provide power 
to 2TR as long as 1CR-2 is closed. 

9. 2TR-3 is NO but closes 30 s following the energization of 2TR to  provide 
power to  the compressor relay coil, 2CR. 2CR-3 is NC and opens by relay 
coil 2CR. 4TR is an anti-recycle relay coil that is energized only momentarily 
on startup of the compressor. 

10. 4TR-2 is NO and closes a t  the momentary energizing of 4TR and remains 
closed for 20 min. 

11. When 4TR-2 is closed, 2CR relay coil is energized, which closes 2CR-2 t o  

maintain power to  2CR even after 4TR-2 reopens. 
12. 2M is the compressqr motor relay. 
13. 3CR-1 is a NO contact serving the oil heater. 

14. 3TS is a thermostatic switch that closes when the oil temperature drops 
lower then 43'C (110°F) and opens when the oil temperature rises above 
49°C (120°F). 

Example 14.2. Is the heater on or off when the oil temperature is (a) 40°C 
(104OF), (b) 50°C (122OF), and (c) 4S°C (113OF)? 

Solution. If the compressor is running, 2CR is energized and the NC contact in 
line 14 is open, deenergizing 3CR. Therefore, the heater will be off, regardless of 
the oil temperature. If the compressor is not operating (a) 3TS is dosed, 3CR 
is energized, and the heater is on; (b) 3TS is open, 3CR is deenergized, and 
the heater is off; (c) could be either on or off depending upon whether the oil is 
cooling off following the heater switching off or warming up following the heater 
switching on. 

Example 14.3. What are the states of relay coils, switches, and contacts when 
the compressor and oil pump have been operating for more than 20 min? 
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Solution. Relay coils energized: lCR, 1TR; l M ,  2TR, 2CR, and 2M 
Relay coils deenergized: 4TR and 3CR 
Switches dosed: all cutouts in line 1 ,  1TR-2, 3PS to A, 4TR-1, and 2TR-3 
Switches open: 2TR-1 and 4TR-2 
Contacts closed: ICR-1, 1CR-2, 2TR-2, 2CR-2, and 2CR-4 
Contacts open: 2CR-3 and 3CR-1. 

Example 14.4. What are the states of relay coils, switches, and contacts when 
the compressor and oil pump have been operating for less than 20 minutes? 

Solation. Same as solution to Ex. 14.3, except: 4TR-1 is open and 4TR-2 is 
dosed. 

Example 14.5. What are the states of relay coils, switches, and contacts after 
the compressor and oil pump have been operating for more than 20 minutes and 
then the STOPfRESET button is pressed? 

Solution. 1PB interrupts power to  1CR. The contacts of 1CR-2 open to in- 
terrupt power to the oil pump and compressor relays to  stop those motors. In 
addition, 2TR is deenergized and 4TR remains deenergized. Switch 4TR-1 re- 
mains in its NC position, because the compressor had been operating more than 
20 min. Contact 2CR-5 reverts to its NC status, permitting thermostat 3TS to 
maintain the temperature of the oil between the prescribed limits. When the oil 
pump stops, 3PS changes from the A to the B contact. A section that remains 
energized is line 4, because switch 2TR-1 is in its NC position and 1TR-2 remains 
closed when 3PB is pressed. Thus, 1TR remains energized, which keeps switch 
1TR-1 closed. All the cutouts and overloads in line 1 remain closed because 3PB 
made contact when the STOPfRESET button was pressed. 

Example 14.6. After the compressor and oil pump have been stopped, a s  in 
Ex. 14.5, the START button is pressed. Describe the sequence. 

Solution. Relay 1TR has been left energized, so cutout ITR-1 is closed a s  are all 
the other cutouts in line 1. Pressing 2PB energizes lCR, which closes 1CR-1 to 
maintain 1CR energized even after 1PB is released. There is no oil pressure yet, 
so 3PS is in contact with B, feeding power to line 6. Because 4TR-1 is closed and 
1CR-2 is now closed, the oil pump motor relay lM and the start delay relay 2TR 
are energized. Energizing 2TR closes 2TR-2. The oil pump starts and in several 
seconds the minimum differential oil pressure is established and 3PS switches 
to contact A. Power continues to reach 1CR-2, however, because 2TR-2 is now 
closed. The compressor motor does not start immediately, because 2TR-3 does 
not dose until 30 s have elapsed after the oil pump starts. The purpose of this 
delay is to permit the slide valve to  drive to the minimum-load position. After the 
30 s delay, 2TR-3 doses and 2TR-1 opens and remains open during operation of 
the compressor and pump, but power to  the right side of line 4 comes through the 
A contact of 3PS. When 2TR-3 closes, the anti-recycle timer 4TR is energized, 
opening 4TR-1 and closing 4TR-2 for 20 minutes thereafter. The closure of 4TR- 
2 energizes 2CR, closing 2CR-2 and 2CR-4, starting the compressor motor. The 



anti-recycle relay 4TR is energized only momentarily, because as soon as 2CR is 
energized 2CR-3 opens. 

The system should now be in full operation and continue to run until the 
STOP button is pressed or a safety switch interrupts the operation. 

Example 14.7. A trace of liquid refrigerant in the oil flashes to vapor when 
passing through the pump, causing a momentary (approximately 2 s) reduction 
in oil pressure differential. Describe the sequence of events that follows. 

Solution. 
The reduction in oil pressure differential allows the blade of 3PS to drop 

from position A so that ITR is deenergized. The timers of ITR-1 and 1TR-2 
are activated, but the timers are set for 6 s. Before switches ITR-1 and 1TR-2 
open, the blade of 3PS returns to A, which zeros the timers of 1TR-1 and 1TR-2 
which remain dosed. This feature has thus functioned as planned and avoided a 
nuisance shutdown. 

Example 14.8. The compressor has been operating for more than 20 min when 
the high discharge pressure cutout switch opens because of an unintentional, 
momentary shutdown of the condenser. 

( a )  Will ICR, 2CR, lTR,  2TR, and 2M be energized or deenergized. and 
will 1TR-1 be open or closed? 

(b) If the START button, 2PB, is pressed, what will be the response? 

(c) If the STOP/RESET button, l P B ,  is pressed, what action occurs? 
(d) If after pressing STOP/RESET the START button is then pressed, 

what will be the response? 

Solution. 
(a) All the coils will be deenergized, and ITR-1 will open after 6 s. 
(b) Because 1TR-1 is open, no power reaches ICR, so no coils are energized. 
(c) Closing the RESET switch energized ITR, closing 1TR-2, which main- 

tains power to ITR. ITR-1 closes. The blade of 3PS is on B, but because 1CR-2 
is open, no power reaches the relay coils that would start the motors. 

(d) The normal startup sequence will take place, as in Ex. 14.6. 

14.5 IMPLEMENTING THE LADDER 
DIAGRAM 

The  traditional equipment used t o  execute the  logic expressed in ladder diagrams 
is a panel of electromechanical relays. When power is applied t o  the coil, the 
contacts associated with t ha t  relay shift t o  their nonnormal status. Delay timers 
t ha t  change the  s tatus of the contacts following the  delay for which the timer is 
set are also available. 

Currently, programmable controllers compete vigorously with relay pan- 
els. The  logic of t he  ladder diagram is incorporated in the  software of the 
microprocessor-based programmable controller. T h e  relative costs of the elec- 
tromechanical relay panel and the  programmable controller are shown in Fig. 14.9. 



FIGURE 14.9 
Relative c06t6 of programmable controllers and electromechanical relay panels. 
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The cost of the relay panel increases roughly in proportion to the number of re- 
lays, while a given model of programmable controller can accommodate any 
number of relays up to its maximum. The cost of each additional relay on a pro- 
grammable controller is thus negligible. The crossover number of relays is now 
quite low-perhaps from three to five. 

Because industrial electricians are familiar with ladder diagrams, many 
programmable controllers are equipped with either a permanent or portable ter- 
minal and a screen that shows the image of the ladder diagram as it exists or as 
it is developed. 
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14.6 INSTRUMENTATION FOR 
MONITORING A REFRIGERATION 
PLANT 

Number of relays 

This section supports the contention that adequate and even extensive instru- 
mentation of a refrigeration facility can enhance efficiency, reliability, and safety. 
Future sections will focus on electronic and computer monitoring and control, 
but this section allows for low technology exemplified by visual indicators such 
as pressure gauges and thermometers. The refrigeration plant of several decades 
ago was typically equipped with an instrument panel with some large pressure 
gauges, pilot lights, cutouts, alarms, and sometimes even switchboxes. Through 
the years, the instrument panel has virtually disap'peared, and pressure gauges, 
for example, are often only small gauges mounted on the compressor package. 

The purchase and installation of pressure, temperature, flow, and status 
sensors entails a cost that must be justified through the information provided by 
the measurement. Ideally, the value of knowing the magnitude of an operating 
variable has a monetary value, and this value must justify the cost of the instru- 
ment. While it is possible to roughly estimate the cost of buying and installing 
an instrument, it is unfortunately almost impossible to assess the value of the 
reading. To try to provide a t  least a qualitative value of knowing the magnitude 
of various operating variables, the author has conducted surveys of more than 
a hundred refrigeration professionals during industrial refrigeration workshops. 



The results are shown in Fig. 14.10, and in addition, a tabulation of comments 
of why the variable is important is shown below. The type of plant assumed is a 
t w ~ s t a g e  liquid recirculation system. 

I. Refrigerant pressure leaving compressor. This pressure is one of the basic 
variables indicating performance conditions of the plant. Along with the pressure 
entering the condenser, a blockage in the oil separator can be detected. The 
condensing pressure relative to the wet-bulb temperature of the ambient air 
indicates how well the condenser is performing and along with item 8 indicates 
the presence of noncondensibles. 

2. Refrigerant pressure entering the high-stage compressor. This measure- 
ment indicates the intermediate pressure, which is important when there are 
intermediate-temperature evaporators. 

9. Refrigerant pressure entering low-stage compressor. This is another fun- 
damental indicator of system performance. In combination with item 4, excessive 
pressure drop in the suction lines can be detected. 

4. Refrigerant pressure at coil outlets. This pressure can be translated into 
the evaporating temperature of the refrigerant. 

5. Pressure at outlet ofrecirculating pump. No pressure rise across the pump 
suggests pump failure, and fluctuations of pressure indicate pump cavitation. 

6.  Pressure difference across the oil pump. This pressure difference must 
be provided to ensure good lubrication of bearings. An unusually high pressure 
difference may indicate a blocked filter, and fluctuations across the pump serving 
a reciprocating compressor could detect liquid refrigerant in the crankcase. 

7. Temperature of refrigerant at compressor discharge. On a reciprocating 
compressor, an unusually high discharge temperature may disclose that a dis- 
charge valve is broken. On a screw compressor, a high discharge temperature may 
hint that  a bearing is failing or that  the oil-cooling system is malfunctioning. 

8. Liquid temperature from the condenser. In conjunction with the con- 
denser pressure (item I) ,  the combination can- disclose the presence of noncon- 
densibles. On the other hand, excessive subcooling may be indicated, which shows 
that liquid is backing up into the condenser. 

9. Temperature of suction gas entering the low-stage compressor. This mea- 
surement helps show that the vapor is dry, which is desirable, and it also helps 
show that the vapor does not possess excessive superheat, which is undesirable. 

10. Temperature of suction gas to the high-stage compressor. This measure- 
ment is not necessary if the presence of liquid in the intercooler can be ensured. 

11. Temperature of air in refrigerated spaces. This is the primary purpose 
of many systems, so satisfactory temperatures'should be verified. 

Id Total refigerant flow rate of the plant. This measurement is not nearly 
as useful as knowing the flow rate of individual compressors. 

19. Refrigenrnt flow rates of individual compressors. Deterioration of per- 
formance can be detected. If the flow rates of all individual compressors are 
known, the total of subgroups and/or total plant flow rate can be computed. 

14. Total compressor power. This measurement aids in watching demand 
charges for electricity. 
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FIGURE 14.10 
Relative importance placed on instrumented variables through a survey of over 100 refrigeration 
professionals. 



15. Power drawn b y  indrvidual compressors. Shows the extent of the loading 
for each compressor. If the refrigerant flow rate is known, the efficiency of each 
compressor can be determined. 

16. Condenser fan power. Important information when energy consumption 
is being watched carefully. 

17. Siaius of condenser fans. The ability to determine the status of con- 
denser fans can save repeated trips to the roof. Whether the fan is actually 
delivering air is the crucial determination, because sometimes a contact may be 
closed that should indicate fan operation, but because of some problem the fan 
motor is not operating. 

18. Siaius of fans on evaporaior coils. If the plant has a large number of 
coils and fans, one or more could be out of service without the operator knowing. 
If a fan fails, liquid refrigerant may accumulate in the coil, and when this coil 
defrosts, excessive liquid may be returned t o  the low-pressure receiver. 

19. Status of hot-gas defrosi. This measurement aids in staggering the d e  
frosts of the various coils. The information also helps check whether the length 
of time for defrost is excessive. 

20. Refrigerant leak detection. This is important information to  obtain im- 
mediately with ammonia in order to prevent damage to the product. In the case 
of odorless halocarbons, the knowledge may help avoid the loss of the entire 
charge, which could shut down the plant. 

21. Liqurd level rn the hrgh-pressure receiver. Loss of refrigerant that is 
unknown to the operator can be detected. One means of this indication is a 
gauge glass, which is protected from damage and equipped with valves at  the 
top and bottom that automatically close should the glass be broken. For electric 
or electronic indication, a capacitive-type liquid level indicator is available. To 
allow for the possibility of an electronic failure, some operators like to combine 
the capacitive level indicator with afloat chamber and magnetic switch to provide 
an alarm. 

22. Llqurd level rn the low-pressure receiver. In general, only the extremely 
low or the extremely high level is to  be avoided, and low-pressure receivers are 
equipped with alarms to detect these problems. 

23. Central panel for tnsiruments. Such a panel, as stated in the introduc- 
tion to  this section, has to a large extent passed out of fashion. The respondents 
in the survey strongly supported a central panel or station, however, for the 
following reasons: aids in troubleshooting because simultaneous readings and in- 
dications are available, sequences of operation can be followed more easily, aids 
in better use of operator's time, attracts more attention than remote indicators, 
and it is possible to see the big picture from a central instrumentation facility. 
Even with a central instrument panel, inspections by the operator of remote 
equipment are still crucial to listen and observe for nonnormal operation. Also, 
the mounting of some instruments directly on the components is valuable. 

The general pattern of the respondents to  this survey was to  rate most of 
the items in Fig. 14.10 as either moderately or very important. One element of 
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the costlbenefit equation missing in Fig. 14.10, however, is that the participants 
were not forced to pay for the instrument in a competitive environment. The 
system designer should be aware of the benefits of each item of data, so that he 
or she can make an intelligent decision whether or not to  install a particular item 
of instrumentation. Even if the complete installation of an instrument cannot be 
justified, a strong case can be made to at least install pressure taps with their 
small capped valves so that a gauge could be installed later, either permanently 
or temporarily during troubleshooting. Another provision with a relatively minis- 
cule cost is the installation of thermometer wells a t  crucial locations, which could 
pay big dividends during system diagnosis. 

14.7 THE RISE OF COMPUTER 
MONITORING AND CONTROL 

Electronics and microprocessors have invaded almost every crevice of technical 
life. It is no surprise, then, that microcomputer systems have penetrated the con- 
trol functions of industrial refrigeration plants:4.5-6~7~s The power of a computer 
control system can provide, at an affordable cost, a monitoring and control capa- 
bility that dwarfs the potential of mechanical, pneumatic, and even noncomputer 
electronic control. 

Several questions of strategy face any author in planning an explanation of 
computer monitoring and control systems. A fundamental question is whether 
the refrigeration professional needs to know anything a t  all about the technical 
elements of computer control. After all, one hears freqently, "You don't need to  
know how a television set works in order to turn it on and enjoy it." This chal- 
lenge forces an early distinction among types ofcomputer monitoring and control 
systems. One type is exemplified by the now widely used computer controllers 
of compressors, especially screw compressor packages. Assemblers of these pack- 
ages report that customers choose the microprocessor controller option over the 
electromechanical relay panel about 90% of the time. The microprocessor control 
system for a compressor package is an example where spending time and effort 
learning the internal details of the controller may not be warranted. This control 
system is factory assembled by a manufacturer who knows from experience the 
needs and capabilities of this controller and has considerable experience in the 
operation of this dedicated computer controlle;. 

Another class of computer monitoring and control systems is one that con- 
cerns itself with broad plant operations. Each application of such a control system 
is unique, and each plant manager may have different emphases and needs. In- 
deed, it is possible to hire computer control specialists who can install and set into 
operation a system that will function and provide a certain amount of benefit. 
We contend, however, that as much knowledge as possible possessed by the user 
is valuable, stopping short of the internal electronics within integrated circuits 
and microprocessors. The subjects of electronics and computer control are not 
part of the traditional body of knowledge studied and acquired by refrigeration 
professionals, so this study will be new territory for some readers. 



The case can be made that the person designing and operating the com- 
puter monitoring and control system should be one who understands the plant 
being controlled. Here are a few examples why. An instrumentation specialist 
may be able to select a temperature sensor that  performs well electronically, 
but the refrigeration plant engineer might be aware of potential corrosion of the 
sensor material and also that there is temperature stratification in the fluid, 
which requires the sensor to be placed a t  a precise position. The computer con- 
trol specialist may specify the gear that  would properly start and stop a motor, 
but the refrigeration plant manager is aware that  frequent starts of the motor 
must be avoided. A further reason for the refrigeration plant person having an 
intimate knowledge of the monitoring and control system is that with experience 
comes the desire t o  change the list of variables being monitored and modify the 
control protocols. When these revisions and routine troubleshooting can be han- 
dled by plant personnel, with consultation as needed with the computer control 
specialist, the work is more likely to be performed properly and expeditiously. 

14.8 LEVELS OF UNDERSTANDING 
AND PERFORMANCE 

Before concentrating on the technical features of the computer controller, it may 
be productive to approach the question of what a refrigeration professional should 
learn about computer monitoring and control from still another viewpoint. This 
approach establishes three levels of conceptual understanding that  parallel a 
possible subdivision of the hardware/software in the field installation. These 
three levels are: 

r Components 
r Integration of hardware components and software into a working assembly 
r Combining the operation of a properly functioning monitoring and control 

system with the plant operation, including. effective human interface 

The three levels represent a sequence of increasing conceptual difficulty. 
The component level addresses the individual elements, such as transducers, 
transmitters of information, converters between signals in the analog and digital 
form, actuators that  start and stop and regulate the performance of equipment, 
and the computer itself. The principles of operation and the knowledge of the 
proper application of the devices are reflected in the component level. Included 
in this level are how to input and process data, communicate through the screen 
or printer, and send out signals. The requirements of the component level are ful- 
filled when all of the elements perform their required functions. The transducers 
must sense their respective variables with appropriate accuracy, the hardware 
of the computer must function properly, and the actuators must respond with 
precision to their respective control signals. The proper performance of the com- 
ponents is a necessary, but not sufficient, requirement for an  effective monitoring 
and control system. 



The second level of understanding and performance includes the proper 
interfacing of all the components that  are external to  the computer. Some of the 
capabilities incumbent on the integration level include conversion, transmission, 
and conditioning of signals. For example, a temperature transducer may provide 
an electrical resistance that  is a function of the temperature being sensed. This 
resistance may need t o  be converted to  a voltage which is transmitted from 
the remote location to  the computer interface. Here, when commanded by the 
computer, the voltage is converted to a binary number for further processing. The 
processing might be a translation to  the Celsius (Fahrenheit) scale for printing 
or display, or for deciding on the magnitude of an associated control signal. In 
the latter case, the digital signal must be processed, converted to  an appropriate 
form for the actuator, and transmitted to  the actuator. 

Because the computer can perform only one operation a t  a time, even 
though these operations are performed a t  lightning speed, a sequence must be 
established in which all the tasks are performed. Some duties must be executed on 
frequent intervals, while others require only occasional updating. The computer 
software sets up a priority for the tasks. 

The existence of the third and highest level of understanding and perfor- 
mance arises from the necessity of realizing that  it is possible for a computer 
monitoring and control system t o  operate with precise functional fidelity and 
yet exert little or no impact on plant operations. The monitoring and control 
system could operate in a closed world and still accomplish some good; but it 
does not achieve its full potential, because it does not monitor and control the 
most significant functions or facilitate communication with the manager and 
operators of the plant. 

Some of the elements of this level of understanding and performance are 
the following: 

The plan for the system 
The use of the information provided by the system t o  improve plant facilities 
and procedures 
The  application of information provided by the system to  improve plant 
operations 

The planning function incorporates the exercise examined in Section 14.6 of 
deciding what points t o  monitor. There is a cost associated with each additional 
variable tha t  is t o  be monitored, primarily in the transducer, communication 
line, and converter. The additional cost of the computer hardware and software 
of each additional variable, however, is usually moderate. 

Another set of decisions concerns what t o d o  with the information acquired. 
Should it be used as the basis to  send out a control signal, simply stored in mem- 
ory for possible future access, displayed on the screen, printed out, or checked to  
see if it is within specified limits and possibly activate a message or initiate an 
alarm? The  functions to  be controlled must also be determined, including deci- 
sions about whether the computer itself should execute the action or whether an 
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operator should be informed and required to  take the action, even through the 
computer. 

The computer monitoring and control system should serve the plant man- 
ager responsible for the facilities and procedures by providing the information 
needed to  operate a safe, efficient, and reliable plant and even indicate improve- 
ments that can be made in these areas. A manager might be interested in trends, 
such a s  energy requirements, indications of needed maintenance, and hints of PC+ 
tential safety problems. The manager should, for example, be able to  extract de- 
frost records to  know whether the frequency and duration of hot-gas defrosts are 
appropriate. In the planning of the computer system, ease of access by the man- 
ager t o  information is mandatory, otherwise time constraints will discourage the 
manager from analyzing the plant operations with the necessary thoroughness. 

The operator should be able to  determine from the monitoring and control 
system that  the plant is performing its duties, as least t o  the extent to which 
it is capable. Are the space temperatures being maintained, are refrigerating 
components developing their expected capacity, are there any safety problems 
imminent? Many plant operators do not have prior experience with electronic 
and computer equipment and may be intimidated by the new system. Asking 
the operators to  participate in some of the planning meetings for the computer 
control system and also providing special training helps incorporate the oper- 
ators as supportive members of the team. ~erh:~s an operator can become so 
enthusiastic that  he or she wants to  spend all of his or her time at the computer 
terminal. The indoctrination of the operator has then gone too far, because it is 
still vitally impartant for the operator to devote time inspecting the plant with 
his or her eyes, ears, and nose. 

14.9 HOW A MONITORING AND 
CONTROL SYSTEM FUNCTIONS - 

The configuration of the computer control system of one refrigeration plant prob- 
ably differs from those of most other plants, but a generic monitoring and control 
system is likely to incorporate the elements shown in Fig. 14.11. Information from 
the status sensors or transducers must first be converted into digital form t o  be 
recognized by the computer. The on/off status sensors are already in digital form, 
but data from the transducers must first be converted by an analog-tedigital 
converter. Based on the input information and the control program'stored in its 
memory, the computer sends out instructions.to the actuators or switches. In 
addition to these input and output ports, the computer can communicate with 
plant operators through the keyboard, screen, and printer. Further communica- 
tion options may be through serial communication, perhaps through modems, 
to  other computers. These options will be explored later in this chapter. 

Not all of the components in the input and output streams may be visible. 
Input/output boards are available to plug into some of the most popular desktop 
computers, and these I/O boards often incorporate multiplexing and conversion. 
Only the lines between the board and its transducers and actuators are seen. 
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, Multiplexer 

Keyboard =-i 
FIGURE 14.11 
Overview of a computer monitoring and control system. 

The converters and multiplexers must be present, however, and the way they 
function will also be described below. 

14.10 TEMPERATURE 
TRANSDUCERS 

A transducer is a device designed to translate a magnitude in one form into that 
of another. A temperature transducer, for example, translates a temperature into 
an electrical voltage or current. Probably the most widely monitored and con- 
trolled variable is temperature. Four of the most important types of temperature 
transducers are: (1) thermocouples, (2) metal or alloy as a resistancetemperature 
device, (3) thermistor, and (4) integrated circuit sensor. 

The thermocouple circuit, shown in Fig. 14.12, has been used for decades 
a s  a laboratory tool and is still used to  some &tent in computer control sys- 
tems. When a difference in temperature exists between the sensing junction and 
the reference junction, a voltage develops between the two copper leads. The 
magnitude of voltage output is approximately 0.043 mV/OC (0.024 mVI0F). 

Resistancetemperature devices (RTDs) utilize materials whose resistance 
changes with temperature. Figure 14.13 shows some ratios of resistances of two 
metals, tungsten and platinum, as well as that of the third type of temperature 
transducer, the thermistor. The thermistor is an RTD using a solid-state material 
rather than a metal or alloy. 

While the thermocouple provides an output in the desired form (electrical 
voltage), another step is required when using the RTDs, because the resistance 
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Sensing 
junction 

FIGURE 14.12 
A thermocouple circuit. 
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FIGURE 14.13 
Ratios of resistances to the resistance at O°C (3Z°F). 



FIGURE 14.14 
Converting the resistance of s temperatw sensor to a voltage using (a) a series circuit: (b) 
two-wire, constant current circuit; and (c) four-wire, constant current circuit. 

must be converted into a corresponding voltage or current. It would be possible 
to  place the sensor in series with a resistance and supply the combination with a 
constant voltage, as shown in Fig. 14.14a. The'resistance between points B and 
C indicates the temperature, and this resistance is found by dividing the voltage 
drop by the current. 

The more common procedure is to supply the sensor with a known constant 
current and measure the voltage drop across the sensor, as in Figs. 14.14b and 
14.14~. Figure 14.14b shows a two-wire circuit, and Fig. 14.14cshows the superior 
four-wire circuit, which eliminates possible distortion of the reading caused by 
varying lengths and resistances of the current-carrying wires. 

One of the newest members of the temperature transducer family is the 
integrated circuit transducer. One version of this type of transducer is supplied 
with 5 V across its two leads. The magnitude of current in microamperes that the 
device passes equals the absolute temperature in Kelvin, as shown in Fig. 14.15a. 
A simple application of this transducer is shown in Fig. 14.15b where, by mea- 
suring the voltage drop across the known resistance, the current and thus the 
temperature can be determined. Even though the applied voltage to the trans- 
ducer is specified as 5 V, the device is tolerant to  variations in that voltage. If, 
for example, the applied voltage were 10 V instead of 5 V ,  only an error of 1 
microampere and thus 1°C results. 

A comparison of the advantages and disadvantages of these four classes of 
transducers is shown in Table 14.1. 

14.11 PRESSURE TRANSDUCERS 

There are hundreds of manufacturers of pressure transducers which use many 
different operating principles. Two major categories are: (1) mechanical, and (2) 
material with an electrical property sensitive to pressure. The mechanical type 
pressure transducer uses a bellows, membraneior some other device that moves 
in response t o  a change in pressure. The change in position is then transduced 
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(a) (b) 
FIGURE 14.15 
(a) Current-temperature characteristics of integrated circuit transducem, and (b) conversion 
of current into a voltage reading. 

to a voltage or electric current. In the past several years, transducers using 
pressure-sensitive materials have become prominent. In these transducers, the 
pressure-sensitive element is usually a semiconductor whose electric resistivity 
or capacitance changes as the pressure imposed on the material changes. 

Figure 14.16 shows a schematic diagram of a mechanical-type pressure 
transducer, which is a commonly used product in the industry. The motion of a 
bellows, in response to a change in pressure, moves the wiper of a potentiometer 
to change the voltage output, which then becomes the transducer signal. Also 
shown in Fig. 14.16 is a pressure tap and cappeb valve, which permit the mount- 
ing of a pressure gauge to calibrate the pressure transducer. Pressure transducers 
can fail, and it is worse for the transducer to  give an incorrect reading than if 
it gives no reading at all. In industrial refrigeration systems where ammonia is 
widely used as the refrigerant, the purchaser of a transducer for the refriger- 
ant pressure must be sure the ammonia comes into contact only with materials 
compatible with ammonia, e.g., steel, stainless steel, and aluminum. 

14.12 STATUS INDICATORS 

The schematic diagram of a generic computer control system shown in Fig. 14.11 
indicated status signals as one of the classes of inputs to the computer. Some 
examples of status that are useful and sometimes crucial are: (I)  whether a motor 
(of a fan, pump, or compressor) is on or off, (2) whether a solenoid valve is open 
or closed, and (3) whether a particular coil is in the process of being defrosted. 
One form of status is whether or not there is a voltage, and another status form 
is whether a contact is closed or not. 



TABLE 14.1 
Advantages and disadvantages of some types of temperature  transducer^.^ 
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Integrated 

circuit 

FIGURE 14.16 
A preJsum transducer with a mechanical pickup. 

Advantages 

Self-powered, simple, 

rugged, inexpensive, 

wide temperature range 

Stable, accurate, more 

linear than themo- 

couple 

High output, fast, two- 

wire ohm measurement 

Very linear, highest, 

output, inexpensive 

Disadwntagcs 
Nonlinear, low voltage 
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amplification needed 
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tance change, low absolute 

mistana,  self heating 

Nonlinear, limited temp 

erature range, fragile, current 

SOWQ required, self heating 

Not applicable to high 

temperatures, power supply 

required, slow, self heating 
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The most manageable form of status from the standpoint of the computer 
is receiving either a 0-V or 5-V signal. The computer can conveniently supply 
5 V to an external status contact and then receive either 0 or 5 V in return, 
depending upon whether the contact is open or closed. The on-or-off status of 
power often controls a relay that opens and closes the contact sensed by the 
computer. 

Plant operators point out that verification of power a t  a motor is not the 
same as ensuring that the motor is operating. When possible, the operators prefer 
that the existence of air flow in the case of a fan or liquid flow in the case of a 
pump be the condition that is sensed. 

One provision that sometimes needs to be made is to debounce the switch 
in cases where a contact closure is sensed. Most mechanical switches do not close 
cleanly, and instead exhibit an instantaneous contact and then chatter on and 
off the contact, Fig. 14.17a. The computer is quick enough to  interpret this one 
closure as a succession of closures. 

A solution is the debounced switch circuit that employs two NAND gates, 
as shown in Fig. 14.17b. The characteristic of a NAND gate is that its output is 
low (0 V) if both the inputs are high (5 V). For any other combination of inputs, 
the output is high. In using this circuit, the contact actuates a double-pole switch 
between X (which gives a low output a t  Q) and Y (which gives a high output at 
Q). Furthermore, on the first contact of the switch to Y, the output Q goes high 
and remains high, even if the switch chatters between Y and an open position. 
The output Q goes low on the first contact of the switch with X and remains 
there even during nonconstant contact. 

14.13 FORMS OF COMMUNICATION 
BETWEEN THE COMPUTER AND 
SENSORS OR ACTUATORS 

The sensors and actuators may be some distance from the computer, so some 
form of electrical communication must transmit varying magnitudes from the 
sensors to the computer and from the computer to the actuators. Typical forms 
of communication are the following: 

From the sensor to the converter and from the converter to the actuator, 
0-10 V or 4-20 mA 
Between the converter and computer, multiconductor digital signal 

Using the temperature converter of Fig. 14.14~ as an example in which the 
sensor is supplied with a constant current, the level of temperature is reflected 
in the magnitude of voltage. If the 4 2 0  mA current convention has been chosen, 
the voltage must be converted to a proportional current in this range. The 420  
mA convention, incidentally, is very common in industrial applications. 

The multiplexer in Fig. 14.11 is controlled by several lines from the com- 
puter and selects the particular sensor value that is to be read. For the analog 



FIGURE 14.17 
(a) Bouncing of a mechanical switch used for status detection, and (b) a debouncing circuit. 
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values directed from the computer to the actuators, a multiplexer (or more pre- 
cisely a demultiplexer) under control of the computer sends the desired analog 
voltage or current to the selected actuator. 

Between the converter and computer, digital signals of either 0 or 5 V 
on a multiconductor line form a binary representation of the analog value being 
passed. Normally, the length of this cable is kept short and might even be enclosed 
in the computer interface. 

5 

Y - 
0 > 
6 

0 

14.14 DIGITAL-TO-ANALOG AND 
ANALOG-TO-DIGITAL CONVERSION 

- 

Two forms in which numerical values can be expressed are analog and digital. 
Examples of analog representations are those of temperatures, pressures, and flow 
rates in which there is an infinite variation possible within the range experienced. 
When these physical variables are transduced to a voltage (for example, a range 
of 0 to 10 V) or to a direct current (4 to 20 mA, for example), the voltage or 
current is also an analog variable because of the possibility of infinite gradations 
within the range. 

- - Time 
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FIGURE 14.18 
An eight-bit binary number. 

A computer, however, does not inherently work with analog variables but 
instead uses groups of digital signals where the voltages on the conductors of 
the cluster are either 0 V or 5 V. Each of these electric lines constitutes a 611, 
where a 0-V level is understood as a zero and a 5-V level is a 1. An example of 
an 8-bit number is shown in Fig. 14.18, wherein the bits progress in magnitudes 
of values, namely 1, 2, 4,  ... , 128-each value doubling the previous one. 

Computers process these binary numbers using combinations of simple 
arithmetic operations to  build up to  the computation of complicated functions. 
Since even the smallest personal computer performs these operations a t  a high 
level of sophistication, no explanation of the internal workings of the computer 
will be attempted. The refrigeration professional may be confronted, however, 
with some decisions i n  specifying signal-processing equipment external to  the 
computer, so this section continues with a discussion of conversions between 
analog and digital numbers-a process that  takes place outside the central pro- 
cessor of the computer. 

The first of these devices is the digital-to-analog converter (DAC), as shown 
in Fig. 14.19a. As the binary number coming to  the DAC changes, the output 
voltage changes almost instantaneously. 

The analog-to-digital converter (ADC), shown in Fig. 14.19b, is more com- 
plex than the DAC. In fact, the DAC is one component of the ADC. The strategy 
used by one type of ADC is t o  find the binary number that ,  when converted by 
the DAC to  a voltage, matches the input voltage. The ADC needs a stari of 
conversion pulse from the computer whereupon the controller turns on one bit 
a t  a time starting at the most significant bit. If a bit causes the output voltage 
from the DAC to  exceed the input voltage, tha t  bit is turned off. Otherwise, the 
bit is left on. The controller proceeds to  the next lower bit and repeats the test. 



End of conversion 
Start of conversion 

FIGURE 14.19 
(a) Digital-to-analog converter, and (b) analog-to-digital converter. 

When all bits have been examined, the end of conversion signal is given, which 
the computer could use as the signal to read the digital output of the ADC. 

The greater the number of bits available in the digital signal, the greater 
is the resolution. For example, suppose that a temperature sensor has a range 
of 0 to 50°C (32 to 122OF) and the interval over which the temperature is to 
be controlled is from 2 to 3OC (35.6 to 37.4OF). If an 8-bit digital signal that 
possesses 256 different discrete numbers corresponds to an output of the sensor 
of 0 to  10 V, the control range incorporates five numbers, so the resolution is 
0.2OC (0.35OF). If a more expensive 10-bit converter is used and can be handled 
by the computer, 20 numbers are available in the control range with a resolution 
of 0.05OC (0.09OF). 

14.15 PARALLEL 
COMMUNICATION-NUMBERS AND 
CHARACTERS 

Figure 14.18 suggests that numerical values can be transmitted by the zeros 
and ones (0 or 5 V) on a bundle of wires. The status of all the wires changes 
simultaneously when a new numerical value is imposed on the lines. This mode 
is called parallel communication and is the high-speed procedure used within the 
computer. Letters and other characters, as well a s  numbers, can be transmitted 
by means of binary representations. A convention used for translating letters and 
other characters is the American Standard Code for Information Interchange, or 



ASCII for short. The ASCII code is a group of 7-bit binary numbers representing 
all the letters of the alphabet, numbers, punctuation, and certain carriage control 
instructions. In order to  transmit the letter C in ASCII, for example, the binary 
number 100001 1 is communicated. 

14.16 SERIAL DATA TRANSMISSION, 
RS-232 AND RS-422 

A companion to  the parallel mode of data transmission is the serial mode, 
wherein one bit at  a time is sent along a single conductor. The process of trans- 
mitting an &bit character from a computer and converting it into serial data 
for transmission is shown schematically in Fig. 14.20a. The register is first fully 
loaded from the computer, and when transmission begins, the end bit sets the 
voltage of the line t o  its corresponding value of 0 or 5 V. In a timing sequence 
controlled by the clock, all the remaining bits are shifted by one and the next 
voltage loaded on the line. The result of the transmission represented on the 
time scale is shown in Fig. 14.20b. 

Parallel communication requires eight or more conductors, while a rudi- 
mentary system transmitting serial data requires only one line plus a ground 
line. Both parallel and serial modes of communication have their roles. Within 
the microcomputer and to  closely coupled peripherals, parallel data transmission 
has the advantage of speed. For transmission over longer distances, the bundles 
of a large number of conductors would be expensive. Furthermore, serial data 
communication is mandatory for transferring data on or off discs and for send- 
ing data over telephone lines using modems. The disadvantage of serial data 
transmission is that  it is slow relative to parallel communication. 

I t  would be possible to  apply serial communication using the convention of 
0 and 5 V for short distances, but the signals would be susceptible to distortion 
caused by electrical noise, differences in ground potential, and damage from short 
circuits. Instead, the 0- and 5-V signals are conierted into one of the widely used 
conventions, such as RS-232 or RS-422. 

The convention for serial data transmission that  has been most popu- 
lar for many years is RS-232-C, as established by the Electronic Industrial 
A~socia t ion. '~  The standard specifies the necessary electrical, mechanical, and 
functional characteristics of the data  exchange; however, these characteristics 
will not be discussed here. Figure 14.21 shows a basic feature of RS-232-C in 
translating the zeros and ones (0 and 5 V) t o  greater differences in voltage. 
Typically, the high voltage of RS-232-C is of the  order of 12 to  15 V and the 
low voltage is -12 to  -15 V. The convention converts a zero (0 V) t o  a positive 
voltage and a one (5 V) to  a negative voltage. Equipment operating on RS-232-C 
must be capable of identifying a voltage between 3 and 15 V as a zero and a 
voltage between -3 and -15 V as a one. 

The RS-422-A convention", and still another new protocol, RS-480, are 
supplanting the RS-232-C protocol. Instead of the single line of the RS-232-C 
convention in combination with a global ground, the RS-422-A uses two lines 
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FIGURE 14.20 
Serid d a b  transmission with (a) the loading and shifting, and (b) the voltage history shown 
on a time scde. 

with the relative voltage indicating a zero or one. If the voltage of line A is 
greater than line B a zero is indicated, and if the relative voltage is reversed a 
one is indicated. RS-422-A is thus not susceptible to differences in the reference 
voltage. Further comparisons are as follows: 

Protocol 

RS-232 
RS-422 

Maximum trans- 
mission distance 
15 m (50 ft) 

1,200 m (4,000 ft) 

Maximum trans- 
mission speed 
20 kbits/s 

10,000 kbits/s 

Susceptibility t o  
errors 
Highly 

Partially 
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RS-232-C 0 b Time 

-15 V - 
FIGURE 14.21 
Conversion of zeros and ones to the voltages of RS-232-C. 

14.17 MODEMS 

Transmitting by RS-232-C or even RS-422-A over long distances poses some 
problems. After a certain distance, degradation of the signal occurs because of 
noise. Furthermore, connections by hard wires become prohibitive if the lines 
must run through other people's property, across the city, or from one city to  
another. Surmounting the transmission problem leads to using conductors that 
already exist, namely telephone lines. 

The telephone system is structured to  accommodate conversation between 
people, and telephone companies speak of "voice-grade" channels that  transmit 
signals satisfactorily in the 300- to  3000-Hz frequency range. The sound of the 
voice to  which phone line transmission is adaptable is composed of mixtures of 
various frequencies of sine waves. The phone line would have difficulty transmit- 
ting tones coming directly from the voltages of RS-232-C or RS-422-A, because 
it is unable to make the sharp changes in tone in passing from one bit to  an- 
other. A device is called for, then, tha t  converts RS-232-C or RS-422-A into sine 
waves for telephone line transmission and then reconverts t o  the RS protocol. 
This device is called a modulator-demodulator or modem, shown schematically 
in Fig. 14.22. The modulator converts a zero bit into sine waves of a specified 
frequency that  prevail for the length of time needed to  transfer a single bit. A 
one bit is converted into sine waves of a different frequency. This compilation 
of bursts of sine waves carries over the phone lines, and a t  the other end the 
demodulator converts the signal back to the -RS protocol. A modem package 
incorporates both a modulator and a demodulator, so that  the same unit can 
convert between RS protocol and sine waves in either direction. 
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FIGURE 14.22 
A modun that converts between RS-232-C or RS-422-A and sine waves which are transmittable 
over phone lines. 

14.18 THE COMPUTER SYSTEM AS A 
COMMUNICATOR 

The previous six sections have dealt primarily with communication issues- 
conversion of physical variables t o  electric signals by transducers and sending 
information in binary form and in the serial inode. These subjects are details 
of a broad-scope function of computer systems, and that  role is that  of a com- 
municator. One of the valuable purposes of computer systems is t o  transfer 
information from one place t o  another. A computer system would be a valuable 
asset in a refrigeration plant even if its only function were to  provide a means 
of communication of information from widely dispersed locations to a central 
position. 

Computer systems in refrigeration plants and in those of the process indus- 
try are sometimes referred to  as monitoring and control systems. The commu- 
nication function corresponds primarily to  moiitoring. We now progress to  the 
control operation where actuators open, close, and modulate electrical switches 
and valves. 

14.19 ACTUATORS 

The most likely actions taken by the control system are t o  open and close electric 
switches, valves, and dampers and to  transmit alarms. The signal tha t  prompts 
any of these actions is normally electric, and this control signal is normally low 
in voltage and/or current. One of the first requirements is to  magnify these weak 
signals t o  a level sufficient to  move elements of a switch or valve. 



TABLE 14.2 
Overview of actuators. 

One way to classify actuators is as two-position or modulating. Electric 
switches are commonly two-position, namely on or off, and most valves are two- 
position as well, either open or closed. But in many instances, electric actuators 
are needed to modulate a voltage or current, and many valves and dampers must 
be able to adjust themselves in a partially open position. To present an overview 
of actuators, Table 14.2 proposes that  switches and valves (including dampers) 
are the major categories of actuators important in industrial refrigeration sys- 
tems. Available means of activating switches and valves are then categorized 
depending on whether they are two-position or modulating. 

Another form of valve actuator that appears frequently in industrial refrig- 
eration systems is the pilot-operated valve, which was explained in Chapter 11 in 
the valves and controls chapter. The pilot-operated valve applies a small solenoid 
valve to control refrigerant from a high-pressure source to assist in changing the 
position of a large valve. 

Pneumatic valves and dampers are very common in medium- and large- 
size air-conditioning systems for commercial buildings and have the advantage 
of simplicity and ease of service, and they can provide considerable power. When 
pneumatic actuators are combined with the electric and electronic modes of the 
computer controller, a device called an electric-to-pneumatic transducer converts 
a modulating voltage to a modulating air pressure. In the past, pneumatic ac- 
tuators dominated over electric motorized drives, which were not as long-lasting 
due to their incessant starting, stopping, and changing of direction of rotation. 
Motorized valves have undergone continuous improvement, however. Stepper mo- 
tors, which rotate several degrees with each electric pulse, have wide application 
in electrical and mechanical equipment and have found a niche in controlling 
precisely the position of valves. 

Actuator 
type 

Switch 
n 

n 

3, 

" 
Valve 

" 
73 

n 

I 

Input 

d.c. or a.c. 
d.c. 
d.c. 
d.c. or a.c. 
Resistance 
Usually a.c. 
a.c. 
Air pressure 
a.c. 
Pulses 

Tweposition 
or modulating 
Tweposition 

3 

)I 

9, 

Modulating 
Two-position 
Modulating 

3, 

II 

7f 

Controlled 
variable 
d.c. or a.c. 
d.c 
a.c. 
a.c 
Power 
Open/close 
Position 
Position 
Position 
Position 

Device 

Electromagnetic relay 
Transistor switch 
Optically isolated switch 
Solid state relay 
Triac 
Solenoid valve 
Modulating solenoid 
Pneumatic 
Reversible electric motor 
Stepper motor 
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FIGURE 14.23 
Two modes of control, (a) two-position or on-off, and (b) proportional. 

14.20 PROPORTIONAL-INTEGRAL 
CONTROL MODE 

The majority of control loops in industrial refrigeration plants are two-position, 
or on-off. In most storage spaces for frozen food, for example, when the temper- 
ature in the space rises to  the setpoint, a solenoid valve opens allowing liquid 
refrigerant into the coil. The additional refrigeration capacity thus provided will 
drop the temperature. Most two-position controls either by design or inherently 
possess a dead band, such that  there is a finite difference in temperature between 
the initiation and termination of refrigeration, as shown in Fig. 14.23a. In certain 
applications, this variation of temperature is not objectionable. 

Another mode is proportional control where, for example, to  open a valve 
further, a progressively greater error between the sensed variable and the control 
point is required. The standard pneumatic controllers used in air conditioning are 
almost all of the proportional mode. Figure 14.23b shows that  a t  time z there 
is a deviation between the sensed (controlled) temperature and the setpoint, 
which is necessary t o  open the valve controlling the rate of refrigeration. If the 
refrigeration load increases between times t and y, the offset of the deviation of 
the sensed temperature must increase further in order t o  open the valve fully. 
As the load drops off as time z is approached, the sensed temperature can draw 
close to  the setpoint. This is the typical operation of a proportional controller. 

To hold the sensed temperature closer t o  the setpoint, the integral mode 
may be introduced to  provide combined propo;tional-integral (P-I) control. The  
integral mode, as illustrated in Fig. 14.24, compares the sensed temperature with 
the desired value and calculates the area on the graph, thus integrating the error 
with respect t o  time. This area or integral readjusts the pseudo-setpoint t o  match 
the sensed temperature with the desired value, which has occurred by point t i n  
Fig. 14.24. Between points z and y, the value of the pseudo-setpoint is such that  
it holds the sensed temperature precisely a t  the desired value. At point y the load 
begins to  drop off, as does the sensed temperature, so  the integral mode begins 



Time 

FIGURE 14.24 
Introducing the integral mode to hold the controlled variable closer to the desired value. 

an integration that results in values negative to that occurring before point t. 
This integration below the line of the desired value moves the pseud~setpoint  
higher to  forestall a droop in temperature below the desired value. 

Proportional-integral control is not new and has been readily available in 
the chemical and process industries for many years, even in combination with still 
another mode, the derivative, to  form P-I-D cantrol. The derivative mode oper- 
ates like a skilled human controller who can make a larger change in the setpoint 
if the sensed variable is changing rapidly. The derivative mode has not normally 
proved to be necessary in industrial refrigeration. In the past, the integral or 
reset mode has been accomplished by gears and other mechanical elements in 
the controller resulting in a costly controller. With computers or programmable 
logic controllers, the integral mode can be incorporated inexpensively with a 
little software and is thus readily available. 

The final question is whether this refinement is even needed, because the in- 
dustry has survived for decades without P-I control. The temperatures in spaces 
storing frozen food vary up and down with the refrigeration load, held within a 
several-degree band by the thermostat clicking on and off. But requirements for 
more-precise control are beginning to  appear, such as in the storage of s ~ c a l l e d  
superchilled food products in the neighborhood of - l °C (30°F). Dropping the 
temperature below this target by a degree of two will freeze the product, and 
allowing the temperature to  rise above the target reduces the shelf life of the 
product. The precision of the P-I control mode is ideal for such an application. 

14.21 PROGRAMMABLE 
CONTROLLERS 

The basic programmable controller is a device that  executes electronically the 
logic displayed on a ladder diagram. While a modern programmable controller in- 
corporates many additional capabilities, the elementary programmable controller 



FIGURE 14.25 
Structure of a basic programmable controller. 

replaces electromechanical components with a microprocessor and digital elec- 
tronic devices, as shown symbolically in Fig. 14.25. The origin of programmable 
controllers can be traced1' to the automotive industry of the late 1960s when 
the electromechanical relay panels controlling manufacturing operations were be- 
coming massive and inflexible. Calling on the new microprocessor technology of 
that era, auto manufacturers, working with computer and electronic specialists, 
developed the first programmable controllers. F'rom the automotive industry, the 
application of programmable controllers spread to other industries in manufac- 
turing and process fields. 

Progressive developments from the early basic programmable controllers 
have led to  units equipped with the following features: 

Peripherals: Keyboards and monitors that display the status of variables and 
I/O devices, as well as the ladder diagram that is being entered. 

Setpoints and control sequences that are changeable from such input devices 
as hand-held keyboards and programs downloaded from a central computer 
or a master programmable controller. 

Self-contained analog control loops that receive an analog input variable and 
deliver an analog output for an actuator. Cpntrols applying the P-I-D mode, 
as described in Section 14.20, are usually available. The magnitude of the 
variable is monitored to prompt other actions, if desired. 

Hierarchical structure permitting a master programmable controller to  com- 
municate with and rule over slave controllers. 



Serial communication applying such protocols as RS-232-C or RS-422-A 

Several ways in which the capability of a programmable controller can be 
characterized include the number of inputloutput (110) connections, scanning 
speed, computational speed, and the memory size. Programmable controllers 
are commercially available from the small, low-cost units with several dozen 
input/output points to  large ones with several thousand 110  points. The scanning 
speed dictates the time to  complete one cycle, and during one cycle the status 
of dl the input points are scanned and passed to the program stored in memory. 
Based on the combination of inputs and the instructions in the program, the 
outputs are reset as needed. The cycle time varies from about one second to a 
fraction of a second, depending on the number of 110s and the computational 
speed. 

The early programmable controller, as typified by Fig. 14.25, implemented 
a ladder diagram, receiving on/off inputs and providing on/off outputs. Personal 
computers began appearing about the same time, and developments through 
the years have brought the capabilities and characteristics of the two machines 
closer. From the beginning, the programmable controller was designed for an 
industrial environment in which electrical noise, vibration, and extremes of tem- 
perature and humidity prevail. The early personal computers could not survive 
long in such an environment and have progressed toward factory hardening. The 
personal computer is inherently a computer and the programmable controller a 
controller. The personal computer implements floating-point mathematics and 
high-level languages, such as BASIC, FORTRAN and C-language, and is effec- 
tive in data  collection and storage. Data-acquisition hardwarelsoftware is now 
readily available for personal computers, and &rial communication is standard 
for programmable controllers, so the distinction between the two devices is be- 
coming blurred. 

In contrast to  a panel of electromagnetic components, the programmable 
controller permits a change in the logic with no change in hardware, only an 
update of the program. Another strength of the programmable controller is that 
numerous control sequences can be accommodated internally without another 
relay. Referring to the ladder diagram of Fig. 14.7, for example, the 1 C R  coil and 
contacts that work off it must be implemented b y  a physical coil and contacts in 
a relay panel. In a programmable controller, on the other hand, the 1 C R  coil and 
contacts are accommodated by logic internal to  the programmable controllers, 
and only the true inputs and outputs require external connections. 

14.22 REFRIGERATION 
APPLICATIONS VS. BUILDING 
AUTOMATION SYSTEMS 

An intriguing question arises frequently about .the similarities and contrasts be- 
tween the computer control applications in industrial refrigeration and those 
addressed by building automation systems (BASS). A different group of well- 



known companies develop, market, and service BASs than those who provide 
the equipment and install computer control systems in industrial refrigeration 
plants. Since the comfort air-conditioning field from which BASs developed is 
related to industrial refrigeration, i t  could be productive to ask why computer 
control has taken different paths in the two fields. 

Some differences and possible reasons for the differences are: 

BASs grew out of predominantly analog controls which were pneumatic in 
the U.S. and electric in Europe. The traditional needs in industrial refriger- 
ation have been discrete on/off inputs and outputs as represented by ladder 
diagrams. When air conditioning plants converted to direct digital control 
(DDC), the computer upgraded the proportional control mode to  PI control. 
In industrial refrigeration, the panels of electromechanical relays gave way 
to programmable controllers. 

While machine rooms for medium- and large-size buildings are not gener- 
ally luxurious, the environments are usually not as hostile as in the machine 
rooms of industrial refrigeration plants. The operators of industrial refriger- 
ation plants therefore sought suppliers of control equipment of an industrial 
character such as that used in manufacturing plants and in the chemical in- 
dustries. Manufacturers of BASs were able to adapt personal computers to 
their needs. 
With the increasing popularity of the screw compressor and its natural a d a p  
tation of a sophisticated ladder diagram, as shown in Fig. 14.8, to a micropre 
cessor, the screw compressor provided a natural interface to programmable 
controllers. Another common control package served well by a ladder diagram 
is defrost control. These two local control packages, as well as some others 
that might exist in the plant, drive the type of master controller toward a 
discrete on/off type rather than one adapted to analog controls. 

The modern BAS fulfills other functions in addition to  regulating the tem- 
perature control system. In many buildings, the BAS provides security mon- 
itoring and in certain cases is integrated with the fire control system. These 
requirements are rare in industrial refrigeration plants. 
The pressure for low first cost is probably more intense for the BAS, so 
standardization to  reduce the cost is possible and common. In industrial 
refrigeration, the variety of requirements-is extensive because each plant 
seems to be unique. Rom the standpoint of designing, manufacturing, and 
marketing the control system, there seems to  be such disparity that i t  is 
difficult for any supplier to operate comfortably in both worlds. 

There remain some differences in the needs of industrial refrigeration plants 
and building air conditioning systems, but many features are common to both 
classes of controllers. Furthermore, the developments in the BAS field should be 
closely watched to evaluate which might have effective application to industrial 
refrigeration. 



14.23 POWER OUTAGES 

Power outages occur on occasion, and most plants have a sequence of steps 
to  restore operation. In a generic twestage, liquid-recirculation plant, the fan 
motors on the evaporators will usually resume operation as soon as power returns. 
The condenser fans are often regulated by the discharge pressure, so if that 
pressure is high enough, the fans and circulating water pumps in the condenser 
restart. If the condensing pressure has dropped lower than the setting, the fans 
do not begin operating until one or more compressors are in operation and the 
discharge pressure increases. 

The compressors and liquid pumps will also shut down during the out- 
age, and solenoid valves controlling the flow of liquid to  vessels should be of the 
normally-closed type so the flow of liquid is interrupted in the event of a power 
outage. The operation of the pumps and valves is interlocked with that of the 
compressors, so that some compressor capacity is available before liquid is sup- 
plied to  vessels and before pumps deliver liquid to  the evaporators. Compressors 
are then started one at  a time in an  unloaded condition and brought up to  the 
capacity needed to control the evaporating and intermediate pressures. Simul- 
taneously, the liquid pumps begin operating and the liquid line solenoid valves 
open as needed. 

The startup of compressors is perhaps the  only intervention needed to 
restore operation of a standard system, and this function can be performed 
manually in plants where operators are on full-time duty. Since the practice 
of full-time operators is declining, the computer controller can be programmed 
to  bring the compressors back into service following a power outage. 

14.24 PIPING AND 
INSTRUMENTATION DIAGRAMS 

A piping and instrumentation diagram, usually abbreviated P&ID, is precisely 
what the name implies. I t  is a diagram showing'all the piping, control and shutoff 
valves, and instrumentation. Display of the instrumentation incorporates the 
indication of the type of instrument (temperature, pressure, liquid I'evel, etc.), 
its location, and its function. Each item of instrumentation is given a designation 
on the diagram. The diagram thus shows, for example, the indicator or transducer 
and a line t o  a master controller or directly to  an actuator. P&IDs have been 
widely used for many years in the chemical industry, and now in the United 
States under the rules of Process Safety Management of the Occupational Safety 
and Health Adminstration they must be readily available and understood by 
operators of large refrigeration plants. 

P&IDs show components and piping of the refrigeration system and the 
location of instrumentation. Symbols suggested for use in the diagrams are prc- 
vided by such groups as ASHRAE13 and the Instrument Society of AmericaI4. 
Samples of these symbols extracted from References 13 and 14 are shown in 
Figure 14.26. The incorporation of some of these symbols into a diagram for a 
pump liquid recirculation subsystem is shown in Figure 14.27. 
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FIGURE 14.26 
Sample symbols used in piping and instrumentation diagrams. 

A schedule of designations is: 

XXA An alarm XXS Switch 
HLX High level LLX Low level 
LPX Low pressure DPX Differential pressure 

PI Pressure indicator 



FIGURE 14.27 
A P&ID for a pump recirculating subsystem. 

In recent years, when refrigeration plant operators were asked to become 
familiar with the P&ID for their plant, many discovered that such a diagram did 
not even exist. Some plants that had P&IDs found them out-of-date. The focus 
on P&IDs is part of the worthwhile emphasis that instrumentation and controls 
are now receiving. 
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CHAPTER 
15 

LUBRICATION 
AND OIL 

HANDLING 

15.1 OIL IN THE REFRIGERATION 
SYSTEM 

Special compressors are available that need no lubrication, and refrigeration 
systems using this type of compressor can be free of oil. The cost to buy and 
operate an oil-free compressor is much greater than that of the lubricated type, 
so practically all industrial refrigeration plants use lubricated compressors. The 
need for oil is only to provide lubrication between moving parts and to seal 
certain openings in the compressor. No situation can be imagined where oil is 
beneficial elsewhere in the refrigeration system. 

This chapter emphasizes the knowledge that is useful and even necessary 
in many cases for the designer, manager, or operator of a refrigeration system. 
This knowledge includes the types of oils encountered in industrial refrigeration, 
the terminology describing some physical properties of oils and the significance 
of these properties, how to prevent oil from passing into the system beyond the 
compressor, and how to remove from the system the oil that  does escape the 
compressor package. 

The manufacturer of the lubricating oil is an obvious resource for specific 
information on the oil sold by that  firm. The relative quantity of oil sold for 
lubricating refrigeration systems is small in comparison to other uses of oil, so 
there is only a limited number of suppliers selling oil for refrigeration purposes. 



The manufacturer of the compressor is one of the best sources of advice on which 
oil to choose, because the compressor builder accumulates the experience of many 
users. A plant manager who elects to use an oil contrary to the recommendation 
of the compressor manufacturer runs risks. 

The basic function of refrigeration oil is to provide lubrication between 
sliding metal surfaces, but oil often serves other purposes as well. Oil often serves 
as a seal to prevent refrigerant from leaking between high- and low-pressure 
regions of the compressor, performs a cooling function that is significant in some 
types of compressors, removes debris from contacting surfaces, and often reduces 
the noise generated within the compressor. 

The ASHRAE Handbook-Refrigeralion' contains a quite thorough treat- 
ment of the subject of lubricating oil for refrigeration purposes, and this source 
should be consulted. The objective of this current chapter is to complement the 
ASHRAE Handbook by providing an introduction to the subject and concentrat 
ing on topics unique to industrial refrigeration. If this chapter can help equip 
the designer, manager, or operator of a refrigeration plant to discuss intelligently 
with the oil supplier and compressor manufacturer the proper choice of oil, as 
well as how to handle the oil properly once in the system, the chapter will have 
served its purpose. 

15.2 SOME TYPES OF 
REFRIGERATION OIL 

The major categories of oils2 used for lubricating refrigeration compressors are: 
(1) mineral oils, and (2) synthetic oils. Mineral oils are extracted from crude 
oil and, for lubrication purposes, are usually either of a paraffinic or naphthenic 
base. Some years ago, mineral oils were virtually the only type available, but in 
recent years synthetic oils extracted from such feedstocks as natural gas have 
become popular. Several important bases for synthetic oils are: dialkylated ben- 
zene, polyalphaolefin, and polyalkylene glycol. 

Some of the applications for the various oils are as follows: 

Mineral oil, paraffin base--not recommended for applications a t  low temper- 
ature 
Mineral oil, naphthenic base-the standard oil used in ammonia plants 
Synthetic, dialkylated benzene base-good miscibility with halocarbons a t  
low temperature; sometimes used in ammonia plants where oxidation prob- 
lems might occur 
Synthetic, polyalphaolefin base-used when discharge temperatures are high 
and also in ammonia systems operating a t  low temperatures, because the oil 
does not solidify easily a t  low temperatures 
Synthetic, polyalkylene glycol .base-normally recommended only for s y s  
terns using a halocarbon as a refrigerant or in special cases with ammonia 
(Section 15.13) 



If a mineral oil is available with all the desired properties, it is usually 
chosen, because it costs approximately one-third that of synthetic oil. On the 
other hand, synthetic oils are tailored to  achieve certain properties and may 
provide more satisfactory service. 

15.3 SOME TERMS USED TO 
CHARACTERIZE OILS 

Some important properties of oil that influence their behavior in refrigeration 
systems include viscosity, miscibility and solubility with the refrigerant, pour 
point, flash and fire point, vapor pressure, and floc point. The two dominant 
properties are the viscosity and solubility, so the next two sections are devoted 
to  each of them. The meaning and importance of the other properties are as 
follo\vs: 

POUR POINT. The pour point is the lowest temperature at  which oil will 
pour or flow when tested according to the standard method prescribed in ASTM 
D-97. In order to  provide lubrication, the pour point of the oil must be below 
the operating temperature of the oil. The pour'point is not as important for the 
oil in halocarbon systems as it is for oil in an ammonia system. The reason is 
that, in a halocarbon system, some refrigerant is likely to be dissolved in the oil, 
so the oillrefrigerant will flow a t  a lower temperature than that of the oil alone. 
On the other hand, oil and ammonia do not mix, so the pour point of the oil 
is critical. Mineral oils, used so much in ammonia systems, have pour points of 
about -40°C (-40°F) for naphthenic oils and about -18OC (O°F) for paraffinic 
oils. The lower pour point of most naphthenic oils is one reason for choosing this 
type over paraffinic oil for ammonia systems. 

FLASH AND FIRE POINT. The  flash and fire point derived from ASTM 
D-92 is not a critical property for usual refrigeration service. The flash and fire 
points of most lubricating oils are generally higher than 175OC (350°F), which is 
a temperature not normally encountered in refrigeration systems. The flash and 
fire point along with the vapor pressure is more an indication of the volatility of 
the oil. When high compressor discharge temperatures occur in a system using 
an oil with a low flash and fire point, the oil may carbonize and coat the valves 
of a reciprocating compressor. 

VAPOR PRESSURE. In the modern, high-efficiency, coalescing type of 
oil separators (Section 15.9), virtually the only oil that  escapes the separator 
is that which leaves in the form of vapor. For this reason, an oil with a low 
vapor pressure is preferred. Precise data on the vapor pressure of a particular 
oil might be difficult to  obtain. An indication of the order of magnitude of the 
vapor pressure of two oils1, one a mineral and the other a synthetic, is shown in 
Fig. 15.1. 

FLOC POINT. The floc point is the highest temperature a t  which wax-like 
materials or other solid substances precipitate when a mixture of 10 percent oil 
and 90 percent R-12 is cooled under specific conditions. The test3 is limited to  
R-11 and R-12, in which oil readily dissolves. Attempts to  apply the test to  



INDUSTRIAL REFRIGERATlON HANDBOOK 

Oil temperature, O F  

300 350 400 450 

iic 

J 

oil 

I 
Oil temperature, "C 

FIGURE 15.1 
Relationship of the vapor pressure to temperature for two different oils having similar viscosi- 
ties. 

R-22 have been unsuccessful and presumably would be with ammonia as well. 
So for these refrigerants that are so important in industrial refrigeration, the 
standard floc test is not applicable, even though the temperature a t  which wax 
begins to precipitate would influence the choice of oil. 

15.4 VISCOSITY 

The viscosity of an oil is one of the key properties influencing its lubricating char- 
acteristics, but a pragmatic question is whether the user of an oil needs to know 
anything about viscosity so long as the choice of oil is that recommended by the 
compressor manufacturer. Two important functions of oil that are influenced by 
the viscosity are: sealing between metal surfaces to prevent leakage of refrigerant 
and lubrication between rubbing and rolling surfaces. In general, the desirable 
viscosity is the lowest value that provides an adequate seal to  prevent refrigerant 
leakage. A low viscosity oil results in lower compressor power requirements, but 
if the viscosity is too low, inadequate sealing results, which manifests itself as a 
loss in volumetric efficiency. At very low viscosities the lubricating property is 
impaired, but usually the loss of sealing effectiveness is the controlling factor. 
Another important characteristic of the viscosity of oil that may be valuable to 
the user is how temperature influences viscosity. This topic will be addressed in 
this section. 

Unfortunately, there are many units of viscosity swirling about the industry, 
so the next several paragraphs explain the meaning of the frequently-encountered 
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Terms to define viscosity in &. 15.1. 

terms that characterize viscosity and how they are related 
The viscosity of a fluid is defined as follows: 

shearing stress 
Viscosity = 

rate of shearing strain 

The viscosity can be defined further and quantified in terms of the variables 
illustrated in Fig. 15.2 as: 

where: 
p = viscosity, Pa,s (lb,/ft,s) 
F = force, N (lb,) 
A = area in contact with fluid, m2 (ft2) 
V = velocity, m/s (ft/s) 
h = separating distance, m (ft) 

The viscosity defined by Eq. 15.1 is called the absolute viscosity and is 
used in heat-transfer and fluid-flow correlations. The refrigerant viscosity tables 
frequently used to  compute Reynolds numbers are absolute viscosities in units of 
Pa.s (lb,/ft.s). Another set of units for absolute viscosity is poise, which results 
if F is in dynes when A = 1 cm2, V = 1 cm/s,.and h = 1 cm. Thus, 1 poise = 1 
dyne,s/cm2. The more commonly used term is centipoise, which is 1/100 poise. 
To convert viscosity in: 

centipoise to lb,/ft.s, multiply by 0.000672. 

lb,/ft.s to  Pa,s, multiply by 1.4882. 
Pa.s to  centipoise, multiply by 1000. 



Another version of viscosity that is frequently used is the kinematic uiscos- 
ity, which is the absolute viscosity divided by the density: 

where: 
v = kinematic viscasity, m2/s (ft2/s) 
p = density of lubricant, kg/m3 (lbm/ft3) 

Still another set of units for kinematic viscosity is the stoke, which is a 
poise divided by density in g/cm3, which becomes cm2/s. The centistoke, which 
is 1/100 of a stoke, is more commonly used than the stoke. To convert kinematic 
viscosity in: 

centistokes to ft2/s, multiply by 0.000010764. 
ft2/s to  m2/s, multiply by 0.0929. 
m2/s to centistokes, multiply by 1,000,000. 

While it may seem that we already have more types of viscosity and sets of 
units than are needed, there remains still another. The viscosities that have been 
explained so far are the standard ones used for refrigerants, water, air, and many 
other fluids. For lubricating oils, however, a viscosity most widely used takes its 
name from the measuring apparatus. This viscosity is called the Saybolt Seconds 
Universal or SSU and is related to  the time in seconds required for a standard 
volume of oil to pass through a tube of specified dimensions with the oil at a 
given temperature. The SSU is most closely related, but not proportional, to  the 
kinematic viscosity, and a conversion that is reasonably accurate is: 

v, centistokes = 0.22(SSU) - 18O/(SSU) (15.3) 

The foregoing presentation on units and conversions of viscosities will hope- 
fully be useful reference data, but of more immediate importance to  a user is 
to know what viscosity characteristics are desirable for oils that lubricate in- 
dustrial refrigeration compressors. The oil with the lowest viscosity that gives 
the necessary sealing properties with the refrigerant used for the entire range 
of temperatures and pressures should be chosen'. When the viscosity is too low 
to provide adequate sealing, the volume pumping capacity of the compressor 
drops. A viscosity that is too high causes high power requirements, so the choice 
of a desirable viscosity is a compromise. This choice is normally made by the 
manufacturer of the compressor who has test facilities available. Some typical 
viscosities' of refrigerant oils used in the industry are as follows: 

Ammonia screw compressors, 280-300 SSU 

Ammonia reciprocating compressors, 150-300 SSU 
4 Refrigerant-22 reciprocating compressors, 150-300 SSU 



Another viscosity-related characteristic is the viscosity index, which is an 
empirical number indicating the change in viscosity as a function of temperature. 
The viscosity of oil with a high viscosity index changes less with a change in 
temperature than an oil with a low viscosity index. In general, an oil with a high 
viscosity index is preferable, because its behavior is less subject to  variations in 
the operating temperature of the refrigerant. 

15.5 SOLUBILITY OF REFRIGERANTS 
IN OILS 

All refrigerant gases are soluble a t  least t o  a limited extent in mineral oils. 
Ammonia is not significantly soluble, while some halocarbons are highly soluble 
in oils. In all cases, the solubility of the refrigerant increases with pressure of 
the gas and decreases with temperature of the oil. Some of the implications of 
solubility are as follows: 

Since refrigerants have much lower viscosities than oils, a large amount of 
refrigerant in the oil decreases its viscosity. 
Oil that is carried out of the compressor and not removed by the oil separator 
ultimately reaches the low-pressure side of the system. Different procedures 
must be employed to remove and/or return the oil to the compressor in 
ammonia systems compared to halocarbon systems because of the differing 
solubilities. 
Although a small amount of oil in evaporators using certain halocarbon 
refrigerants may increase the heat-transfer coefficient slightly, the presence 
of oil is generally detrimental to good performance. In ammonia systems, the 
oil may coat the heat-transfer surfaces and reduce the rate of heat transfer. 
In halocarbon systems, the vapor-pressure of an oil-refrigerant solution is 
lower than that  of the pure refrigerant, resulting in a higher evaporating 
temperature for a given suction pressure. 
When the refrigerant is highly soluble in the oil and when the plant is not in 
operation, the refrigerant may enter into solution with the oil in the crankcase 
(reciprocating compressor) or oil separator and storage sump (screw com- 
pressor). A heater should keep the  oil warm during idle periods or a t  least 
before operation;so that  the refrigerant does not boil rapidly when the pres  
sure drops upon startup, which could cause foaming of the oil. 

Briefly stated, because of the differences in oil solubilities of ammonia and 
the halocarbons, oil is handled differently depending on the refrigerant. In an 
ammonia system, the oil that passes on to the low side separates from the liquid 
refrigerant, and because the oil has a greater density than liquid ammonia it 
may be drained or transferred in a closed circuit back to the compressor, as will 
be described in Section 15.10. In halocarbon systems, the oil is likely to be in 
solution in the evaporator and/or low-pressure receiver, so the basic process is 
to remove a sample continuously or intermittently, boil off the refrigerant, and 



return the remaining oil to the compressor. Facilities that accomplish this oil 
return are examined further in Section 15.11. A statement heard frequently is 
that ammonia vapor is not soluble in oil. For practical purposes this statement 
is correct, but it may be useful in certain situations to know that even ammonia 
is slightly soluble in oil. In the pressure range of 100-1,000 kPa (14.7-147 psia) 
and oil temperatures from 0 to 150°C (32 to 302*F), the solubility4 of ammonia 
in oil is between 0.25 t o  0.75% by weight. The solubility of ammonia in oil is so 
low that neither the boiling point of the ammonia nor the viscosity of the oil is 
affected by the solubility. 

The terms solubility and miscibility are often used interchangeably, but mis- 
cibility is particularly related to mutual solubility. In some regions of the refriger- 
ating system, the concern is how much refrigerant vapor is dissolved in liquid oil, 
while in other sections liquid refrigerant predominates and small proportions of 
oil are dissolved in the refrigerant. These two cases represent mutual solubility. 
Completely miscible refrigerants and oils are mutually soluble in all proportions 
and a t  any temperature. R-11 and R-12 with mineral oil exhibit complete mis- 
cibility. Partially miscible refrigerant-oil systems are mutually soluble above a 
certain temperature and separate below that temperature. An immiscible system 
is exemplified by ammonia and oil. 

15.6 SOLUBILITY OF R-22 
IN MINERAL OILS AND ITS 
IMPLICATIONS 

Since R-22 is an important industrial refrigerant, its behavior with oil deserves 
special attention, because the oil in an R-22 system is handled differently than oil 
in an ammonia system. Oil and R-22 are partially miscible, but that miscibility 
is dependent upon temperature, oil concentration, and type of oil. A general 
pattern of oil/R-22 miscibility is shown in Fig. 15.3. The curves apply to different 
oils, and the variation shows that it is not appropriate to  expect one solubility 
curve for all oil/R-22 solutions. At temperatures higher than a given point on the 
line, the two substances are miscible. Below the point there is a separation, and 
because the oil is less dense than the solution of halocarbon refrigerant and oil, 
it rises to  the top of the liquid mass, as shown in Fig. 15.4. The view in Fig. 15.4 
is an idealization, because in an evaporator, for example, there is considerable 
turbulence and mixing. 

One implication of the presence of oil in solution with R-22 is that it affects 
the heat-transfer coefficient, as will be discussed in the next section. Removal of 
oil from R-22 evaporators will be investigated in Section 15.11. 
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Stratification of oil and oil/R-22 solution in an evaporator. 



15.7 EFFECT OF OIL ON HEAT 
TRANSFER IN AMMONIA AND R-22 
EVAPORATORS 

Understanding how oil in evaporators influences heat-transfer coefficients is im- 
portant when deciding which measures to take to prevent oil from reaching the 
evaporator. While the major interest is on the effect of oil on the performance of 
evaporators, several comments on the effect on condensation are: (1) with halo- 
carbon condensers, oil always decreases the heat-transfer coefficient5, and (2) in 
the case of ammonia, the presence of oil might actually increase the condensing 
heat-transfer coefficient6. 

The remainder of this section concentrates on both R-22 and ammonia 
evaporators. The behavior differs depending 'on which is the refrigerant and 
whether. the boiling occurs within the tubes or pool boiling outside tubes. In 
industrial refrigeration practice, boiling of refrigerant within tubes occurs pri- 
marily in air-cooling coils. When R-22 is the refrigerant in liquid recirculation 
systems, most of the oil is carried out of the coil along with liquid refrigerant. In 
the low-pressure receiver, however, oil will accumulate and must be constantly 
or periodically removed from there. Much more information is available on heat 
transfer during pool boiling of R-12 and oil in comparison to that available for 
R-22 and oil. But similar behavior is expected for R-22 and R-12 up to a point. 
Chaddock summarized the work of ~ s c h e r n b ~ l s k i ~  and Stephan8, as shown in 
Fig. 15.5. The usual expectation is that the first several percent of oil actually in- 
creases the heat-transfer coefficient before the continued degradation. The high 
concentrations of dissolved oil shown for R-12 may not be possible for R-22, 
because of the solubility limitations shown in Fig. 15.3. 

In the case of ammonia boiling in the shell of an evaporator, oil normally 
has little influence on the heat-transfer coefficient, because it separates from the 
ammonia and collects in an oil accumulator that must be provided. Shah

g 
showed 

qualitatively that oil can reduce ammonia heat-transfer coefficients when boiling 
within tubes, as seen in Fig. 15.6. This reduction is normally not a problem in 
air-cooling coils that defrost frequently to warm any accumulated oil and reject 
it from the evaporator. Accumulated oil in some ammonia tube-type evaporators 
used for process cooling can be a problem if the evaporator must operate for a 
long time without a warmup to  drain the oil. 

15.8 CONTAMINANTS IN OIL 

Contaminants are undesirable substances that develop in the system and are 
carried along with the lubricating oil. All reliable suppliers of oil endeavor to 
avoid introducing contaminants with new oil added to the system. The term 
contaminants should be distinguished from additives, which are introduced for 
such purposes as anti-foaming and anti-wear. Most contamination of the oil takes 
the ultimate form of metals, varnishes, sludge, dirt, and sand". Some contami- 
nants originate from improperly cleaned pipe and components dating from the 
installation or repair of the system. 



FIGURE 15.5 
Effect of oil concentration on the heat-transfer coefficients of R-12. 
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FIGURE 15.6 
Effect of oil when ammonia boils inside tubes. 
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Of particular interest at the moment are the contaminants attributable to 
changes in the oil. The major and almost exclusive source of solid contaminants 
is oxidation of the oil, which in turn is caused by the presence of air, water, 
and/or fine metal particles. Oxygen must be present for oil t o  oxidize, and the 
usual source of oxygen is air that has entered the system. Oxidation increases 
the viscosity of the oil and produces organic acids, which increase the total acid 
number (TAN) of the oil. The TAN should normally be lower than 1.0. Water 
contamination of ammonia forms ammonium hydroxide, which is corrosive to 
steel. 

The operators of well-maintained plants perform analyses of the oil in their 
systems. In this procedure, a sample of oil is periodically extracted and subjected 
to a spectographic and other analyses. The used-oil analysis can indicate whether 
the iron content is high, which could indicate corrosion. Another tell-tale sign 
that  can alert an operator to a potential problem is an unusually high content 
of copper, lead, or tin, which could indicate bearing wear. Another routine mea- 
surement in the oil analysis is the viscosity. The various undesirable processes 
that affect the oil frequently result in increased viscosity. A high viscosity could 
result in increased power requirements of the compressor and serve as a signal to 
change the oil. This act is also an answer to an oft-asked question, "Should the 
oil in the system ever be changed?" In systems using reciprocating compressors 
without coalescing separators, there is usually enough oil carryover to the low 
side that periodic draining of the old oil and adding of the new oil makes an 
oil change unnecessary. In systems equipped with coalescing separators, which 
means all systems using screw compressors and many new systems using recipre 
cating compressors, the oil may need to be changed periodically, and the used-oil 
analysis is the best indication of that need. 

Another practical question that operators frequently ask is, "Should I filter 
and reuse oil drained from an ammonia system?" The answer given by most oil 
and compressor specialists is, "No." As oil works in the system, the additives 
are gradually depleted". If left in the machine too long, it is possible that the 
oil begins to leave deposits on internal parts. The viscosity of the oil could 
progressively increase due to the depletion of the additives as well as from the 
slow but progressive vaporization of aromatics. While filtration would remove 
solids from the oil intended for reuse, chemical contaminants would remain and 
the reclaimed oil would not contain the additives of new oil. 

15.9 COALESCING OIL SEPARATORS 

It  is only in the compressor that oil is absolutely necessary. Its purpose is lubri- 
cation of the metal parts of the compressor and, in the case of screw compressors, 
to seal the spaces between the rotors. Oil is not needed in the rest of the sys- 
tem and, in fact, is undesirable in such components as the evaporator because 
it usually reduced the heat-transfer coefficient. The exception to  the previous 
statement is that some operators have reported that following the installation of 
a high-efficiency oil separator, some control valves in the low-temperature section 
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FIGURE 15.7 
A simple discharge-line oil separator. 

of the system began to  stick. This occasional situation is not sufficient to  deviate 
from the objective of avoiding the escape of oil into the condenser/evaporator 
portion of the refrigeration system. 

A traditional discharge-line oil separator, as shown in Fig. 15.7, forces all 
the discharge vapor from the compressor t o  pass through several screens, which 
remove much of the oil from the refrigerant stream. The oil that is removed 
returns to  the compressor under the regulation of a float valve. Oil separators 
of this type are commonly used with reciprocating compressors, and a few re- 
ports indicate that  the oil concentration in the refrigerant leaving the separator 
is between 30 and 80 ppm. These values were the result of measurements of 
the amount of oil drained from the system in a measured number of hours of 
operation a t  known compressor capacity. 

When screw compressors appeared on the scene with their oil injection for 
sealing the passages between the rotors, the amount of oil that  the discharge- 
line separator would pass on. to  the rest of the system was objectionable. To 
improve the efficiency of oil removal for screw compressors, coalescing separators 
were chosen. The  design of one configuration of coalescing separator is shown in 
Fig. 15.8 and consists of two major sections. The  first section encountered by 
the oil-laden refrigerant allows the large drops of oil to  fall to  the sump. This 
separating section removes a larger quantity of oil than the coalescing section 
that  follows, but would by itself be no improvement over the simple separator of 
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FIGURE 15.8 
A coalescing oil separator. 

Fig. 15.7. The refrigerant vapor then passes to the coalescing section and flows 
through the mesh of fine metal. Here the tiny oil droplets impinge on the mesh 
and cocsolidate with other small droplets until the size is sufficient for them to 
fall to the bottom of the coalescing sump. 

Good coalescing separators, when operating a t  their recommended gas flow 
rate, remove virtually all oil in liquid form, and the only oil passing t o  the 
remainder of the system is vapor. The expected oil concentration in the discharge 
gas leaving a coalescing separator can therefore be predicted from the typical 
vapor pressures of mineral oil shown in Fig. 15.1. The concentration12 will be 
a mild function of the refrigerant pressure, as shown in Fig. 15.9. When the 
success of coalescing separators applied to screw compressors became evident, 
the industry developed and is now applying the coalescing separator with good 
results t o  reciprocating compressors as well. 

15.10 REMOVING OIL FROM THE 
LOW SIDE OF THE AMMONIA 
SYSTEM 

The preceding section states that even with high-efficiency separators, some oil 
will carry over to  the evaporators and to  the low-side vessels. In the case of 
ammonia, this oil will separate from the refrigerant, and this tendency t o  separate 
is exploited in the arrangements designed t o  drain the oil from the ammonia 
system. One of the arrangements that is applicable to  removing oil from a low- 
pressure receiver is shown in Fig. 15.10. The pump inlets are slightly above 
the bottom of the receiver, so the refrigerant below those inlets will have little 
motion, which permits the oil to settle and migrate down the oil leg. From the 
oil leg, the oil moves to the oil pot where it is contained until drained. The drain 
line is equipped with a spring-closing valve, which snaps shut in the event the 
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FIGURE 15.9 
Oil concentration attributable to the oil vapor content of refrigerant leaving an ammonia 
coalescing separator. 

operator performing the draining process is driven from the scene by the escape 
of a large bubble of ammonia. The oil pot is capable of being completely valved 
off, so it must be protected by relief valves. 

The oil pot is equipped with an equalizer line that is connected to  the top 
of the vessel or to  an  inlet vapor line. The purpose of this line is to vent vapor 
during the flow of oil into the pot. Without this equalizer line, the oil may not 
drain properly. Another situation may arise when the valves in the equalizer line 
and the line from the oil leg are open. A thermosyphon effect may develop in 
which liquid ammonia continuously flows into the relatively warm pot, vaporizes, 
and vents t o  the high elevation. 

15.11 REMOVING THE OIL FROM 
THE LOW SIDE OF A HALOCARBON 
SYSTEM 

The approach to  returning oil from the low side of halocarbon systems differs 
from that  used for ammonia, because the oil and halocarbon are a t  least partially 
mutally soluble. Furthermore, liquid halocarbons are more dense than oil, so any 
oil that does separate in a flooded shell-and-tube evaporator or a low-pressure 
receiver tends to  rise in the vessel rather than settle. The two basic steps in 
returning oil from the low side of a halocarbon system are: (1) continuously or 
periodically extract a small quantity of liquid refrigerant, and (2) return the oil in 
this sample either by lifting i t  into the suction line or by boiling off the refrigerant 
in a heated still and pumping the oil that  remains back to  the compressors. 
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FIGURE 15.10 
Provisions for draining oil from an ammonia vessel. 

There are numerous variations of oil return arrangements for halocarbon 
systems, but two popular methods are shown in Figs. 15.11 and 15.12, both of 
which are applicable to pumped liquid recirculation systems. In Fig. 15.11, a 
sample of liquid refrigerant and its dissolved oil is extracted from the pumped 
discharge where its pressure is higher than the suction pressure. This sample is 
directed to a trap in the suction line where the vapor velocity lifts the mixture 
to the elevated suction line. Because there is liquid refrigerant in this mixture 
that should not be permitted to  return to the compressor, a liquid/suction heat 
exchanger vaporizes the liquid refrigerant. The diameter of the suction line must 
be chosen to provide a high enough vapor velocity to carry the oil back t o  the 
compressor, just as in direct expansion systems. 

Another approach to oil return, shown in Fig. 15.12, uses an electrically- 
heated still to vaporize the refrigerant liquid. A small positive-displacement 
pump periodically delivers the oil that remains back to the compressor(s). 

The sampling of oil and refrigerant mixtures in the systems of Figs. 15.11 
and 15.12 is a positive process, because the pressure in the discharge line of 
the pump is higher than in the suction line. The same concepts will function, 
however, in non-pumped flooded shell-and-tube heat exchangers and flooded 
evaporators. It is necessary in those arrangements that the trap (Fig. 15.11) or 
the still (Fig. 15.12) be at  an elevation sufficiently lower than the sampling point 
to provide adequate static head to achieve flow of the mixture. 
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FIGURE 15.11 
Oil return in a halocarbon pumped recirculation system by trapping the mixture of liquid 
refrigerant and oil. 

15.12 OIL THAT IS SOLUBLE IN 
AMMONIA 

Ammonia and mineral oil are not mutually soluble. The tendency of oil to sepa- 
rate from liquid ammonia is usually listed as an advantage of ammonia, and the 
property is used as ,a means of removing oil from the low side of an ammonia sys- 
tem. Whether this characteristic of ammonia and oil is truly an advantage may 
be debated, but users of ammonia have adapted to the property and achieved 
successful oil separation. 

A departure from the acceptance of the separation of oil and liquid ammo- 
nia is to choose an oil that is miscible with ammonia13. The POE oils should 
not be considered, because they react chemically with ammonia. Polyalkylene 
glycols (PAGs) are possible choices, however. A range of properties are possible 
depending on the ratio of ethylene oxide and propylene oxide in the oil. 

Figure 15.13 shows the miscibility of the 1:l ethylene oxide:propylene oxide 
composition of PAG oil with ammonia. Ammonia and oil are miscible a t  temper- 
atures above the line in Fig. 15.13, which shows that there is miscibility down to 
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FIGURE t5.12 
Oil mtum in a halocarbon pumped recirculation system using a heated still. 

reasonably low temperatures. It is relevant to ask why there would be any inter- 
est in oils soluble in ammonia. The answer is that such an oil would remove one 
of the barriers to wider application of ammonia to direct expansion systems. Oil 
could be returned to the compressor from medium-temperature evaporator coils 
in the same manner as is done in halocarbon systems. The oil would be carried 
along with the liquid ammonia through most of the length of tubes and finally 
conveyed with high vapor velocity in the suction line back to  the compressor. 

15.13 OIL FOR CFC AND HCFC 
ALTERNATIVES 

Mineral oils, usually including some additives, have performed successfully with 
the halocarbon refrigerants of the past, such as in R-12, R-22, and R-502 systems. 
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FIGURE 15.13 
Miscibility of a PAG oil with ammonia. 

But R-12 and R-502 will have to be replaced because of their CFC content. Like 
other HCFCs, R-22 will need to be retired in several decades or less. Because 
mineral oil has low solubility in the replacement refrigerants, new oils had to be 
found. The principal candidates for replacement oils are members of the follow- 
ing families: polyalkylene glycols (PAGs), polyalphaolefins (PAOs), and polyol 
esters (POEs). It is the latter group, the POEs, that seem to be finding greatest 
industrial acceptance as the oil for the new HFC  refrigerant^^^'''. 

The POE oils, while front runners for replacements, do have their draw- 
backs. The oils are expensive, hygroscopic, and have strong solvent tendencies. 
They also are non-foaming, and the current design of many compressors takes 
advantage of the foaming of oil for effective lubrication. 

Even though C F G l 2  never enjoyed extensive use in industrial refrigeration, 
it should be mentioned that its principal substitute, HFG134a, functions well 
with POEs. No system changes are needed for this conversion, but the mineral 
oil serving the CFC-12 system must be completely removed and replaced with 
the POE oil. 

Refrigerant-502 has been used to  a certain extent in industrial refrigeration, 
and optional halocarbon refrigerants for applications that would have been served 
in the past by R-502 include R-404a and R-507. These new refrigerants are 
compatible with POE oils. 

A more difficult decision regarding oil is'if a new HCFG22 system is in- 
stalled with the expectation that in a decade the refrigerant will have to be 
replaced. The temptation to plan for the future by charging the R-22 system 
with POE oil is not recommended, because this combination does not provide 
the expected oil foaming. Also, the color-type of moisture indicators do not func- 
tion reliably. The replacement of R-22 remains one of the difficult decisions, and 
large plants are now seriously considering ammonia, while the small plants are 
considering such refrigerants as MP39 and HP80/81 with POE oil. 
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CHAPTER 
16 

CONSERVATION, 
RECLAIM, 

AND STORAGE 
O F  ENERGY 

This chapter is divided into three parts: (1) conservation of energy in refrigeration 
plants, (2) transfers of thermal energy from one location in the plant to another, 
and (3) shifting the time when refrigeration is produced and when it is used 
through the application of thermal storage. The time will probably never return 
when the energy costs of the refrigeration plant can be ignored. Twenty years 
ago in a facility such as a refrigerated warehouse, the electricity and fuel costs 
would have constituted between 5 and 8% of the total annual expenses. Today 
the percentage would likely be between 15 and 25%. 

It is a team effort to develop and operate an energy-effective plant. A skillfuI 
operator may be frustrated in his or her attempts to operate the plant efficiently 
because of the inflexibility of the design or construction. Once having designed 
and built a plant capable of efficient operation, the features that  can be exercised 
to conserve energy must be communicated to the operator. 



TABLE 16.1 
Some decisions in the design and const~ction of the plant that affect enugy requiments. 

PART I. ENERGY CONSERVATION 

16.1 DESIGNING THE PLANT TO 
CONSERVE ENERGY 

A variety of decisions affecting energy must be made in the design and con- 
struction of the plant, and most of them require capital investments in order to 
conserve energy during operation. Table 16.1 lists some of the decisions made in 
plant designseveral of which are of the yes/no.type while others are questions 
of extent (thickness of insulation, diameter of pipes, etc.). 

The decisions listed in Table 16.1 all impact the energy requirements of the 
plant and, as Fig. 16.1 shows, all exhibit common trends. The common pattern 
is that the energy penalty, shown by the ordinate, decreases as the capital expen- 
diture, shown by the abscissa, increases. The raie of energy reduction decreases, 
however, as the capital investment increases. 

One of the classic decisions in the design of refrigerated spaces is choosing 
the thickness of insulation in the walls, roof, and ceiling. This subject will be 
addressed agaonin Chapter 19 in connection with the refrigerated structure, but 
the expected trend in heat gain is shown in Fig. 16,la. The slope of the curve at 
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FIGURE 16.1 
Impact of some design decisions on energy requirements of the refrigeration plant: (a) insulation 
thickness, (b) diameter of vapor lines, (c) heat-transfer area of the condenser or evaporator, 
and (d) circulation ratio in a liquid overfeed coil. 

any point indicates the rate of decrease of heat flux per unit increase in insulation 
thickness. At point A, the absolute magnitude of the slope is greater than at  B, 
so as the thickness increases, the benefit of a further increase in the insulation 
thickness diminishes. 

Pipes and vessels that contain low-temperature brines and refrigerants are 
almost always insulated, but high-temperature pipes in a refrigeration system, 
such a s  discharge lines from the compressor, are rarely insulated. Insulation on 
low-temperature pipes and vessels, in addition to  inhibiting heat gain, prevents 
condensation or frosting and the resultant dripping of water. 

Choosing large-diameter pipes for refrigerant vapor lines decreases the drop 
in saturation temperature, as Fig. 16.lb shows, which ultimately permits the 
compressor to operate with a reduced difference in pressure between suction and 
discharge. As the pipe size becomes larger, each unit increase in pipe diameter 
produces less benefit. 

When evaporators and condensers are chosen with large heat-transfer ar- 
eas, the temperature difference between refrigerant and the external fluid is re- 
duced, which results in lower compressor power for a given rate of heat transfer, 
Fig. 16 .1~ .  As is true of all the decisions shown in Fig. 16.1, the return progres- 
sively diminishes as the heat-transfer area increases. 



The fourth example of a decision that is one of degree is the choice of 
circulation ratios in liquid recirculation plants. Figure 16.ld shows a progressive 
decrease in temperature difference between the liquid or air being cooled and the 
refrigerant, thus permitting a higher suction pressure. In contrast to the other 
three illustrations in Fig.16.1, the increase in 'circulation ratio may entail only 
small increases in capital investments associated with successive step-ups in sizes 
of the motor and pump. Increasing the rate of refrigerant pumped demands more 
power at the pump, which a t  high flow rates can overshadow the power saved a t  
the compressor. Furthermore, a t  high flow rates the pressure drop of refrigerant 
in the coil elevates the mean boiling temperature for a given leaving pressure of 
refrigerant. 

Another feature of the design and wnstruction of a plant cited in Table 16.1 
that can either permit or preclude an efficient mode of operation is the clustering 
of several evaporators onto one set of defrost controls. In an arrangement in which 
one set of hot-gas defrost controls serves more than one evaporator, the first cost 
and possible maintenance costs can be reduced. The ganging of coils on one set 
of defrost controls does, however, reduce the flexibility, because the defrost of 
all the coils in the cluster must start and stop at  the same time. The frequency 
and duration of defrost are thus dictated by the coil experiencing the worst 
frosting condition. The loses attributable to hot-gas defrost can be reduced by 
individual defrost controls, but only if each individual coil operates under some 
type of demand defrost (coil defrosted only when needed and defrost terminated 
when the coil is free of frost and the melted frost fully drained). 

One of the sources of loads imposed on refrigerated spaces is air infiltration 
through doors when they are open. Since doors must be open a t  certain times 
in order to move products in and out of the room, an approach to  reducing this 
load is to install doors that open and close quickly. Doors of this type are likely 
to be more expensive than slower-acting doors, so once again the designer and/or 
manager is faced with a capital investment decision1 that can conserve energy. 

The designer may choose between a standard and a high-efficiency motor. 
Typically, the high-efficiency motor costs 20% more than the standard motor 
and achieves only a 2% increase in efficiency. Such an investment may not seem 
attractive until it is realized that the annual electricity cost for a high-use motor 
may be ten times the first cost of the motor. In such an instance, the additional 
investment offers a one-year payback. 

Two-speed motors are often chosen for the fans on evaporator coils. Two- 
speed fan motors may be advantageous a t  low refrigeration loads, because they 
directly reduce the power required by the fan, as well as the internal heat gain 
in the refrigerated space. 



16.2 OTHER DESIGN 
DECISIONS AFFECTING ENERGY 
REQUIREMENTS 

Several additional decisions tha t  frequently confront the designer are: (1) the 
choice of small packaged refrigeration units or one large central unit, (2) the mix 
of types and sizes of compressors, (3) single-stage or two-stage compression, and 
(4) the extent of instrumentation. 

Packaged refrigeration units typically use a halocarbon refrigerant and have 
air-cooled condensers. They are mounted through an opening in the roof or wall 
with the evaporator inside the refrigerated space and the condenser and com- 
pressor outside. The usual expectation is that small packaged units can provide 
the needed refrigeration capacity with a lower first cost, but with higher oper- 
ating and maintenance costs. Packaged units predominate in refrigerated spaces 
of less than about 1,000 m2 (10,000 ft2) area and in central plants with areas 
greater than 2,000 m2 (20,000 ft2). 

Some of the considerations affecting the .type and number of compressors 
are: (1) the installed cost of the compressors and motors, (2) maintenance and 
service costs, and (3) power requirements. No universal pattern applies to all 
installations, but showing some relative costs may suggest approaches to  the 
decision process. First, consider the typical trends of costs of reciprocating and 
screw compressors, including their motors, as shown in Fig.16.2. Costs like those 
shown in Fig. 16.2 vary somewhat, so even these relative costs are different from 
one situation to  another, but at  lower capacities the first cost of the reciprocating 
compressor is less than that of the screw compressor. The crossover point is shown 
a t  approximately 800 kW (250 tons) refrigerating capacity, which corresponds 
roughly t o  a volumetric pumping capacity of about 0.3 m3/s (600 cfm). 

The choice of compressors involves selecting the number and size t o  provide 
the total refrigeration capacity. In general, one compressor capable of delivering 
full capacity is the choice giving the lowest first cost. This choice, however, results 
in inflexibility, because should that one compressor need service or fail, there is 
no reserve. Also, a t  part-load operation it is beneficial to  be able to shut down one 
compressor and continue to  operate the other closer to its full load, particularly in 
the case of screw compressors. Thus, it is usually advisable to  select two or more 
smaller compressors for a given assignment, even though the total first cost will 
be greater than if only one were chosen. The part-load efficiency of reciprocating 
compressors equipped with cylinder unloaders is normally higher than that of 
screw compressors operating at  part load. Combining screw and reciprocating 
compressors is often favorable, with the screw compressor handling the base load 
and the reciprocating compressor serving to  trim the capacity. 

Another design decision affecting the energy requirements of the refriger- 
ation facility is the choice of single-stage or two-stage compression. Figure 16.3 
shows that  the reduction in compressor power achieved by using two-stage com- 
pression is a function of the evaporating temperature. Energy considerations are 
crucial in making the decision whether t o  choose single- or two-stage compres- 
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FIGURE 16.2 
Relative first costs of compressor and motor as a function of size for compressors operating 
with -Sac (23OF) evaporating and 3S°C (9S°F) condensing temperatures. 
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FIGURE 16.9 
Compresor power savings through the use of two-stage compression with 6ash-gas removal 
and intercnoling compared to single-stage compression. The condensing temperature is 3S°C 
(9s°F). 
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sion, but in addition, other influences are the limitations of the compressors with 
respect to  pressure ratios and whether evaporators operating a t  the intermediate- 
temperature level are part of the system. Since reciprocating compressors are 
usually limited to pressure ratios of approximately 8 or 9, this limit is reached 
at  evaporating temperatures in the range of -25OC (-13OF) if the condensing 
temperature is approximately 35OC (95OF). 

Another situation where two-stage systems are attractive is when the plant 
incorporates intermediate-temperature level evaporators, which serve produce 
storage rooms or loading docks of frozen food warehouses. The evaporating 
temperature of these intermediate-level loads fixes the intermediate-temperature 
level. 

Chapter 14 enumerated some of the electrical and electronic measuring de- 
vices that can be applied to refrigerating systems. Whatever the type of instru- 
ment, there is a cost associated with its installation and maintenance. Without 
knowledge of pressures and temperatures throughout the system, the operator 
is in the dark as to how the plant is performing. In order to diagnose operating 
problems and to maintain energy-efficient operation, certain important variables 
must be measured. Virtually all plants are equipped with pressure gauges a t  the 
compressor suction and discharge. Additional positions throughout the system 
where the indication of pressure and temperature should also be considered are: 

Pressures 

Liquid leaving the condenser or high-pressure receiver 
Outlet of evaporators 
At all pressure-regulating valves 
Inlet and outlet of liquid recirculation pumps 

Temperatures 

Compressor suction and discharge 
Liquid refrigerant leaving the condenser or receiver 
Refrigerant entering and/or leaving evaporators 
Liquid leaving the low-pressure receiver in.a liquid recirculation system 

The entering and leaving temperatures of the fluid that is chilled in an 
evaporator should also be measured. Although air temperatures can readily be 
measured with thermometers held manually a t  the desired position, it is conve- 
nient to have thermocouples or resistance-temperature devices installed that can 
be read from a central location. 

A crucial quantity needed for energy analysis is the refrigerant flow rate, 
but its measurement is usually difficult. Orifices in vapor lines are generally 
reliable but introduce pressure drops, which may waste more energy than can 
be saved by knowing the flow rate. Measuring the liquid flow rate by any means 
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that introduces a pressure drop may also cause flashing of liquid into vapor 
and erroneous readings. Some of the newer concepts of measuring flow rate or 
velocity, such as sensing the rotative speed of a turbine, measuring the rate 
a t  which vortices are shed from a specially designed obstruction, or applying 
ultrasonic principles, are opening up convenient means of flow measurement. 

16.3 OPERATION AND 
MAINTENANCE OF THE SYSTEM TO 
CONSERVE ENERGY 

The previous two sections presented some of the challenges facing the designer 
when planning a facility that is t o  operate efficiently. The operating personnel 
inherit a plant and attempt to provide the refrigeration duty a t  minimum cost. 
Lowest-cost operation is generally the same as minimum-energy operation, as- 
suming that measures to  conserve energy do not shorten the life of the equipment 
or entail greater maintenance costs. 

Several dominant guidelines for conserving energy in operation are as fol- 
lows: 

1. Maintain suction pressures at  the compressors as high as 
possible. 

2. Maintain discharge pressures of the compressor as low as 
possible. 

3. Operate the plant efficiently within the desirable suction and discharge pres- 
sures. 

While rules 1 and 2 are desirable general guidelines, care must be exercised that  
they are not achieved a t  the expense of more power used by the auxiliaries (fans 
and pumps) than saved a t  the compressors. Even the ideal Carnot cycle pointed 
the direction for efficient operation through the expression of the coefficient of 
performance (COP): 

"7 

The temperatures in Eq. 16.1 are on the absolute Kelvin (Rankine) scale, which 
is t°C + 273.15 (t°F + 459.7). A given increase in T,,,, is slightly more effective 
in increasing the COP than the same reduction in Tcond. 

An even more realistic picture of how changes in evaporating and condens- 
ing temperatures influence operating efficiency can be derived from compressor 
performance data, as shown in Fig. 16.4. The graph presents the improvement 
in the COP per degree increase in evaporating temperature and degree decrease 
in condensing temperature and applies to  a system using an &cylinder, R-22, 
reciprocating compressor. Some of the trends predicted by Eq. 16.1 are apparent 
in Fig. 16.4, for example, the percentage increase for a one-degree change is more 
prominent when operating with small differences in condensing and evaporating 
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FIGURE 16.4 
Percent savings in power for a given refrigerating capacity through a one-degree increase in 
evaporating temperature or decrease in condensing temperature. The system uses an Scylinder, 
R-22, reciprocating compressor. 

temperatures. There are some discrepancies between Eq. 16.1 and Fig. 16.4, how- 
ever, in that  Eq. 16.1 predicts a progressive decrease in the percent saving as 
the condensing temperature increases a t  a given evaporating temperature, which 
is in contrast to the increases shown in Fig. 16.4. The reason for the difference 
is that the influence of compression efficiency appears in Fig. 16.4 in addition 
to  the cycle efficiency. At a constant evaporating temperature, a reduction in 
condensing temperature also increases the compression efficiency. 

A conclusion to carry away from this discussion is that the reduction in 
compressor power for a given refrigerating capacity, by increasing the evaporating 
temperature or decreasing the condensing temperature, is of the order of 2.5 to 
3.0% per 'C (1.5 t o  2.0% per OF). 

Several approaches to  elevating the evaporating temperatures and reduc- 
ing condensing temperatures are shown in Table 16.2. To operate the plant effi- 
ciently, the total power, not just the compressor power, must be minimized. The 
auxiliaries, such as the fans serving the condensers and air-cooling coils, require 
an amount of power that  is not negligible. Perhaps the power required by the 
auxiliaries constitutes 10-15% of the total full load power. However, when those 
auxiliaries continue to  draw a constant power while the compressor unloads, they 
may require 30% or more of the total power. The challenge is one of optimization, 
and shutting off or reducing the operating speed of some of these auxiliaries a t  
part load may save more power than the resulting increase in compressor power. 
The application of twespeed motors on the fans of evaporators and condensers 



TABLE 16.2 
Actions in the design and operation of refrigerstion plants to increase the evapo- 
rating temperature and decrease the condensing temperature. 

is discussed more thoroughly in Chap. 7. In both cases, a tradeoff exists between 
the power required by the fans and that of the compressors. 

The final point addressed under the subject of energy-efficient operation 
of the plant is the strategy of choosing the mix and loading of compressors to 
deliver the required refrigerating capacity with the minimum total compressor 
power. The compression efficiency of screw compressors drops off a t  part load, so 
it is advantageous to operate this type of compressor near its full load. The part- 
load efficiency of reciprocating compressors with cylinder unloading is quite high, 
so many plants combine the operation of screw and reciprocating compressors, 
allowing the screw type to  handle the base load and the reciprocating coinpressor 
to  provide the trimming of capacity. 

A comparison of total power requirements of a plant having two screw 
compressors, each with 700 kW (200 tons) refrigerating capacity, and one 350 kW 
(100 tons) reciprocating compressor operating in various combinations is shown 
in Fig. 16.5. In general, the screw compressor(s) should be operated as near as 
possible to full capacity or shut off completely. 

PART 
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11. HEAT 
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RECLAIM 

16.4 HEAT RECLAIM 

If a t  one position in the plant heat is being rejected and a t  another location heat is 
required, the possibility of transferring this heat is attractive. High-temperature 
vapor from the compressor enters the condenser to  be desuperheated and con- 
densed. Instead of rejecting heat to the atmosphere through the condenser, why 
not use the heat to supply a need? There are many situations in which heat 
recovery is economical, and many others in which it is not. The decision of how 
and even whether to use heat reclaim can be a tricky one that is based on relative 
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FIGURE 16.5 
Total power requirements of the mix of two 700kW (2OOton) screw compressors and one 
350kW (100ton) reciprocating compressor covering the full load range. 

fuel costs, how much of a capital investment is required, how much operating 
cost will be saved, and whether the timing of the availability and requirement 
for the heat is coincident. Another dimension complicating the implementation 
of heat reclaim is the temperature level-the temperature level of the rejected 
heat and the temperature level of the heating need. 

16.5 SOURCES AND POTENTIAL 
NEEDS OF HEAT 

Before attempting to integrate sources of heat with needs for heat, consider each 
category separately. Figure 16.6 shows a skeleton two-stage system and the po- 
tential sources of heat. The temperature levels of these various sources of heat 
are dependent on the design of the plant, its refrigerating load, the ambient 
conditions as they affect the condensing temperature, and the type of compres- 
sor. Some representative temperatures from the sources shown in Fig. 16.6 are 
presented in Table 16.3. 

The sources of heat and their temperature levels are dependent upon the 
type of compressor. For example, heat from cooling of the cylinder heads applies 
only to reciprocating compressors and heat from cooling the injected oil per- 
tains only to screw compressors. The  temperatures of oil and refrigerant leaving 
screw compressors, shown in Table 16.3, are representative of oil cooled by a 
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FIGURE 16.6 

: Heat rejection from a two-stage refrigeration system. 

thermosyphon or a liquid-cooled heat exchanger. When direct injection of refrig- 
erant is used to cool oil, the oil and refrigerant leave the compressor at lower 
temperatures than shown in Table 16.3-refrigerant leaving at 45OC (llO°F), for 
example. 
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TABLE 16.3 
Typical temperatures of the heat sources in a two-stage refrigeration plant. 

Next, consider the uses of heat that might be scavenged from the refrigera- 
tion plant. The needs for heat are dependent on the nature of the plant and are 
different for refrigerated warehouses, food distribution centers, and processing 
plants (dairies, meat and poultry processors, and chemical plants). Table 16.4 
lists some potential heating needs and the temperature ranges in which these 
needs might exist. 

16.6 MATCHING THE HEAT SOURCE 
WITH THE NEED 

Source temperature 

30-35OC (85-95OF) 

55-65OC (140-150°F) 

80-90°C (175-195OF) 

50-60°C (120-130°F) 

30-35OC (85-95OF) 

60-70°C (15@170°F) 

95-115OC (200-240°F) 

65-75OC (150-170°F) 

16-38OC (60-100°F) 

16-38OC (60-lW°F) 

Source 

LOW STAGE 

Water from head cooling 

Oil to be cooled 

Desuperheating refrigerant 

Desuperheating refrigerant 

HIGH STAGE 

Water from head cooling 

Oil to be cooled 

Desuperheating refrigerant 

Desuperheating refrigerant 

Condensing refrigerant 

Condensing refrigerant 

Numerous factors influence the possible matchup of heat sources, as listed in 
Table 16.3, with one or more of the needs in Table 16.4. These factors include: 
(1) the temperature level, (2) the magnitude of energy rate, and (3) the timing 
of availability and. needs (daily or seasonal). The unique combination of these 
factors for each plant encourages an individual analysis of each situation. 

There are some general conclusions that apply most of the time. One such 
conclusion, which pertains to  the heat sources from Table 5-3, is that the mag- 
nitude of heat flow available and/or its temperature usually eliminate from con- 
sideration the water from cooling of the heads of reciprocating compressors and 
the heat from oil cooling of screw compressors. The remaining sources are thus 
the refrigerant itself--either through desuperheating or condensation. Any heat 
supplied by means of desuperheating vapor from the low-stage compressor has a 
double benefit, since it displaces a heating cost but also reduces the refrigeration 
load on the high stage with the resultant reduction in compressor power.2 

Type of 
compressor 

reciprocating 

screw 

reciprocating 

screw 

reciprocating 

screw 

reciprocating 

screw 

reciprocating 

screw 



TABLE 16.4 
Some n u &  of heat and their temperatm levels. 

Heat exchanger - 
Sulnhcated refrigerant 
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Potential use 

Unddoor  heating of subfreezing spaces 

Defrost water when water d h t  is used 

Space heating in winter 

- do& 
- dry warehouses 

- offices and shops 

Reheat coils for humidity control 

Preheat tap water for washing equipment 

and for pro- purposes 
Preheating boiler feed water 

FIGURE 16.7 
Transferring refrigerant heat to air through an intvmediate fluid, such as water. 

Minimum rehigersnt 

t emperatm 

10-15°C (50-60°F) 
22-27°C (72-80°F) 

27-32'C (80-90°F) 
3248°C (90100°F) 
3843°C (100-llO°F) 
32-38OC (90100°F) 

4949°C (110-120°F) 
494g°C (110-120°F) 

Examination of the needs for heat in Table 16.4 shows the lowest tempera- 
ture requirement to be that of underfloor heating in frozen food storage facilities. 
The magnitude of this requirement is of the order of 6 W per m2 of floor area 
(2 Btu/hr per ft2), so it is usually a small magnitude but a t  a temperature level 
t b t  is easily achieved. 

The next higher levels of temperatures for space heating listed in Table 16.4 
have approximate target air temperatures of 16°C (60°F) for loading docks han- 
dling nonrefrigerated products, 18°C (65OF) for nonrefrigerated warehouses, and 
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FIGURE 16.8 
Typical temperatures and fractions of heat available from ammonia. The total rate rejected is 
1.2 to 1.3 times the refrigerating capacity. 
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24OC (75OF) for shops and offices. To respond to the typical squeeze of a low- 
temperature difference between the refrigerant providing the heat and the air to 
be heated, generous areas should be chosen for the heat exchangers. A further 
consideration is that the refrigerant lines are likely to be remote from the spaces 
to be heated, so an intermediate heat-transfer fluid, as shown in Fig.16.7, is often 
used. This intermediate fluid allows flexibility in transferring the heat to remote 
locations but introduces another temperature difference between the refrigerant 
heat supply and the space air. A backup source of heat may be advisable, partic- 
ularly for the offices and shops, in the event the rate of heat flow available from 
the refrigerant is inadequate. 

The next factor influencing the attractiveness of heat reclaim is the mag- 
nitude of heat flow-how much is needed and how much is available. Figure 16.8 
shows the fraction available from the desuperheating and condensing portions of 
heat rejection. The highest temperatures occur in the superheated refrigerant, 
but most of the heat is available from the condensation process. Figure 16.8 in- 
dicates that between 10 and 15% of the total heat rejection is available from the 
higher-temperature superheated refrigerant. The other quantity controlling the 
magnitude of available heat is the refrigeration rate, because the total rate of 
heat rejection is typically 1.2 to 1.3 times the existing refrigeration load. 

The third important factor affecting the attractiveness of heat reclaim is 
timing, both daily and seasonal. If the operation of the refrigeration plant and 
the needs for heating coincide well, as is true for the meat processing facility3 

whose daily profiles of source and need are shown in Fig. 16.9, then the situation 
may be favorable for heat reclaim. Further exploration would be required of the 
temperature levels and an analysis of investment costs and operating savings to 
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FIGURE 16.9 
Daily profiles of heat rejected from the refrigeration system and heat needed for processing in 
a meat plant. 
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FIGURE 16.10 
Preheating process water with superheated refrigerant. 

determine the economic viability of the project. 
In most situations the seasonal profiles are unfavorable. More energy for 

space heating is required during cold weather, for example, when the refrigeration 
load may be light. Meat and poultry processing plants and dairies often are only 
moderately sensitive to outdoor temperatures, however, so for such facilities the 
seasonal imbalance is not severe. 
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16.7 PREHEATING WATER 
WITH HEAT FROM BOTH 
DESUPERHEATING AND 
CONDENSATION 

A potentially attractive opportunity for heat recovery is that of preheating wa- 
ter used for boiler makeup, washing, and other process purposes, as shown in 
Fig. 16.10. The operation is self-regulating in that the incoming water extracts 
whatever heat it can from the refrigerant, and the balance of heat is provided 
by a boiler or whatever other type of water heater is available. The outlet water 
temperature from a given heat-reclaim heat exchanger is a function of a number 
of variables. It depends on the inlet temperature, the condensing temperature, 
and the flow rate of refrigerant as well as the inlet temperature and flow rate of 
water. 

Figure 16.11 shows temperature profiles through the heat exchanger and 
the influence of some variables on these profiles. Superheated ammonia enters 
the heat exchanger a t  a temperature of 90°C (194OF). The inlet temperature 
of the water is 10°C (50°F), and the right terminus of the profile is the outlet 
water temperature. The breaks in the curves mark the location where desuper- 
heating of the refrigerant has been completed and condensation is beginning. 
The highest outlet water temperature of 22OC (71.6OF) occurs with the 35'C 
(95'F) condensing temperature and the high refrigerant flow rate of 0.8 kg/s 
(106 lb/min). This ammonia flow rate roughly corresponds to a plant with a 
refrigerating capacity of 900 kW (250 tons). The water temperature is brought 
from its entering temperature of 10°C (50°F) to a temperature of 17'C (62.6'F) 
by condensation of refrigerant, and the remaining elevation of the water temper- 
ature to 22'C (71.6OF) is accomplished by the superheated ammonia in 16.4% 
of the heat exchanger area. 

Figure 16.11 also shows the water-temperature profile for a low ammonia 
flow rate, namely 0.4 kg/s (53 lb/min). The profiles have similar shapes in the 
condensing portion of the heat exchanger for all flow rates, so long as condensing 
continues. With a low flow rate the superheated refrigerant is cooled to the 
condensing temperature in a small fraction of the heat exchanger (8% in this 
case). 

The heat-reclaim heat exchanger has a lower potential for heat recovery 
a t  reduced condensing temperatures, as Fig. 16.11 shows. Despite the fact that 
the temperature of the entering superheated refrigerant is the same for all cases 
shown in the figure, the capability of preheating the water is reduced when the 
condensing temperature drops. 

Figure 16.11 shows that the rate of heat transferred from the refrigerant 
to the water is influenced by a number of factors, even though the water flow 
rate and the temperature of entering refrigerant are constant. The combined 
effect of all these variables makes it difficult for a manufacturer of these heat 
exchangers to present catalog information in a simple form. For this reason, 
some manufacturers have programmed the performance of their products on a 
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condensing temperatures and flow rates of ammonia. 

computer so that the potential customer can request capacity information for 
various combinations of conditions. 

16.8 THE INFLUENCE OF THE HEAT 
EXCHANGER AND ITS DESIGN ON 
THE PERFORMANCE OF THE SYSTEM 

Several different configurations of heat-reclaim heat exchangers are used in prac- 
tice, depending upon the requirements. A conventional shell-and-tube heat ex- 
changer, as shown in Fig. 16.12a, is often used in situations where the tempera- 
ture of the fluid being heated does not need to  be brought up to a high value, for 
example, glycol for underfloor heating. When the temperature of the outlet fluid 
must be increased as much as possible, it is desirable to place the superheated 
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FIGURE 16.12 
(a) Shell-and-tube, and (b) tube-in-tube heat exchangers. 

refrigerant opposite ' the leaving fluid. One of the heat-exchanger designs that 
accomplishes this is the counterflow tube-in-tube heat exchanger, Fig. 16.12b. 

Some codes prohibit heating potable watet in heat exchangers such as those 
in Fig. 16.12, because if a leak should develop in the metal between the refrigerant 
and water, the water would be contaminated. To meet this problem, special 
double-wall vented heat exchangers are used, as illustrated in Fig. 16.13. The 
objective of the double-wall vented heat exchanger is to  permit a leak of either 
refrigerant or water to  pass into the intermediate space. Good thermal contact 
must be provided between the inner surface of the middle tube and the- outer 
surface of the inner tube, a condition satisfied by constructing the vented space 
as a helical passageway, as in Fig. 16.13. 
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FIGURE 16.13 
A double-wall vented heated exchanger. 

16.9 ELEVATING THE CONDENSING 
TEMPERATURE TO RECOVER HEAT 

When the temperatures of the superheated and condensing refrigerant are lower 
than needed for the heating requirement, the proposal is sometimes made to ar- 
tificially elevate the condensing temperature. Two of the possible arrangements 
of equipment for elevating the condensing temperature of the refrigerant are 
shown in Fig. 16.14. In Fig. 16.14a, the refrigerant from the compressor passes 
first through the heat-reclaim heat exchanger before flowing to the condenser. A 
temperature control of the outlet process water regulates the capacity of the con- 
denser, perhaps by cycling the fan(s) on the condenser. Another concept, shown 
in Fig. 16.14b, is to  provide an auxiliary compressor that further compresses a 
portion of the discharge gas to serve the heat-reclaim heat exchanger. The con- 
cept in Fig. 16.14a entails lower first cost but is more costly to operate than 
the concept in Fig. 16.14b. In Fig. 16.14a, even the refrigerant not used in the 
heat-reclaim heat exchanger must be pumped to the high condensing pressure. 

For the proposal of elevating the condensing temperature to  be viable, the 
cost of electricity to  drive the compressor must be less than the cost of fuel 
used for direct heating. As Fig. 16.15 shows, the cost of recovered heat when 
using an auxiliary compressor, as in Fig:16.14b, is a function of the saturation 
temperature of the compressed refrigerant as well as the power cost. On the other 
hand, when the heat is supplied from a boiler, the target temperature of the heat 
supplied has little influence on the cost, a t  least in this range of temperatures. 
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FIGURE 16.14 
Elevating the condensing temperature to meet heating requirements with (a) the heat-reclaim 
heat exchanger in series with the condenser, and (b) an auxiliary compressor pumping only 
the vapor flow rate needed for heat recovery. 
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FIGURE 16.15 
Cost of reclaiming heat by elevating the condensing temperature of ammonia from 2S°C (??OF) 
in order to achieve a useful temperature level. (Based on the following efEciencies: compression, 
75%; motor, 90%; and combustion, 80%). 

The cost of reclaimed heat in Fig. 16.15 is based on pumping ammonia 
vapor from a condensing temperature of 25OC (77OF). If the condensing tem- 
perature is lower, the cost will be higher than that shown. If the condensing 
temperature of the entire flow rate of refrigerant is elevated, as in Fig. 16.14a, 
the cost shown in Fig. 16.15 should be multiplied by 1/F, where F = fraction 
of total heat rejection that is reclaimed. 

16.10 EVALUATING A POTENTIAL 
HEAT-RECLAIM PROJECT 

Part I1 of this chapter on heat reclaim pointed out some of the considerations 
affecting the decision of whether or not to apply heat reclaim. Even though a 
superficial observation may suggest that free heat is available, the timing of the 
availability of this heat and that of the need must match, and the temperature 
levels must be compatible. 

Virtually each situation is unique and must be analyzed individually. Some 
steps in the analysis include: (1) constructing plots of the daily profiles of mag- 
nitudes of individual sources and needs for heat, (2) for those sources and needs 
where the timing coincides, determining whether the temperature of the source(s) 
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FIGURE 16.16 
Typical refrigeration load variations during a day. - 

sufficiently exceeds the temperature level required by the need(s), and (3) for the 
surviving candidates analyzing the performance and the costs (investment cost, 
refrigerant pressure-drop penalty, etc.) and comparing the cost to the heating 
energy savings. 

PART 111. THERMAL STORAGE 

16.11 LEVELING THE 
REFRIGERATION LOAD 

I t  is a rare plant operation where the demand for refrigeration is constant 
throughout the entire daily cycle. Instead, as shown in Fig. 16.16, there is a 
variation in load with peaks and valleys. If there is no refrigeration storage, the 
plant must have the refrigerating capacity to meet the peak demand, and then it 
operates a t  reduced capacity the remainder of .the day. To even out these peaks 
and valleys, thermal storage may be applied in such a way that  the refrigeration 
plant operates a t  constant capacity throughout the entire day. In this way, the 
excess refrigeration capacity represented by A and C in Fig. 16.16 is stored and 
shifted to the time of high demand to help meet the requirements of period B. 
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FIGURE 16.17 
Two thermal storage concepts using ice: (a) the ice builder, and (b) the ice harvester. 



Because electrical demand charges are a dominant component of the electricity 
expense, another strategy of operation is to  run the refrigeration plant at  high 
capacity during periods of low demand charge and reduce the refrigeration rate 
during periods of high demand charge. 

Several concepts of thermal storage are shown schematically in Figs. 16.17 
and 16.18. The two prominent thermal storage devices that use ice are shown in 
Fig. 16.17-the ice builder and ice harvester. 

The ice builder of Fig. 16.17a consists of a tank of water in which tubes 
carrying evaporating refrigerant or cold brine are immersed. During the freezing 
phase, the tubes are cold enough that  liquid water in the tank freezes on the 
outside surface of the tubes. This freezing usually takes place when the flow rate 
of water and/or its return temperature are low. The ice typically builds up to 
thicknesses of 50 or 60 m m  (2 t o  2-112 in) using evaporating temperatures that 
may range between -10 and -3OC (14 to  27OF). During periods of high refrig- 
erating load, the return water temperature and/or its flow rate are so high that 
ice melts from the tubes and in so doing provides some or all of the refrigerating 
capacity, depending on how much capacity is supplemented by the refrigeration 
plant. The temperature of supply water leaving the ice builder during the thaw- 
ing phase is typically from 1 to  3OC (34 to  37OF), depending on the heat load 
on the chilled water. 

The ice harvester4 concept, shown in Fig. 16.17b, achieves thermal storage 
by operating what is essentially an ice maker. A layer of ice 3 t o  10 m m  (118 to  
318 in) thick freezes on cold plates in which evaporator tubes are imbedded. To 
harvest the ice, refrigeration in the plates is interrupted and hot gas is supplied 
t o  the coils to  melt a thin layer of ice a t  the metal surface, permitting the ice to 
slide t o  the bin below. The return water flows down the cold tubes and during 
heavy heat load melts the ice in the bin t o  recover the stored refrigeration. When 
the flow rate and/or the temperature of the return water are high, no freezing 
of ice occurs and the water is chilled by the evaporator tubes. A recirculating 
stream of water is available when ice is to  be accumulated and there is little or 
no flow of return water. 

In a refrigerated warehouse storing frozen food, shown schematically in 
Fig. 16.18a1 the reduction in temperature of a room full of products by even 
one degree represents a sizeable energy quantity. Thermal storage can be accom- 
plished by dropping the temperature of the space and products during periods 
of low electrical demand charge and allowing the temperature to  climb t o  the 
original level during periods of high demand charge. The products themselves 
thus become the medium for thermal storage. Daily changes of a degree or two 
in the temperature of a product wrapped in vapor-impermeable film seem to 
cause no noticeable deterioration in quality5. The practice is not recommended 
for fish and ice cream, and the level of temperature during the fluctuations must 
remain below the level a t  which the quality of food degenerates. Varying storage 
temperatures seems t o  be more applicable for short-term storage of frozen food 
such as occurs in grocery distribution centers than i t  is in long-term storage that 
might occur in many refrigerated warehouses. 
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FIGURE 16.18 
T h a d  storage through {a) the daily variation of temperature of stored products, and (b) eu- 
tectic plates. 

To provide thermal storage a t  temperatures other than the freezing point 
of water, eutectics may be applied. A traditional use of eutectics has been in 
truck refrigeration6, as shown in Fig. 16.18b, where the roof and/or walls of the 
inside of the truck are lined with thin packs containing eutectic material. This 
material is chosen to  freeze and melt at  a temperature of perhaps -18OC (O°F). 
After deliveries have been made and the truck has returned to  the depot, the 
eutectic material is frozen by supplying the evaporator tubes in the plates with 
low-temperature refrigerant. During delivery of the load of products, the melting 
of the eutectic material provides the refrigeration. 
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FIGURE 16.19 
The heat removed to freeze the thin layer of ice flows by conduction through the ice to the 
tube and then to the evaporating refrigerant. 

16.12 THE ICE BUILDER IN ITS 
FREEZING PHASE. 

We return now to the popular ice builder shown in Fig. 16.17a. Achieving the 
required magnitude of thermal storage in the specified time to  meet the antici- 
pated refrigeration load constitutes a delicate balance of choices. The  magnitude 
of thermal storage is proportional to  the mass of ice frozen and is therefore deter- 
mined by the tube diameter, ice thickness, and length of tubes in the ice builder. 
To freeze this quantity of ice in the specified time requires certain combinations 
of evaporating temperatures and refrigerating capacity. Then, during the meltoff 
phase, the design of the ice builder, the flow rate of water, and the temperature 
of the return water all influence the rate of melting. A further complication in 
predicting the rate of melting is tha t  it is possible and sometimes efficient to 
continue operation of the refrigeration plant during part or all of the meltoff 
phase. 

The complications in predicting the operation of an ice builder make it 
advisable to  consult the manufacturer, especially since manufacturers now have 
accumulated design and field data.  One of the predictions that  can be made 
analytically that compares quite well with field performance is the rate of ice 
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FIGURE 16.20 
Rates of ice buildup and profiles of evaporating temperatures for an ice builder in one csse 
served by a dedicated compressor and in the other by a constant evaporating temperature of 
-13.Z°C (8.2'F). 

buildup7. This calculation is a numerical integration performed on a computer 
and would not be a computation every designer or purchaser could justify mak- 
ing. Our purpose will be to show the rates of ice buildup, both using a dedicated 
compressor and a constant evaporating temperature. Knowledge of these trends 
can aid in selecting an appropriate ice builder. 

The mathematical model for predicting the rate of ice buildup is illus- 
trated in Fig. 16.19 and is basically a procedure of calculating the increase in ice 
thickness, Ar, during a short time increment. The temperature of the interface 
between water and ice is assumed to be O°C (32OF). The rate of heat removal 
from the ice must match the rate conducted through the ice and also match the 
rate of heat removal by the evaporating refrigerant. After calculating one time 
increment, the radius of the ice cylinder ri,, has increased, and the new value of 
ri,, applies to the calculation in the next time increment. 

The model can be used to compare the performance of an ice builder served 
by a dedicated compressor with an ice builder connected to  a large refrigeration 
system in which the evaporating temperature remains essentially constant. Fig- 
ure 16.20 depicts the growth of the ice thickness and the profile of the evaporating 
temperature during the 11-hour buildup phase. The final thickness of ice is 63.5 



mm (2.5 in). The compressor is a 4cylinder unit and the condensing tempera- 
ture is 30°C (86OF). The tubes in the ice builder have an outside diameter of 
31.26 mm (1.23 in) and are a total of 900 m (2,950 ft) long. To build up 63.5 
mm (2.5 in) in 11 hours would require a constant evaporating temperature of 
-13.2OC (8.2OF). Several observations can be made from Fig. 16.20. The rate of 
ice buildup is rapid at first and then drops off as the thickness increases. The 
major thermal resistance in the heat-transfer process is in the ice. 

One of the tradeoffs in designing the thermal storage system is whether to 
operate for more hours with an ice builder with shorter tube length or to buy 
a larger ice builder and obtain the desired total mass of ice with a smaller final 
ice thickness. The dedicated compressor required several percent less compessor 
energy during the buildup phase, namely 390.2 k w h  vs. 395.9 k w h  for the con- 
stant temperature operation. The reason is that the dedicated compressor freezes 
a large portion of the ice in the early stages at a high evaporating temperature. 
The freezing rate decreases as the ice becomes thick, because of the high thermal 
resistance of the ice. 

While the dedicated compressor is slightly more efficient than the oper- 
ation at  constant evaporating temperature, the improvement is normally not 
enough to justify providing a dedicated compressor when refrigeration capacity 
is available from a central plant at an appropriate evaporating temperature. The 
designer would start with the available evaporating temperature and work with 
the manufacturer of the ice builder to achieve the desired magnitude of thermal 
storage in a length of time that fits the load profiles of the plant. 

16.13 SAVINGS IN ENERGY COSTS 
TRANSLATABLE TO PROFITS 

An industrial refrigeration plant requires energy to operate, but it is the mag- 
nitude of that cost that deserves the attention of the designer, manager, and 
operator of the facility. When the plant is operating on a low profit margin, as 
is the usual case, a given percentage saving in energy may amplify to several 
times that percentage improvement in profits. Two requirements for an effective 
energy program in the plant are: (1) knowledge of the methods of conserving en- 
ergy, and (2) diligepce in implementing these measures. In the case of electrical 
energy, the demand charge may constitute one-fourth to one-third of the total 
bill. For this reason, creative ways of shifting the time of energy consumption 
will also pay dividends. 
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CHAPTER 

THE 
REFRIGERATION 
AND FREEZING 

OF FOOD 

17.1 WHAT THE REFRIGERATION 
ENGINEER NEEDS TO KNOW 

The refrigeration and freezing of food are probably the largest applications of 
industrial refrigeration. The field of food processing starts a t  the point of harvest 
and extends to its consumption, embracing such operations as transportation, 
processing, sanitation, and packaging, as well as refrigeration. A wide range of 
specialists contribute to the effective processing of foods, and while additional 
knowledge is always helpful, the refrigeration technologist may not have depth 
in such fields as the microbiology of foods, which is the strength of food technol- 
ogists and scientists. 

Maintaining certain conditions is a fundamental responsibility of the refrig- 
eration engineer, and the conditions over which he or she may have some control 
are: (1) temperature of the air or other fluid surrounding the product, (2) the rel- 
ative humidity of air, particularly for the refrigeration of unfrozen foods, (3) the 
air velocity, and perhaps (4) the chemical environment, such as a COz a t m e  
sphere. The refrigeration engineer should know what conditions are optimum for 
food products and should be skilled in maintaining these conditions, Another 
important capability is how to compute the refrigeration load contributed by 



the product-an activity that  leads naturally to  the load calculations studied in 
the next chapter. 

Knowledge of desirable storage conditions (especially temperature and rel- 
ative humidity of air in the storage space) is fundamental information, and it 
is also quite extensive. I t  is more practical to point out where this information 
can be readily obtained than t o  try to  reproduce the entire body of information, 
which would extend over a hundred pages. 

A widely used source of basic data  is the ASHRAE Handbook-Refrigeration 
Systems and Applications1, hereafter referred to  as the ASHRAE Refrigeration 
Handbook. This reference is readily available to  most practitioners in the field. 
The specifications of storage conditions provided in this chapter are examples 
and excerpts from the complete tables. An indication of the extent of data  avail- 
able in the ASHRAE Refngeration Handbook is that there are separate chapters 
devoted to  commercial freezing methods, microbiology of foods, methods of pre- 
cooling fruits and vegetables, meat products, poultry products, fishery products, 
dairy products, deciduous tree and vine fruits, citrus fruits, vegetables, fruit juice 
concentrates, precooled and prepared foods, bakery products, candies, meats, 
beverages, and egg and egg products. 

This chapter first addresses the required storage conditions of unfrozen 
food products, especially the temperature and relative humidity, and points to  
sources of such information. This section is followed by a presentation of rec- 
ommendations on how to  predict cooling rates. The chapter then moves to  the 
freezing process and the equipment used for commercial freezing. Next are guide- 
lines for predicting freezing rates of products, and finally freezing with cryogenic 
materials is described. 

17.2 STORAGE TEMPERATURES 
RECOMMENDED FOR UNFROZEN 
FRUITS AND VEGETABLES 

The optimum storage temperature of the product being stored is fundamental 
information to  the refrigeration engineer. A recommended source is the ASHRAE 
Refngeration Handbook, which provides information on a variety of fruits and 
vegetables, a sample of which is shown in Table 17.1. The selection of prod- 
ucts shown in Table 17.1 indicates that each product has a unique ideal storage 
temperature. Also shown in such tables are the approximate storage life. 

In addition to  the key data on storage temperatures, humidities, and stor- 
age life, as shown in Table 17.1, the ASHRAE Refrigeration Handbook also 
presents one or more paragraphs of individual recommendations for each of a 
number of fruits and vegetables, such as the samples shown below. The orig- 
inal source for most of this information is a U.S. Department of Agriculture 
publication2. 

Green peas, O°C (32OF) and 95-to-98%rh. 
Green peas lose part of their sugar rapidly if they are not refrigerated 
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TABLE 17.1 
Recommended storage conditions for some fruits and vegetables1. 

Apples 

Peaches -0.5 to 0 (31 to 32) 

Peclrs 

Strawberries -0.5 to 0 (31 to 32) 5-7 days 

Commodity 

7-10 days 

10-14 days 

2-3 weeks 

1-3 weeks 

4-5 months 

10-12 month! 

4-7 days 

Fruits 

Storage temp 

erature, OC (OF) 
Relative 

humidity, 

percent 

Beans, green 
Broccoli 

Lettuce, head 

Peas, green 

Potatoes, early 

Seed, vegetable 

Tomatoes, ripe 

promptly after harvest. They should keep in salable condition one or two 
weeks at O°C (32OF). Top icing is beneficial in maintaining freshness. Peas 
keep better unshelled than shelled. 

Apricots,  0 to 1°C (32 to  34OF) and 90-to-95%rh. 
Apricots are not stored for a prolonged time but may be held for two 

or three weeks if they are picked a t  a maturity firm enough that they will 
not bruise. Unfortunately, this maturity does not yield a good dessert-quality 
fruit. Care must be used in sizing and packing the fruit going into storage, as 
small surface bruises can become infected with disease-producing organisms. 

Approximate 

storage life 

A general observation fromTable 17.1 is that the optimum temperature and 
humidity vary from one commodity to  another, so the refrigeration plant serving 
facilities that store a variety of products throughout the year must be flexible. 
Also, the optimum storage temperatures for several of the fruits listed in the 
table are below O°C (32OF), which requires rather precise control, because if the 
temperature of the product drops several degrees below the target temperature, 
the product could freeze. 

Bananas are an important product that require environments different from 
most other fruits. Bananas must be green when shipped to  market so that they 
will not soften or sustain injury during handling2. Basically, green bananas are 
held a t  13OC (55OF), while temperatures below 12OC (54OF) are to be avoided. 
When the bananas are to be ripened, the temperature is brought up t o  about 

" 

4 to 7 (40 to 45) 

0 (32) 
0 to 1 ( 32 to 34) 

0 (32) 
3 to 4 (37 to 39) 

0 to 10 (32 to 50) 

7 to 10 (45 to 50) 

90-95 

95-100 

95-100 

95-98 

90-95 

50-65 

90-95 



lB°C (64OF), held for several days, and then brought back to  13'C (55OF) for 
any continuation of storage. During ripening the relative humidity should be 
between 90 and 95%. 

17.3. RELATIVE HUMIDITY 

For the storage of unfrozen fruits and vegetables, the relative humidity is the sec- 
ond most important condition the refrigeration engineer must maintain. Rapid 
degradation of the product can occur if the relative humidity is appreciably 
different from the recommended value. Table 17.1 presents desired relative hu- 
midities for the several example products. If the relative humidity is too low, 
most fruits, vegetables, and cut flowers will suffer wilting or shriveling, as well 
as a loss of weight. Also, the vitamin C content of green vegetables decreases 
more readily when the product is stored at  conditions that result in wilting. 
At a given relative humidity, the dehydration process is more rapid at  higher 
storage temperatures compared to lower ones-. The reason is that the driving 
force for moisture removal is the difference in water vapor pressure between the 
liquid water in the product and that of the air. When, for example, the product 
,and surrounding air are both at  a temperature of 2OC (35.6OF) and the relative 
humidity of the air at 90%, the driving force is [705.5 - 0.9(705.5)] = 70.6 Pa 
(0.010 psi). These vapor pressures are found from pressure-temperature tables of 
water. If the product and air are at  a temperature of B°C (46.4OF), the driving 
force is [1,072 - 0.9(1,072)] = 107.2 Pa (0.0155 psi). This calculation assumes 
that the water in the product is pure; actually it is in solution and therefore 
exerts slightly lower water vapor pressures. 

Desirable relative humidities for most fruits and vegetables are in the 90- 
95% range. The higher bracket of this humidity range is preferable for some 
fruits, such as apples, pears, and berries. Some vegetables that are preserved 
better with high humidity, even approaching loo%, are leafy vegetables, such as 
lettuce, cabbage, and celery, as well as sweet corn, radishes, melons, and many 
others. Some vegetables require humidities lower than the 85-95% range, such 
as dried onions, beans, squash, and pumpkins. 

Another application where high humiditjes are not permitted is in meat- 
cutting rooms. The problem to be avoided is water vapor from the moist air 
in the room condensing on cool structural members and then dripping on the 
product3. 

Based on their research, fruit and vegetable specialists recommend high 
relative humidities for certain products. There is a strong suspicion that many 
storage facilities are operating a t  lower humidities than optimum, because the 
system is not properly designed and operated. Table 17.2 summarizes recom- 
mendations for the selection and operation of evaporators when either high or 
low relative humidities are desired. 



TABLE 17.2 
Strategies for achieving high or low relative humidities. 

Objective I Coil selection and operation ( Extreme measure 

High humidity I Large coil area and small I Moisten floors or 

I I difference in temperature 1 operate humidifier I 
I between air and refrigerant I 

Low humidity ( Small coil area and large 1 Add sensible heat 

I I difference in temperature / I 
1 1 betwem air and refrigerant I 

17.4 COOLING RATES WITH FORCED 
AIR COOLING 

The period of time that unfrozen fruits and vegetables remain in storage is 
usually short compared to that for frozen foods. The short storage period is as 
sociated with frequent transfers of product in and out of the refrigerated space. 
Ideally, the temperature of the incoming product will be the same as the recom- 
mended storage temperature. Rarely is this the case, so the initial treatment of 
the incoming product is to  drop its temperature. Most storage rooms designed . 

for holding product have neither the refrigeration capacity nor the intensity of air 
movement for rapid removal of field heat2. Instead, rapid precooling, as will be 
explained in this and the next several sections, is the first step in good temper- 
ature management, Delays at  high temperature between harvest and precooling 
cause deterioration of the product. 

An examination of the cooling process identifies variables over which the 
refrigeration system has some control and those over which it has no control. The 
critical location in the product is its center, because if the temperature there can 
be brought down to  the recommended level, the remainder of the product will 
be a t  a low enough temperature. Basically, air temperature, air velocity over the 
product, and the interior dimensions and thermal characteristics of the product 
are the variables that determine the rate of cooling when using forced-air cooling. 
The temperature and velocity of the air are affected by the refrigeration system, 
and the interior characteristics of the product are outside the control of the plant 
operator. 

Plant operators frequently want to  calculate the cooling rate for a particular 
product to ensure the recommended temperature is achieved in a specified time. 
A number of technical papers have been written on this subject, but the process is 
so complex there may never be practical means for accurate predictions. Instead, 
a combination of analytical and experimental results for the specific product and 
package configuration may be the most practical approach. The plant operator 
is able to measure the air temperature and hopefully control its value. The 
operator also may be able to  increase or deciease the air velocity, but he or 



FIGURE 17.1 
Cooliag rate m e .  

she might be hard-pressed to predict convection coefficients of the air over the 
surface of the product because of the complex geometry. With respect to the 
interior characteristics of the food product, these are functions of the thermal 
conductivity, specific heat, density, and shape of the product, as well as the 
manner in which the individual units are packed. 

The complexity of the prediction may suggest throwing up one's hands 
and only measuring a few actual center temperatures of the product in the 
refrigerated storage room to acquire data for future operations. There could, 
however, be several benefits of examining idealized cooling. An example of a 
classical idealized cooling chart is the Gurney-Lurie graph4, as shown in Fig. 17.1, 
which is applicable to spheres of homogeneous composition. The various factors 
affecting the calculation are incorporated into dimensionless groups Y, F, and 
M : 
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where: 
t, = center temperature a t  time T ,  OC (OF) 

t,ir = air temperature, OC (OF) 
ti = initial center temperature, OC (OF) 
k = thermal conductivity, W1m.K (Btu/hr.ft.OF) 
T = time from start of cooldown, seconds 
p = density of product, kg/m3 (Ib/ft3) 

cp = specific heat of product, kJ1kg.K (Btu/lb.OF) 
r = radius of sphere that idealizes the shape of the 

product, m (ft) 
cr = thermal diffusivity = k/pcp, m2/s (ft2/hr) 

he = convection coefficient, air to surface of the 
product, W/m2.K (Btu/hr.ft2.0F) 

The shape of most food products is not precisely spherical, the convection 
coefficient, h e ,  is not uniform over the entire sphere, and since the food product 
is probably not homogeneous, the internal properties, k ,  p, and cp are difficult 
to  determine. Figure 17.1 provides some useful insight, however, independently 
as well as in conjunction with a limited number of field measurements. 

First consider the convection coefficient h,. Doubling h,  reduces M by one 
half, which in turn changes F and the cooling time by a factor of about 0.6, 
regardless of the other conditions. An increase in he increases the cooling rate, 
but a cost penalty also results. Practically the only way to  increase he is to 
increase the air velocity, which entails additional fan power. In fact, to double 
h,  the air velocity and flow rate must be increased by a factor of 21.2'01.4 . Si nce 
the fan power varies by a ratio of the flow rate cubed, doubling he may require 
the power to  increase by a factor of 23.6t04.2, as shown in Fig. 17.2. Increases in 
air flow rate should be made judiciously. 

Another variable that has considerable influence on the cooling rate is the 
radius of the product. What, for example, is the effect on the cooling time by 
reducing the radius of the product, r ,  by one half? Call the F value in Fig. 17.1 
Fmig for the original radius, rorig. Thus, Forig = ~ t T o r , ~ / ( r ~ ~ ~ ~ ) ~ .  If the radius is 
reduced by one half to rOrig/2, M doubles, which according to Fig. 17.1 results 
in a new abscissa value Fnew = FOrig/0.6. Therefore: 

o r i g  Tnew = - (4)(0.6) - - 0.42T0rig 

The above equations show an appreciable reduction in cooling time. The question 
is how to achieve something equivalent to  this reduction in radius in practical 
situations. For packaged products, instead of stacking the packages together, as 
in Fig. 17.3a, much more rapid cooling results when air spaces are provided a t  
as many surfaces as possible, as in Fig. 17.3b. 
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~elative air flow rate 

FIGUaE 17.2 
Muence of relatiw air flow rate on h,. coding time, and fan power. 

A final cooling characteristic that can be derived from Fig. 17.1 is how to 
translate information from one data point on the cooling rate curve to another. 
If the center temperature at a given time after the start of cooling is known, the 
time required to achieve a lower center temperature can be predicted. The basis 
is a property of the shape of the lines on the semi-logarithmic plot of Fig. 17.1, 
in that they are almost straight lines radiating from the ( Y = l ,  F=O) point. The 
lines are straight except for aslight curvature near the ( 1 , O )  point. Two points on 
any straight line emanating from ( 1 , O )  on a graph of these coordinates will show 
the same F2/Fl for a given Y2/Yl .  The implication of this property of the graph 
is that since a/r2 of a given product is constant, F2/F1 = T2/T1,  regardless of 
the value of M. 

A frequently used concept is the half-cooling time5, which is the time re- 
quired to drop the center temperature to midway between its original tempera- 
ture and the air temperature. The half-cooling-time is represented by the Y=0.5 
horizontal line in Fig. 17.1, since along this line t ,  - tat, = 0.5(ti - ta i , ) .  

Example 17.1. A thermocouple is inserted into the interior of a crate of green 
beans to determine that the half-cooling time in a refrigerated storage room is 
30 minutes. With the same product arrangement and same air flow rate and 
distribution, determine the time required to cool the center of the crate from 
22'C (71.6OF) to 4'C (39.2'F) when the air temperature is 2OC (35.6'F). 

Solution. The half-cooling time of the process where FI = 0.5 is 30 minutes. 
For the new situation, f i  = (4-2)/(22-2) = 0.1. Choosing any of the lines on 
Fig. 17.1, for instance M = 1, F Y = ~ . ~  = 0.4, and F ~ ~ o . 1  = 1.05, so the cooling 
time to drop the temperature to 4'C (39.2'F) is (30 min)(1.05/0.4) = 79 minutes. 
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Air spaces 

FIGURE 17.3 
Shortening the cooling time for packages by changing from (a) a compacted arrangement to 
(b) providing air spaces between the packsges. 

17.5 COOLING AND STORAGE OF 
UNFROZEN MEAT AND POULTRY 

Two dominant concerns occupy the operator of meat and poultry plants in the 
time interval from the receipt of the warm slaughtered product until it is pro- 
cessed and ready either for freezing or storage in the unfrozen state. Those con- 
cerns are: (1) proper chilling, including proper maintenance of temperatures and 
relative humidities, and (2) adhering to  rigid sanitary standards. Lack of atten- 
tion to either requirement can result in a product tha t  is of poor quality or. 
worse yet, unsafe. We continue to  emphasize'the refrigeration side of the op- 
eration, but the strictest sanitary conditions are mandatory for the building, 
equipment, workers, water supplies, wash-up facilities, and the disposal of waste 
material. 

Because of the differing sizes of the animals, the processes applicable to 
poultry are different from those for beef and pork. There are a variety of a p  
proaches to  cooling beef and pork, but  the basic procedure is to  first cool the 
carcass, then cut it into smaller parts that  are then enclosed in air-tight packages. 
These packages are then usually placed in boxes, perhaps for shipping and sale 
as unfrozen cuts or t o  be frozen. Beef carcasks are typically chilled overnight 
from the receiving temperature of about 40°C (104OF) t o  about 8OC (46OF). 
The carcasses then move to a holding chiller where the air temperature is about 
O°C (32OF) for cooling the beef down to  about 4OC (3g°F). Hog carcasses, on 
the other hand, are smaller than beef and usually can be chilled to  4OC (3g°F) 
overnight without the need for a holding chiller. Cutting and processing rooms 
are usually maintained at  about 10°C (50°F), which is a compromise between 
the lower temperatures desirable from the standpoint of preserving the product 
and the higher temperatures that  would be more comfortable for the workers. 



An alternative to cooling the entire carcass is the practice of cutting, deboning, 
and packaging the smaller pieces while the meat is still warm. These smaller cuts 
can generally be cooled overnight without the need for the holding chiller. 

The small size of birds relative to hog or beef carcasses permits a different 
strategy for cooling poultry compared to the larger animals. The regulation6 of 
the United States Department of Agriculture requires that birds weighing 1.8 kg 
(4 lb) or less must be cooled to 4.4OC (40°F) in 4 hours or less. Poultry weighing 
between 1.8 and 3.6 kg (4 and 8 lb) must be cooled to 4.4OC (40°F) within 6 
hours, and any products larger must be cooled within 8 hours. The most popular 
method of cooling poultry is by immersion in chilled water7 or slush ice. The 
facility using chilled water can be configured into a continuous process where the 
birds are pushed counterflow to water that enters the trough at a temperature 
of about 1 to 2'C (33.8 to 35.6OF). Because of the direct contact of the chilled 
water with the product and the reuse of a certain fraction of the water, guarding 
against microbial contamination must be pursued vigilantly. An advantage of 
direct immersion cooling is that dehydration of the poultry is minimized. It is 
even possible for the poultry to absorb water, but the extent of this absorption 
is limited by law. 

Returning to the cooling of beef and hog carcasses, the refrigeration plant 
operator attempts to cool the carcasses as rapidly as possible. At the same time, 
the operator must restrlct the amount of dehydration to perhaps 1% of the 
product weight. Loss of a kg or pound of water is the same as an equivalent 
loss of meat. The rate of cooling of a carcass varies with air temperature, air 
velocity, configuration of the cooling room, and the size of the carcass. Some 
typical cooling rates8 for beef are shown for two different carcass weights and 
several different air velocities in Figure 17.4. The data in Figure 17.4 apply to 
the deep leg temperature, which is a position very difficult to cool. The pattern 
of the straight lines on the semi-logarithmic plot resembles the classic Gurney- 
Lurie chart first shown in Figure 17.1, however, the dimensionless temperature 
ratio shown on the ordinate in Figure 17.4 is (tproduct - lair)/(l8nitial - talr). 

Along with the need to cool the carcass rapidly, a companion requirement 
is to limit the dehydration of the product. A frequent practice is to spray the 
carcasses with water once or twice during the cooling period. There are two 
beneficial purposes served by the water spray: inhibiting dehydration and aiding 
the cooling by the evaporation of the water. 

17.6 REMOVAL OF FIELD HEAT 
FROM FRUITS AND VEGETABLES BY 
HYDROCOOLING 

At harvest time an objective of the growers of fruits and vegetables is to re- 
move field heat and ship the product as rapidly as possible. The three principal 
methods of post-harvest refrigeration are: (1) air cooling, (2) hydrocooling, and 
(3) vacuum cooling. Air cooling is similar to that used for other products, such 
as meats, as described in Section 17.5. The hydrocooling process brings chilled 
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FIGURE 17.4 
Cooling charts for two different beef carcass sizes with several different air velocities8. 

water into direct contact with the product either by spraying the water on the 
product or by immersing the product in the water. Products to which hydrocool- 
ing is usually applied include peaches, plums, nectarines, cherries, sweet corn, 
celery, radishes, and carrots

Q

. 
The basic nature of the hydrocooling process has important implications for 

the refrigeration professional. A dominant fact is that rapid cooling is essential 
to preserve the quality of highly perishable fruits and vegetables. Slower cooling 
methods usually permit simpler and less costly facilities, but rapid cooling allows 
the shipper to cool and load the produce the day of the harvest. A comparison of 
the speed of cooling peaches by several different methods is shown in Fig. 17.5. 
Hydrocooling is generally able to  cool the product within an hour. 

What are the means available in the design and operation of the refrigera- 
tion plant to  achieve rapid cooling? Only one variable can influence the cooling 
rate, and this variable is the water temperature. In air cooling, for example, 
the velocity of the air over the product influences the convection coefficient and 
thus the rate of cooling. In the case of hydrocooling, the convection coefficient 
between the water and the surface of the product is so high that the surface 
temperature and water temperature are essentially equal. With a given surface 
and water temperature, the thermal and geometric characteristics of the product 
regulate the internal cooling rate. 

Addressing the one variable controllable by the refrigeration plant, both 
the entering and mean water temperature in contact with the product should be 
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FIGURE 17.5 
Comparative speed of cooling peaches by three different methods1° 

as low as possible. This means that a typical water chiller for air conditioning 
service operating with a 5OC (41°F) supply temperature and a 10°C (50°F) 
return temperature, for example, is not suitable for this assignment. Instead, a 
water chiller providing supply water a t  a temperature of 0.5OC (33OF) and a 1°C 
(34OF) return temperature is the target. A popular arrangement to  achieve this 
objective is shown in Fig. 17.6. 

From the standpoint of the refrigeration circuit, the water chiller shown in 
Fig. 17.6 is a flooded evaporator. A flooded evaporator is chosen in preference 
to  a direct-expansion type, because the refrigerant should be a t  a constant low 
temperature throughout the evaporator. There will be no water warm enough 
to  provide the superheat required by a superheat-controlled expansion valve to  
work properly. Since the water flows over the outside of the tubes instead of 
inside, there is no risk of bursting the tubes if some of the water freezes into ice. 
In fact, i t  is typical for a thin layer of ice to  form on the exterior surface of the  
coil so that  the water being chilled is in contact with a surface a t  O°C (32OF). 
Temperature control is provided by an evaporator pressure regulator (EPR) that  
is set to  provide an evaporating temperature several degrees below freezing. The 
thickness of the ice layer that  may build up is self controlling, because with a 
given evaporating temperature, the ice surface temperature increases with the 
thickness of the ice. When the surface temperature reaches O°C (32OF), the thick- 
ness of the ice layer remains constant. 
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FIGURE 17.6 
A chiller providing water temperatures approaching the freezing point to serve a hydrocooler. 

17.7 VACUUM COOLING 

Field heat can be removed from such leafy vegetables as lettuce, spinach, endive, 
parsley, and others using vacuum cooling. In vacuum cooling, the product is 
placed in an alr-tight chamber which is then evacuated. When the partial pres- 
sure of the water vapor in the chamber drops below the vapor pressure of the 
water on the surface and in the tissue of the product, the liquid evaporates to  
cool the product. Vacuum chambers vary in size -from small portable chambers 
that can accommodate one pallet to  large chambers that  can hold one or two 
truckloads. Moisture loss by the product during cooling may range from 0.5 to 
5% without detriment to the product, but moisture losses higher than about 5% 
of the product weight are likely to  result in some wilting. The  time required for 
commercial vacuum cooling units t o  reduce the product temperature t o  the 0 to 
1°C (32 to  34OF) range is about a half hour for lettuce t o  one or two hours for 
some other products. 

The  basic equipment for a vacuum cooling plant is a chamber and a vac- 
uum pump. The vacuum pump removes the mixture of air and water vapor that 
initially is nearly 100% air, but as the cycle proceeds the mixture becomes pri- 
marily water vapor. In order to  reach a saturation temperature of O°C (32OF) 
of the moisture on the product, the water vapor pressure in the chamber must 
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FIGURE 17.7 
!'acuurn cooling equipment combining refrigeration coils and a positive-displacement vacuum 
P U P .  

be reduced to 0.611 kPa (0.0886 psia or 0.18 inches of Hg), at  which condition 
the specific volume of the water vapor is 206 m3/kg (3,300 ft3/lb). From a com- 
parison of this specific volume with, for example, ammonia a t  -40°C (-40°F) 
that has a specific volume of 1.55 m3/kg (25 ft3/lb), it is obvious that the usual 
reciprocating and screw compressors used for refrigerants are not suitable for the 
vacuum pumping operation. 

Three concepts of vacuum cooling are: (1) steam jet vacuum pump, (2) 
centrifugal compressor vacuum pump, and (3) positive displacement rotary or 
reciprocating vacuum pump in combination with refrigerated coils. The sequence 
of processes in the cycle when the steam jet or centrifugal vacuum pump are used 
is: (1) the reduction of total pressure, which reduces the partial pressures of both 
the air and the original water vapor in the chamber, (2) when the partial pressure 
of the water vapor drops to the saturation pressure of the water on the product, 
this water begins to vaporize, and (3) the final stage during which the partial 
pressure of the water vapor in the chamber continues to drop. The progressive 
drop in water vapor pressure permits the product moisture to continue to evap- 
orate a t  progressively lower temperatures. The air in the chamber continues to 
be expelled, but the vaporization of water from the product continues to sup- 
ply water vapor to the mixture. The steam jet and centrifugal compressor have 
passed out of favor because of their high cost and inconvenience. 



Today, the most widely used concept for vacuum cooling is a system in 
which refrigeration coils are combined with a positive-displacement rotary or 
reciprocating pump, Fig. 17.7. If the temperature of the surface of the refrig- 
eration coils is below the dew point of the airlwater vapor mixture, which in 
turn is lower than the temperature of water on the product, water vaporizes off 
the product and then migrates t o  the cold refrigeration coils. In principle, the 
vacuum pump would not be needed a t  all, because if the coils were cold enough, 
the evaporative cooling process would take place even with the original mass of 
air present. Practically, however, the presence of air retards the rate of vapor 
migration from the product to  the refrigeration coils and also forms a barrier 
t o  heat transfer a t  the surface of the refrigeration coils. The  vacuum pump also 
removes some water vapor along with air, which assists the cooling process. 

17.8 REFRIGERATION OF 
UNFROZEN DAIRY PRODUCTS 

The  major unfrozen dairy products include milk, cream, butter, and cheese. 
The special refrigeration concerns for ice cream and other frozen products is 
addressed in Section 17.12. The field of dairy product processing is a major topic 
in its own right, and the several paragraphs in this section concentrate only on 
the refrigeration needs and special requirements affecting the refrigeration plant. 
For a milk plant, the following refrigeration facilities would be expected: 

Coolers for incoming milk and raw milk storage 
Heat exchangers to chill the milk following pasteurization 
Milk storage room 

Heat removal from blow-molding machine if plastic containers are manufac- 
tured in the plant 

Milk is cooled at  the farm t o  about 5OC (41°F) and should arrive a t  the 
dairy no more than 1 or 2 degrees higher than that  temperature. Because dairies 
normally cannot process the milk as rapidly as  it is received, they are usually 
equipped with tall, insulated cylindrical tanks (silos) that  are lined with stainless 
steel for storage of the raw milk. The  incoming raw milk might be cooled before 
flowing to the silos, and in this case it may not be necessary for the silos to 
be refrigerated. When a silo is refrigerated, it is equipped with heat exchanger 
plates served with brine or evaporating refrigerant. 

Another refrigeration requirement in a dairy is the final cooling of milk as 
it leaves the pasteurizer. Milk from the silo a t  4 to  5OC (39 to 41°F) first flows 
through one side of a regenerative heat exchanger, into the pasteurizer where 
the milk is heated to a t  least 72OC (162OF) for 15 seconds, and finally back 
through the other side of the regenerative heateexchanger. Leaving the regenera- 
tive heat exchanger, the temperature of pasteurized milk will be approximately 
32OC (90°F), and from this temperature the milk must be cooled with chilled 
water and possibly refrigerant. Chilled water is often called sweet water in a 
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dairy, which distinguishes it from antifreeze, which is usually propylene glycol. 
Because the demand of chilled water is high for a short period of time, an ice 
thermal storage unit (Sections 16.11 and 16.12) is a standard piece of equipment 
in a dairy. The chilled water should be capable of lowering the milk tempera- 
ture to about 4.5OC (40aF), and many dairies continue the cooling process t o  
about 1°C (34OF) using propylene glycol or refrigerant at a temperature of -2OC 
(28OF). Care must be exercised not t o  operate the refrigerated surfaces a t  so low 
a temperature that milk freezes on them. The refrigeration capacity associated 
with the milk-cooling process is the product of the mass rate of flow of milk, 
the drop in temperature, and the specific heat. The specific heat of milk is 3.75 
kJ1kg.K (0.90 Btu/lb.OF). The magnitude of the refrigeration load for cooling 
the milk leaving the pasteurizer is usually significant. 

A popular type of heat exchanger used in dairies for cooling milk and other 
products is the plaie and frame type. This heat exchanger consists of a series of 
vertical plates, spaced to provide channels for the flow of fluids. The channels 
for the flow of milk alternate with the channels for water or brine. The assembly 
of plates is bolted together so that it can be disassembled for cleaning after each 
production run. 

Following pasteurization, the milk is packaged, which may increase its tem- 
perature by 0.5OC (l°F) At this point, the milk containers are stored in a re- 
frigerated space before shipping. The packaged milk storage room is maintained 
between 0.6 and 4.5"C (33 and 40°F), and because of the low temperature of the 
entering milk, there is virtually no product load in this space. The refrigeration 
loads are those attributable to conduction through the enclosure, people, motors, 
and lights. 

When the dairy packages milk in plastic. bottles, these bottles are manu- 
factured in the plant with blow-molding machines. The plastic must be heated 
to achieve the molding process, and this heat escapes into the space and must 
be removed by air-conditioning coils. The sizes of blow-molding machines vary, 
but an air-conditioning load imposed by each blow molder may be 100 to 150 
kW (28 to 43 tons of refrigeration). 

Refrigeration is an integral part of the cheese-making process. Different 
types of cheese undergo different processes, but for practically all cheeses the 
product is heated and must ultimately be cooled to temperatures in the 7 to 
10°C (45 to 50°F) range. For example, after undergoing its chemical processes, 
mozzarella cheese" is at a temperature of 41aC (106OF). The cheese is then 
cooled by immersing molds containing the molten cheese in chilled water or 
brine. Further cooling takes place by floating the loaves of the semi-hardened 
product through chilled NaCl brine, a process that also introduces the required 
salt to the product. 
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FIGURE 17.8 
A sample of the variety of bakery products and processes, with those requiring refrigeration 
italicized. 

17.9 REFRIGERATION OF BAKERY 
PRODUCTS 

The variety of bakery products is extensive, and this number of items is multi- 
plied by the variety of processes applicable to  a given product. Many of these 
processes entail refrigeration at temperatures spanning the air-conditioning range 
t o  those air temperatures required to  freeze a product. A sample of products and 
processes encompassed in the bakery industry is shown in Figure 6.8 (the item 
or process is italicized if it involves refrigeration). 

Virtually all the products start  as dough resulting from the mixing of the 
ingredients and fluids. To indicate that  the temperature of the dough must be 
maintained a t  a temperature of about 27OC (80°F) may not sound demanding 
of a refrigeration system until it is realized that considerable heat is generated 
during the mixing process. In large commercial mixers, the paddles may be driven 
by a 50- to  100 kW motor, and all this heat must be removed. An even greater 
source of heat is attributable to  the heat of hydration as the flour absorbs the 
water. The dough in a commercial bakery consists of a large mass with only 
a small area for heat transfer. Commercial dough mixers are equipped with 
a jacket cooled by antifreeze or occasionally by evaporating refrigerant. The 
required temperature for the antifreeze may be as low as -20°C (-4OF). 

In conventional bread-making, the dough is baked and the bread from the 
oven is wrapped and air cooled, often requiring no refrigeration. To avoid paying 
overtime for labor, many establishments bake five days a week and freeze some 
of the product so that it can be sold seven days a week in the grocery store. 
The freezing process requires refrigeration, while the defrosting process needs 
low-humidity air a t  a temperature of 40 to  50°C (104 t o  122OF). The freezing 
temperature of bread is lower than vegetables, for example, because bakery prod- 
ucts have low moisture but high sugar contents. The freezing temperature may 
be between -15 to -lO°C (5 to  14OF). 

Another large sector in the bakery industry is the marketing of dough, 
either refrigerated unfrozen or frozen. The consumer is able to  buy unfrozen 



dough a t  the supermarket to be baked later in the home. Unfrozen dough is 
packaged, then cooled sufficiently to arrest the fermentation process. The dough 
is then stored in a refrigerated space a t  a temperature of 3 to 5OC (37 to 41°F). 
Dough may also be frozen, and this large activity is usually confined t o  the food 
service sector. A popular development in recent years has been the bakery section 
of supermarkets that receive the frozen dough and bake it for quick sale. Many 
restaurants and institutional food establishments buy frozen dough and bake it 
as needed. 

A fast-growing family of products, which includes pies, cakes, other pastries, 
waffles, and pizza, are the commodities that  are baked or fried and then frozen. 
The consumer then only warms the product in a conventional oven, microwave 
oven, or toaster. 

The applications of refrigeration in the bakery industry use evaporator coils 
that refrigerate air in the temperature range from comfort cooling down to the 
range needed to freeze products in tunnels or spiral freezers. In addition, refrig- 
eration plants may produce ice and chill antifreezes to subfreezing temperatures. 

17.10 THE FREEZING PROCESS 

The biochemical and physical processes that  occur during the freezing of food 
are complex, and the study of the freezing process can be a challenging career in 
itself. The refrigeration professional has many.other assignments but would be 
well served by knowing some basic facts about the freezing process. A few of the 
key facts12 applicable to food undergoing the freezing process are listed below: 

r Freezing of many foods considerably lengthens the storage life of the product. 
r Combining freezing with blanching, vacuum packing, or using additives will 

optimize the quality of certain frozen foods. 

Water is the major constituent of foods, comprising anywhere from 55% to 
95% of the total mass. 

r Formation of ice crystals as the water freezes is one of the major problems 
to be avoided. 

r The formation of ice crystals breaks down the texture of the food and can 
rupture cell walls and possibly release degenerative enzymes. 
One of the most effective means of reducing ice crystal formation is to plunge 
the product through the freezing temperature range as rapidly as possible. 

The amount of energy that must be removed during the freezing process is 
normally greater than that required either above or below the freezing point. 

r Foods do not freeze a t  a specific temperature, for example O°C (32OF), but 
begin freezing slightly lower than that temperature and complete the freezing 
process several degrees below the temperature at  the start of freezing. 

The storage life of most foods can be lengthened from days or weeks to  
months by freezing the product. The emergence of the popularity of frozen food 



occurred almost simultaneously with the elevation of the quality of food in its 
frozen state. The greatest single factor in improving the quality was to discover 
tha t  rapid freezing prevented the formation of ice crystals which resulted in 
inferior texture and taste when the food was thawed and cooked. 

Even though water is the major constituent of food, this water does not 
occur in a free state that  would freeze a t  O°C (32OF). Instead, the water is in 
solution and forms a type of antifreeze. Not until the temperature has dropped 
somewhat below O°C (32OF) does freezing begin. As the water freezes, it con- 
centrates the remaining solution, which reduces the freezing temperature of the 
remaining liquid. 

The undesirable formation of ice crystals occurs during slow freezing by 
allowing adequate time for water to  migrate to a nucleation center where ice is 
forming. Rapid freezing keeps these nucelation centers dispersed so that large 
crystals cannot form. 

17.11 FREEZING EQUIPMENT 

The most popular types of equipment for freezing food products include blast 
freezers, contact plate freezers, individually quick-frozen (IQF) conveyor freezers, 
spiral freezers, and cryogenic freezers (Section 17.15). 

One of the oldest and still widely used methods is blast freezing, wherein 
refrigerated air at  perhaps -30 t o  -40°C (-22 to -40°F) is forced at  high 
velocity over the product, as shown schematically in Fig. 17.9. The operation is 
a batch process in which pallets of product are'loaded into the blast freezing cell 
and the process continued until the food is frozen. Depending on the product, 
and particularly on the form of packaging, the freezing process may require from 
perhaps 12 to  72 hours. A crucial requirement is that air be allowed access to  
all surfaces of the product or package, a requirement that can be aided by the 
installation of spacers vertically and horizontally between the packages. 

A freezer that enjoys great popularity is the spiral freezer, as shown schemat- 
ically in Fig. 17.10. Unwrapped product or individually wrapped packages pass 
in a long spiral path on a continuous metal conveyor belt. A chamber houses 
the spiral portion of the conveyor, and refrigerated air circulates a t  high veloc- 
ity throughout the chamber. The spiral freezer arrangement permits a residence 
time of the product between one-half to  two hours as necessary for freezing, and 
the facility requires only a moderate amount of space. 

Another concept of freezing equipment is the plate freezer, as shown in 
Fig. 17.11. This freezer has a series of layers of packages held between multiple 
plates that are refrigerated by evaporating refrigerant. The plates are served by 
flexible refrigerant lines so that after the product is frozen, the plates may be 
lifted either manually or hydraulically so that  the product can be pushed out of 
the freezer onto a conveyor belt. The direct contact of the cold plate with the 
package results in rapid freezing, but the disadvantage of this equipment is the 
number of mechanical devices that  must be maintained. 
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FIGURE 17.9 
A b h t  freezer. 
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FIGURE 17.10 
A spiral freezer consisting of a conveyor belt with its enclosure. 

Still another approach to  commercial freezing is the IQF freezer (individ- 
ually quick-frozen) equipment, as shown in Fig. 17.12, in which refrigerated air 
blows upward through a moving mesh conveyor belt tha t  carries the product. 
The air velocity is sufficiently high so  that i t  levitates the product as the particles 
dance along the conveyor. The particles of the product are frozen individually 
and do not agglomerate. The residence time in the chamber is approximately 
several minutes. This IQF system is especially adaptable to  small-size particles, 
such as peas and corn kernels, but also works well for larger pieces such as chips 
and french fries. 
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FIGURE 17.11 
A plate-type freezer. 

17.12 STORAGE TEMPERATURES 
FOR FROZEN FOOD 

A broad statement, which must be qualified, is that the desirable temperature 
for the storage of frozen food is -23.3OC ( -100~) .  In the past, refrigerated 
warehouses in the United States were designed for and operated at a temperature 
of about -lB°C (O°F), while in Europe the typical storage temperature was 
-23.3OC (-lo0). From the standpoint of the product, the lower the temperature 
the better however, slightly higher operating costs may result. Practically all 
new U.S. warehouses are designed and built for operation at temperure of about 
-23.3OC (-10°F). Notable exceptions to this recommended storage temperature 
apply to ice cream and fish. 



FIGURE 17.12 
A fluidized-bed freezer for individually quick-frozen products. 

The recommended storage temperature for ice cream is -2g°C (-20°F) 
or below, thus lower than the temperature for most foods. Most of the water 
in ice cream is in a sugar solution, so the progressive freezing of water concen- 
trates the remaining solution, lowering its freezing temperature. Depending on 
the butterfat content, freezing of ice cream begins a t  about -2OC (28.4OF), and 
the temperature may need to drop to about -55OC (-67OF) to freeze all of 
the water. At the recommended storage temperature of -2g°C (-20°F) about 
90% of the water is frozen, and in this state ice cream can be stored for several 
months. The temperature in the storage space should be held as constant as 
possible, because fluctuations in temperature result in objectionable growth in 
the size of ice crystals. 

The quality of fish is particularly sensitive to its storage temperature, and, 
as Fig. 17.13 demonstrates, the required storage temperature is lower for fish 
than for a number of other products in order to achieve a comparable storage 
life. Cod is an example of lean fish, and salmon is typical of a fatty fish. The 
sensitivity of frozen fish to the storage temperature suggests maintaining the 
warehouse a t  -2g°C (-20°F) or below. 

The recommendations of storage temperatures given above are readily un- 
derstandable, but a new concept in the freezing process should be monitored to  
be fully knowledgeable of the optimum storage temperature. This recently un- 
covered information is the existence of a glass transition temperature or the mo- 
bility temperature13. As a food product freezes,.progressively more water freezes, 
leaving a high-concentration solute. The temperature at which the molecular 
mobility of this solute has disappeared is the glass transition temperature and 
appears to be the optimum storage temperature for that product. The commer- 
cial application of the knowledge of this phenomenon is complicated by the fact 
that each product seems to have a unique glass transition temperature. I t  is 
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FIGURE 17.13 
Typical storage life of some frozen food products showing lower recommended storage temper- 
a t w  for fish. Fish, meats, and poultry are shown in dashed lines, while fruits and vegetables 
are represented by the solid lines. 

impractical to have a large warehouse segregated into several regions of differing 
temperature. Compromises already exist in the choice of storage temperature. 
and the commercial application of knowledge of glass transition temperatures 
for specific products might influence in the future some minor shifts in storage 
temperature depending on the product mix stored. 

17.13 PRODUCT REFRIGERATION 
LOADS 

For unfrozen food, refrigeration loads in a facility that  are attributable to the 
food product include the reduction in temperature and the removal of the heat of 
respiration. In a food freezing process, the refrigeration plant must first reduce 
the temperature of the product to  the freezing temperature, next remove the 
heat of freezing, and finally refrigerate to  the desired storage temperature. In a 
food freezing plant, the product load usually dominates, while for a refrigerated 
warehouse storing frozen food, the product load may be minor because of the 
expectation that the incoming product is already a t  the storage temperature. 
Despite this expectation, realistically, the incoming product is usually a t  a tem- 
perature somewhat higher than that  at  which i t  will be stored. Almost without 
exception, then, product refrigeration load exists wherever food is handled. 

For completeness, the refrigeration load attributable to refrigerating the 
product will be listed with the other contributors to the refrigeration load in 



Chapter 18, Refrigeration Load Calculations, but the tools to perform these 
calculations will be described in the next several paragraphs. The quantity of 
heat that must be removed in order to drop the temperature is expressed by the 
following equation: 

Q = mc(tinitia1 - t f inal) (17.1) 

where: 
Q = heat removed from the product, kJ (Btu) 
m = mass of product, kg (lb) 
c = specific heat, kJ1kg.K (Btu/lbV0F) 

2 .  ,n,t,,r . . = initial temperature of the product, OC (OF) 
tjinal = final temperature of the product, OC (OF) 

The specific heat is defined as the amount of heat that must be added 
to or removed from 1 kg (1 lb) of substance in order to increase or decrease, 
respectively, the temperature by 1°C ( l°F) .  Food products possess a different 
specific heat above freezing, cabove, in comparison to  that below freezing, cbelow. 
For unfrozen food, then: 

Qaboue divided by the time in seconds required for the cooling yields the refriger- 
ation rate in kW (Btu/s). Equation 17.2 represents the only refrigeration load in 
such operations as post-harvest cooling where the product is harvested, cooled, 
and shipped immediately. 

Another category of refrigeration load that must be accommodated when 
storing unfrozen produce is the heat of respiration. Unfrozen foods are living 
organisms and continue to  give off heat. An excerpt of a much more complete 
table from the ASHRAE Handbook-Fundamerital~'~ is shown in Table 17.3. The 
intensity of the heat of respiration increases with increasing temperature, which 
conforms to the expectation that lower temperatures slow the metabolism rate 
of the stored product. . 

In a freezing operation, there are three distinct components of the refriger- 
ation process: (1) reducing the temperature to  the freezing point, (2) freezing or 
removing the latent heat of freezing, and (3) reducing the temperature further 
to the storage temperature. The refrigeration loads associated with each of these 
operations are as follows: 

where: 
tjreeze = freezing temperature of the product, OC (OF) 

L = latent heat of freezing, kJ;/kg (Btu/lb) 



TABLE 17.9 
H e a t  of respiration of several unfrozen fruite a n d  vegetables1'. 

TABLE 17.4 
Specific heats and  latent heats of several food products1'. 

Commodity 
Apples 

Beans 

Celery 

Lettuce 

Peaches 

Pears 

Peas 

Strawberries 

Heat of respiration, kJ/kg per day (Btu/lb per day) 
O°C (32OF) 
.587-1.05 

(.253-.451) 
4.52-8.97 

(1.95-3.85) 
1.84 

(.793) 
2 .354 .32  

(1.00-1.86) 
1.05-1.63 

(.451-.703) 
.795-1.76 

(.342-.757) 
12.1-19.4 

(5.21-8.32) 
3 . 1 4 4 . 5 2  

(1.35-1.95) 

Product 
Apples 

Chicken 

Peas 

Ham 

Salmon 

Sirloin beef 

Strawberries 

S°C (41°F) 
1.30-1.84 

(.559-.792) 
7.46-15.6 

(3.21-6.72) 
2.81 

(1.21) 
3.39-5.11 

(1.46-2.20) 
1.63-2.35 

(.702-1.01) 
1.30-2.56 

(.559-1.10) 
20.3-24.9 

(8.72-10.7) 
4.19-8.51 

(1.80-3.66) 

Water 
content 
% mass 

84 

74 

. 74 

56 

64 

56 

90 

Latent heat 
of freezing 

kJ/kg (Btu/ib) 
281 

(121) 
248 

(Io7) 
248 

(107) 
188 

(81) 
214 

(92) 
188 
(81) 
302 

(130) 

Specific heat 
kJ/kg.K (Btu/lb.OF) High freez- 

ing point 
OC (OF) 
-1.1 

(30) 
-2.8 

(27) 
-0.6 

(31) 
-1.7 

(29) 
-2.2 

(28) 

-0.8 

(31) 

Above 
freezing 

3.78 
(0.902) 

3.53 
(0.843) 

3.53 
(0.792) 

3.08 
(0.735) 

3.28 
(0.783) 

3.08 
(0.735) 

3.93 
(0.938) 

lS°C (5g°F) 
3.48-7.92 

(1.5G3.40) 

9.55 
(4.11) 

9.89-10.5 
(4 .254 .50)  
8.51-10.9 

(3 .664 .67)  
3.85-15.4 

(1.66-6.61) 

18.2-23.6 
(7.82-10.2) 

Below 
freezing 

1.90 
(0.453) 

1.77 
(0.423) 

1.77 
(0.423) 

1.55 
(0.368) 

1.65 
(0.392) 

1.55 
(0.368) 

1.97 
(0.471) 

20°C (68OF) 
4.32-8.97 

(1.86-3.85) 
54.2-49.2 

(23.3-29.8) 
16.5 

(7.11) 
15.4 

(6.61) 
15.2-26.2 

(6.52-11.3) 
7.71-17.9 

(3.31-7.71) 
89.4 

(38.4) 
26.2-50.2 

(11.3-21.6) 



Table 17.4 is an excerpt from a table of an extensive list of products tabu- 
lated in the ASHRAE Handbook-F~ndamenlals'~ providing specific heats above 
and below freezing as well latent heats of freezing. Several observations can be 
made concerning this information. First, the specific heat of a product below the 
freezing temperature is about half that above freezing. The reason is that water 
is the major constituent of food, and liquid water has about twice the specific 
heat of ice, 4.19 kJ/kg (1.0 Btu/lb) versus 1.94 kJ/kg (0.463 Btu/lb). A second 
observation is that the latent heat of freezing is greatest for products with high 
moisture contents. 

Example 17.2. What is the refrigeration capacity needed to cool, freeze, and 
further refrigerate peas at a rate of 2.27 kg/s (300 Ib/min) if the product enters 
the facility at 30°C (86OF) and after freezing is cooled to -20°C (-4'F)? Use 
Eq. 17.4. 

Sohtioa+ From Table 17.4, the specific heat of peas above freezing is 3.53 
kJ1kg.K (0.792 Btu/lb.OF) and below freezing, 1.77 kJ1kg.K (0.423 Btu/lb.OF). 
The high freezing point of peas is -0.6'C (31°F), and the latent heat of freezing 
is 248 kJ/kg (107 Btu/lb). To process 1 kg of peas requires the removal of: 

The rate of flow of product is 2.27 kg/s, so the required refrigerating capacity is 
(2.27)(390.3) = 886 kW (252 tons of refrigeration). 

17.14 FREEZING RATES 

The prediction of the time required for freezing a food product is both important 
and difficult. In the design of a freezing facility, it is necessary to know the 
freezing time in order to properly choose the refrigeration capacity. Suppose that 
a spiral freezer facility dedicated to freezing pizzas provides a residence time of 30 
minutes with a product flow rate of 0.80 kg/s (6,360 lb/hr). The air temperature 
off the coils is -38°C (-36°F). Suppose also that the refrigeration capacity, as 
calculated using the procedures of Section 6.13, indicates a refrigeration load 
of 468 kW (133 tons of refrigeration). To select evaporator coils for the spiral 
freezer chamber that transfer a rate of 468 kW (133 tons) and provide an air 
temperature of -38°C (-36°F) with the available evaporating temperature of, 
for example, -42°C (-44°F) overlooks another important consideration. The 
-38OC (-36°F) supply air must be capable of freezing the pizzas in 30 minutes. 
If the rate of cooling/freezing/refrigerating is alower than expected, the return 
temperature of the air to the coil will be lower than design, resulting in the coil 
capacity and the demand on the refrigeration plant being less than 468 kW (133 
tons). Design engineers can often make a reasonable estimate of the freezing 
time, because of their past experience with the same product and the same type 
of equipment. 
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FIGURE 17.14 
Surface and center temperatures of a product during the freezing process. 

Analytical predictions of freezing times are mathematical challenges, be- 
cause of the complex surface and internal heat-transfer processes. The approach 
taken in the past has been to  approximate the shape of the product by a sphere, 
cube, or a cylinder and apply the necessary mathematical technique to the heat- 
transfer and solidification processes. In recent years, finite element analysis using 
computers has become popular. These activities have their value in two ways. 
The resulting equation or graphs indicate directions of trends and even quantify 
proposed changes in the process, such as in the air temperature or velocity. The 
other benefit of the analysis lies in the prediction applicable to  new products. 
shapes, or freezing equipment. 

The prediction of the freezing time using analytical methods alone can 
only be approximate, because of the unknowns and the variabilities in such 
factors as the convection coefficient a t  the surface, the non-uniformity of the 
product and/or package, and the deviations in the properties of the material 
such as thermal conductivity, density, and specific heat. When predicting cooling 
times for products above the freezing temperature (Section 17.4), the approach 
suggested was a combination of analytical techniques used t o  identify the trends 
and field tests t o  provide quantitative values. The same combination of tools will 
be proposed to  predict freezing times. 

The standard expectation of the temperature-time profiles of the surface 
and center of a product for given initial product and refrigerated air temperatures 
is shown in Fig. 17.14. When brought into contact with the low-temperature 
air, the surface temperature begins to  drop rapidly. The temperature of the 
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center of the product lags behind the change in surface temperature. When the 
surface temperature passes through the freezing temperature, a slight pause in 
the temperature drop occurs as the crust of the product freezes. From this point 
on, a freezing front moves steadily through the product toward the center. Some 
finite time is needed for the product to  freeze at  any location, during which 
period the heat extracted for freezing must pass by conduction t o  the surface. 
Following the complete freezing of the product, the center temperature continues 
its drop. 

A rough estimate of the time required for-freezing is provided by the Plank 
equation15, one form16 of which is as follows: 

where: 
tr = 
P = 
L = 
tJ = 
t ,  = 
D = 
N =  

freezing time, seconds 
density, kg/m3 

latent heat of freezing, J/kg 
freezing temperature, O C  

air temperature, O C  

distance to  center parallel to main direction of flow, m 
shape factor, 2,  4, and 6 for slab, cylinder, and sphere, 
respectively 
thermal conductivity, W/m.K 
convection coefficient a t  surface, W/m2.K 

Plank originally suggested that the initial temperature must be tha t  of the 
freezing point, but the equation seems to  be applicable to  initial temperatures 
higher than freezing, so long as the enthalpy change in the total process replaces 
the latent heat, L. 

In order to  apply Eq. 17.5, the convection coefficient, h,, and several ad- 
ditional properties of the food, namely density and thermal conductivity, must 
be known. The convection coefficient, h,, can be approximated by either of the 
following equations: 

h,, w / m 2  . K = 25(V m / ~ ) ' . ~  (17.6) 

or h,, Btu/hr . f t2  .O F = 0 . 1 9 ( ~ f ~ m ) ' . ~  

The thermal c o n d ~ c t i v i t ~ ' ~  of fruits and vegetables above the freezing temper- 
ature is primarily a function of the moisture content and can be represented by 
the following equations: 
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where F, = fraction of water in the product. For meats, the corresponding 
equations for the thermal conductivities are as follows: 

The density of high-moisture content foods is about 10 percent higher than 
that of water, which is 1,000 kg/m3 (62.4 lb/ft3). 

Example 17.3. An IQF freezer is freezing strawberries with -35OC (-31°F) 
air passing up  through the product with a velocity of 5 m/s  (984 fpm). The 
strawberries may be considered spheres with a depth to  the center of 10 mm 
(0.39 inch). What is the estimated freezing time a t  the freezing temperature of 
strawberries? 

Solution. Data needed to compute the freezing time from Eq. 17.5 are: the 
density of 1,100 kg/m3 (68.7 lb/ft3); the latent heat of freezing for strawberries 
from Table 17.4 of 302,000 J/kg (130 Btu/lb); strawberries begin freezing at 
-0.8OC (31°F). The fraction of water in strawberries is approximately 0.9, at 
which value the thermal conductivity from 'Equation 6-7 is 0.59 W1m.K (0.34 
Btu/hr.ft,OF). From Eq. 17.6 a t  a velocity of 5 m/s, h, = 65.7 W/mZ.K (11.6 
Btu/hr.ft2-OF); D = 0.01 m (0.39 in); and N for a sphere = 6. Therefore: 

1.r = 5.25 min 

The Plank equation is most successful in predicting the freezing times of 
small individual, well-separated pieces of homogeneous product with good con- 
tact between the cooling medium and surface of the product. To predict the 
cooling/freezing time of a nonhomogeneous product in a complex packing ar- 
rangement, Section 17.4, which was directed toward predicting cooling times for 
products above freezing, applied the strategy of combining physical analysis with 
a few field measurements. The shape and position of the cooling curve is derived 
from the physics of the process, and the data from field tests fix the position 
of the curve. The same strategy1' is sometimes applied t o  the cooling/freezing 
process, as shown in Figure 17.15. The process displayed in Figure 17.14 is di- 
vided into three distinct parts: cooling to  the freezing point, freezing, and post- 
freezing reduction in temperature. At first it may seem that the curved lines 
of Figure 17.14 do not resemble the straight line cooling curves of Figure 17.1 
until it is realized that the ordinate should be a dimensionless temperature, 9 = 
(tc - tair)/(ti - tair), plotted on a logarithmic scale. The starting point for the 
prefreezing process is a t  zero time and 9 = 1. The line proceeds t o  a value of 9 
= (tlreezing - tair)/(ti - tair) with a slope determined by the several field-test 
measurements. 



Initial temperature. ti 

temperature, tf = 2OC (280F) 

Time from start,. s 

FIGURE 17.15 
Prediction of the center temperature, t , ,  of peasIg during the cooling/freezing process by a 
combination of analytical tools and field tests. 

The freezing time could also be determined by field measurements or es- 
timated using the Plank equation. The line for the post-freezing reduction of 
temperature is another cooling curve, but in this case, the initial tempera- 
ture is that of the frozen product and the dimensionless temperature, 0 = 
(t, - tai,)/(tf - tai,), corresponding to the auxiliary ordinate of the curve. The 
data for the freezing of peas shown in Fig. 17.15 resembles the ideal model very 
closely, but attempts to use this model on a variety of other products does not 
always yield the ideal straight lines, but still provides an approximate estimate 
of the cooling/freezing times. 

The slope of the cooling curve of the frozen product in Fig. 17.15 is steeper 
than that in the unfrozen phase. This more rapid rate of cooling in its frozen state 
can be explained, because the specific heat of the frozen product is about one- 
half that in the unfrozen state, and the thermal conductivity is about twice that  
of the unfrozen food. Both effects accelerate the cooling of the frozen product. 

The final topic addressed in this section on freezing rates is the perennial 
question of the optimum air velocity for blast freezers. High air velocities increase 
the convectio~ coefficient and thus reduce the cooling/freezing time, but they do 
so at the expense of additional fan power and heat introduced to the blast freezing 
cell, which must then be removed by the refrigeration plant. As Eq. 17.6 indicates, 
doubling the flow rate and velocity of the air increases the convection coefficient 
by afactor of 1.51. At the same time, doubling the air flow rate increases the fan 
power by a factor of 8. Another fact to  keep in mind is that the refrigeration plant 
can only influence the surface temperature of the product, and what happens 
inside is strictly a function of the thermal properties and physical disposition of 
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Center temperature 

Air temperature, -35OC (-3 10F) f - - -  

Time 
High air velocityt-- ----, Low air tempernlure 

FIGURE 17.16 
Optimum air flow rate in a blast freezer would be high in the w l y  stages of the cycle and low 
near the end. 

the product and package. It is understandable that no specific recommendations 
of optimum air flow rate can apply to  all blast freezing systems, and even for a 
specific facility, computing the optimum combination of the profile of air velocity 
and temperature is extremely difficult. 

There is some guidance that  can be offered, however, on the optimum 
program, which can be visualized by reworking Fig. 17.14 into Fig. 17.16. The 
objective is to  drop the surface temperature as rapidly as possible with the mini- 
mum combined power of the fan and compressor. In the prefreezing phase of the 
process, a large temperature difference prevails between the product surface and 
the air, so this is the portion of the process where improvements in the convection 
coefficient, h,, are most effective. The temperature level of the refrigerated air is 
not as important. Near the end of the process, however, increasing h, has only a 
modest influence on the surface temperature, while reducing the temperature of 
the refrigerated air is effective. This analysis suggests that the optimum program 
would be to  use high air flow rates in the early part of the process, gradually 
decreasing the air flow rate and dropping the temperature of the refrigerated 
air in the latter stages. Such continuous changes during the cycle would have 
been impractical in the past but are beginning t o  appear now in plants under 
computer control. 



FIGURE 17.17 
Pressure-enthdpy diagram of s t a t e  of carbon dioxide in a cryogenic freezer. 

17.15 CRYOGENIC FREEZING 

Cold carbon dioxide (C02) or liquid nitrogen (N2) may be sprayed directly on 
the product to achieve a rapid freezing. Sometimes these substances are used in 
combination with mechanical refrigeration, whereby CO2 or N2 freeze a crust 
on the surface to prevent loss of internal moisture. Following the application of 
C 0 2  or N2, the product is moved to one of the freezing devices using air. 

Both C 0 2  and N2 are usually stored & high-pressure liquids and then 
passed through a throttling valve to  expand to atmospheric pressure. In the case 
of Kz, the high-pressure liquid flashes into a mixture of liquid and vapor at a 
temperature of -195.B°C (-320°F). The vaporization of the liquid in the mixture 
provides most of the refrigeration capacity, and a small fraction is derived from 
the heating of the cold vapor. 

After COz passes through the throttling valve to be sprayed on the product, 
its state is a mixture of solid (dry ice) and vapor, as illustrated in the pressure- 
enthalpy diagram in Fig. 17.17. The sublimation of the solid COz directly to  
vapor provides part of the refrigeration and the remainder derives from the cold 
vapor. 

The cost of freezing per unit mass of product with a cryogenic system 
is likely to  be from two to six times greater than that of a vapor-compression 
refrigeration system, but the investment cost will be considerably less. This cost 
comparison leads to  the use of a cryogenic freezer when the annual usage is low 
or when the rapid freezing is required for valuable or delicate products. 
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CHAPTER 
18 

REFRIGERATION 
LOAD 

CALCULATIONS 

18.1 MULTIPLE PURPOSES OF LOAD 
CALCULATIONS 

I t  is mandatory that  refrigeration load calculations be performed during the de- 
sign stage in order to properly size the components. Load calculations are useful 
on other occasions as well, such as to evaluate the effectiveness in conserving 
energy of a proposed plant modification. Still another situation where a load 
calculation may be useful or necessary is in troubleshooting, when, for exam- 
ple, a refrigerated space cannot be maintained a t  the design temperature or a 
production rate is lower than design. 

Many designers use computer programs and/or checklists as aids in per- 
forming load calculations so t h a t  all the major sources are included. The most 
significant error in load calculations probably results from the complete omission 
of a contributor, in contrast to a 20 to 30% error in any one calculation. Using 
a computer program for the load calculation will inherently incorporate all the 
items if the program has been written properly in the first place. The major 
contributors to refrigeration loads are: (1) the heat transmission through the 
roof, floor, and walls (2) infiltration through open doorways (3) internal loads 
from lights, people, motors, and lift trucks (4) defrost heat and (5) the prod- 
uct load--cooling, freezing, and maintaining the temperature of products. All of 
these categories will be addressed in this chapter. 



FIGURE 18.1 
Heat transfer by conduction through a single wall. 

18.2 HEAT TRANSFER THROUGH 
SINGLE MATERIALS 

When heat flows by conduction through a wall, as in Fig. 18.1, the equation that  
expresses the rate of heat transfer is as follows: 

where: 
q = rate of heat transfer, W (Btu/hr) 
k = conductivity of material, W1m.K (Btu/hr.fb°F) 
A = cross-sectional area of wall, m2 (ft2) 
z = thickness of wall, m (ft) 

t1  and t2  = temperatures on opposite surfaces of wall, OC (F) 

Equation 18.1 applies when the temperatures are constant and the con- 
ductivity is uniform throughout the wall. The equation indicates that  the rate 
of heat transfer is proportional t o  the conductivity, the cross-sectional area of 
the wall, and the temperature difference. The fate of heat transfer is inversely 
proportional to the thickness of the material. The thermal conductivities of 
some insulating materials used in low-temperature applications are shown in 
Table 18.1. Three columns of conductivities are shown--one in SI units and two 
in  I-P units. Most heat-transfer books, when presenting conductivities in I-P 
units, use Btu/hr.fte°F. In many catalogs, however, conductivity is expressed in 
Btu.in/hr.ft2-OF. The  user of conductivity values must express the thickness of 
the wall in feet when using k in Btu/hr.ft-OF and express the thickness in inches 
when using k in Btu-in/hr-ftZaOF. 



TABLE 18.1 
Thermal conductivities of some insuiating materials. 

Materid 
Cellular foamglass 
Cellular polyurethane 
Expanded polystyrene 
Extruded polystyrene 
Glass fiber 
Polyisocyanurate 

TABLE 18.2 
Conductance and resistance of some materials. 

Conductivity 
Btu/hr.ft-OF 

0.029 

0.013 

0.020 

0.015 

0.021 

0.012 

18.3 CONDUCTANCE 

Btu-in/hr.ft2.0F 
0.35 

0.16 

0.24 

0.18 

0.25 

0.14 

Material 
S i n  Cinder concrete block 
Hollow clay tile, 2 cells 
Built-up roofing, 
... lOmm (.394in) 
Asphalt roll roofing 

The conductivity is one thermal characteristic of materials, but an alternate 
method of presenting thermal transfer data for materials is to use the conduc- 
tance, C, which has units of W/m2.K or Btu/hr-ft2.0F. The conductance fits 
into the heat-transfer equation representing the process of Fig. 18.1 as follows: 

Comparison of Eqs. 18.1 and 18.2 shows that C = k/z for slabs of uniform 
construction. Sometimes, it is more convenient to  use the conductance in prefer- 
ence to the conductivity. A concrete block with hollow cores, for example, poses 
ambiguities as to what k values and z values to  use, but can be expressed by 
the conductance such that the heat-transfer rate.can be calculated by Eq. 18.2. 
Table 18.2 shows examples of several materials that are characterized better by 
conductance than by conductivity. 

Conductance 

W/ 
m2.K 
3.3 

3.75 

17.0 

36.9 

Resistance 
Btu/ 

hr.lt2.OF 
0.58 

0.66 

3.0 

6.50 

m2.K/ 
W 

0.30 

0.27 

0.06 

0.027 

hr.ft2-OF/ 
B tu 
1.72 

1.51 

0.33 

0.154 



Surface temperature, tl  t flow 

ti - - - - - -  

Convection coefficient. 

FIGURE 18.2 
The convection coefficient. 

18.4 CONVECTION AND THE 
CONVECTION COEFFICIENT 

The calculation of the rate of heat transfer through a single material, as illus- 
trated in Fig. 18.1, is a building block in the procedure for calculating the rate 
of heat transfer in walls and roofs of both refrigerated and nonrefrigerated struc- 
tures. An additional concept that should be introduced now is that of convection. 
Equation 18.1 permits computation of the heat-transfer rate when the opposite 
surface temperatures are known. A more prevalent situation occurs when the air 
temperatures on either side of the wall are known, which then requires tha t  the 
heat-transfer process betweer the air and surface be quantified. In Fig. 18.2, heat 
flows from the warm wall to the colder air, the surface temperature is t l ,  and 
the air temperature is ti.  The rate of heat transfer is expressed by the following 
equation: 

q = hcA(tl - t i )  (18.3) 

where: 
h, = convection coefficient, W/m2.K (Btu/hr-ft2.0F) 

Equation 18.3 can be thought of as  the definition of the convection coef- 
ficient, which is designated by the symbol h,. The  letter h is also the symbol 
in refrigeration for enthalpy, but usually the context will provide the clue to  
the.meaning of h. As a further means of avoiding confusion in this book, the 
following conventions will be employed: 

h with no subscript refers to  an enthalpy. 
h j  or hg refer to enthalpies of saturated liquid and vapor. 
ha refers to  an enthalpy of air. 
h,, hi, and h, express convection coefficients, with the subscripts i and o 
indicating inside and outside, respectively. 

The  magnitude of the convection coefficient, h,, is primarily a function of 
the air velocity along the surface. On outside surfaces of walls and roofs, the wind 



TABLE 18.9 
Convection coefscients a t  some surfaces. 

controls the velocity. On inside surfaces, even where there is no forced motion 
of the air, there is movement of the air due to  natural convection. In this case, 
the orientation of the surface (whether the surface is horizontal or vertical) has 
a significant influence. Some typical values1 of h, are shown in Table 18.3. 

Orientation and condition 

6.7m/s (15 mph) winter, any orientation 

3.4 m/e (7.5 mph) summer, any orient. 

Still air 
..vertical surface, heat flow horizontal 

..horizontal surface, heat flow upward 

..horizontal surface, heat flow downward 

18.5 THE RESISTANCE C0NCEP.T 

The resistance concept transfers over from electrical terminology to  heat trans- 
fer and is sometimes helpful in visualizing heat-transfer processes as well as to 
facilitate calculations. Ohms's law in electricity is as follows: 

Convection coefficient 

Vl - v2 I = -  Voltage difference, volts 
R 

or Current, ampere = 
Resistance, ohms 

(18.4) 

W/m2-K 

34 

23 

8.3 

9.3 

6.1 

In general terms, the current, I, is the flow rate and the driving force is the 
voltage difference. The  symbols applicable t o  electricity are shown in Fig. 18.3. 
Figure 18.3a represents the terms in Eq. 18.4. When several resistances are con- 
nected in series, as' in Fig. 18.3b, the total resistance is the sum of the individual 
resistances, so that: 

~ t u / h r . f t ~ . O ~  

6.0 

4.0 

1.46 

1.63 

1.08 

The use of the resistance concept to express rates of heat transfer has 
achieved wide acceptance. For the heat-transfir process of Fig. 18.1, the equa- 
tion corresponding to  Eq. 18.4 is as follows: 
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FIGURE 18.3 
(a) The electrical analogy for a single n$stancc, and (b) the total rcsistana as the sum of 
individual resistanas in series. 

where: 
R in m2-K/W (hr.ft2.0F/Btu) = x/k 

For the convective process in Fig. 18.2, the resistance is as follows: 

The resistance and conductance are reciprocals of one another, and Table 18.2 
shows resistance values as well as the conductance values. 

18.6 OVERALL HEAT-TRANSFER 
COEFFICIENTS FOR WALLS, ROOFS, 
AND FLOORS. 

The tools are now available to  compute the rate of heat transfer through the 
walls, roofs, and floors that are encountered in practice. Furthermore, the useful 
form of the equation expresses the rate of heat transfer in terms of the air tem- 
peratures on opposite sides of the solid sections, namely: 

'I - = U(t, - ti) 
A 

(18.6) 

where: 
U = overall heat-transfer coefficient, which is also called the 

U-value, W/m2.K (Btu/hr.ft2.0F) 



to 

Temperature 
ti 

FIGURE 18.4 
Heat transfer through a wall of single material with convection coefficients on both sides. 

Comparison with Eq. 18.5 shows that the U-value is the reciprocal of the 
resistance: 

For a single material with convection coefficients on each side, as  shown in 
Fig. 18.4, the expressions for the rate of-heat transfer and the U-value are as 
follows, respectively: 

9 - = U(t0 - ti) 
A 

where: 

1 Z 1 
I l l = - ,  R 2 =  - and R 3 =  - 

ho 6 '  hi 

The typical roof, floor, or wall consists of a combination of several mate- 
rials, as illustrated in Fig: 18.5. The principal purpose of one of the materials 
might be to provide structural strength and that of another layer to provide the 
thermal insulation. There might even be another layer to  provide a tough surface 
that  is resistant to abrasion. 

In the building member of Fig. 18.5, the total resistance is as follows: 



FIGURE 18.5 
Heat trmsfer through a composite wall. 

Example 18.1. The vertical wall shown in  Fig. 18.5 is composed of 200-mm (8- 
in) cinder concrete block and 75-mm (3-in)'polyisocyanurate insulation. In the 
summer condition, when the exterior temperature is 3S°C (9S°F) and the interior 
temperature is -18OC (O°F), what is the rate of heat transfer through an area of 
6 m2 (64.6 i t2)? 

Solution. The  following resistances apply: 
exterior convection (from Table 18.3) 1/23 = 0.0435 m2.K/w 

(0.25 hr.ft2.0F/Btu) 

cinder concrete block (from Table 18.2) 0.3 m2.K/W 
(1.72 hr-ft2-"F/Btu) 

polyisocyanurate (from Table 18.1) (0.075 m)/0.020 
= 3.75 ~ ' . K / w  (21.3 hr.ft2.0F/Btu) 

interior convection (from Table 18.3) 118.3 = 0.1205 m2.K/W 
(0.684 hr.ft2.0F/Btu) 

T h e  total resistance of the wall is: 0.044 + 0.300 + 3.750 + 0.12 
= 4.214 m2.K/w (23.94 hr.ft2.0F/Btu) 

The  rate of heat transfer through the  entire wall is as follows: 
q = (6 m2)[35 - (-18)]/4.214 = 75.5 W (257 Btu/hr) 



FIGURE 18.6 
A wal l  or roof panel. 

18.7 WALL AND ROOF PANELS 

Combining a structural material with insulation, as in Fig. 18.5, and applying 
an abrasion-resistant coating to  protect the insulation is a traditional method of 
constructing walls for refrigerated structures. Perhaps even surpassing the popu- 
larity of this meihod is now the use of wall and roof panels, as shown in Fig. 18.6. 
The panel is constructed as a sandwich of insulation foamed in place and tightly 
bonded to  metal skins. Polyurethane, isocyanurate, or other insulating materi- 
a!s are protected by steel, aluminum, or plastic sheets. The edges of the panels 
are provided with some form of tongue-and-groove arrangement which facilitates 
sealing the joints. 

To provide additional structural rigidity, the metal skin is usually corru- 
gated in some fashion, which permits wall panels t o  be tilted in position during 
construction and ceiling panels to  be laid on joists. Several panel thicknesses 
are available, providing a variety of thermal resistances, as shown in Table 18.4. 
Panel manufacturers normally provide a standard width of panel but produce 
lengths according to  the customer's order. Thick panels are required for long 
spans, and these spans sometimes extend to  lengths of perhaps 9 m (30 ft). 

18.8 DESIGN TEMPERATURES 

After the U-value or the R-value is determined, another set of data needed to  
calculate the rate of heat transfer from Eq. 18.6 are the interior and exterior air 
temperatures. The temperature inside the refrigerated space is determined by 
the activity within the space or the product being stored. For the refrigeration 
of food, the recommended storage temperaturb for various products have been 
addressed in Chap. 17. The exterior temperature is a function of the weather 
in the particular locality, and since the maximum refrigeration load will usually 
occur a t  high outdoor temperatures, the summer design temperatures apply. 



TABLE 18.4 
Thermal resistances and recommended applications of prefabricated wall and ceil- 
ing panels. 

1 Thidaress ( Thermd renisbna I Recommended I 
mrn (inch) 

50 (2) 

TABLE 18.5 
Design summer dry- and wet-bulb temperatures for five U.S. cities. 

75 (3) 

100 (4) 
125 (5) 

IS0 (6) 

rn2. K/W (hr-ft2e0F/Btu) 
2.92 (16.6) 

Table 18.5 extracts temperatures for a few U.S. cities from more-extensive tables 
in the ASHRAE Handbook-Fundamentals1. 

The design temperature tha t  is chosen is not the highest temperature likely 
to  occur during the summer, because the peak temperatures occur for only a few 
hours at  a time, and this peak is damped out because of the thermal capacity 
of the wall and roof structure. The first column of data in Table 18.5 indicates 
the outdoor dry-bulb temperature that is equaled or exceeded 1% of the hours 
during the summer. 

The temperatures in Table 18.5 are used directly in design calculations for 
selecting condensers and computing the refrigeration load attributable to  infil- 
tration. For computing the rate of heat transfer by conduction through walls, 
roofs, and floors, the outdoor design temperatures are often not used directly. In 
the first place, the temperature applicable to  the floor calculation is the soil tem- 
perature and not the air temperature. Chapter 19 explains the need for heating 
the soil beneath a low-temperature space, .in order to maintain the soil tempera- 
ture a t  about 10°C (50°F). For most refrigeratkd buildings, the temperature on 
the bottom side of the floor will be in the range of 5 to  10°C (41 to  50°F). 

temperatrur application 

Ambient 
3.66 (20.8) 

5.87 (33.3) 

7.33 (41.6) 

8.81 (50.0) 

City 

Atlanta 

Chicago 
Dda5 
Los Angeles 
New York 

Down to O°C (3Z°F) 
Down to -2g°C (-20°F) 
Down to -4S°C (-50°F) 
Down to -57OC (-70°F) 

Dry-bulb tem- 
perature equaled 

or exceeded 1% 
of summer hours 

34OC (94OF) 

34OC (94OF) 

3g°C (lOZ°F) 

34OC (94OF) 

33OC (9Z°F) 

Wet-bulb 
temperature 
coincident with 
1% dry-bulb 
23OC (74OF) 

24OC (7S°F) 
24OC (7S°F) 

21°C (70°F) 

23OC (7d°F) 

Wet-bulb tem- 
perature equaled 
or exceeded 1% 

of summer hours 
26'C (7B°F) 

26OC (7B°F) 

26OC (7B°F) 

2Z°C (72OF) 

24OC (76OF) 
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FIGURE 18.7 
Roof surface temperatures and rate of heat entering the space in (a) an air-conditioning appli- 
cation, and (b) a refrigeration application. 

In the case of walls and roofs, however, the outdoor air is indeed in contact 
with the outer surface of the building members, but another consideration arises. 
and that is the solar effect. The temperature of the outside surface of a roof may 
rise to  50 to 55OC (120 to  130°F) during the day, but even this temperature is 
not the outside temperature to  be used in Eq. 18.6. Another factor that enters 
into the calculation is the thermal lag in the heat transfer through the wall 
or roof. Thus, if the peak temperature difference occurs at  noon, for example, 
the peak rate of flow into the building might not occur until four or five hours 
later. Designers performhg load calculations for air-conditioning systems must 
cope with more complications than do designers of refrigerated structures for 
the reason illustrated in Fig. 18.7. The designer calculating an air-conditioning 
load, in the situation reflected by Fig. 18.7a, must perform the calculations at 
several different times in order to identify the peak load. In the case of the 
large temperature differences encountered in refrigeration loads (Fig. 18.7b), the 
percentage change throughout the day is moderate. Many designers use a value 
of t o  in Eq. 18.6 higher than the design air temperature indicated by Table 18.5, 
but the influence of the adjustment of t o  on the total calculated load is small. 

Table 18.5 also shows design wet-bulb temperatures that are used in com- 
puting the moisture load due to  infiltration (Sec. 18.9) as well as in the selection 
of evaporative condensers or cooling towers. Column 3 shows the design wet-bulb 
temperature, but this value is not likely to  occur simultaneously with the design 
dry-bulb temperature. Instead, column 2 shows the mean value of the wet-bulb 
temperature that coincides with the design dry-bulb temperature. I t  is this co- 
incident design wet-bulb temperature that  is normally used in conjunction with 
the design dry-bulb temperature. 
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FIGURE 18.8 
Inliltration of air due to exchange of air between a refrigerated room and the warm environment. 

18.9 INFILTRATION THROUGH OPEN 
DOORWAYS 

When an opening exists between a cold room and a warm exterior, there is 
a natural exchange of air between the two regions, as illustrated in Fig. 18.8. 
The air pressures of the cold and warm spaces equalize at  the neutral pressure 
elevation. Above and below that elevation the air pressures differ inside and 
outside the room due to the static force of the column of air, which is a function 
of the air density. The air pressure increases a t  a greater rate with respect to 
elevation inside the cold room, because the air density is greater on the inside 
than on the outside. This means that the air pressure increases a t  a more rapid 
rate inside the room below the neutral elevation and decreases a t  a more rapid 
rate above the neutral elevation in comparison to pressure changes outside the 
room. These differences in air pressure cause the cold air to flow out from the 
cold room at the bottom and the warm air to  flow into the room a t  the top of 
the opening. In the steady-state situation, the mass rate of flow into the room 
equals that flowing out. 

Because of this air exchange, there is a combination of sensible load (due 
to the temperature differences of air) as well as a latent load, because the exter- 
nal air is likely to have a higher humidity ratio than that inside the cold room. 
The water vapor transfer has a double effect in that  it not only constitutes a 
refrigeration load, but in the case of a room operating a t  subfreezing tempera- 
tures, the moisture will ultimately deposit on the coils, requiring defrost with 
the attendant load and loss in efficiency. 

In the practical operation of a refrigerated facility, doors must be opened 
a t  times in order to move the product in and out. The infiltration load is one 
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of the major loads in a refrigerated facility, varying from about one-fourth2 

to one-third of the total refrigeration load, depending on such conditions as 
the internal and external temperatures and humidities, the number and size of 
doors, and the amount of time the doors are open. There could be two different 
approaches to addressing the existence of infiltration. An operator of a plant 
may be satisfied to realize that infiltration constitutes asignficant load and try to 
reduce it  by controlling door openings and/or installation of infiltration inhibitors 
(Sec. 18.10). The other approach is to quantify the load through calculations, 
which is certainly necessary for the designer of the facility, as well as for the 
operator in certain cases in order to economically evaluate methods of controlling 
infiltration. 

The most widely used formula for computing infiltration is probably that 
of Gosney and Olama3. This equation is expressed as follows: 

where: 
Q = volume rate of flow, m3/s (ft3/s) 

Cinl = infiltration coefficient = 0.692 f i l s  
(1.254 0 1 s )  

A = area of doorway, m2 (ft2) 
H = height of doorway, m (ft) 

pi and p, = air densities, kg/m3 (Ib/ft3) of the cold and 
warm air, respectively 

The mass rate of Row, m ,  is the product of the volume rate of flow and the 
mean density of air: 

where: 
m = mass flow rate, kg/s (Ib/s) 

Finally, the refrigeration load (sensible plus latent) is the mass rate of flow 
multiplied by the difference in enthalpies: 

where: 
q = refrigeration load, kW (Btu/s) 

Example 18.2. The conditions in a refrigerated room are -18'C (-0.4 F) and 
90% relative humidity, while the ambient conditions are 26OC (7g°F) and 70% 
relative humidity. Compute the rate of heat transfer due to infiltration for 1 mZ 
(ft2) of door area if the open door is 3 m (9.84 it) high. 



Solution. Air properties may be obtained from the psychrometric charts: 
pi = lI(0.724 ms/kg) = 1.381 kg/ms (0.0864 lb/fts) 
po = 1/(0.868 m3/kg) = 1.152 kg/ms (0.0719 lb/fts) 
h,,i = -16.6 kJ/kg (0.7 Btu/lb) 
ha,, = 63.8 kJ/kg (35.2 Btu/lb) 

Substituting into Eq. 18.7 gives 

Q = 0.466 m3/s through an area of 1 m2 or (1.529 ft3/s through 1 
ft2) 

The mass rate of flow is 

m = 0.590 kg/s through 1 m2 (0.121 lb/s through 1 ft2) 
The refrigeration load is: 
q = (0.590 kg/s)[63.8 -(-16.6) kJ/kg] 
q = 47.4 kW per m2 of door area (4.19 Btu/s per ft2) 

The experimental facilities used to verify Eq. 18.7 were small scale, so there 
has been some concern about the applicability to  commercial size doors and re- 
frigerated warehouses. To check the validity for large-scale facilities, ASHRAE 
sponsored a research project in which Hendrix7 acquired field data. The results 
showed that  the Gosney-Olama equation, Eq. 18.7, indicated slightly greater 
infiltration rates (by 10%) than measured, but thus gave useful conservative pre- 
dictions. Hendrix also explored two questions surrounding the transient behavior 
of the air flow through a doorway, and these were: how long does it require for 
the full velocities to develop after the door is opened, and does the flow rate 
subside during long durations of door openings? The field tests indicated that  
full velocities establish themselves within 2 or 3 seconds, so there is no basis to 
reduce the magnitudes of Eq. 18.7. With respect to potential reduction in the in- 
filtration load after a long door opening, because of the air inside the room close 
to the door becoming warm, the 1989 ASHRAE study of large rooms showed no 
such phenomenon. These tests thus support the use of Eq. 18.7 in its basic form. 

To facilitate the determination of the infiltration load of an open door, 
Figs. 18.9 and 18.10 present graphs of the infiltration load through open door- 
ways for various temperatures of the infiltration air and the refrigerated space 
a t  four different ambient relative humidities. The relative humidity inside the 
space applicable to all the curves is 90%, which would be fairly typical of facil- 
ities storing both frozen and unfrozen foods. A deviation from the 90% relative 
humidity inside the space results in little error, because a change in percent rel- 
ative humidity a t  low temperatures results in -only a small change in humidity 
ratio. The curves in Figs. 18.9 and 18.10 are applicable to a door height of 3 m 



(9.84 ft). For other door hei hts, the refri eration load should be multiplied by 
a correction factor of d f i   as is apparent from Eq. 18.7. For 
comparison, Fig. 18.10 shows the same heat gain a s  calculated for the conditions 
applicable to Example 18.2. 

A point to  emphasize is that  the refrigeration load contributed by an open 
door to the refrigerated space can be considerable. For example, suppose that a 
door is left standing open between a -20°C (-4OF) frozen food storage space 
and the dock, which is a t  a temperature of 10°C (50°F) and a humidity of 70%. 
If the door area is 9 m2 (97 ft2), for example, the rate of heat gain is 194 kW 
(55 tons of refrigeration). Since such a load can hardly be tolerated, the doors 
should be permitted to be open only when traffic is moving through them. 

While Eq. 18.7 or the curves in Figs. 18.9 and 18.10 offer a reasonably ac- 
curate estimate of the refrigeration load-due to infiltration, a much more illusive 
number is the fraction of time that  a door is likely to be open. This quantity is 
primarily a function of the type of operation, and the selection of the fraction 
must be based heavily on past experience. A quantification of the doorway trafiic 
can be derived from a standard industry term, turnover, which is the number of 
times the complete storage capacity is depleted and restocked. The number of 
turnovers per year is dependent upon the function of the space. For a refrigerated 
warehouse storing mostly seasonal products, the number may be 8 to 12, while 
for a grocery distribution warehouse it may be 30. With the latest concepts in 
material handling, annual turnovers may reach 100. Each turnover is associated 
with a lift truck moving in and out,  causing an opening of the door of perhaps 
10 to 1.5 seconds. 

18.10 INHIBITING INFILTRATION 
LOADS 

Because of the considerable magnitude of infiltration loads (perhaps 25 to 30% of 
the total refrigeration load), means of reducing these loads should be considered. 
Some possibilities are: (1) air curtains, (2) vestibules, (3) plastic strips, and (4) 
refrigerated loading docks. 

The vertical type air curtain shown in Fig. 18.11 uses ambient air. The air 
curtain forms a two-dimensional free-stream jet, into which outside air is induced 
into the outside surface and cold air induced into the inside surface. When the 
jet reaches the floor, the induced air from the ambient spills back to the ambient, 
and the air induced from the refrigerated space spills back to that  space. The 
air spilling back to the refrigerated space has mixed with warm humid air, so 
the infiltration load is that represented by the mass rate of flow of inside spill 
air multiplied by the difference in enthalpy of this spill air and the air in the 
refrigerated space. 

Hayes and Stoecker516 conducted a combined analytical and experimental 
study of air curtains and found that from 65 to 80% of the infiltration load can 
be avoided by using a properly applied air curtain in comparison to an open 
door. The tests verified the bending of the air curtain into the cold space a t  the 



616 INDUSTRIAL REFRIGERATION HANDBOOK 

Refrigerated space temperature, OF 
-40 -20 0 20 40 

Refrigerated space temperature, O F  

-40 -20 0 20 40 
loo I I I I I 1 - 2.5 

50% Outside reloibJe Wdrty 
90% lnslde rduttve hurkdirty 

- 
73- - .1.5 g - 
e 

~ e f i i ~ e r a t e d  space temperature, OC 

FIGURE 18.9 
Refrigeration loads through open doorways for-30 and 50 percent outdoor relative humidities. 
For door heights other than 3 rn (9.84 ft) multiply load by H m/3 (H ftf9.84). 
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FIGURE 18.10 
Refrigeration loads through open doorways for 70 and 90 percent outdoor relative humidities. 
For door heights other than 3 m (9.84 ft), multiply load by H m/3 (H ft/9.84). 
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FIGURE 18.11 
An air curtain resisting infiltration through an open door. 

top and away from the space a t  the bottom. A failure of the air curtain occurs 
when the jet velocity is so low that the curtain breaks and the jet fails to reach 
the floor. In that case, cold air pours out at  the floor level and is replaced by 
warm air flowing in at  the top. 

Some efforts in the Hayes/Stoecker tests to measure pressure differences 
between the cold space and the ambient suggest a fundamental rule for applying 
air curtains. Air curtains are very flexible therefore, they can easily deflect to 
change the rates of spill (as shown in Fig. 18.11) into the space and into the 
ambient. Thus, if a gust of wind strikes the outside surface of the curtain, the 
curtain deflects to allow net flow of air into the space to build up the pressure in 
the space, countering the overpressure on the outside. The air curtain breathes 
when one air curtain protects a door of a space that otherwise has few leaks. 
The installation of air curtains on opposite sides of a refrigerated space is to be 
avoided, because both air curtains will deflect ' to allow an unacceptable rate of 
infiltration due to the wind blowing directly through the space. 

Another concept in air curtains is the horizontal curtain with recirculated 
air7, shown schematically in Fig. 18.12a. The air is directed from the supply side 
on one side of the door, and most of the air is drawn into the return plenum 
on the opposite side of the door, as shown in Fig. 18.12b. This concept appears 
to  provide a stiffer curtain than is possible in the vertical, nonrecirculated ar- 
rangement, and the conditions of the air in the active portion of the curtain are 
a blend of those of the ambient and the refrigerated space. 

Vestibules are effective in reducing air infiltration but are expensive and 
also slow fork-lift traffic in and out of the space. 

The third approach to  reducing the infiltration load is to  use plastic strips 
a t  the doorways in one of the commercially available forms. The simplest form 
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FIGURE 18.12 
(a) A horizontal, recirculated air curtain, and (b) the plan view. 

of plastic strip curtains is as a single fixed-in-place curtain immediately inside or 
outside the sliding door. Tests8 conducted in a refrigerated warehouse indicate 
that  these strips are about 90% effective in reducing infiltration in comparison 
to an open door when there is no traffic through the doorway. When there is 
fork-lift truck Gaffic through the doorway, the effectiveness is approximately 
85%, depending on the intensity of the traffic.'While fixed-in-place plastic strip 
curtains are effective in reducing infiltration, they can become cold and stiff and 
are subject to breakage. Also, they are not popular with fork-lift truck operators. 
To overcome these drawbacks and still achieve the benefits of plastic strips, they 
are available on hinged and sliding doors as well. The light weight of these doors 
facilitates easy movement of them. 

18.11 CALCULATING THE 
REFRIGERATION LOAD FOR DOCKS 

The fourth concept in reducing infiltration is to provide a refrigerated loading 
dock, as in Fig. 18.13, which is a design feature that is almost a requirement for 
a frozen food storage space. The first benefit, and perhaps the most important, is 
the protection of the frozen product. Rather than requiring any residence time on 
a non-refrigerated loading dock, the product has a t  least a cool ambient temper- 
ature during those situations when the product does not move directly between 
the truck and the storage space. The second benefit of refrigerated docks is in 
the reduction of infiltration load. During periods of heavy traffic, the infiltration 
air entering from the outdoors that  is possibly warm and humid first enters the 
loading dock, and that infiltration load is absorbed by the evaporator coils 1 e  
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FIGURE 18.13 
Refrigerated loading dock to reduce refrigeration load in the low-temperature space. 

cated within the dock area. These coils can be served by refrigerant evaporating 
at an intermediate temperature level, which offers lower-cost refrigeration than 
in the frozen food space. The infiltration to the low-temperature space is of dock 
air, which is maintained in the 48OC (39-46OF) temperature range. Still another 
benefit of the refrigerated dock is that considerable moisture is condensed on 
the dock coils as liquid. Thus, the moisture is prevented from entering the low- 
temperature space, where it will deposit as frost on the coils and increase the 
frequency of defrost. 

Example  18.3. A frozen food storage space operates at -20°C (-4OF) and 
90% relative humidity. When the ambient conditions are 3S°C (9S°F) and 50% 
relative humidity, compute the rate of heat gain due to infiltration (a) if there 
i no refrigerated dock, and (b) if a refrigerated dock at 10°C (50°F) and 70% 
relative humidity protects the refrigerated space, as in Fig. 18.14. 

Sohtion. (a) Figure 18.9 indicates a heat gain rate of 65 kW/m2 (1.7 tons/ft2) 
for the unprotected space. 

(b) When the space is protected by a dock at 10°C (50°F) and 70% relative 
humidity, Fig. 18.10 shows that the rate of infiltration heat gain is only 21 kW/m2 
(0.55 tons/ft2), which is about 32 percent of the load with no dock. Furthermore, 
each kg (Ib) of air from the dock holds 0.0053 kg (lb) of water in comparison 
0.0178 kg (lb) of ambient air. 

Example 18.3 provides further insight into the influence of refrigerated 
docks. With the dock in Example 18.3b, the rate of heat gain to the space is 21 
kW/m2 (0.55 tons/ft2), which is refrigeration load for the low-temperature space 
but refigemiing capaciiy for the dock. Furthermore, using Fig. 18.10, the infil- 
tration load from the ambient to the dock is 26 kW/m2 (0.68 tons/ft2), which 
a t  least superficially means that hardly any refrigeration load is imposed on the 
dock cooling coils. The comparison between the two rates is actually not appro- 
priate, because the area and degree of opening of the doors from the ambient to 
the dock are different than those between the dock and the refrigerated space. 
Also, the relative humidity of 70% was an assumption, and if it is lower then 
70%, the net refrigeration load in the dock ar& increases. 
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FIGURE 18.14 
Heat flow rates in Example 18.3. 

Even though the magnitudes of infiltration load given above may be subject 
to question, they do emphasize the fact that .we really want the dock coils to 
be heavily loaded in order to remove water vapor from air before it reaches the 
refrigerated space. For this reason, some plants that experience heavy frosting 
conditions in the low-temperature space, even though equipped with refrigerated 
docks, may apply heat in the dock space to  force the dock coils to operate more 
and thus perform dehumidification. 

The choice of dock temperatures in the range of 2 to 6OC (35 to 43OF) 
conforms with tradition and represents a logical approach. One of the important 
reasons for a refrigerated dock serving a frozen food space is to reduce the re- 
frigeration load, including the inflow of moisture to the low-temperature coils. 
If the dock temperature is too high, the infiltration load to the low-temperature 
space will be excessive. If the dock temperature is too low, some of the oper- 
ating problems, such as the frosting of coils, will simply be shifted to the dock - 
from the low-temperature space. Designers of new facilities should be alert to  
the potential innovations in the handling of frozen food that are appearing on 
the horizon. One possible trend is toward lower dock temperatures for protection 
of the product. One recently constructed frozen food storage facility1' operates 
its dock a t  the same temperature as the storage space, -23OC (-10°F), so that 
the product is never subjected to temperatures'higher than desired storage tem- 
peratures. The firm is convinced of the improvement in quality that results from 
this mode of operation. Several of the purposes relative to refrigeration loads of 
an intermediate-temperature loading dock are compromised, however. Also, the 
dock is less comfortable for the workers. 

Another potential trend is toward larger-area docks. The storage time of 
products in refrigerated warehouses continues to shrink, and the ultimate ex- 
trapolation of this trend appears to be the situation now being experienced by 
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one warehouse", which meets the need of their customers to move product from 
one vehicle to another. To  repond to  this need, the warehouse has constructed a 
large refrigerated trans-loading dock just for this purpose. 

18.12 LOAD FROM LIGHTS, MOTORS, 
PEOPLE, AND OTHER INTERNAL 
LOADS 

Heat liberated within the refrigerated space adds to the refrigeration load. In 
general, all the internal releases of heat convert directly and instantaneously into 
refrigeration loads. Some of the major contributors are lights, motors, people, 
fork-lift trucks, and processing equipment. The proportions of these loads are 
functions of the use of the refrigerated space.. The temperature maintained in 
a meat-processing room, for example, may be 10 to 14OC (50 to 57OF). The 
lighting level would be high enough to illuminate detail work, and electrical 
consumption for lights could be in the range of 16 W/m2 (1.5 W/ft2). In a frozen 
food warehouse where the lights need only provide general illumination, the 
average refrigeration load attributable to lights could be 5 W/m2 (0.48 W/ftz). 
The concentration of people in the meat preparation room would be much higher 
than in the frozen food storage space. 

In the meat-processing room, there will likely be some processing equip- 
ment that is electrically driven, such as slicers and grinders. Estimates of the 
contribution of such equipment to  the refrigeration load may be computed by 
determining the electrical rating of the equipment. Since the motors are probably 
not being loaded to their full rating, a load factor of perhaps 0.6 to 0.8 can be 
applied. Except for stacker crane installations, fork-lift trucks operate in frozen 
food storage rooms. The power ratings of fork-lift trucks may vary from 5 to 10 
kW, but once again the fork-lift truck does not operate a t  full power constantly. 

People give off heat, and in heavily occupied work rooms the magnitude 
may be noticeable on the refrigeration plant. The rate of heat release from a 
person depends on the activity level and also on the temperature of the space. 
A comfort air-conditioning system may need to remove 100 W (350 Btu/hr) 
combined sensible and latent heat for each person seated quietly but twice that  
amount per person engaged in physical activity. In the case of refrigerated spaces, 
the rate of heat release increases as the temperature drops, as shown in Ta- 
ble 18.6. Also, when people go into refrigerated spaces for short durations of 
time, they carry in an appreciable amount of heat in their warm clothing. 

The electric motors used to drive the fans on the cooling coils are in oper- 
ation in virtually all refrigerated spaces. All of the electricity supplied to these 
motors eventually converts to heat and must be removed by the coil. Figure 18.15 
shows fan power requirements as a function of coil capacity for a family of coils. 
The two different curves represent high and low fan speeds, which reflect them- 
selves in different air flow rates and face velocities for a coil. Figure 18.15 applies 
to coils operating with a 5OC (g°F) temperature difference between entering air 
and refrigerant, typical of a frozen food warehouse or a blast freezer coil. 



TABLE 18.6 
Heat equivalence of occupants9 

Refrigerating capacity, tons 
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FIGURE 18.15 
Fan power for a certain family of coils operating with two different face velocities. The tem- 
perature difference between the entering air and refrigerant is S°C (g°F). 

An important observation from Figure 18.15 is that, in the case of the 
low-velocity coil, approximately 8 t o  15% of the refrigeration capacity is used 
simply to remove the heat caused by its own fan motor. For the high- velocity 
coil, the percentage of fan and motor heat is likely to be over 20% of the coil 
capacity. This contribution to the refrigeration load is critical, particularly in low- 
temperature applications where the temperature difference between the entering 
air and refrigerant is low. In the case of higher-temperature refrigerated spaces 
where the air-to-refrigerant temperature difference may be twice that chosen for 
Fig. 18.15, the percent of parasitic heat attributable to the fan and motor is half 
that  shown. 

A reasonable question is why choose the high face velocity coil if the fan 
power is relatively high? The answer is that a coil with a given surface area 
will transfer perhaps 30% more heat when operating a t  the high velocity for a 



given air-&refrigerant temperature difference. Furthermore, the throw of the 
high-velocity coil will be longer than that  of the low-velocity coil. While the first 
cost of the high-vel&city coil will generally be less than that  of the low-velocity 
coil, the designer should evaluate the lifetime costs of the selection. 

18.13 DEFROST HEAT 

Defrosting with hot gas is the dominant method applied in industrial refrigera- 
tion, and it cannot be denied that  hot-gas defrost (also water defrost) adds heat 
to the refrigerated space and is thus a load. In addition, any refrigerant vapor 
that escapes through the pressure-regulating valve at  the outlet of the evapo- 
rator during defrost increases the power requirement in the machine room to 
recompress this gas. Despite defrost constituting a refrigeration load, probably 
a minority of system designers incorporate i t  in their load calculation. The cal- 
culations are cumbersome if done for all coils in the facility, and the prediction 
is unreliable. The designers who do not include defrost load do not usually en- 
counter trouble, because the calculations of so many other components of the 
refrigeration load are conservative. 

The efficiency of the hot-gas defrost process may be defined as follows: 

Heat to melt frost 
Efficiency = 

Heat provided by hot gas 
) 100 

The difference between the two thermal quantities in the efficiency equation 
are attributable to the energy used to  raise the temperature of the coil and to 
the heat transferred to  the refrigerated space during defrost. Some laboratory 
tests, field tests, and analyses12*13~14 of the hot-gas defrost process suggest an 
efficiency approximately 20% and a hot-gas flow rate that is between one and 
two times the refrigerant flow rate during refrigeration. (Plant operators try to 
ensure that a t  least two or three evaporators are in their refrigerating mode while 
one evaporator is defrosting in order to  provide the vapor that will be needed 
for defrost.) 

Example 18.4. To check the order of magnitude of the recommended estimate 
of the defrost load, compute the average refrigeration load contributed by the 
defrost process if an ammonia coil with a nominal capacity of 106 kW (30 tons) 
defrosts twice a day for 20 min each. 

Solution. If the. refrigerant flow rate durihg refrigeration is 5.4 kg/min ( 12  
lb/min), assume thatthe flow rate during defrost is 8.1 kg/min (18 Ib/min) and 
that the latent heat of the ammonia is 1,240 kJ/kg (530 Btu/lb). The average 
rate of heat gain distributed over the 24 hour period is as follows: 



Refrigeration load = (8.1)(1,240)(40 min)/(24 hrs) = 16,740 kJ/hr = 4.65 
kW (15,900 Btu/hr or 1.3 tons) 

The defrost load, in thh case, is about 4% of the refrigeration load. The 
designer must decide whether this amount is significant. 

When a pressure-regulating valve controls the release of condensed liquid 
refrigerant from the coil during hot-gas defrost, the escape of vapor through this 
valve adds to  system load. This load can be reduced1' through the use of a liquid 
trap a t  the coil outlet and/or by discharging the refrigerant to  an intermediate 
pressure in contrast to  the low evaporating pressure. 

18.14 PRODUCT LOAD 

The refrigeration load attributable to reducing and maintaining the temperature 
of products and/or freezing products may be the dominant contributor to the 
total load. Such is likely t o  be the case in a food processing and freezing plant 
where some loads, such as conduction through walls, roofs, and floors, and even 
infiltration might be insignificant. The calculaiion of the load due to  the refrig- 
erating and freezing of products, which was first introduced in Chapter 17: is 
in one sense straightforward but in another extremely difficult. I t  is simple to 
compute the quantity of heat that  must be removed from the product in a re- 
frigeration or freezing process. I t  is also easy to specify the desired time interval 
for the removal of this quantity of heat. This almost effortless calculation has 
failed to  consider a key part of the process, however, which is the heat transfer 
between the cooling medium (refrigerant, air, water, etc.) and the product. The 
calculation of the refrigeration rate for the product load must ensure that, for 
example, air a t  a temperature of -34OC (-30°F) can actually freeze the desired 
number of boxes of meat in the blast freezer in the specified time interval. 

The data on the product needed to make the load calculation are essen- 
tially specific heats, latent heat of freezing if freezing is part of the process, and 
heat of respiration for produce stored a t  a temperature above freezing. For cool- 
ing and immediate shipping of unfrozen products, only the information on the 
specific heat above freezing is needed. To calculate the refrigeration load for a 
freezing operation, the specific heats above and below freezing are needed as 
well as the latent heat of freezing of the product. When produce is stored in an 
unfrozen state, the heat of respiration must be considered. Such products are 
living organisms, and as such they give off heat (data for various products were 
presented in Table 17.3). Some magnitudes of properties were given in Chapter 
17 on the refrigeration and freezing of foods, but more extensive data are avail- 
able in Reference 1 for most food products. The refrigeration load encountered 
in freezing a product consists of three components: (1) reducing the temperature 
to the freezing point, (2) freezing, and (3) reducing the temperature further to 
the storage temperature. The refrigeration load in kJ (Btu) to  convert a mass, 
m kg (lb), of warm product to  a frozen food storage temperature is calculated 
by using the following equation: 



Q t o t a ~  = Qaboue + Qjreere  + Qbe~ow 

The factors in the above equation are calculated as follows: 

Qabwe  = mcabove(tinitia1 - freeze)  

Qjreere  = mL 
Qbelow = mcbelow ( t  j reere - t / i n a l )  

where: 
Qobove = heat removed above freezing, kJ (Btu) 

m = mass of product, kg (lb) 
Q j,, , , ,  = heat removed during freezing, kJ (Btu) 

Qbelow = heat removed below freezing, kJ (Btu) 
caboue = specific heat above freezing, kJ1kg.K (Btu/lb.OF) 
cbelow = specific heat below freezing, kJ1kg.K (Btu/lb.OF) 

L = latent heat of freezing, k ~ / k g  (Btu/lb) 

E x a m p l e  18.5. An I Q F  (individually-quick-frozen) freezer processing 0.8 kg/s 
(1.76 Ibis) of sweet corn kernels cools, freezes, and ultimately drops the temper- 
ature to  -18OC (O°F). The  product enters the process a t  a temperature of 40°C 
(104°F). What  is the refrigeration capacity required for this IQF  freezer? 

Solution. T h e  specific heats' of sweet corn are 3.53 kJ1kg.K (0.84 Btu/lb.OF) 
above freezing and 1.77 kJ1kg.K (0.42 Btu/lb-OF) below freezing, and the latent 
heat of freezing is 248 kJ/kg (106 Btu/lb). T h e  freezing temperature is -0.6OC 
(31°F). T h e  refrigeration rate is: 
q = (0.8)(3.53)[40 - (-0.6)] + (0.8)(248) + (0.8)(1.77)[-0.6 - (-18)] 
q = 337 kW (96 tons of refrigeration) 

The product load in refrigerated storage facilities is often small, but an 
unexpected load might arise from the fact that the incoming product is not a t  
the anticipated temperature. For example, product to be stored a t  1°C (34OF) 
may come from a precooling facility also held a t  1°C (34OF), so presumably 
there is no product load expected. It is possibfe, however, that the product was 
not held long enough a t  the initial site to bring the interior temperature of the 
product down to the steady-state temperature. Heat will continue to emerge 
from the product in its new location causing a product load. Another reason 
that the temperature of the incoming product may be higher than the ultimate 
storage temperature is that control of the temperature was lost in transit. Some 
public refrigerated warehouses routinely check the temperature of the interior 
of sample pallets of incoming product, because a high temperature may be the 
source of quality problems that become apparent later. 



TABLE 18.7 
Order of magnitude of refrigeration load for neverat applications. 

18.15 LOAD CALCULATIONS IN 
PERSPECTIVE 

Type of space 

Frozen food storage, single level 
High-rise freezer storage 

Produce storage 
Shipping dock 
Process area 

Calculation of refrigeration loads is an inexact process, and because of this fact, 
most designers simplify some of the procedures outlined in this chapter. In mak- 
ing their short cuts, designers usually add generous safety factors resulting in 
extra refrigeration capacity for the plant. While this strategy results in a larger 
and more expensive refrigeration plant than initially required, this extra capac- 
ity is usually put to good use later as the facility expands or an unforseen load 
develops due to new products or processes. 

This evaluation of load calculations should not suggest that  sloppy calcula- 
tions are not without their peril. An observation is that the total plant capacity 
provided by the load estimates of most competent designers is adequate, even 
generous. Where errors are more likely to  occur is in the calculation of an indi- 
vidual load, resulting in the inability to maintain the desired temperature in a 
certain space or achieve the production rate of a certain freezing process. Experi- 
enced designers know that depending on the type of service (long-term food stor- 
age, short-term food storage, freezing operations, etc.), one of the components 
of the load will predominate. For example, the product load will be significant 
in a freezing operation, infiltration might dominate in short-term storage, while 
motors and lights are significant in processing areas. 

Good designers intelligently use rules of thumb to check more-detailed cal- 
culations. Table 18.716 shows orders of magnitude of loads used by one designer, 
and if the calculation differs widely from these rules of thumb, further investiga- 
tion of the calculation is warranted. 
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CHAPTER 
19 

REFRIGERATED 
STRUCTURES 

19.1 REFRIGERATED ENCLOSURES 

Refrigerated spaces might be needed for environment chambers to test products, 
to  cold-treat metals, and for a variety of other special assignments. The  refrig- 
erated enclosures on which this chapter concentrates, however, are the spaces 
in which meat, fish, poultry, fruits, vegetables, dairy products, and other foods 
are cooled, maintained a t  a controlled temperature, and/or frozen. The design of 
refrigerated warehouses, spaces for cooling, and freezers incorporates such disci- 
plines as structural design, materials-handling concepts, and thermal behavior. 
Because of the close connection of industrial refrigeration to  the food indus- 
try, changes in food marketing and distribution impact quickly the design of 
refrigerated facilitie's. While this chapter emphasizes the thermal characteristics 
of refrigerated spaces, certain structural considerations must also be considered 
because of their interplay with the thermal requirements. Topics of special impor- 
tance include types and characteristics of insurations, vapor barriers, underfloor 
heating, typical construction cross-sections of walls, roofs, and floors, and the 
junctions of walls with roofs and floors. 

19.2 SPACE PLANNING 

Even though some refrigerated storage warehouses and distribution centers are 
built without careful studies of effective solutions to  the intended functions of 



the building, skillful analyses can usually result in a more efficient and prof- 
.itable project. The owner should be pressed for data on the requirements of the 
building, and the designer should then translate these requirements into floor 
area and dimensions, building height, number and size of doors, and whether 
the product is stacked from the floor by fork-lift trucks or a high-rise automated 
stacker crane. 

The ~ l a n  for materials handling within the structure is becoming more 
important, because the typical number of turnarounds of the product per year is 
progressivelx increasing. The need for long-term storage applies to  such situations 
as fruits and vegetables that  are frozen during the harvest season and stored for 
steady use during the year for direct sale or for value-added packaging. Once a 
product is in a form for ultimate sale, the storage time may become very short, 
and the goal is to  move the product as rapidly as possible to  the supermarket or 
food service institution. 

Methods for materials handling and record keeping of the location of stored 
products have become a sophisticated discipline. The traditional procedure for 
moving products completely in pallet loads with fork-lift trucks may in many 
cases be the most cost-effective method. Another approach involving greater 
mechanization is the application of automatic storage and retrieval systems 
(AS/RS). In the AS/RS concept, palletized unit loads are delivered to  pickup 
and deposit stations a t  the end of crane aisles by fork-lift trucks. The stacker 
crane moves the product through the aisles and into the storage locations as 
well as recovers pallets that  were previously stored. Several possible pallet stor- 
age configurations1 are shown in Fig. 19.1. Because the AS/RS uses automated 
stacker cranes, the typical building height of perhaps 10 m (33 ft) no longer 
prevails. Instead, the building height may be 20 to  28 m (66 to  91 ft), which 
reduces the floor area for a given volume of storage. 

Automatic storage/retrieval systems lend themselves to and, in fact, al- 
most require computer control. Furthermore, modern methods of record keeping 
in storage and distribution warehouses employ electronic data interchange with 
the objective of eliminating the trail of paper. that begins with a purchase or- 
der, continues with the record of receipt and the notation of storage location, 
indicates when the product is removed and shipped, and ultimately leads to the 
bill of lading and the invoice. The choice of concept for materials handling and 
method of record keeping are additional influencis on the size and shape of the 
refrigerated structure. 

19.3 INSULATION 

Insulation is essential for low-temperature spaces in order to  reduce the refrig- 
eration load. The optimum thickness of insulation is based on such economic 
factors as the first cost of the insulation and the cost of refrigeration-both the 
first cost of the refrigeration plant per unit refrigeration capacity and the costs 
of energy and maintenance during the life of the facility. The classic expectation 
of the present worths of the contributing costs is shown in Fig. 19.2, where a t  
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FIGURE 19.1 
Several configurations for pallet storage when using stacker cranes. 

low thicknesses of insulation, the operating cost is high and a t  large insulation 
thicknesses, the cost of the insulation is high. Since costs of insulation and energy 
change over time, it may be productive for the designer to periodically reevaluate 
optimum insulation thicknesses. 

A variety of insulation materials is available, and most materials are avail- 
able in either prefabricated panels or in board form. In addition, polyurethane 
insulation can be applied by foaming in place. Portable blending machines are 
available for foamed-in-place urethane, which incorporate a frothing nozzle to 
feed the partially-expanded mixture into wall, floor, or ceiling cavities. The in- 
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FIGURE 19.2 
lduenoe of insulation thickness on costs. 

sulation sets in a matter of seconds, and the result is a monolithic insulation 
construction without joints. 

Some important characteristics of several different insulation materials in 
board form are given in Table 19.1. Cellular glass is dense, and it is used especially 
for floors where its weight is not a factor and its high compressive strength 
is an advantage. Glass fiber insulation is light but cannot support weight and 
offers negligible resistance to the permeability of water vapor. Polyurethane and 
polyisocyanurate are good insulators. Glass fiber and molded polystyrene are 
probably the most economical in first cost, while cellular glass is most expensive. 

The need to replace CFCs as the refrigerant in many refrigeration systems 
has thrown the industry into turmoil. Not as visible has been the need to replace 
CFCs that have been used as blowing agents for many insulations. In the past, 
C F G l l  has been the most widely used blowing agent for polyurethanes and 
polyisocyanurates. C F G l 2  has been the popular blowing agent for polystyrene. 
Because the use of CFCs is no longer permitted, alternative blowing agents are 
now in use and others are under development2. Possible blowing agents include 
air, COz, water, hydrocarbons (butane, pentane, and cyclopentane), HCFCs (R- 
22, R-123, R-124, R-141b, R-142b), and HFCs (R-134a and R-152a). At the 
present time, developments and applications of new blowing agents are occur- 

- - 
. ring rapidly. Several manufacturers are currently providing commercial products 

using an HCFG123/141b mixture, while another uses a water/COz mixture. 
Table 19.2 provides a brief comparison of some of the candidates. 

The major penalty attributable to  the replacement of CFC blowing agents 
with HCFCs or natural substances shows up in increased cost, because not only 
is the cost of a section of insulation of a given area and thickness higher, the 
R-value is less. This means that either or both the thickness of insulation must 
be increased and/or the refrigeration load will be higher. The current state of 
development has, in general, limited the penalty of the substitution of other 



TABLE 19.1 
S o m e  characteristics of popular board insulation. 

TABLE 19.2 
Current and potential blowing agents for insulations. 

Blowing agent 

CFC-11 
CFCl2  
HCFC-22 
HCFC-123 
HCFC-14lb 
HCFC-142b 
HFG134a 
HFC152a 
Air 

co2 
Water/C02 
Butane 
Pentane 

R-value of foam 

relative to C F C l l  
Blowing agent 

flammable? 

Yes 
No 
Yes 
No 
No 
No 
Yes 
Yes 
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dry air and 
water vapor 

FIGURE 19.3 
Atmospheric air as a mixture of air and water vapor. 

blowing agents for the previously used CFCs to 10% or less. Possible reactions 
and degradations of the insulating value over time is still under study. 

19.4 VAPOR BARRIERS 

A frequent cause of structural damage in refrigerated structures is the formation 
of ice within walls, roofs, and under floors. The specific topic of prevention of ice 
formation in the earth below the floor will be treated in Section 19.6. The de- 
signers, builders, and operators of refrigerated facilities are constantly confronted 
with the consequences of water vapor in the ambient air. A few principles must 
first be explained and then applied to the walls and roofs of refrigerated enclc- 
sures to show how problems might arise and also how they can be prevented. 

Atmospheric air always contains some water vapor. The total atmospheric 
pressure is the sum of the pressure exerted by the dry air and the pressure 
contributed by the water vapor, as shown in Figure 19.3. If progressively more 
water vapor were injected into the container in Figure 19.3, a state would be 
reached where some of the vapor would begin to condense into liquid. At tha t  
state the air is saturated, which is a condition shown by the saturation line on 
the psychrometric chart. The  vapor pressure a.t which condensation begins is a 
function of temperature, and the saturation curve for water is shown in Fig. 19.4. 

The next subject to consider is gradients-both of temperature and of 
water-vapor pressure-that exist in walls. Visualize a composite wall of two ma- 
terials, as in Figure 19.5, with a high temperature outdoors and a low tempera- 
ture indoors. Figure 19.5a shows the temperature gradient, with the steeper drop 
in temperatures occurring in the insulation. Figure 19.5b shows the gradient of 
the water-vapor pressure from the high vapor pressure of the warm outdoor 
air to  the low vapor pressure inside the refrigerated space. Water vapor flows 
continuously through the wall from the ambient side of the wall to the interior. 
Figure 1 9 . 5 ~  shows a composite graph of the water-vapor pressure distribution- 
the dotted line being the actual water-vapor .pressure line from Figure 19.5b. 
The other curve in Figure 1 9 . 5 ~  is the saturation pressure corresponding to  the 
existing temperature a t  the various positions in the wall from the ambient t o  
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FIGURE 19.4 
Saturation pressure of water vapor in air as a function of the air temperature. 

Saturation pressure hased 
on actual ternoeralurc 

C 

- 
C 

Actual partial - - e , .o pressure 

Condensation 

cn 
Pi - . begins 

(a) (b) (4 
Temperature Actual water vapor Actual and saturated 

water-vapor pressure 
FIGURE 19.5 
Gradients in a wall: (a) temperature, (b) actual water vapor. and (c) actual and saturated 
water-vapor pressure. 

the interior. This distribution was obtained by translating the temperatures of 
Figure 19.5a through the saturation pressure curve of Figure 19.4. 

One problem that Figure 19.5 illustrates is where the actual vapor p res  
sure equals the saturation pressure, because here water will condense. The conse- 
quences of the liquid water are twofold: (1) the insulating value of most materials 
is diminished, and (2) if the temperature is bel.ow freezing, the resulting ice will 
expand and possibly damage the structure. 

How can condensation of water within walls and roofs be prevented? The 
answer is by the careful installation of a vapor barrier. The vapor barrier, because 
of its extremely high resistance t o  the flow of vapor, causes an abruptly steep 
gradient, as shown in Fig. 19.6a. When applied t o  the warm side of a wall, as in 
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FIGURE 19.6 
A vapor barrier: (a) providing a steep gradient of water-vapor pressure, and (b) maintaining 
the pressure below saturation throughout the wall .  

Fig. 19.6b, the actual vapor pressure drops so low on the left of the vapor barrier 
that it remains below the saturation pressure throughout the wall. 

The foregoing discussion pertained to walls and roofs in which the flow 
of water vapor is from the warm ambient to the cold refrigerated space. The 
vapor that does pass through the wall or roof section can ultimately enter the 
refrigerated space to be removed by the refrigerating coil. Another application 
in which moisture transmission must be considered is in the insulation covering 
pipes and vessels, as shown in Fig. 19.7. A troublesome fact is that the vapor that  
migrates from the ambient has no outlet on the cold side. In time, then, moisture 
will flow into the cold interior and condense. The only hope is to postpone the 
day the insulation needs to  be replaced by devoting extreme care to moisture 
barriers on the exterior. Cellular insulation with its high impermeability to  vapor 
flow is the recommended choice, as is the vapor-tight exterior layer. 

19.5 CHARACTERIZING VAPOR 
BARRIERS. 

Films made of such materials as polyethylene and Mylar are available as va- 
por barriers. Even thin films of most commercial vapor-barrier materials serve 
adequately to  retard moisture flow, but a vapor barrier of adequate thickness 
should be chosen to prevent tearing and puncturing during installation. In the 
inch-pound system, the thickness of vapor barriers is usually given in mils, with 
one mil equaling 0.001 in. (0.025 mm). Most designers of refrigerated structures 
specify a minimum thickness of about 0.3 mm (12 mil) of polyethylene vapor 
barrier. 

The measure of the ability of a material to  transmit water vapor in the 
inch-pound system of units is called a U.S. perm3. A material exhibits one perm 
if it transmits 1 grain (1/7,000 lb) of water per hour through an area of 1 ft2 
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FIGURE 19.7 
Moisture transmission through insulation on pipes and vessel. 

when the vapor pressure difference is 1 inch of Hg. For other areas and pressure 
differences, multiply the number of perms by the prevailing values of the area and 
vapor pressure difference. The lower the perm value, the more effective the vapor 
barrier. A designer hardly ever computes the rate of vapor flow, and the merit 
of knowing typical values of perms is useful only for purposes of comparison. A 
10-mil (0.25 mm) film of polyethylene might be expected to possess a perm value 
of about 0.03 grains per hour per ft2 per inch of Hg vapor pressure difference. 
The most crucial concern is that the film is thick enough to  maintain its integrity 
during installation. 

19.6 PREVENTION OF FROST 
HEAVING BY UNDERFLOOR 
HEATING 

Even though floor insulation is provided, as shown in Figure 19.8a, the soil be- 
neath the floor of a low-temperature refrigerated space will become cold. If the 
temperature of the soil drops below freezing, the water it contains will freeze, 
expand, and could cause frost heaving, as shown in Figure 19.8b. The expansion 
that  occurs when water freezes develops enormous pressures and is capable of 
buckling floors and even raising the columns that  support the roof-all with dis- 
astrous results. Even if the soil is initially dry, because its temperature beneath 
the structure will be lower than the surroundings, moisture will migrate to  that 
region. The fundamental method of preventing frost heaving, as shown in Fig- 
ure 19.8c, is to  provide enough heat under the floor t o  maintain soil temperatures 
above the freezing temperature. 

Three different media4 are used t o  provide heat beneath freezer floors-air, 
electric heat, or warm ethylene glycol or oil in tubes. 

Air is a possible heating medium5 under the floor in mild climates. Clearly 
no heat can be supplied by ambient air when the outdoor temperature is below 
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FIGURE 19.8 
Sections of floor serving a refrigerated space operating at temperatms below O°C (32OF). 
(a) Because the soil beneath the floor contains moisture, (b) it could freeze and expand, 
unless (c) the soil temperature is maintained high enough to prevent freezing. 

freezing, so external means of heating the air must be provided in cold weather. 
When air is the heating medium, metal, plastic, or concrete ducts are encased in 
low-grade concrete, insulation is placed on the low-grade concrete, and then the 
concrete floor is poured over the insulated ducts: Two methods of air flow through 
the ducts are natural convection and forced convection. Natural convection ducts 
should be a t  least 200 mm (8in) diameter, limited to  36 m (120 it) in length, and 
spaced 1.5 m (5 ft) apart. These ducts must be sloped so that warm ambient air 
enters on the high side and the cooled air leaves at  the low side. The ducts must 
have no traps in which condensed moisture could collect, and both ends should 
be kept free of obstructions but screened to prevent debris and rodents from 
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FIGURE 19.9 
Placement of glycol heating tubes or electric cables to reduce the penalty of one circuit failing. 
(a) Elements of one circuit are adjacent to one another-not recommended, and (b) elements 
of two circuits are alternated-recommended. 

entering. When using fans for forced convection, the diameter may be lOOmm 
(4 in) with the same spacing as used for natural convection ducts. 

Electric resistance cables may be installed in loops with about 1 m (3ft)  
spacing between the elements. By installing the cable in a conduit, a circuit may 
be replaced if it fails. 

Ethylene glycol is a frequently used medium. The glycol passes through 
polybutylene tubes encased in the sub-slab, and often the source of hear for 
tlie glycol is rejected heat from refrigerant (Section 16.5). l h b i n g  diameters of 
25mm (1 in) are typical, and the spacing between tubes is usually 1.2 to  1 5 m  
(4 to 5 ft). The  supply temperature of the glycol need be no higher than 10 to  
15OC (50 to  60°F). 

Concern when using glycol-carrying tubes is potential blockage and a short 
or open circuit developing when using electric cables. Repair of such failura is 
usually costly. A practice that  reduces the penalty of the loss of one circuit of 
glycol tubing or electric resistance cable is illustrated in Figure 19.9. If the l~nes  
of one circuit are adjacent t o  one another, as in Figure 19.9a, the failure of one - 
circuit results in three spaces between heated elements (five spaces in the case 
of the double loop). On the other hand, if the lines from different circuits are 
crossed, as in Figure 19.9b, only two spaces exist between heated elements if one 
circuit fails. 

The heat flow entering a refrigerated structure through the floor is a refrig- 
eration load, so it is included in the load calculation. In designing an underfloor 
heating system, the heating capacity must also be calculated. These two cal- 
culations are identical in that  all of the heat entering the underfloor system is 
assumed t o  flow into the space. The basic heat-transfer equation, Equation 18.6, 
is the relation used with the U-value equaling the reciprocal of the sum of the 
thermal resistances. The  underfloor temperature, to ,  is usually assumed to be 
about 10°C (50°F), and t i  is the  temperature of the refrigerated space. 
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FIGURE 19.10 
(a) A high-humidity room adjacent to a low-temperature room and separated by a concrete 
block wall, and (b) computing the surface temperature of the wall. 

If frost heaving has taken place and deformed the floor and building, re- 
placement of the damaged portions may not always be necessary. The first step 
in restoration is to  inject heat beneath the floor by whatever means is possible. 
There are cases on record6 where after the heat has been supplied under the floor, 
the ice melted and the entire distorted structure settled back closely enough to  
its original condition that  normal operation of the facility could resume. 

19.7 PREVENTING CONDENSATION 
IN HIGH-HUMIDITY ROOMS 

For high-humidity rooms such as those storing unfrozen foods a t  90-95% relative 
humidities, a check should be made to  ensure prevention of condensation on the 
walls and ceiling. An example of a potential problem is illustrated in the food 
distribution center, Fig. 19.10a, where a high-humidity room operating a t  2OC 
(35.6OF) and 90% relative humidity is separated by a concrete block wall 200 
m m  (8 in) thick from a room storing frozen food a t  -20°C (-4OF). The surface 
temperature on the high-humidity side of the wall should be checked t o  ensure 
that  condensation of moisture will not occur. 

The surface temperature, L,, on the warm side in Fig. 19.lOb can be deter- 
mined by proportioning the 22OC (39.6OF) difference in air temperature. The con- 
vection coefficients a t  the vertical wall surfaces from Table 18.3 are 9.3 W/m2-K 
(1.63 Btu/hr.ft2-OF), so the R-values are 0.11 m2-K/W. The resistance of the 
cinder block from Table 18.2 is 0.30 m 2 . ~ / W  (1.72 hr.f t2 OF/Btu). Therefore: 

This surface temperature is lower than the dewpoint temperature of the air, 
which can be determined from a psychrometric chart to be 0 . 5 0 ~  (32.g°F). There- 
fore, condensation will occur. 
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FIGURE 19.11 
Preventing condensation on the wal l  surface by applying insulation. 

Prevention of condensation can be accomplished by insulating the wall 
as shown in Fig. 19.11. A 50 m (2 in) layer of polyisocyanurate would add a 
resistance of 2.5 m2.K/W (0.44 hr.ft2.0F/Btu) t o  the wall. This resistance is 
calculated from the conductivity in Table 18.1, k = 0.02 W/m.K, conductance 
= 0.02/(0.050 m) = 0.4 W/m2.K, and R = l/(conductance) = 2.5 m2.K/w. -4 
new calculation o f t ,  yields the following: 

The  surface temperature is now higher than the dewpoint temperature of 0.5'C 
(32.g°F), so condensation is avoided. 

19.8 DOORS 

The  cost of the doors that serve refrigerated spaces may constitute only several 
percent of the total cost of the facility, but tha t  low cost does not truly reflect the 
influence on operating cost of the facility. Handling of the product in refrigerated 
facilities becomes progressively more important as a greater percentage of the 
product is in motion a t  any time in contrast t o  dormant storage. The  choice of 
size, location, and type of door exerts a major influence on the avoidance of loss 
of time for the operating crew, as well as in controlling the amount of time the 
doors are open, which minimizes the refrigeration load. 

The designer must decide7 such questions with respect to  doors as the size, 
number, type, opening/closing speed, and placement-both between the refriger- 
ated space and the dock and between the dock and the truck or rail car openings. 



Door size. Doors must be large enough for fork-lift trucks carrying a pallet of 
product to pass through unimpeded. Since the pallet is about 1.2 m (4 ft)  wide, 
the width of the door should be a t  least 1.8 m (6 ft). The minimum size door 
available on the market is approximately 1.5 x 2.1 m (5 x 7 ft), and the largest 
is 4.3 x 4.3 m (14 x 14 ft). The door type and its opening/closing speed also 
influence the door size. 

Number of doors. The number of doors between the frozen food space and the 
dock is influenced by the anticipated frequency of passage of fork-lift trucks, 
which in turn is controlled by the number of turnovers of product. A refrigerated 
space with the capacity of 10,000 pallets and 30 turnarounds a year must move 
300,000 pallets in and out annually. Assuming 60 hours of operation a week, 144 
truck movements in and out are required per hour. If 30 s is chosen as the min- 
imum time per movement, each door can accommodate (288 movements)/(l20 
per hour) = 2.4 or three doors. The ability to maintain a uniform 30 s per truck 
movement would be difficult and result in delays at  busy times. The number 
of doors in this situation might reasonably be increased to  five. The number of 
dock doors to  the outside must be chosen to adequately provide time to load 
and unload semi-trailers. Choosing a loading or unloading time of 20 min and a 
trailer capacity of 20 pallets requires handling 1 pallet per minute or 60 pallets 
per hour per door. Thus, for 432 pallets per hour, a minimum of seven doors is 
required. 

After making the estimates of the required number of doors, the physical 
reality must be checked to be sure that the wall length is available for the desired 
number of doors. Also, additional dock doors are useful so that trailers can back 
in to the dock to be in position when the dock operation is ready. 

Door type. Both vertically and horizontally operating doors are available, with 
horizontal doors much more common for the heavily used doors of the refrigerated 
space. For the loading docks, vertical doors are appropriate because they are 
usually left open while the trailer truck is loaded or unloaded and a seal provided 
between the dock space and the trailer. Sliding doors may be purchased in either 
single- or double-door models, and as expected, the double door is more expensive 
than the single panel. On the other hand, the time required to  open the door 
of a given width is much less with the double door. Another design, shown in 
Fig. 19.12, is the bi-fold door, which is applicable to tunnels and corridors where 
mounting space is practically non-existent. 

Opening/closing speed. Doors are available with movement speeds from about 
0.6 m/s (25 in/s) to 1.2 m/s (50 in/s). Door are moved either directly by electric 
motors or by hydraulic motors using pressure provided by electric-driven hy- 
draulic pumps. To withstand the repeated forces of acceleration of the starting 
and stopping of the door motion, doors must be firmly anchored structurally. 
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FIGURE 19.12 
A bi-folding door. 

Door placement. The placement of doors is often a compromise between the 
ideal location from the standpoint of traffic flow and the limits of wall space. 
Natural extension of the aisles are the preferred location for doors between the 
refrigerated space and the dock, and the space between doors must be adequate 
for the trailers to back into their stalls. 

19.9 CONSTRUCTION METHODS 

There are two basically different concepts7 iq the construction of refrigerated 
spaces, the structurally-interior and the structurally-exterior methods, as illus- 
trated in Figure 19.13. In Figure 19.13a, the column, beam, and joist system is 
enclosed by the insulation and vapor barrier assembly with the walls supported 
by the vertical members and the roof supported by the beams and joist. In 
Figure 19.13b, the insulation and vapor barrier assembly is enclosed within the 
structural system.. 

The configuration of Figure 19.13a offers the opportunity of the fewest 
penetrations of the vapor barrier, and an  important goal in the construction 
of any refrigerated space is to  maintain the integrity of the vapor barrier. The 
interior placement of the insulation and vapor barrier system of Figure 19.13b is 
especially suitable for food processing areas tha t  need t o  be washed periodically. 
In many installations, the interior finish must be chosen for sanitary washdowns. 
Insulated structural panels with metal exterior and metal or reinforced plastic 
interior faces may serve the need for the washdowns. Floor bumpers and curbs 
aid in protecting the finish from damage. 
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FIGURE 19.13 
(a). Structural system interior to the insulation and vapor banier assembly, and (b) exterior 
to  the insulation and vapor barrier assmembly. 

19.10 ROOF AND WALLIROOF 
SECTIONS 

Several important  precautions in the construction of refrigerated spaces are: (1) 
t o  maintain structural integrity, (2) t o  carefully.sea1 all joints t o  prevent access of 
air and water,  and (3) t o  install the vapor barrier uninterrupted by penetrations. 
Since it is often impossible t o  avoid all penetrations of the vapor barrier, the  
points where the  vapor barrier is pierced should be resealed with a vapor-proof 
compound. Of course, where a conduit must pass through the  vapor barrier,  the  
outside of the conduit must be sealed, bu t  vapor can sometimes pass through 
the  interior of the conduit as well. After the wiring is installed, the  interior of 
the conduit should also be sealed. 

T h e  locations most vulnerable t o  openings are a t  the junctions-roof/wall 
and floor/wall. As is true in other types of buildings, the  roof of refrigerated 
structures is frequently where water and vapor leaks occur. Several different roof 
structure concepts work successfully, and the  construction details illustrated here 
are not exclusive. One possibility is t o  construct the  roof with prefabricated 
panels, which provides a good roof tha t  is usually slightly more expensive t h a n  
a built-up roof. T h e  construction details illustrated in Figure 19.14 apply t o  a 
refrigerated space. The structural system is enclosed in the insulation and vapor 
barrier assembly, as in Figure 19.13a. 

Figure 19.14 shows a roof/wall corner section where the  columns suppor t  
the  beams, which in tu rn  support  the  bar joists. Insulation is supported by 
a metal deck which lays o n  the  bar joists. Next comes t h e  vapor barrier,  for 
which i t  is crucial tha t  i t  be brought over the  wail panel and  extended a short  
distance vertically down t h e  panel and then sealed. T h e  vapor barrier for t h e  
wall panel is its outside skin. If the  membrane for the  vapor barrier o n  t h e  roof 
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FIGURE 19.14 
One concept of roof construction. 
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FIGURE 19.15 
Roof curb. 

is a thick (perhaps 1.5 mm or 60 mils) and durable EPDM (ethylene propylene 
diene monomer), the stone ballast may be laid directly atop the membrane. This 
ballast should be washed round stone with diameters between 18 and 38 mm 
(314 to 1-112 in). An alternative for the top cover is to install several layers of 
asphalt felt with asphalt applied between the layers. A roof curb of wood covered 
with a membrane, as shown in Fig. 19.15, can direct rain and melted snow to 
the drains. 
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FIGURE 19.16 
A floor/wall junction. 

19.11 FLOOR AND WALL/FLOOR 
SECTIONS 

Another critical location in the construction of a refrigerated building is the floor 
and the wall/floor junction. Here too there are alternate approaches to achieving 
satisfactory construction, but several of the basic considerations that must be 
addressed are: (1) continuity of the vapor barrier, (2) withstanding the compres- 
sive load on the floor, (3) underfloor heating when the storage temperature is 
below freezing, and (4) the transfer of the column load in such a way that there 
is a minimum conductivity of heat. 

Figure 1 9 . 8 ~  has already suggested the basic floor construction consisting of 
concrete on insulation over a low-grade concrete in which the underfloor heating 
pipes or ducts are placed. More details of the floor assembly and the floor/wall 
junction are shown in Figure 19.16. 

Placing a slip sheet of film, perhaps 1.5 m m  (6 mil) thick, between the con- 
crete floor and insulation is advisable. This slip sheet, which during construction 
is placed on the insulation before pouring the concrete, serves two purposes. I t  
permits differential expansion between the insulation and concrete, and it keeps 
the moisture of the concrete from contacting the insulation until the concrete 
dries. 

Since the insulation must withstand the compressive stress of the concrete 
as well as the weight of pallets and fork-lift trucks, its inherent compressive 
strength is a factor in its selection. As Table 19.1 indicated, extruded polystyrene 
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Concrete base 

Column supports (a) for perimeter columns, and (b) for interior columns. 

and cellular glass exhibit high compressive strengths, and one of these materials 
is usually chosen. 

The vapor barrier is agaln placed on the warm side of the insulation, with 
the sections of the vapor barrier sheets sealed during installation to maintain 
the integrity of the barrier. Figure 19.16 shows the vapor barrier extending 
continuously to the exterior of the building where i t  is sealed. Alternatively, 
a vapor-proof sealant can be applied a t  the junctions of the column support nnri 
wall panel with the floor. The concrete beneath the insulation and vapor basrler 
holds the underfloor heating elements in position, gives a smooth support for tllc 
insulation, and prevents puncturing the vapor barrier. 

19.12 COLUMNS 

Because columns require adequate support a t  their base, they cannot normally 
rest on the insulation. This means that the columns extend past the insulation 
and become undesirable conductors of heat into the refrigerated space. An ag- 
proach used frequently to  reduce the conduction of heat is t o  set the  c o l u m ~  an 
a wood base that  is in turn supported by the concrete foundation a t  the perirne- 
ter of the building, Figure 19.17a. In the case of an interior column, the wood 
rests on a concrete pad, as shown in Figure 19.17b. The wood chosen for these 
column pads is usually oak, perhaps 150 mm (6 in) thick and oriented so that 
the direction of the grain is vertical. 
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19.13 CONVERTIBLE SPACES 

In order to  provide greater flexibility in a refrigerated storage or distribution 
facility, some owners equip their space so that at  least one room is convertible 
between the storage of frozen and unfrozen food products. Consideration of this 
possibility has become more important in recent years because of the increase in 
sales, and thus in the short-term storage as well, of unfrozen fruits and vegetables. 
From the standpoint of the facility, a convertible space is basically designed for 
frozen food storage. Convertible space must be insulated and provided with vapor 
barriers appropriate for low-temperature storage, and underfloor heating must be 
installed, even though it is shut off when the space operates a t  high temperature. 

From the standpoint of the refrigeration system, the air-cooling coils chosen 
for low-temperature operation will normally be adequate for high-temperature 
operation, because the refrigeration load due to conduction and infiltration will 
be less. Also, if in the selection of the coils the temperature difference between 
the room air and refrigerant may be less for low-temperature operation, so the 
coils will have greater capacity when operating in the high-temperature space. 
Hot-gas defrost will be required for low-temperature operation and usually for 
high-temperature operation as well. The major provision on the refrigeration side 
is that the supply of liquid (assuming liquid recirculation) will be provided from 
an intermediate-pressure recirculator, and the suction gas and liquid from the 
coil must return to  this intermediate-pressure recirculator. These requirements 
necessitate the installation of headers so that the source of the supply and the 
destination of the suction refrigerant can be interchanged. 
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CHAPTER 
20 

SECONDARY 
COOLANTS- 
BRINES AND 

ANTIFREEZES 

20.1 SECONDARY COOLANTS 

A secondary coolant is the fluid chilled by the primary refrigeration system that 
then performs the refrigeration by absorbing heat through its rise in temperature. 
A secondary coolant could conceivably undergo a change in phase, condensing at 
the primary refrigeration system and boiling a t  the point of refrigeration load. In 
the pre-CFC era, R-11 was sometimes used forthat purpose, and COz continues 
to serve in this manner. The scope in this chapter will be restricted, however, to 
fluids that remain in the liquid phase and thus change temperature to  accomplish 
heat transfer. 

The terms secondary coolants, brines, and antifreezes are sometimes used 
interchangeably. This chapter will use secondary coolant as the general descrip 
tion of a fluid with freezing temperatures below those of water. Brines are one 
class of secondary coolants formed by the aqueous (with water) solution of a salt. 

Secondary coolants have been used for years, and the number of applica- 
tions seems to be growing rather than declining. Despite the cost penalties for 
pumping the secondary coolant and the lower evaporating temperature required 
to overcome the additional temperature differences due to  the interposition of an 
extra fluid, some recent trends maintain the importance of secondary coolants. In 
the case of ammonia, the refrigerant charge can be contained in a compact chiller, 
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and a leak in the distribution system will not cause damage to  stored refriger- 
ated products. The use of secondary coolants in ammonia systems supports the 
trend to low-refrigerant-charge systems. In the case of the halocarbon systems, 
the high cost of replacements for the CFCs and HCFCs motivates consideration 
of low-charge systems. 

The number of candidates for secondary coolants is large, and this chap- 
ter will attempt t o  give key data  on a wide eelection. Of this large number of 
possibilities, certain choices are more popular than others, so additional charac- 
teristics will be provided. Key data  include the following factors: 

Lowest solidification temperature 
Flammability 
Compatibility with food 
Corrosion tendency and inhibition possibilities 

If a candidate possesses satisfactory key data to  pass the first stage of the selec- 
tion process, additional characteristics should be evaluated, such as the thermal 
and fluid properties, including the following: 

Viscosity 
Specific heat 
Specific gravity or density 
Thermal conductivity 

Secondary coolants to  be considered in this chapter include the following: 

Alcohol-thy1 alcohol 
Alcohol-methyl alcohol 
Chloride-calcium chloride 
Chloridesodium chloride 
d-limonene 
Glycol-thylene glycol 
Glycol-propylene glycol 
Halocarbons 
Polymers 

20.2 PHASE DIAGRAM OF A 
SECONDARY COOLANT 

A typical phase diagram for aqueous solutions is shown in Figure 20.1. The curves 
of the freezing points show that  in many cases the solution of the two constituents 
has a lower freezing point than either substance individually. The chart shows 
the possible phases and mixtures tha t  can exist at  various concentrations and 
temperatures. Assume that  the substance is a'solution of salt and water. If the 
brine a t  temperature A has a concentration M,  what will be the behavior of the 
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FIGURE 20.1 
Phase diagram of an squeous secondary coolant. 

brine as it progressively cools? The brine remains a liquid until the temperature 
drops to B. Further cooling to C results in a slush, which is a mixture of ice and 
brine. The brine at C has concentrated itself by freezing out some of its water 
into ice. The percentage of ice and liquid, respectively, in the mixture at  C is 
shown in the following equations: 

Percentage ice = - (20.1) 

Percentage liquid = - : z2) loo 

Cooling the solution below D solidifies the entire mixture. Point E is called 
the eutectic point and represents the concentration a t  which the lowest temper- 
ature can be reached with no solidification. Strengthening the solution beyond 
the eutectic concentration is fruitless, because the freezing temperature rises. 

20.3 FREEZING TEMPERATURE 

The freezing temperature of a secondary coolant must be lower than its expected 
temperature leaving the primary refrigeration system. In addition, there should 
be a safety factor to allow for occasional variations in control. An overview' of 
freezing temperatures for aqueous solutions is provided in Figure 20.2. 

To supplement Figure 20.2, Table 20.1 shows the lowest freezing tempera- 
tures of some aqueous solutions and the concentration by mass of the solute at 
these minimum temperatures. 

The secondary coolants listed in Table 20.1 fall roughly into two groups, 
based on their freezing temperature--the low temperature and the ultra-low 
temperature antifreezes. Those antifreezes applicable to the temperature range of 
-20 to -40°C (-4 to -40°F) are ethylene and propylene glycol and the calcium 
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FIGURE 20.2 
Freezing temperatures of wme aquooua secondary coobats. 

and sodium chloride brines. For temperatures below -40°C (-40°F), the choice 
can be made among the alcohols, acetone, d-limonene, or polydimethylsiloxane3 
types of secondary coolants. 

Since the higher of the two temperature ranges is most often encountered, 
this chapter will present more engineering data on secondary coolants applicable 
to that range. The secondary coolants of the iower temperature range are par- 
ticularly applicable to  the low-temperature systems studied in Chapter 21, and 
selected data on these antifreezes will also be presented. 

The next several sections will present data  on the freezing temperatures, 
density, viscosity, specific heat, and thermal conductivity of various secondary 
coolants, along with comments on these properties as well as other characteris- 
tics. 

20.4 SODIUM CHLORIDE 

The two important brines for refrigeration service are aqueous solutions of either 
of two s a l t s s o d i u m  chloride (NaCI) or calcium chloride (CaCI2). NaCl brine 
is probably the most economical of any available secondary coolant, and it can 
be applied in contact with food and in open systems because of low toxicity. 
Furthermore, NaCl brine is nonflammable and has favorable thermodynamic 
and transport properties. The freezing point, density, viscosity, specific heat, 
and thermal conductivity of NaCl brine are shown, respectively, in Figs. 20.3 
t o  20.7. These properties result in high heat-ttansfer coefficients, although not 
as good as CaC12 brine. Several disadvantages of NaCl brine are its relatively 
high freezing temperature and the fact tha t  it is highly corrosive. NaCl brine is 
not nearly as popular as CaC12 brine, so the discussion of corrosion inhibition, 
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FIGURE 20.3 
Freezing point of NaCl brine2. 

compatibility with materials of construction, and other factors that  must be 
confronted when dealing with brines will be detailed in the next section. 
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Calcium chloride (CaC12) brine, certainly in the past and perhaps even now, 
is the most popular secondary coolant serving the industrial refrigeration field. 
Next to NaCl brine, its cost is the lowest of the conventional choices, and its 
freezing temperature is lower than NaCl brine. While NaCl brine is acceptable 
in the vicinity of foods, CaClz brine, which is essentially non-toxic, should be kept 
from direct contact with foods. CaCl2 brine enjoys lower viscosities in comparison 
to  ethylene glycol and especially propylene glycol. CaC12 brine is nonflammable, 
and with the addition of suitable inhibitors, this brine is compatible with steel 
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FIGURE 20.4 
Density of NaCl brine2. 
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FIGURE 20.5 
Viscosity of NaCl brine2. 

and aluminum. Neither NaCl nor CaCl2 brines should be used with galvanized 
steel, because the brines attacks the zinc in the galvanized coating. As is true 
of many of the secondary coolants for industrial refrigeration, CaC12 brine is 
corrosive to  the metals of its containment system. For this reason inhibitors 
must be added to  the brine and a maintenance plan should include periodic 
checks of the brine. Oxygen facilitates corrosion, so the brine system should be 
closed and thus equipped with an  expansion tank. However, oxygen seems t o  
materialize even in a closed system. The freezing points, densities, viscosities, 
specific heats, and thermal conductivities of CaC12 brine are shown in Figs. 20.8 
to  20.12, respectively. 

A basic requirement is t o  maintain a slightly basic condition of the CaC12 
brine with an ideal pH value of about 7.5 (a pH of 7 is neutral). Acidic solutions, 
indicated by low pH values, are particularly corrosive, but highly basic solutions 
are also corrosive. 



SECONDARY COOLANTS-BRINES AND ANTIFREEZES 

Temperature, OF 
-20 0 20 40 60 80 

4.0 0.95 

L 

L4 9 
& 3.8 = 
3 0.00 3 

m 
m 

Y 
4 

8 3.6 m w 
C 0.85 
0 
(;= L' .- .- 
0 3.4 0 

0 
0.80 3 

tn 

3.2 
-20 -10 0 10 20 30 

Temperature OC 
FIGURE 20.6 
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Thermal conductivity of NaCl brine2. 

The traditional inhibitor for brine is a chromate, in particular a solution 
of sodium dichromate7. The addition of sodium dichromate turns the soluiion 
acidic, therefore to bring the brine solution back t o  the target pH value, it is 
usually necessary as well t o  add caustic soda (sodium hydroxide, NaOH). Current 
environmental regulations are restricting the use of chromates, so before they 
are applied or disposed of from an existing system, federal, state, and local 
regulations should be consulted. New organic inhibitors are now available. 
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FIGURE 20.8 
Freezing point of CaCll brine4. 
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FIGURE 20.9 
Density of CaCl2 brine4. 

20.6 ETHYLENE GLYCOL. 

After calcium chloride brine, aqueous solutions of ethylene glycol are probably 
the next most popular secondary coolant for industrial refrigeration systems. 
The freezing temperature of ethylene glycol is low enough to  make it suitable for 
many industrial refrigeration applications. The solutions are nonflammable and 
can by used in piping systems of steel, aluminum, and copper. Just as is true 
of the brines, galvanized pipe and fittings should be avoided, and in addition, 
the temperature should be maintained below 60°C (140°F) in systems using 
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FIGURE 20.12 
Thermal conductivity of CaCll brine'. 

aluminum pipes. One of the important transport properties that affects both 
the pressure drop of the flowing coolant as well as the convection heat-transfer 
coefficient is the viscosity. A low viscosity is desirable from both standpoints, 
and the viscosity of ethylene glycol solutions lies between the lower values of 
calcium chloride brines and the higher values of propylene glycol solutions. The 
freezing points, densities, viscosities, specific heats, and thermal conductivities 
of ethylene glycol are shown in Figs. 20.13 t o  20.17, respectively. Ethylene glycol 
is a moderate fire hazard, having a flash point in the neighborhood of 113°C 
(235°F). I t  is less corrosive than CaClz brine, particularly when inhibited, which 
is the form in which ethylene glycol is usually sold. While it can be applied 
a t  temperatures down to  about -40°C (-40°F), its high viscosity a t  those low 
temperatures is prohibitive, so it is usually considered to be a high-temperature 
coolant t o  be used at temperatures above -10°C (14°F). Ethylene glycol is 
somewhat toxic, so i t  should not be used in contact with food. 

Two classes of inhibitors2 are in common use with glycols, and these are: 
(1) corrosion inhibitors which coat the metal.slirfaces that come into contact 
with the glycol, and (2) environmental stabilizers which have the main purpose 
of regulating the pH to  slightly above 7 in order to  avoid an acidic condition. 

The inclusion of an inhibitor affects the density and thus the ability to  
use the specific gravity t o  determine the solution strength. Accurate methods 
include gas chromatography or a refractive index measurement. 

20.7 PROPYLENE GLYCOL 

The freezing temperatures, densities, viscositiei, specific heats, and thermal con- 
ductivities of propylene glycol solutions are illustrated in Figures 20.18 to  20.22, 
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FIGURE 20.13 
Freezing temperature of inhibited ethylene glycol solution5. 

FIGURE 20.14 
Density of inhibited ethylene glycol solution5. 
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FIGURE 20.15 
Viscosity of inhibited ethylene glycol solution5. 
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FIGURE 20.16 
Specific heat of inhibited ethylene glycol solution5. 
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FIGURE 20.17 
Thermal conductivity of inhibited ethylene glycol solution5. 
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FIGURE 20.18 
Freezing temperature of inhibited propylene glycol solution6. 
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FIGURE 20.19 
Density of inhibited propylene glycol molution6. 

respectively. A virtue of propylene glycol that  is  the chief contributor to its wide 
use is that it is nontoxic and suitable for direct contact with food. Its minimum 
freezing temperature is -51°C (-60°F), which is comparable to that  of ethy- 
lene glycol and calcium chloride brine. It usually costs more than ethylene glycol. 
Propylene glycol would hardly ever be used close to  the -51°C (-60°C) temper- 
ature. because of its high viscosity a t  high concentrations and low temperatures. 
In fact, its high viscosity for a given temperature service is one of the major draw- 
backs of propylene glycol. Its viscosity is two to four times greater than that  of 
ethylene glycol, resulting in high pressure drops and low heat-transfer coeffi- 
cients. Wheniinhibited, i t ,  like ethylene glycol, causes little corrosion. Practical 
low temperatures for its application are about -lO°C (14OF). The flash point 
of propylene glycol is similar to that  of ethylene glycol, so it is not considered a 
serious fire hazard. 

Steel, aluminum, and copper are compatible with both glycols, but galva- 
nized steel should be avoided as is true of calcium chloride brine. Some installers 
do not choose refrigeration grade copper but instead use the less-expensive stan- 
dard grade. The removal of the active sludge that  could absorb the inhibitors is 
critical, so the installation and periodic cleaning of filters is recommended. 

20.8 POLYDIMETHYLSILOXANE 

The four secondary coolants examined so far (two brines and two glycols) are 
aqueous solutions. The secondary coolant, polydimethylsiloxane3 (PDS), is an 
example of a silcone-based polymer that is used full strength. A summary of 
the properties of PDS can therefore be presented in a straightforward table, as 
shown in Table 20.2. 
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Specific heat of inhibited propylene glycol solution6. 
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FIGURE 20.22 
Thermal conductivity of inhibited pmpylene glycol solution6. 

The operational temperature range of PDS is -73 to 260°C (-100 to 
500°F). Even though this chapter has confined its emphasis to low and extremely 
low temperatures, there are applications where, during an operating cycle, the 
heat-transfer fluid experiences a range of temperatures from very cold to very 
hot. Such an application8 is the reaction that takes place in a jacketed vessel that 
is surrounded by fluid between -32 to 177OC (-25 to  350°F). The availability 
of one fluid capable of operating over this entire temperature range replaces 
the former procedure of passing steam, water, and glycol through the jacket at  
different times. 

Some physical advantages advanced for PDS are that it is noncorrosive 
and essentially non-toxic. No worker exposure limits (TLVs or PELS) apply. The 
flash point is 47OC (116OF), the fire point is 60" (l4O0F), and the auto-ignition 
temperature is 350°C (662OF). Because of its low vapor pressure, vapors of PDS 
do not pose a serious flammability hazard a t  room temperature. Carbon steel is 
the material predominantly used for piping and vessels, but low-alloy steels and 
stainless steel work quite satisfactorily. 

An examination of several properties in Table 20.2, in comparison t o  previ- 
ously presented data on brines and glycols, highlights an important advantage of 
PDS. The minimum freezing temperature as indicated by Table 20.1 is - l l l ° C  
(-16g°F), in comparison to the minimum freezing temperatures of calcium chlo- 
ride brine and the glycols which are in the range of -50°C (-58OF). So while 
the lowest practical application temperature of CaClz brine and the glycols may 
be about -30°C (-22OF), PDS would be practical down to temperatures in the 
neighborhood of -70°C (-94OF). 



TABLE 20.2 
Properties of polydirnethylsdoxane3 secondary coolant. 

Other property comparisons of PDS with CaClz brine and the glycols are 
for the viscosity, specific heat, and thermal conductivity, as shown in Table 20.3 
for a temperature of -30°C (-22'F). The specific heat of PDS is about half tha t  
of the other coolants, therefore, it requires two times the flow rate. The  thermal 
conductivity of PDS is about a third tha t  of the others, which adversely affects 
the heat-transfer coefficient. The viscosity of-PDS is, however, very favorable 
since i t  is perhaps one-tenth that  of CaCll brine and the glycols. This low vis- 
cosity reduces the pumping energy to  help compensate for the greater flow rate 
of PDS. The low viscosity also exerts a positive influence on the heat-transfer 
coefficient. 

A general conclusion that  is subject to  exceptions is t o  choose brine or the 
glycols for higher-temperature applications, but as the operating temperature of 
the coolant drops, consider the use of PDS. 
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TABLE 20.3 
Comparison of reveral fluid properties at -SOaC (-22"'). 

20.9 D-LIMONENE 

Coolant 

Calcium chloride 

(28.2% by mass) 
Ethylene glycol 

(52% by volume) 

Propylene glycol 

(54% by volume) 

PDS 

D-Limonene is the major component in citrus oils. I t  is obtained by distilling 
orange oil to produce food grade d-limonene and by pressing peelings to make 
the technical grade d-limonene used for cattle feed. The compound

g 
is a terpene 

having a formula of C10H16, with the d designation indicating that the material 
is dextrorotatory, a fact that  does not influence its use. 

hlajor uses of D-Limonene are as a solvent and a cleaner, as well as a 
flavoring. The fact that it has the low freezing temperature of -97OC (-142OF), is 
available in food-grade form, and possesses a low viscosity has attracted interest 
as a possible secondary coolant, Because its use as a secondary coolant is not yet 
widespread, only preliminary measurements of the properties important to  this 
use have been made so far. The data available2 to  date is shown in Table 20.4. 

D-Limonene is compatible with steel, stainless steel, and aluminum. The 
major precaution in its use is the prevention of combustion. D-Limonene has a 
flash point of 46OC (115OF), and as a hydrocarbon, its vapor is combustible. The 
flammability limits at  150°C (302OF) are betw2en 0.7% and 6.1%. 

20.10 OTHER SECONDARY 
COOLANTS 

Viswsity, 
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(3.79) 

In addition to the widely used secondary coolants that have been explored so 
far in this chapter, some additional fluids are available tha t  may have favorable 
properties but also exhibit one or  more important deficiencies. Also, the search 
continues for new substances as  well as the development of new approaches to 
low-temperature fluids with desirable properties. 

Methyl alcohol. Methyl alcohol or methanol is a widely used secondary 
coolant in the chemical and pharmaceutical industries. I t  is lower in cost and 

Specific heat, 
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(Btu/lbe°F) 
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(0.363) 

possesses superior heat-transfer characteristics in comparison to the glycols. The 
freezing temperature of pure methanol, for example, is -97.8OC (-144OF), which 

Thermal conductivity, 

W/m.K 
(Btu/hr.ft.OF) 

0.49 

(0.285) 
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0316 
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(0.0700) 



TABLE 20.4 
Thermd propaties of d-limonene. 

is lower than that  of the glycols. So for less stringent temperature requirements, 
a solution of methanol in water is used. The major disadvantage of methanol is 
its toxicity, which makes i t  more harmful than ethylene glycol. Its use is usu- 
ally limited to  process applications where trained operators and technicians are 
available. Methanol is flammable, &d thus introduces a fire hazard in its storage, 
handling, and use. 

Ethyl alcohol. Pure ethyl alcohol or ethanol freezes a t  -112OC (-170°F), 
and in solutions with water, it is used as a secondary coolant. I t  is more expensive 
than methanol and has somewhat inferior heat-transfer coefficients. Ethanol is 
flammable and requires fire precautions. 

Halocarbons. On occasion, some HCFC or HFC refrigerants are used as 
secondary coolants, because they usually have low freezing temperatures and are 
nontoxic and non0immable. At the temperatures used, the refrigerant remains 
liquid throughout the circuit. 

Ammonia-water. An aqua-ammonia solution performs effectively as a sec- 
ondary coolant. A solution of 14% ammonia by mass exhibits a freezing temper- 
ature of -22°C (-7.0°F). Such a solution yields heat-transfer coefficients1° of 
the same order of magnitude as CaClz brine, which in turn is appreciably higher 
than the glycols, especially propylene glycol. The pumping energy required by 
an ammonia-water solution is very favorable and is the lowest of any popular 
secondary coolant. In a closed system with the-assumed 14% ammonia solution, 
even a t  room temperature the pressure inside the system is below atmospheric, 
and a t  low operating temperatures the pressure is even lower. This means that  in 
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the event of a leak in the piping, air entem the system, but virtually no ammonia 
escapes. 

Solid suspensions. A concept still in the development stage is to circulate 
a slurry, which consists of a liquid with solid particles that melt as they perform 
the refrigeration. Small particles of ice" frozen on a cold surface and removed 
constantly by scraping are introduced to a secondary coolant that is an aqueous 
solution. The pump in the circuit only handles liquid after the particles have 
melted. Another approach1* has been to encapsulate minute quantities of a sub- 
stance that is chosen so these particles freeze and thaw a t  the desired coolant 
temperature. The motivation behind these efforts is to exploit the latent heat of 
fusion of a substance to  significantly reduce the flow rate of coolant. 

20.11 INCENTIVES FOR NEW 
DEVELOPMENTS IN SECONDARY 
COOLANTS 

We are now in a period of heightened interest in secondary coolants because of 
the appeal of indirect systems. Such systems decrease the amount of primary 
refrigerant required, which in turn reduces the cost of CFC replacements or 
provides a safer arrangement when ammonia is the refrigerant. 
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CHAPTER 
21 

REFRIGERATION 

2 1.1 REFRIGERATION AT 
TEMPERATURES BELOW -40 
DEGREES 

The term low iemperaiure applies to the applications covered in this chapter 
and embraces the temperature range of approximately -40 to -80°C (-40 to 
-llO°F). The description low is relative, because these temperatures are not low 
to the scientists and engineers who build and operate systems at temperatures 
approaching absolute zero. The band of temperatures addressed in this chap  
ter is positioned below those temperatures normal for the freezing of food and 
well above cryogenic temperatures, which are usually defined as below -150°C 
(-240°F). Thus, the refrigeration temperatures explored in this chapter do not 
extend to the technologies of liquefaction of natural gas, nitrogen, oxygen, he- 
lium, and other industrial gases. Similarly, this chapter does not encompass the 
bulk of industrial refrigeration activities that span the range of evaporating tem- 
peratures from about S°C down to -40°C (400F down to -40°F). 

Some justification should be advanced for treating refrigeration below -40' 
differently than systems operating above that temperature. Aren't the principles 
the same? Physical laws applicable above -40' do not suddenly lapse at tem- 
peratures below that value. However, there are some differences in the following 
areas: 



Refrigerants 
Systems (3 stage and cascade) 
Materials for pipe and vessels 
Insulation 
Secondary coolants 
Magnitude of boiling and condensing heat-transfer coefficients 

Refrigeration technologies below O°C (32OF) differ somewhat from those 
above that temperature, such that  a competent designer and installer of air 
conditioning systems might not know all the requirements for systems operating 
below the freezing point of water. In a similar manner, designers and installers 
experienced with systems for freezing and preserving food may not possess all 
the required expertise to provide, for example, a successful liquid chiller for a 
pharmaceutical plant that  refrigerates brine to  a temperature of -70°C (-94OF). 

Unfortunately, few designers, installers, and manufacturers of components 
enjoy a frequency of jobs high enough to permit a rapid learning curve in the 
low-temperature field. There is a special need, then, for the professionals active 
in this sphere of refrigeration to share experiences. In fact, this chapter has 
drawn on the accumulated experience of some of these designers, contractors, 
and operators. 

21.2 SOME APPLICATIONS 
OF LOW-TEMPERATURE 
REFRIGERATION 

A wide variety of applications call for evaporating temperatures below -40°, 
and while no statistical survey has been attempted, it is likely that  environ- 
ment chambers, fluid chillers in the chemical and process industries, freeze-drying 
chambers, and condensation for the recovery of vapors are dominant applications 
of low-temperature refrigeration. Some of the functions of low-temperature en- 
vironment chambers' include determining the performance of mechanical and 
electrical equipment a t  low temperatures, studying the properties of materials 
a t  low temperatures, and testing humans and animak. Tests on personnel may 
be conducted to examine the performance of protective clothing or for altitude 
and space studies. Some environment chambers are small cabinets, while oth- 
ers are large enough to house an automobile under low-temperature operating 
conditions. 

A sizeable business in the -50 to  -70°C (-60 to -90°F) temperature range 
has developed for the condensation of volatile organic compounds (VOCs). These 
installations often incorporate a spare VOC condensation unit, because the entire 
plant operation may have to be shut down for environmental reasons when the 
condensation facility is out of operation for repair or maintenance. Other low- 
temperature applications in the chemical industry provide a low-temperature 
environment for chemical reactions tha t  would race out of control at  room tem- 
peratures. 
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FIGURE 21.1 
Saturation pressures of some low-temperatwe refigerants M a function of temperature. 

21.3 SYSTEMS AND REFRIGERANTS 

The choices of system configurations and refrigerants are interrelated. The pres- 
sure should not be undesirably high a t  condensation nor undesirably low in low- 
temperature evaporators, but i t  is difficult to  find a refrigerant that has suitable 
pressures a t  both ends of the temperature scale. 

Figure 21.1 shows the saturation pressure curves for the family of refrig- 
erants generally considered for low-temperatu~e systems. The figure illustrates 
that the common refrigerants for industrial refrigeration systems (ammonia, R- 
22, R-507, and even R-134a) experience undesirably low evaporating press2res 
in the range of -40 to  -80°C (-40 to  -112OF). The refrigerants R-23, COz, 
and ethane, on the other hand, which have reasonable pressures in the evapora- 
tor, experience undesirably high pressures when condensing a t  typical ambient 
temperatures. 
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TABLE 21.1 
Compressor displacement rates for u v a d  different refrigerants at t h m  evaporating tempera- 
t- with O°C (3Z°F) liquid enteriry the expansion d v c .  

A low evaporating pressure by itself may not preclude the use of a refrig- 
erant if the circuit can be hermetically sealed, but the high specific volume that 
occurs a t  low temperatures may require the physical size and displacement rate 
of the compressor to be large. Table 21.1 shows compressor displacement rates of 
systems operating at  several different evaporating temperatures with liquid en- 
tering the expansion device at  a temperature of O°C (32'F). This temperature of 
the supply liquid was arbitrarily chosen, but assumes that  the refrigerant serving 
the evaporator is either on the low stage of a two-stage system or in a cascade 
system. The data in Table 21.1 shows that the diplacement rate required a t  the 
compressor is very large when using the standard industrial refrigerants (R-22, 
ammonia, R-507, and propane) at  low temperatures. On the other hand, the 
displacement rates are modest for R-23, COz, and ethane. 

Also shown in Table 21.1 is the fact that  ammonia freezes a t  -77.7"C 
(-108OF) and C 0 2  freezes at  -56.6OC (-69.8OF). The possibility of freezing in 
the case of ammonia simply means that the refrigerant cannot be used for e v a p  
orating temperatures lower than its freezing point. In the case of COz, however, 
the frozen form can be usefully applied. The skeleton pressure-enthalpy diagram 
of C 0 2  is shown in Fig. 21.2. The lower region on the p h  diagram is especially 
interesting, because below a pressure of 518 kPa (75.1 psia), C 0 2  cannot exist 
in liquid form--only as a solid or a vapor. The triple point (which is actually a 
line) is a special state a t  which vapor, liquid, and solid can coexist at  saturated 
conditions. The triple point of COz is a t  a pressure of 518 kPa (75.1 psia) and 
a temperature of -56.6OC (-69.8'F). What is called a triple point is actually 
a line a t  a pressure of 518 kPa (75.1 psia) extending from the saturated solid 
line to the saturated vapor line. I t  should not be implied that carbon dioxide 
is a rare substance possessing a triple point. Virtually all substances have triple 
points, but for C 0 2 ,  the property occurs a t  a temperature that is quite useful. 

Carbon dioxide is sometimes used as an expendable refrigerant for freezing 
food. Carbon dioxide is supplied to the plant in liquid form, which means that 
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FIGURE 21.2 
Skeleton pressure-enthalpy diagram of carbon dioxide (C02) .  

it must be under pressure. If the temperature of liquid CO2 is 20°C (6a0F), for 
example, the saturation pressure would be 5,728 kPa (831 psia). When storing 
large quantities of COz, the pressure of liquid in the vessel may be kept a t  a 
convenient value by maintaining it a t  a reduced temperature. Such a facility 
is equipped with a recompression unit that draws off vapor from the vessel, 
compresses it, then condenses it, and finally throttles and returns the mixture of 
liquid and vapor to the vessel. If COz liquid expands to standard atmospheric 
pressure through a throttling valve, the resultant state is a mixture of C02 
vapor and solid that appears as snow. The temperature after throttling is -7g°C 
(-llO°F). One commercial process presses the carbon dioxide snow into blocks 
of dry ice,  which is a convenient, short-term, low-temperature cooling medium. 

For large systems in industrial environments, hydrocarbons such as ethane 
and propane are used -extensively. The requirements for dealing with flammable 
refrigerants, such as special electric gear, are at least partially offset by the 
relatively low cost of the refrigerant. Thermodynamic and fluid properties of 
hydrocarbon refrigerants are favorable at  these low temperatures. 

HFC23 is one of the candidates to replace R-503. Its toxicity is low, its 
saturation pressure curve is close to that of R-503, and materials commonly used 
for R-503 are suitable for HFC23. A system using HFC23 can expect to use 
about 10% more energy than necessary with R-503. Early reports on the oper- 
ation of HFC23 systems are becoming available2 and indicate that the .mineral 
oils suitable for R-503 must be replaced with polyol ester oils. The expansion 
valve setting is expected to be different than with R-503. 



21.4 MULTISTAGE SYSTEMS 

Two-stage systems are very common in industrial refrigeration. The principal 
disadvantage of a two-stage plant in comparison to  single stage is a higher first 
cost of the system. However, there are many advantages of the two-stage concept, 
including the following: 

Improved efficiency because of flash-gas removal a t  the intermediate pressure 

Improved efficiency attributable to desuperheating of discharge gas from the 
low-stage compressor 

Reduced pressure ratios imposed on the compressors which results in higher 
efficiency of each compressor 

Lower compressor discharge temperatures- which is particularly important 
for reciprocating compressors 

Lower volume flow rate of refrigerants required for the low-stage compressor 

Smaller size of suction line from the low-temperature evaporator 

A question arises a s  to  whether to  choose a three-stage system, of which 
there are many in operation, or a two-stage system. The need for three-stage 
compression is not as critical as i t  once was when reciprocating compressors 
were dominant. This situation has changed now with the availability of screw 
compressors, which can function with high pressure ratios, although not always 
so efficiently. Table 21.2 shows the ideal pressure ratios required for several dif- 
ferent refrigerants serving an  evaporator a t  -70°C (-94OF) and condensing a t  
a temperature of 30°C (86OF) for single, double, and triple stage. Recall tha t  re- 
ciprocating compressors are generally limited to pressure ratios of approximately 
7 to 9. At the conditions of Table 21.2, the application of ammonia and R-134a 
in two-stage systems with reciprocating compressors would be questionable. I t  
may appear that R-23 would be a good choice, but as Fig. 21.1 shows, it reaches 
a critical point a t  a temperature a few d e g r k  higher than the 24OC (75OF) 
condensing temperature chosen in Table 21.2. The limitations of pressure ratios 
applicable to the reciprocating compressor do not apply to the screw compressor, 
which can operate with pressure ratios of 15 or higher. Thus, a system that  is 
large enough t o  justify screw compressors would normally require no more than 
two stages of compression. 

21.5 CASCADESYSTEM 

The difficulty of finding one refrigerant that  is ideally suited to  both the high 
and low temperatures and pressure ranges of a system operating with a large 
temperature lift leads to  the concept of a cascade system. In the cascade sys- 
tem, as shown schematically in Fig. 21.3, two separate refrigerant circuits are 
connected thermally through a cascade condenser. The refrigerant chosen for the 
low-temperature circuit is a high-pressure refrigerant, such as R-23. For the high- . 
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TABLE 21.2 
Prrssure ratios with h g l e ,  double, and triple st* ryrtcma when the evaporating temperature 
is -70°C (-94"F) and the condensing temperature b 24OC (7SaF). 

Refrigerant ( Single stage I Two rtqc  1 Thm stage 

R-22 I 49.7 I 7.05 I 3.68 I "23 1 23.8 1 4.88 1 1 R-125 43.0 6.56 3.50 

R-1348 80.6 8.98 

Ammonia 89.2 9.45 4.47 

t 

Power LT 

FIGURE 21.3 
A cascade system. 

temperature circuit, any of the typical industrial refrigerants, such as ammonia 
or R-22, may be selected. 

The cascade condenser is the condenser of the low-temperature circuit 
(LTC) and the evaporator of the high-temperature circuit (HTC). Thus, the 
heat absorbed in the evaporator plus the energy introduced a t  the compressor 
of the LTC must be absorbed by the evaporator of the HTC. 

A penalty suffered by the cascade system in comparison to a two-stage 
system using one refrigerant is that there must be an overlap of temperatures 
between the condensing temperature of the LTC and the evaporating tempera- 
ture of the HTC. In systems that operate a large portion of the time, the energy 
requirements could be important. In this case, the designer should be able to 
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FIGURE 21.4 
Overall coefficient of performance of a caacsde system with ammonia serving the HTC and 
R-23 serving the LTC. 

select components that minimize the total compressor power as well as provide 
the specified refrigeration capacity in the evaporator. 

The overall coefficient of performance, C O P o v e r a ~ ~ ,  is the refrigerating ca- 
pacity in the evaporator divided by the total power required by the two circuits. 
The refrigeration load of the HTC is the heat gain in the evaporator plus the 
power of the LTC compressor. If the individual COPS are designated COPLTc 
and COPHTC of the low- and high-temperature circuits, respectively, the overall 
COP is expressed by the combination: 

Figure 21.4 shows the COPoveral~ of a cascade system, assuming isentropic 
compressions, in which R-23 serves the LTC axid ammonia serves the HTC. The 
temperature difference between the condensing temperature of the LTC and the 
evaporating temperature of the HTC is strongly influenced by the size of the cas- 
cade condenser. As the heat-transfer capacity of the cascade condenser incremes 
and the temperature difference in this heat exchanger decreases, the COPweraIl 
increases. Figure 21.4 also shows that  there is an  optimum intermediate temper- 
ature, just as is true of two-stage systems using a single refrigerant. 
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FIGURE 21.5 
(a) Fade-out as a liquid/vapor mixture increases in temperature, and (b) the constant volume 

process shown in the pressure-enthalpy diagram. 

21.6 FADE-OUT VESSEL 

The diagram of the cascade system, Fig. 21.3, shows a fade-out vessel, which 
is sometimes called an expansion tank. Its purpose is to limit the pressure in 
the LTC during shutdown periods when the temperature of the liquid rises to 
room temperature. For example, the saturation pressure of R-23 at  20°C (68OF) 
is 4,182 kPa (606 psia). If liquid still exists in the system during shutdown, 
all vessels and pipes in the system must be able to contain a high pressure. A 
technique to limit the pressure is to  install a fade-out vessel such that a t  the 
desired maximum pressure all of the liquid has vaporized. Beyond that point, 
the increase in pressure with temperature is modest and proportional only to 
the absolute temperature. 

The fade-out process can be visualized, as in Fig. 21.5a, and represented by 
a constant-volume line on the pressure-enthalpy diagram of Fig. 21.5b. Assume 
that a vessel of R-23 containing 5% liquid by volume (which corresponds to 93.5% 



liquid by mass) exists a t  a temperature of -80°C (-112OF). The pressure a t  this 
state is 113.8 kPa (16.5 psia). As the temperature of the refrigerant increases, the 
pressure increases according to  the saturated temperature-pressure relationship. 
But another process that occurs is the progressive shift toward the saturated 
vapor line, which is reached a t  a temperature of -13OC (8.6OF) and a pressure 
of 1,730 kPa (250 psia). Once the saturated vapor line is reached, the increcse 
in pressure with further increase in temperature is moderate. 

Example  21.1. What is the size of the fade-out vessel in an R-23 LTC of a 
cascade system, if the pressure is to  be limited to 2,000 kPa (290 psia) a t  the 
idle state when the temperature is 20°C (6S°F)? The volume in the system apart 
from the fade-out vessel is 0.5 mS (17.7 ftS), and the mass of R-23 in the system 
is 50 kg (110 lb). 

Solution. At a pressure of 2,000 kPa (290 psia) and a temperature of 20°C 
(M°F), from the pressure-enthalpy diagram for R-23 the density of the super- 
heated vapor is found to be 70 kg/mS (4.37 lb/ftS). The total volume occupied by 
the charge of 50 kg (110 lb) would be (50 kg)/(70 kg/m3) = 0.714 m3 (25.2 ftS). 
The available volume in the system is already 0.5 m3 (17.7 ftS), so the additional 
volume required in the fade-out vessel is 0.714 - 0.5 = 0.214 m3 (7.5 ft3). 

21.7 CHOOSING THE TYPE OF 
EVAPORATOR 

Assuming that the plant refrigerates a liquid, the shell-and-tube type of evapo- 
rator is the likely choice. Within that basic decision is the choice of whether to  
evaporate the refrigerant in the shell or in the tubes. Associated with the choice of 
evaporating in the tubes is whether to operate with liquid recirculation or direct 
expansion. Two of the many concerns associated with the choice of evaporator 
are maintaining high heat-transfer coefficients and achieving good oil handling. 
As will be pointed out in Section 21.10, the heat-transfer coefficients generally 
drop as the temperature drops, so care must be taken to  avoid any unnecessary 
degradation of the refrigerant heat-transfer coefficient in the evaporator. Also, 
because of the low temperature in the evaporator, any oil that finds its way into 
the evaporator will be difficult to remove because of its high viscosity and low 
solubility in the refrigerant, as will be discussed in more detail in Section 21.11. 

Usually the preference is to boil the refrigerant in the tubes rather than 
in the shell, because the return of oil from the evaporator is slightly easier with 
the refrigerant flowing in the tubes. The velocity of the suction gas in the tubes 
assists the return of oil t o  the compressor, in contrast to  boiling in the shell 
where basically a separation of oil and refrigerant vapor occurs. Another choice 
is whether or not to  install liquid recirculation.. Even though liquid recirculation 
offers the possibility of assisting in oil return and helping to  provide satisfactory 
refrigerant heat-transfer coefficients, the complications of the liquid recirculation 
equipment on what is inherently a rather sensitive plant usually deters its use. 
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By the process of elimination, the decision process leads to a shell-and-tube 
evaporator with refrigerant boiling in the tubes with some means of controlling 
the  suction superheat. The amount of charge and the cost of the refrigerant also 
favor refrigerant boiling in the tubes. Gnventional superheat control valves, or 
thermostatic expansion valves (TXVs), are used by some designers; however, on 
large systems, a n  industrial-grade controller incorporating pressure and temper- 
ature transmitters is used for the expansion valve. The amount of superheat 
leaving the evaporator should be maintained as low as possible to avoid the poor 
heat-transfer coefficients associated with the superheating section of the evap- 
orator. Attempting t o  operate with only several degrees of superheat leaving 
the evaporator runs the risk of flooding out liquid from the evaporator dur- 
ing radical changes in load, so many plants are equipped with a liquid/suction 
heat exchanger t o  protect the compressor by boiling off any liquid that escapes 
the evaporator. This liquid/suction heat exchanger should not be so large that  it 
chills the incoming liquid to  such an extent that ,  even after passing the expansion 
valve, the refrigerant entering the evaporator is still subcooled. Some vapor in 
the refrigerant entering the evaporator helps maintain satisfactory heat-transfer 
coefficients. 

21.8 AUTOCASCADE SYSTEMS 

The  cascade system just investigated consisted of two separate refrigeration sys- 
tems, each with its own different refrigerant. Still another important type of 
cascade system is the autocascade cycle3, which uses only one refrigerant, and 
all segments of the system are interconnected. Furthermore, the one refriger- 
ant  it uses is actually a blend of two refrigerants. This blend of refrigerants is 
called a nonazeotropic or a zeotropic mixture. &eotropic and zeotropic mixtures 
have already been introduced in Section 12.3, but a more thorough explanation is 
warranted here in order to  properly understand the operation of the autocascade 
system. 

The existence and application of a mixture or blend of refrigerants is quite 
common. The now-supplanted R-502 and such new combinations as R-507 are 
mixtures of two refrigerants, but the choice and composition are such that  the 
mixture is an azeotrope, which means that  the combination behaves as a single 
refrigerant different from either of its constituents. For autocascade systems, the 
refrigerants are chosen such that  the mixture is not azeotropic but zeotropic, as 
was illustrated in Fig. 11.2, a diagram reproduced in Fig. 21.6. Also labeled on 
Fig. 21.6 is the state of the refrigerantsuperheated above the -called dewpoint 
line and subcooled below the so-called bubblepoint line. 

The behavior of a zeotrope during a condensation or evaporation process 
differs from that  of a single refrigerant. The temperature of a single refrigerant 
remains constant during a constant-pressure condensation or evaporation, while 
the temperature of a zeotrope changes. Figure 21.7 shows a condensation process 
with the concentration remaining constant during the process. In Fig. 21.7a, 
Point 1 is superheated vapor flowing into the cool condenser tube. At Point 
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FIGURE 21.6 
A zeotropic mixture of two refrigerants. 

2 condensation begins, and as Fig. 21.7b shows, the temperature continues to  
drop as condensation proceeds to saturated l iqdd a t  Point 3. If cooling continues, 
Point 4 becomes subcooled liquid. The autocascade system capitalizes on this 
change in temperature, or temperature glide. 

Figure 21.8 shows a schematic diagram of an autocascade system, and 
Fig. 21.9 identifies the state points on the temperature-concentration diagram for 
an R-23/R-134a zeotrope. The numbered points on the temperature-concentraton 
diagram corresponds to  those on the flow diagram. Begin tracing the processes 
at. Point 1 entering the compressor, which is a t  the low pressure of 100 kPa (14.5 
psia). In the common streams of the system, the concentration has been chosen 
to be 50% by mass. The compressor elevates the pressure to, in this example, 
1,500 kPa (218 psia), for which the high-pressure dewpoint/bubblepoint curves 
apply. The refrigerant mixture leaves the compressor a t  Point 2. 

The refrigerant flows from the compressor to the condenser, which only 
partially condenses the refrigerant to  Point 3. The mixture of liquid and vapor 
then passes to the phase separator, which permits the liquid at Point 4 and the 
vapor a t  Point 7 to flow in different branches. The liquid has a high concentration 
of R-134a, while the vapor has a high concentration of R-23. The liquid stream 
moves from Point 4 to the expansion valve, where the pressure drops to  100 
kPa (14.5 psia) a t  Point 5 and a small fraction of the liquid has converted to  
vapor. This stream flows through one side of the aftercondenser heat exchanger, 
vaporizing and leaving slightly superheated a t  Point 6. 

The vapor that  is rich in R-23 flows from the phase separator and con- 
denses on the other side of the aftercondenser, leaving in a saturated state or 
as slightly subcooled liquid a t  Point 8. This fraction of the refrigerant mixture 
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FIGURE 21.7 
(a) A condensation process of a zeotrope, and (b) the change in temperature during the 
constant-prusure condensation. 

is the ultimate refrigerant. The pressure drops to 100 kPa (14.5 psia) in the 
expansion valve and enters the evaporator (Point 9) a t  the lowest temperature 
tha t  occurs in the system. During the evaporation process from Point 9 to  Point 
10, the refrigerant chills the process fluid. Finally, vapor a t  Point 10 mixes with 
vapor a t  Point 6 to  restore the 50% proportions that  will once again enter the 
compressor and repeat the cycle. 

The autocascade system achieves a low temperature a t  Point 9 but does so 
with only one compressor in contrast to multistage or separate cascade circuits. 
In the example illustrated in Fig. 21.9, the condensing temperature is 20°C 
(6g°F), and the lowest temperature in the evaporator is -73OC (-99.4"F). For 
a condensing temperature of 20°C (68'F) and an evaporating temperature of 
-73OC (-99.4OF), the pressure ratio if R-23 were used as a single refrigerant 
would be 25. If R-134a were a single refrigerant, the pressure ratio would be 
85. The autocascade system provides the same temperature lift with a pressure 
ratio of 1,500/100 = 15. Admittedly, the autocascade system does not maintain 
-73OC (-99.4"F) throughout the entire evaporation process, so a slightly larger 
evaporator would have to be chosen for the autocascade system in order to  
provide the same cooling duty on the process fluid. 

Analysis of the performance of the autocascade system is an intriguing 
exercize, because the condition leaving the partial condenser dictates the pro- 
portions of the low-boiling-temperature stream (7-8-9-10) and the high-boiling- 
temperature stream (45-6). But the e n e r g  balance a t  the aftercondenser re- 
quires that  the product of the respective flow rate and change in enthalpy of one 
stream equals tha t  of the other stream. The mean difference in temperatures of 
the condensing fluid in the aftercondenser (ts/t7) and those of the evaporating 



Partial condenser 
Cooling fluid 1 

I 

- 
t 

Fluid being chilled 
valve Evaporator 

FIGURE 21.8 
Flow diagram of an autocascsde system. 

fluid (t5/t6) must, in combination with the heat-transfer area and the overall 
heat-transfer coefficient, transfer the necessary rate of heat flow to boil the high- 
temperature fraction and condense the low-temperature fraction. The condensing 
temperature of 20°C (68OF) in the example would be difficult to achieve when 
using an air-cooled condenser. Extracting the mixture from the partial condenser 
with a temperature higher than Point 3, Fig. 21.9, shifts the fractions of the two 
streams, reducing the flow rate through the evaporator. The result of this shift 
is a lower flow rate through the evaporator, but there is a t  least a partial com- 
pensation, because the temperature leaving the aftercondenser is likely to drop, 
resulting in more subcooling at  Point 8, Fig. 21.9. To restore a desirable propor- 
tioning of the two streams, the condensing pressure must increase, which could 
be achieved by adjusting the two expansion valves. 

Autocascade systems are widely used for low-temperature applications. 
Their major application is for low- and moderate-capacity requirements for which 
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FIGURE 21.9 
State points throughout the cycle of Figure 21-8 for a zeotrope of R-23/R-l34a. 

a hermetically sealed package can be assembled. Because the refrigerant charge 
is a zeotropic mixture, leaks of refrigerant are highly undesirable, because the 
proportions of the two refrigerants that have leaked will not be known. Field- 
assembled systems are more subject to leaks in contrast to the factory-assembled 
hermetic unit. 

21.9 HEAT-TRANSFER FLUIDS 

In many cases, the boiling refrigerant in the evaporator chills air in the low- 
temperature space or chills the product by direct contact with the metal of the 
heat exchanger. However, the application of a secondary coolant is also frequent, 
wherein the secondary coolant that is chilled inJhe evaporator then receives heat 
from the substance being refrigerated. The requirement of a low freezing tempera- 
ture restricts the choice of the antifreeze. The popular choices in the temperature 
range above -40' such as calcium chloride brine, ethylene glycol, and propylene 
glycol either do not have adequately low freezing temperatures or become quite 
viscous, which in turn elevates the pumping costs. Instead, designers turn to 
such fluids as acetone, ethyl alcohol, methyl alcohol, and polydimethylsiloxane4. 
More complete information on the low-temperature properties of antifreezes is 
provided in Chapter 20, but two characteristics are especially important-the 



TABLE 21.9 
Effect of lowering the tempaatw on thennodynamic and transport properties and the resul- 
tant &ect on heat-transfer coeffidenta. 

Latent heat I =- I Improves 

Spacific heat of liquid Decreases Reduces 

Property 

T h d  conductivity 

Viscosity of liquid 

I Liquid density 1 In-es I Improves condensation I 
I Reduces boiling I 

Change due to dmp in tunperaturc 

specific heat and the viscosity. A high specific heat is preferred to reduce the 
rate of fluid flow of the antifreeze in transferring the specified rate of heat for 
a given change in temperature. A low viscosity is desired to  minimize pumping 
costs. Water has a relatively high specific heat and low viscosity. So with an- 
tifreezes that are aqueous solutions, the lowest strength that  provides adequate 
freeze protection results in the highest possible specific heat and lowest possible 
viscosity. 

Change in property 

D-es 

Incnases 

21.10 HEAT-TRANSFER 
COEFFICIENTS 

Iduence on coefficient 

Reduces 

Reduces 

Section 21.7 has already flagged the possibility of low boiling and condensing 
heat-transfer coefficients in low-temperature systems. The thermodynamic and 
transport properties that  control the coefficients for a given geometric and flow 
condition almost all trend toward decreasing the coefficients as the temperature 
drops. 

The thermodynamic and transport propeities that exert the most influence 
on the boiling and condensing heat-transfer coefficients are thermal conductivity, 
viscosity, latent heat of vaporization, and specific heat. Liquid density has only a 
minor influence on heat-transfer coefficients. The'changes in these properties with 
temperature and the effect on heat-transfer coefficients are shown in Table 21.3. 
The conclusion is that  virtually all the properties that change with temperature 
result in lower heat-transfer coefficients a t  low temperatures. 

An estimate of the effect of shifting to low temperatures on the heat-transfer 
coefficients calculated from correlationsS for forced convection evaporation and 
film condensation is shown in Fig. 21.10. The coefficients for R-23 are shown 
as a ratio of values with respect to coefficients a t  O°C (32OF). The point is 
that ,  for low-temperature systems, the designer must be keenly aware of the 
degradation of both boiling and condensing heat-transfer coefficients experienced 
at  low temperatures. 
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FIGURE 21.10 
Trends in boiling and condensing heattrnnsfer coeffidenta of R-23 as a function of temperature. 

21.11 OIL HANDLING 

A refrigerant tha t  is expected t o  be prominent in future low-temperature sys- 
tems is HFC-23. For many years the azeotrope of R-503 (a blend of C F C 1 3  
and HFG23) was popular, but the C F C 1 3  content must now be eliminated. In 
all refrigeration systems, the oil that  escapes to the condenser/evaporator ac- 
cumulates in the evaporator. To remove this oil from the evaporator, the usual 
procedure in halocarbon systems is to  dissolve the oil in the refrigerant and o p  
erate with suitably high vapor velocities in the suction line to carry the oil back 
t o  the compressor. The presence of C F G 1 3  in R-503 aided in this objective but 
is no longer available when HFC23  alone is the refrigerant. Experience with 
the choice of oil and the evaporator configuration should be factored into future 
design. 

An approach to  oil return is t o  add a hydrocarbon to the refrigerant in the 
low-temperature circuits6. In a three-stage cascade system designed for tempera- 
tures down t o  about -130°C (-200°F), the designers added propane t o  the R-14 
circuit, which was the lowest temperature of the three stages. The  propane com- 
ponent was limited t o  a maximum of 7% in order to  maintain a nonflammable 
mixture. For the R-503 circuit that  served as the intermediate circuit, pentane 
in an  amount of 5-10% by mass was added. 



21.12 INSULATION 

The choices of insulating material and the methods of application for the low- 
temperature systems dealt with in this chapter seem to lie somewhere between 
the approaches chosen for high-temperature industrial refrigeration plants and 
cryogenic facilities. As temperatures drop below -40°, the insulation thickness 
is likely to  increase and additional care must be taken to  provide effective vapor 
barriers. For the petrochemical industry, urethane is not acceptable, but cellular 
glass with an aluminum cover is frequently chosen. Studies are also in progress 
that adapt the approach of some cryogenic systems in the use of evacuated insu- 
lation panels. Such panels are formed by placing a low conductivity fill material 
into an enclosure, evacuating, and then sealing the panel. 

21.13 MATERIALS 

Materials suitable for pipe and vessels in low-temperature systems include carbon 
steel, stainless steel, and copper. For unitary systems using halocarbon refriger- 
ants such as HFG23, copper is widely used. Refrigeration-grade copper is used 
for temperatures even below -lOO°C (-150°F). For steel pipe, the ASME/ANSI 
B31.5 code for refrigeration pipinge indicates that typical carbon steel pipe, such 
as ASTM A 333, when used a t  temperatures below -2g°C (-20°F), may need 
to be impact tested. For this reason, materials not subject to impact tests a t  low 
temperatures are usually chosen, such as: 

Aluminum 
Types 304 and 321 austenitic stainless steel 

Copper 

The piping code also states that impact tests are not required for ferrous 
materials used for temperatures between -2g°C (-20°F) and -lOO°C (-150°F) 
"provided the maximum circumferential or longitudinal tensile stress resulting 
from coincident pressure, thermal contraction, or bending between supports does 
not exceed 40% of the allowable stress for materials." The option offered by this 
clause is that design calculations can be made which might permit a favorable 
choice, because normally a t  low temperatures, the pressures will also be low. 

The most common choices of piping and vessel materials are copper for 
smaller diameter pipes with halocarbon systems and stainless steel for field- 
erected systems using any of the common choices of refrigerants. 

21.14 DOCUMENTING THE DESIGN, 
CONSTRUCTING, AND OPERATING 
PROCEDURES 

For most firms, low-temperature systems are not a day-to-day business, so the 
human memory should be bolstered with records. These records should show the 
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supporting calculations and data that were a part of the design process. Included 
should be the bases for specifying the size of components, the arrangement, and 
the choice of materials. Procedures followed during fabrication and erection of 
field-assembled systems should also be recorded. Operating experiences should 
then be added to the records so that the next project can benefit from past 
experience. 
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Conversions between SI and Inch-Pound Units. 

Table A.1. Conversions of length, area, and volume. 
To convert 
length 
length 
length 
length 
area 
area 
area 
area 
volume 
volume 
volume 
volume 
volume 
volume 
volume 

From 
inch 
foot 
metre 
metre 
square inch 
square foot 
square metre 
square metre 
cubic inch 
cubic foot 
gallon 
cubic metre 
cubic metre 
cubic metre 
cubic metre 

metre 
metre 
inch 
foot 
square metre 
square metre 
square inch 
square foot 
cubic metre 
cubic metre 
cubic metre 
litre 
cubic inch 
cubic foot 
gallon 

Multiply by 
0.0254 

- - 

Table A.2. Conversions of mass. densitv. and s~ecific volume. 

Table A.3. 

O C 
OF 

TO convert 
mass 
mass 
density 
density 
specific volume 
specific volume 

From 
lb 
kg 
lb/ft3 

kg/m3 

ft3/lb 
m3/kg 

Conversions of temperature. 
To 
OR 
OF 
K 

OC 
OF 
OC 

- ,  

TO 

kg 
lb 
kg/m3 

lb/ft3 

m3/kg 
ft3/lb 

Operation 
add 459.67 
subtract 459.67 
add 273.15 
subtract 273.15 
multiply by 915, then add 32 
subtract 32, then multiply by 519 

~ ~ i t I ~ i ~  by 
0.453592 
2.20462 
16.0185 
0.062428 
0.062428 
16.0 185 
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Tab 

Table A.5. Conversions of pressure. 
To convert I From I To 
pressure ( psi 1 Pa 

! A.4. Conversions of velocity, acceleration, and force. 

pressure 
pressure 
pressure 
pressure 

To convert 
velocity 
velocity 
velocity 
velocity 
velocity 
velocity 
acceleration 
acceleration 
force 
force 

1 pressure 1 in. of Hg 1 Pa 

From 

~ P S  

fp In 
mph 
m/s 
m/s 
m/s 
ft/s2 

m/s2 

lb 
newton. N 

psi 
psf 
ft of water 
in. of water 

1 pressure ( p a  I psi 

kPa 
Pa 
Pa  
Pa  

pressure 
pressure 
pressure 

To 

m/s 
m/s 
m/s 
~ P S  
fpm 
mph 
m/s2 

ft/s2 

newton, N 
lb 

I :i 
ft of water 

Multiply by 
0.304800 
0.005080 
0.447040 
3.28084 

196.850 
2.23694 
0.304800 
3.28084 
4.44822 
0.224809 

pressure Pa  in. of water 
pressure Pa  in. of HE 

Multiply by 
6,894.76 

6.89476 
47.8803 

2,988.98 
249.082 

3,376.85 
0.000145038 
0.145038 
0.0208854 
0.000334562 
0.00401474 
0.00029613 

? A.6. Conversion 
To convert 
volume flow rate 
volume flow rate 
volume flow rate 
volume flow rate 
volume flow rate 
volume flow rate 
volume flow rate 
volume flow rate 
mass flow rate 
mass flow rate 
mass flow rate 
mass flow rate 
mass flow rate 
mass flow rate 

of flow 
From 
cfm 
cfs 
gPm 
gPm 
m3/s 
rn3/s 
m3/s 
L/s 
lb/s 
lb/min 
lb/hr 
kg/s 
kg/s 
kg/s 

rate. 
To 
m3/s 
m3/s 
m3/s 

L/s 
cfm 
cfs 
gpm 
gPm 
kg/s 
kg/s 
kg/s 
Ib/s 
lb/min 
lb/hr 

Multiply by 
0.000471947 
0.02831685 
0.0000630902 
0.0630902 

2,118.88 
35.3147 

15,850.3 
15.8503 
0.453592 
0.00755987 
0.000125998 
2.20462 

132.277 
7,936.64 
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Tal ? A.7. Conv 
To convert 
energy 
energy 
energy 
energy 
power 
power 
power 
power 
power 
power 

rsions of energy 
From 
ft-lb 
Btu 

J 

Btu/hr 
hp 
tons of refrig. 
W 
W 
W 

and power. 

J 
ft-lb 
Btu 
W 
W 
W 
Btu/hr 
hp 
tons of refrig. 

Multiply by 
1.355818 

1,055.06 
0.73756212 
0.0009478133 
0.2930667 

745.6999 
3,516.8 

3.41219 
0.001341022 
0.0002843494 

? A-9. Conversions of 
To convert 

Table A.8. Conversions of enthalpy, specific heat, and entropy. 

viscosity I 

To convert 
enthalpy 
enthalpy 
specific heat 
specific heat 
entropy 
entropy 

viscosity I 
viscosity I 

R o m  
Btu/lb 

kJ/kg 
Btu/lb.OF 
kJ1kg.K 
Btu/lb.OR 
kJ1kg.K 

viscosity I 
viscosity I 

To 

kJ/kg 
Btu/lb 
kJ1kg.K 
Btu/lb.OF 
kJ1kg.K 
Btu/lb.OR 

kinemaiic viscosity I 

Multiply by 
2.326009 
0.42992095 
4.186816 
0.238845 
4.186816 
0.238845 

kinematic viscosity I 

' viscosities. 
From 
lb/ft.s 
lb/ft.hr 
centipoise 
P a s  
Pa-s 
Pa.s 
ft2/s 
m2/s 

To - 1  Multiply by 
Pa.s 
Pa.s 
Pa.s 
Ib/ft.s 
lb/ft.hr 
centipoise 
m2/s 
ft2/s 

1.48816 
0.000413378 
0.00100 
0.671971 

2,419.09 
1,000.0 

0.092903 
10.7639 
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Table A.lO. Conversions of heat-transfer units. 
To  convert 

5.678286 

Table A.ll. Some important S i  constants. 
standard gravitational acceleration, 9.80665 m/s2 

standard atmospheric pressure, 101.325 kPa 
universal gas constant, 72, 8,314 J/moltg.K 
gas constant for air, 287 J/kg-K 

Table A.12. Nominal property values for air and water. 
density of water, 1,000 kg/m3 

density of air, 1.2 kg/m3 
specific heat of liquid water, 4.19 kJ1kg.K 
specific heat of air a t  constant pressure, 1.004 kJ1kg.K 
specific heat of air a t  constant volume, 0.717 kJ1kg.K 
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Table A.13. Properties of R-22 saturated liquid and vapor in 
SI units*. 

Temp., 
OC 
-90 
-85 
-80 
-75 
-70 
-65 
-60 
-58 
-56 
-54 
-52 
-50 
-48 
-46 
-44 
-42 
-40 
-39 
-38 
-37 
-36 
-35 
-34 
-33 
-32 
-31 
-30 
-29 
-28 
-27 
-26 
-25 
-24 
-23 
-22 
-21 
-20 

*Therrnophysical 
Japanese Association of Fkfrigeration, 1986. Reference values of 
enthalpy and entropy are 200 kJ/kg and 1.0 kJ/kgK, 
respectively, of saturated liquid at O°C. 

Press., 
kPa 
4.748 
7.084 
10.308 
14.662 
20.424 
27.914 
37.491 
41.995 
46.924 
52.306 
58.171 
64.549 
71.471 
78.971 
87.080 
95.834 
105.27 
110.25 
115.42 
120.77 
126.32 
132.06 
138.01 
144.16 
150.53 
157.11 
163.91 
170.95 
178.21 
185.71 
193.46 
201.45 
209.69 
218.19 
226.96 
236.00 
245.31 

Enthalpy, 
hf 

98.54 
104.51 
110.40 
116.10 
121.93 
127.58 
133.18 
135.41 
137.63 
139.84 
142.05 
144.26 
146.46 
148.66 
150.85 
153.05 
155.25 
156.34 
157.44 
158.54 
159.64 
160.74 
161.83 
162.93 
164.03 
165.13 
166.24 
167.34 
168.44 
169.55 
170.65 
171.76 
172.87 
173.98 
175.09 
176.20 
177.31 
Properties 

kJ/kg 
h9 

364.19 
366.62 
369.05 
371.48 
373.90 
376.31 
378.71 
368.66 
380.61 
381.56 
382.50 
383.44 
384.37 
385.30 
386.22 
387.14 
388.05 
388.50 
388.95 
389.40 
389.85 
390.30 
390.74 
391.19 
391.63 
392.07 
392.51 
392.94 
393.38 
393.81 
394.24 
394.67 
395.09 
395.52 
395.94 
396.36 
396.78 

of 

Entropy, 

f 
0.55017 
0.58234 
0.61320 
0.64283 
0.67134 
0.69882 
0.72537 
0.73575 
0.74601 
0.75614 
0.76616 
0.77607 
0.78587 
0.79557 
0.80518 
0.81469 
0.82412 

-0.82880 
0.83347 
0.83811 
0.84273 
0.84734 
0.85193' 
0.85650 
0.86105 
0.86559 
0.87011 
0.87461 
0.87910 
0.88357 
0.88803 
0.89248 
0.89691 
0.90132 
0.90573 
0.91012 
0.91450 

Refrigerants 

Liquid, 
~f kg/m3 
1542.8 
1529.9 
1516.8 
1503.6 
1490.3 
1476.7 
1463.1 
1457.6 
1452.0 
1446.4 
1440.8 
1435.2 
1429.5 
1423.8 
1418.1 
1412.3 
1406.5 
1403.6 
1400.7 
1397.7 
1394.8 
1391.8 
1388.9 
1385.9 
1382.9 
1379.9 
1376.9 
1373.9 
1370.9 
1367.9 
1364.8 
1361.8 
1358.7 
1355.7 
1352.6 
1349.5 
1346.4 

Chlorodifluorornethane) 

kJ/kg.K 
%I 

2.0006 
1.9754 
1.9523 
1.9312 
1.9117 
1.8938 
1.8773 
1.8710 
1.8650 
1.8591 
1.8534 
1.8479 
1.8425 
1.8373 
1.8323 
1.8274 
1.8226 
1.8203 
1.8180 
1.8157 
1.8135 
1.8113 
1.8091 
1.8070 
1.8048 
1.8028 
1.8007 
1.7987 
1.7966 
1.7947 
1.7927 
1.7908 
1.7889 
1.7870 
1.7851 
1.7833 
1.7814 

(R-22, 

Vapor, 
ug Llkg 
3693.9 
2539.4 
1788.3 
1287.0 
944.77 
706.09 
536.41 
482.61 
435.20 
393.32 
356.23 
323.30 
294.00 
267.86 
244.50 
223.58 
204.80 
196.13 
187.90 
180.10 
172.68 
165.64 
158.94 
152.57 
146.51 
140.74 
135.24 
130.01 
125.02 
120.26 
115.73 
111.40 
107.26 
103.31 
99.540 
95.935 
92.487 
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Table A.13. (cone.) Properties of R-22 saturated liquid and 
vapor in SI units. 

Temp., 
O C  

-19 
-18 
-17 
-16 
-15 
-14 
-13 
-12 
-11 
-10 
-9 
-8 
-7 
-6 
-5 
- 4 
-3 
-2 
-1 
0 
1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 
12 
13 
14 
15 
16 
17 
18 
19 
- - 

Press., 
kPa 

254.90 
264.77 
274.94 
285.40 
296.17 
307.24 
318.63 
330.34 
342.37 
354.74 
367.44 
380.49 
393.88 
407.63 
421.74 
436.22 
451.07 
466.30 
481.91 
497.92 
514.33 
531.13 
548.35 
565.99 
584.05 
602.54 
621.46 
640.83 
660.64 
680.91 
701.65 
722.85 
744.52 
766.68 
789.32 
812.46 
836.10 
860.25 
884.91 

Enthalpy, 
hf 

178.43 
179.54 
180.66 
181.78 
182.90 
184.03 
185.15 
186.28 
187.41 
188.54 
189.68 
190.81 
191.95 
193.09 
194.24 
195.38 
196.53 
197.69 
198.84 
200.00 
201.16 
202.32 
203.49 
204.66 
205.83 
207.01 
208.18 
209.37 
210.55 
211.74 
212.94 
214.13 
215.33 
216.54 
217.74 
218.95 
220.17 
221.39 
222.61 

kJ/kg 
h9 

397.19 
397.61 
398.01 
398.42 
398.83 
399.23 
399.63 
400.03 
400.43 
400.82 
401.21 
401.60 
401.98 
402.36 
402.74 
403.11 
403.49 
403.85 
404.22 
404.58 
404.94 
405.30 
405.65 
406.00 
406.34 
406.69 
407.02 
407.36 
407.69 
408.02 
408.34 
408.66 
408.97 
409.28 
409.59 
409.89 
410.18 
410.48 
410.76 

Entropy, 
sf 

0.91887 
0.92322 
0.92757 
0.93190 
0.93622 
0.94054 
0.94484 
0.94913 
0.95341 
0.95769 
0.96195 
0.96621 
0.97046 
0.97470 
0.97898 
0.98316. 
0.98738 
0.99159 
0.99580 
1.00000 
1.00419 
1.00838 
1.01256 
1.01674 
1.02091 
1.02507 
1.02924 
1.03339 
1.03755 
1.04170 
1.04584 
1.04999 
1.05413 
1.05826 
1.06240 
1.06653 
1.07066 
1.07479 
1.07891 

Liquid, 
Pf kg/m3 

1343.2 
1340.1 
1337.0 
1333.8 
1330.6 
1327.5 
1324.3 
1321.1 
1317.8 
1314.6 
1311.4 
1308.1 
1304.8 
1301.5 
1298.2 
1294.9 
1291.6 
1288.2 
1284.9 
1281.5 
1278.1 
1274.7 
1271.2 
1267.8 
1264.3 
1260.8 
1257.3 
1253.8 
1250.3 
1246.7 
1243.1 
1239.5 
1235.9 
1232.3 
1228.6 
1224.9 
1221.1 
1217.5 
1213.8 

kJ1kg.K 
SP 

1.7796 
1.7779 
1.7761 
1.7744 
1.7727 
1.7710 
1.7693 
1.7676 
1.7660 
1.7644 
1.7628 
1.7612 
1.7696 
1.7580 
1.7565 
1.7550 
1.7534 
1.7519 
1.7505 
1.7490 
1.7475 
1.7461 
1.7446 
1.7432 
1.7418 
1.7404 
1.7390 
1.7376 
1.7362 
1.7349 
1.7335 
1.7322 
1.7308 
1.7295 
1.7282 
1.7269 
1.7255 
1.7242 
1.7229 

Vapor, 
u, L/kg 
89.190 
86.034 
83.014 
80.122 
77.352 
74.698 
72.153 
69.714 
67.374 
65.128 
62.972 
60.904 
58.917 
57.008 
55.173 
53.409 
51.713 
50.082 
48.512 
47.001 
45.547 
44.146 
42.797 
41.497 
40.244 
39.036 
37.871 
36.747 
35.663 
34.617 
33.607 
32.632 
31.690 
30.780 
29.900 
29.051 
28.229 
27.434 
26.666 
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Table A.13. (cont.) Properties of R-22 saturated liquid and 
vapor,in SI units. 

Temp., 
OC 

20 
21 
22 
23 
24 
25 
26 
27 
28 
29 
30 
31 
32 
33 
34 
35 
36 
37 
38 
39 
40 . 
41 
42 
43 
44 
45 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 

Press., 
kPa 

910.09 
935.81 
962.05 
988.84 
1016.2 
1044.1 
1072.5 
1101.6 
1131.2 
1161.3 
1192.1 
1223.5 
1255.5 
1288.1 
1321.3 
1355.1 
1389.6 
1424.7 
1460.5 
1496.9 
1534.0 
1571.8 
1610.2 
1649.4 
1689.2 
1729.7 
1771.0 
1812.9 
1855.6 
1899.1 
1943.2 
1988.2 
2033.9 
2080.3 
2127.6 
2175.6 
2224.4 
2274.1 
2324.5 
2375.8 

' Entrppy, 
Sf 

1.08304 
1.08716 
1.09128 
1.09540 
1.09952 
1.10364 
1.10776 
1.11188 
1.11600 
1.12012 
1.12424 
1.12836 
1.13249 
1.13661 
1.14074 
1.14486 
1.14899 
1.15313 
1.15726 
1.16140 
1.16554 
1.16969 
1.17383 
1.17799 
1.18214 
1.18631 
1.19048 
1.19465 
1.19883 
1.20302 
1.20721 
1.21141 
1.21562 
1.21984 
1.22406 
1.22830 
1.23255 
1.23681 
1.24108 
1.24536 

Liquid, 
p/kg/m3 
1210.0 
1206.2 
1202.4 
1198.5 
1194.6 
1190.7 
1186.8 
1182.9 
1178.9 
1174.9 
1170.8 
1166.8 
1162.6 
1158.5 
1154.3 
1150.1 
1145.9 
1141.6 
1137.3 
1133.0 
1128.6 
1124.2 
1119.7 
1115.2 
1110.6 
1106.0 
1101.4 
1096.7 
1091.9 
1087:l 
1082.3 
1077.4 
1072.4 
1067.4 
1062.3 
1057.1 
1051.9 
1046.6 
1041.3 
1035.8 

kJ/kg+K 
3s 

1.7216 
1.7203 
1.7191 
1.7178 
1.7165 
1.7152 
1.7139 
1.7127 
1.7114 
1.7101 
1.7089 
1.7076 
1.7063 
1.7050 
1.7038 
1.7025 
1.7012 
1.6999 
1.6986 
1.6973 
1.6960 
1.6947 
1.6934 
1.6921 
1.6908 
1.6894 
1.6881 
1.6867 
1.6854 
1.6840 
1.6826 
1.6812 
1.6798 
1.6783 
1.6769 
1.6754 
1.6739 
1.6724 
1.6709 
1.6693 

Vapor, 
vg L/kg 
25.922 
25.203 
24.506 
23.832 
23.179 
22.547 
21.934 
21.340 
20.765 
20.207 
19.666 
19.141 
18.632. 
18.138 
17.659 
17.133 
16.741 
16.303 
15.876 
15.462 
15.060 
14.669 
14.228 
13.919 
13.559 
13.209 
12.869 
12.537 
12.214 
11.900 
11.594 
11.296 
11.006 
10.723 
10.447 
10.178 
9.9153 
9.6592 
9.4093 
9.1654 

Enthalpy, 
hf 

223.84 
225.07 
226.31 
227.55 
228.79 
230.04 
231.30 
232.56 
233.82 
235.09 
236.36 
237.64 
238.92 
240.21 
241.51 
242.80 
244.11 
245.42 
246.74 
248.06 
249.38 
250.72 
252.06 
253.40 
254.76 
256.12 
257.48 
258.85 
260.23 
261.62 
263.01 
264.41 
265.82 
267.24 
268.67 
270.10 
271.54 
272.99 
274.45 
275.92 

kJ/kg 
hg 

411.05 
411.32 
411.60 
411.86 
412.13 
412.38 
412.64 
412.88 
413.12 
413.36 
413.59 
413.81 
414.03 
414.24 
414.44 
414.64 
414.82 
415.01 
415.18 
415.35 
415.51 
415.66 
415.81 
415.94 
416.07 
416.19 
416.30 
416.40 
416.49 
416.57 
416.64 
416.69 
416.74 
416.78 
416.80 
416.82 
416.82 
416.80 
416.77 
416.73 
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Table A.13. (concl.) Properties of  R-22 saturated liquid and 
vapor in SI units. 

Temp., 
'C 
60 
62 
64 
66 
68 
70 
72 
74 
76 
78 
80 
82 
84 
86 
88 
90 
92 
94 

96.15 

Press., 
kPa 

2427.9 
2534.7 
2645.0 
2758.8 
2876.3 
2997.5 
3122.5 
3251.5 
3384.6 
3521.8 
3663.3 
3809.3 
3959.9 
4115.3 
4275.7 
4441.3 
4612.5 
4789.7 
4973.8 

Enthalpy, 
hf 

277.41 
280.40 
283.44 
286.53 
289.67 
292.87 
296.15 
299.50 
302.95 
306.50 
310.18 
314.02 
318.04 
322.31 
326.89 
331.94 
337.72 
344.97 
361.48 

kJ/kg 
hs 

416.68 
416.52 
416.29 
415.98 
415.60 
415.12 
414.55 
413.85 
413.02 
412.04 
410.88 
409.49 
407.84 
405.84 
403.38 
400.26 
396.12 
389.88 
361.48 

Entropy, 
S f  

1.24966 
1.25831 
1.26702 
1.27582 
1.28471 
1.29372 
1.30286 
1.31216 
1.32165 
1.33137 
1.34137 
1.35173 
1.36254 
1.37395 
1.38615 
1.39953 
1.41481 
1.43406 
1.47797 

Liquid, 
PI kg/m3 

1030.3 
1019.0 
1007.3 
995.25 
982.72 
969.68 
956.06 
941.79 
926.77 
910.86 
893.89 
875.65 
855.82 
833.93 
809.27 
780.60 
745.43 
697.15 
512.00 

kJ/kg-K 
9s 

1.6677 
1.6644 
1.6611 
1.6575 
1.6539 
1.6500 
1.6459 
1.6416 
1.6369 
1.6319 
1.6265 
1.6206 
1.6140 
1.6065 
1.5979 
1.5877 
1.5747 
1.5564 
1.4780 

Vapor, 
v p  L/kg 
8.9272 
8.4673 
8.0280 
7.6078 
7.2054 
6.8192 
6.4481 
6.0906 
5.7454 
5.4109 
5.0858 
4.7681 
4.4558 
4.1462 
3.8352 
3.5166 
3.1786 
2.7906 
1.95 
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Table A.14. Properties of R-22 saturated liquid and vapor 
in I-P units*. 

Entropy, ~ t u / l b . ~ I  Liquid, Temp., 
OF 
-130 
-120 
-110 
-100 
-95 
-90 
-85 
-80 
-75 
-70 
-65 
-60 
-58 
-56 
-54 
-52 
-50 
-48 
-46 
-44 
-42 
-40 
-38 
-36 
-34 
-32 
-30 
-28 
-26 
-24 
-22 
-20 
-19 
-18 
-17 

Vapor, 

-16 1.9019 1 
omethane) 

psia 
0.6892 
1.0734 
1.6211 
2.3817 
2.8596 
3.4130 
4.0506 
4.7816 
5.6157 
6.5631 
7.6347 
8.8419 
9.3654 
9.9132 
10.486 
11.085 
11.711 
12.365 
13.046 
13.758 
14.499 
15.272 
16.077 
18.914 
17.786 
18.692 
19.634 
20.613 
21.629 
22.684 
23.779 
24.914 
25.498 
26.091 
26.696 

Japanese Association of Refrigeration, 1986. 
t Inches of mercury below one standard atmosphere. 
The zero values of enthalpy and entropy are at -40°F, saturated liquid. 

Pressure, 
psig 

28.599t 
27.815t 
26.696t 
25.143t 
24.168t 
23.038t 
21.736t 
20.243t 
18.540t 
16.6061 
14.418t 
11.953t 
10.884t 
9.766t 
8.596t 
7.372t 
6.095t 
4.760t 
3.368t 
1.916t 
0.402t 
0.576 
1.3806 
2.2182 
3.0897 
3.9960 
4.9380 
5.9168 
6.9332 
7.9882 
9.0829 
10.218 
10.802 
11.395 
12.000 

Enthdpy, 

h j  
-24.38 
-21.53 
-18.72 
-15.96 
-14.60 
-13.24 
-11.89 
-10.55 
-9.219 
-7.892 
-6.569 
-5.250 
-4.724 
-4.198 
-3.672 
-3.147 
-2.622 
-2.097 
-1.573 
-1.048 
-0.524 
0.000 
0.525 
1.049 
1.574 
2.098 
2.623 
3.148 
3.674 
4.200 
4.726 
5.253 
5.516 
5.780 
6.043 

'Thermophysical Properties of Refrigerants (R-22 Chlorodifluo 
27.311 

Btu/ll 

h, 
89.831 
90.992 
92.153 
93.312 
93.890 
94.467 
95.043 
95.616 
96.186 
96.754 
97.319 
97.881 
98.104 
98.327 
98.550 
98.771 
98.993 
99.213 
99.432 
99.651 
99.870 
100.087 
100.303 
100.519 
100.734 
100.948 
101.161 
101.373 
101.585 
101.795 
102.004 
102.213 
102.316 
102.420 
102.523 

12.615 1 6.307 102.626 0.01456 
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Table A.14. (cont.) Properties of R-22 saturated liquid and 
vapor in I-P units. 

Liquid, 
1b/(t3 

85.225 
85.120 
85.014 
84.908 
84.801 
84.695 
84.588 
84.481 
84.374 
84.266 
84.158 
84.051 
83.942 
83.834 
83.726 
83.617 
83.508 
83.398 
83.289 
83.179 
83.069 
82.959 
82.848 
82.738 
82.627 
82.515 
82.404 
82.292 
82.180 
82.068 
81.955 
81.843 
81.729 
81.616 
81.503 
81.389 
81.274 
81.160 
81.045 ' 

80.930 

Vapor, 
", ft3/lb 
1.8617 
1.8226 
1.7845 
1.7473 
1.7111 
1.6757 
1.6413 
1.6077 
1.5750 
1.5431 
1.5119 
1.4815 
1.4519 
1.4230 
1.3948 
1.3672 
1.3404 
1.3141 
1.2885 
1.2635 
1.2391 
1.2152 
1.1919 
1.1692 
1.1470 
1.1253 
1.1040 
1.0833 
1.0630 
1.0432 
1.0239 
1.0050 
0.9865 
0.9684 
0.9507 
0.9334 
0.9165 
0.8999 
0.8838 
0.8679 

Temp., 
O F  

-15 
-14 
-13 
-12 
-11 
-10 
-9 
-8 
-7 
-6 
-5 
-4 
-3 
-2 
-1 
0 
1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 
12 
13 
14 
15 
16 
17 
18 
19 
20 
21 
22 
23 
24 

Entropy, 
sf 

0.01515 
0.01574 
0.01633 
0.01691 
0.01750 
0.01809 
0.01867 
0.01926 
0.01984 
0.02042 
0.02101 
0.02159 
0.02217 
0.02275 
0.02332 
0.02390 
0.02448 
0.02505 
0.02563 
0.02620 
0.02678 
0.02735 
0.02792 
0.02849 
0.02906 
0.02963 
0.03020 
0.03077 
0.03134 
0.03190 
0.03247 
0.03303 
0.03360 
0.03416 
0.03473 
0.03529 
0.03585 
0.03642 
0.03698 
0.03754 

Btu/lb.R 

s, 
0.23139 
0.23113 
0.23088 
0.23062 
0.23037 
0.23012 
0.22987 
0.22962 
0.22938 
0.22913 
0.22889 
0.22865 
0.22841 
0.22818 
0.22794 
0.22770 
0.22747 
0.22724 
0.22701 
0.22678 
0.22655 
0.22633 
0.22610 
0.22588 
0.22566 
0.22544 
0.22522 
0.22500 
0.22479 
0.22457 
0.22436 
0.22415 
0.22393 
0.22372 
0.22352 
0.22331 
0.22310 
0.22290 
0.22269 
0.22249 

,Enthalpy, 
h ,  

6.571 
6.836 
7.100 
7.365 
7.629 
7.894 
8.159 
8.424 
8.690 
8.955 
9.221 
9.487 
9.753 

10.020 
10.286 
10.553 
10.820 
11.088 
11.355 
11.623 
11.891 
12.160 
12.428 
12.697 
12.966 
13.235 
13.505 
13.775 
14.045 
14.316 
14.587 
14.858 
15.129 
15.401 
15.673 
15.945 
16.218 
16.491 
16.764 
17.038 

Btu/lb 

h, 
102.729 
102.831 
102.934 
103.035 
103.137 
103.238 
103.339 
103.440 
103.541 
103.641 
103.741 
103.840 
103.940 
104.039 
104.137 
104.236 
104.334 
104.431 
104.529 
104.626 
104.722 
104.819 
104.915 
105.011 
105.106 
105.201 
105.296 
105.390 
105.484 
105.578 
105.671 
105.764 
105.856 
105.948 
106.040 
106.131 
106.222 
106.313 
106.403 
106.493 

psia 
27.937 
28.575 
29.223 
29.883 
30.554 
31.237 
31.931 
32.638 
33.356 
34.087 
34.829 
35.585 
36.352 
37.133 
37.926 
38.732 
39.552 
40.384 
41.230 
42.089 
42.962 
43.849 
44.749 
45.664 
46.593 
47.537 
48.495 
49.467 
50.455 
51.457 
52.474 
53.507 
54.555 
55.619 
56.698 
57.793 
58.904 
60.031 
61.175 
62.335 

Pressure, 
psig 

13.241 
13.878 
14.527 
15.187 
15.858 
16.541 
17.235 
17.942 
18.660 
19.391 
20.133 
20.889 
21.656 
22.437 
23.230 
24.036 
24.855 
25.688 
26.534 
27.393 
28.266 
29.153 
30.053 
30.968 
31.897 
32.841 
33.799 
34.771 
35.759 
36.761 
37.778 
38.811 
39.859 
40.923 
42.002 
43.097 
44.208 
45.335 
46.479 
47.639 
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Table A.14. (cont.) Properties of R-22 saturated liquid and 
vapor in I-P units. 

Liquid, Temp., 
O F  
25 
26 
27 
28 
29 
30 
31 
32 
33 
34 
35 
36 
37 
38 
39 
40 
41 
42 
43 
44 
45 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 
60 
61 
62 
63 
64 

' Vapor, 
v, €t3/lb 

0.8524 
0.8373 
0.8224 
0.8079 
0.7937 
0.7798 
0.7662 
0.7529 
0.7398 
0.7270 
0.7145 
0.7023 
0.6902 
0.6785 
0.6670 
0.6557 
0.6446 
0.6338 
0.6232 
0.6128 
0.6026 
0.5926 
0.5828 
0.5731 
0.5637 
0.5545 
0.5454 
0.5365 
0.5278 
0.5193 
0.5109 
0.5027 
0.4946 
0.4867 
0.4789 
0.4713 
0.4638 
0.4565 
0.4493 
0.4422 

Pressure, 
psia 

63.511 
64.704 
65.915 
67.142 
68.386 
69.648 
70.927 
72.224 
73.539 
74.871 
76.222 
77.591 
78.979 
80.385 
81.810 
83.253 
84.716 
86.198 
87.699 
89.220 
90.761 
92.321 
93.902 
95.503 
97.124 
98.765 
100.43 
102.11 
103.81 
105.54 
107.29 
109.05 
110.84 
112.66 
114.49 
116.34 
118.22 
120.12 
122.05 
123.99 

psig 
48.815 
50.008 
51.219 
52.446 
53.690 
54.952 
56.231 
57.528 
58.843 
60.175 
61.526 
62.895 
64.283 
65.689 
67.114 
68.557 
70.020 
71.502 
73.003 
74.524 
76.065 
77.625 
79.206 
80.807 
82.428 
84.069 
85.731 
87.414 
89.118 
90.844 
92.590 
94.358 
96.148 
97.959 
99.792 
101.65 
103.53 
105.43 
107.35 
109.30 

Enthalpy, 

hf 
17.312 
17.587 
17.861 
18.136 
18.412 
18.688 
18.964 
19.241 
19.518 
19.795 
20.073 
20.351 
20.630 
20.909 
21.188 
21.468 
21.748 
22.029 
22.310 
22.591 
22.873 
23.156 
23.438 
23.722 
24.005 
24.290 
24.574 
24.860 
25.145 
25.431 
25.718 
26.005 
26.293 
26.581 
26.870 
27.159 
27.448 
27.739 
28.029 
28.320 

Btu/lb 

h, 
106.582 
106.671 
106.759 
106.848 
106.935 
107.023 
107.109 
107.196 
107.282 
107.367 
107.452 
107.537 
107.621 
107.705 
107.788 
107.871 
107.953 
108.035 
108.116 
108.197 
108.277 
108.357 
108.437 
108.515 
108.594 
108.671 
108.749 
108.825 
108.901 
108.977 
109.052 
109.127 
109.201 
109.274 
109.347 
109.419 
109.419 
109.562 
109.632 
109.702 

Entropy, 

J f 
0.03810 
0.03866 
0.03922 
0.03978 
0.04033 
0.04089 
0.04145 
0.04201 
0.04256 
0.04312 
0.04368 
0.04423 
0.04479 
0.04534 
0.04589 
0.04645 
0.04700 
0.04755 
0.04811 
0.04866 
0.04921 
0.04976 
0.05031 
0.05087 
0.05142 
0.05197 
0.05252 
0.05307 
0.05362 
0.05417 
0.05472 
0.05527 
0.05581 
0.05636 
0.05691 
0.05746 
0.05801 
0.05856 
0.05910 
0.05965 

Btuf1b.I 

J 5- 

0.22229 
0.22208 
0.22188 
0.22168 
0.22149 
0.22129 
0.22109 
0.22090 
0.22070 
0.22051 
0.22032 
0.22013 
0.21994 
0.21975 
0.21956 
0.21937 
0.21918 
0.21900 
0.21881 
0.21862 
0.21844 
0.21826 
0.21807 
0.21789 
0.21771 
0.21753 
0.21735 
0.21717 
0.21699 
0.21681 
0.21663 
,0.21646 
0.21628 
0.21610 
0.21593 
0.21575 
0.21558 
0.21540 
0.21523 
0.21506 
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Table A.14. (cont.) Properties of R-22-saturated liquid and 
vapor in I-P units. 

Temp., 
O F  

65 
66 
67 
68 
69 
70 
71 
72 
73 
74 
75 
76 
77 
78 
79 
80 
81 
82 
83 
84 
85 
86 
87 
88 
89 
90 
91 
92 
93 
94 
95 
96 
97 
98 
99 
100 
101 
102 
103 
104 
105 
106 
107 

Liquid, 
PI lb/ft3 
75.928 
75.798 
75.667 
75.536 
75.405 
75.273 
75.140 
75.007 
74.874 
74.740 
74.606 
74.471 
74.335 
74.199 
74.063 
73.926 
73.788 
73.650 
73.511 
73.372 
73.232 
73.092 
72.951 
72.809 
72.667 
72.524 
72.381 
72.237 
72.092 
71.947 
71.801 
71.654 
71.507 
71.359 
71.210 
71.061 
70.910 
70.759 
70.608 
70.455 
70.302 
70.148 
69.993 

Vapor, 
v, ft3/lb 
0.4353 
0.4285 
0.4218 
0.4152 
0.4088 
0.4024 
0.3962 
0.3901 
0.3841 
0.3782 
0.3724 
0.3668 
0.3612 
0.3557 
0.3503 
0.3450 
0.3398 
0.3346 
0.3296 
0.3247 
0.3198 
0.3150 
0.3103 
0.3057 
0.3012 
0.2967 
0.2923 
0.2880 
0.2837 
0.2795 
0.2754 
0.2714 
0.2674 
0.2635 
0.2596 
0.2558 
0.2521 
0.2484 
0.2448 
0.2412 
0.2377 
0.2343 
0.2309 

psia 
125.96 
127.95 
129.97 
132.01 
134.07 
136.15 
138.26 
140.40 
142.56 
144.74 
146.95 
149.18 
151.44 
153.72 
156.03 
158.36 
160.72 
163.11 
165.52 
167.96 
170.42 
172.91 
175.43 
177.97 
180.54 
183.14 
185.77 
188.42 
191.10 
193.81 
196.55 
199.32 
202.11 
204.94 
207.79 
210.67 
213.58 
216.53 
219.50 
222.50 
225.53 
228.59 
231.68 

Pressure, 
psig 
111.26 
113.26 
115.27 
117.31 
119.37 
121.46 
123.57 
125.70 
127.86 
130.04 
132.25 
134.48 
136.74 
139.02 
141.33 
143.67 
146.03 
148.41 
150.82 
153.26 
155.72 
158.21 
160.73 
163.28 
165.85 
168.45 
171.07 
173.73 
176.41 
179.12 
181.86 
184.62 
187.42 
190.24 
193.10 
195.98 
198.89 
201.83 
204.80 
207.80 
210.83 
213.89 
216.98 

Enthalpy, 
hf  

28.612 
28.905 
29.197 
29.491 
29.785 
30.080 
30.375 
30.670 
30.967 
31.264 
31.561 
31.859 
32.158 
32.457 
32.757 
33.057 
33.359 
33.660 
33.963 
34.266 
34.570 
34.874 
35.179 
35.485 
35.791 
36.098 
36.406 
36.715 
37.024 
37.334 
37.644 
37.955 
38.268 
38.580 
38.894 
39.208 
39.523 
39.839 
40.156 
40.473 
40.791 
41.110 
41.430 

Entropy, 
Sf 

0.06020 
0.06075 
0.06129 
0.06184 
0.06239 
0.06294 
0.06348 
0.06403 
0.06458 
0.06512 
0.06567 
0.06622 
0.06676 
0.06731 
0.06786 
0.06840 
0.06895 
0.06950 
0.07004 
0.07059 
0.07114 
0.07168 
0.07223 
0.07278 
0.07332 
0.07387 
0.07442 
0.07497 
0.07551 
0.07606 
0.07661 
0.07716 
0.07770 
0.07825 
0.07880 
0.07935 
0.07990 
0.08045 
0.08100 
0.08155 
0.08210 
0.08265 
0.08320 

Btu/lb 

h, 
109.771 
109.839 
109.907 
109.975 
110.041 
110.107 
110.173 
110.237 
110.301 
110.364 
110.427 
110.489 
110.550 
110.610 
110.670 
110.729 
110.787 
110.845 
110.901 
110.957 
111.012 
111.067 
111.120 
111.173 
111.225 
111.276 
111.326 
111.375 
111.423 
111.471 
111.517 
111.563 
111.608 
111.652 
111.694 
111.736 
111.777 
111.817 
111.856 
111.894 
111.930 
111.966 
112.001 

Btuflb-R 

so 
0.21488 
0.21471 
0.21454 
0.21437 
0.21420 
0.21403 
0.21385 
0.21368 
0.21351 
0.21334 
0.21317 
0.21300 
0.21283 
0.21267 
0.21250 
0.21233 
0.21216 
0.21199 
0.21182 
0.21165 
0.21148 
0.21131 
0.21115 
0.21098 
0.21081 
0.21064 
0.21047 
0.21030 
0.21013 
0.20996 
0.20979 
0.20962 
0.20945 
0.20928 
0.20911 
0.20894 
0.20877 
0.20860 
0.20843 
0.20825 
0.20808 
0.20791 
0.20773 
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Table A.14. (concl.) Properties of R-22 saturated liquid and 
vapor in I-P units. 

Temp., 
O F  

108 
109 
110 
111 
112 
113 
114 
115 
116 
117 
118 
119 
120 
122 
124 
126 
128 
130 
132 
134 
136 
138 
140 
142 
144 
146 
148 
150 
152 
154 
156 
158 
160 
165 
170 
175 
180 
185 
190 
195 
200 

205.1 

Enthalpy, 
hf 

41.751 
42.072 
42.395 
42.718 
43.042 
43.367 
43.692 
44.019 
44.347 

Pressure, 
psia 

234.80 
237.96 
241.14 
244.36 
247.60 
250.88 
254.19 
257.53 
260.91 
264.32 
267.76 
271.23 
274.74 
281.85 
289.10 
296.48 
304.00 
311.66 
319.47 
327.42 
335.51 
343.76 
352.15 
360.69 
369.39 
378.24 
387.25 
396.42 
405.76 
415.25 
424.92 
434.75 
444.58 
470.54 
497.46 
525.56 
554.89 
585.52 
617.52 
650.98 
686.02 
723.4 

Btuflb 

hg  
112.034 
112.067 
112.398 
112.126 
112.157 
112.185 
112.211 
112.2:.? 
112.:!fil 

psig 
220.11 
223.26 
226.44 
229.66 
232.91 
236.18 
239.50 
242.84 
246.21 
249.62 
253.06 
256.53 
260.04 
267.15 
274.40 
281.78 
289.31 
296.97 
304.77 
312.72 
320.82 
329.06 
337.45 
345.99 
354.69 
363.54 
372.56 
381.73 
391.06 
400.56 
410.22 
420.06 
430.06 
455.85 
482.76 
510.86 
540.19 
570.82 
602.82 
636.28 
671.32 
708.7 

Entropy, 
sf 

0.08375 
0.08430 
0.08485 
0.08540 
0.08595 
0.08651 
0.08706 
0.08761 
0.08817 

Liquid, 
PI 1b/ft3 

69.838 
69.681 
69.524 
69.366 
69.207 
69.047 
68.886 
68.724 
68.561 

44.675 
45.005 
45.335 
45.666 
46.332 
47.002 
47.675 
48.353 
49.036 
49.723 
50.41 
51.11 1 
51.813 
52.520 
53.232 
53.951 
54.675 
55.406 
56.143 
56.888 
57.641 
58.401 
59.170 
59.948 
61.939 
64.005 
66.165 
68.447 
70.891 
73.568 
76.616 
80.416 
91.58 

Btuflb-R 

sg 
0.20756 
0.20738 
0.20721 
0.20703 
0.20686 
0.20668 
0.20650 
0.20632 
0.20614 

Vapor, 
v, ft3/1b 
0.2276 
0.2243 
0.2210 
0.2178 
0.2147 
0.2116 
0.2085 
0.2055 
0.2026 

68.398 
68.233 
68.068 
67.901 
67.564 
67.224 
66.879 
66.529 
66.174 
65.814 
65.449 
65.078 
64.702 
64.319 
63.930 
63.534 
63.131 
62.720 
62.301 
61.874 
61.437 
60.991 
60.535 
60.067 
58.845 
57.532 
56.105 
54.533 
52.762 
50.703 
48.172 
44.671 
32.03 

0.1997 
0.1968 
0.1940 
0.1912 
0.1857 
0.1804 
0.1753 
0.1703 
0.1654 
0.1607 
0.1561 
0.1516 
0.1472 
0.1430 
0.1389 
0.1348 
0.1309 
0.1271 
0.1233 
0.1197 
0.1161 
0.1126 
0.1092 
0.1059 
0.0979 
0.0902 
0.0829 
0.0758 
0.0689 
0.0620 
0.0549 
0.0469 
0.0312 

0.20596 
0.20578 
0.20560 
0.20541 
0.20504 
0.20467 
0.20429 
0.20391 
0.20352 
0.20313 
0.20273 
0.20232 
0.20191 
0.20149 
0.20106 
0.20062 
0.20017 
0.19972 
0.19925 
0.19877 
0.19828 
0.19777 
0.19725 
0.19672 
0.19530 
0.19374 
0.19202 
0.19006 
0.18779 
0.18507 
0.18159 
0.17659 
0.1605 

112.263 0.08872 I 112.305 
112.325 
112.344 
112.378 
112.405 
112.427 
112.443 
112.453 
112.455 
112.451 
112.440 
112.421 
112.395 
112.360 
112.316 
112.264 
112.202 
112.130 
112.047 
111.953 
111.846 
111.728 
111.595 
111.199 
110.692 
110.050 
109.235 
108.187 
106.807 
104.898 
101.929 

91.58 

0.08928 
0.08983 
0.09039 
0.09150 
0.09261 
0.09373 
0.09485 
0.09597 
0.09710 
0.09823 
0.09936 
0.10050 
0.10164 
0.10278 
0.10393 
0.10509 
0.10625 
0.10742 
0.10859 
0.10977 
0.11096 
0.11216 
0.11337 
0.11644 
0.11960 
0.12287 
0.12630 
0.12994 
0.13390 
0.13839 
0.14398 
0.1605 
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Table A.15. Properties of R-23 saturated liquid and vapor in 
SI units*. 

Temp., 
" C  
-100 
-98 
-96 
-94 
-92 
-90 
-88 
-86 
-84 
-82 
-80 
-78 
-76 
-74 
-72 
-70 
-68 
-66 
-64 
-62 
-60 
-58 
-56 
-54 
-52 
-50 
-48 
-46 
-44 
-42 
-40 
-38 
-36 
-34 
-32 

*From 
part 2, ASHRAE Transactions, pp. 158-169, 1974. 
The enthalpy base is 200 kJ/kg of saturated liquid at -40°C, and the 
entropy base is 1.0 kJ1kg.K of saturated liquid at -40°C. 

Press., 
kPa 

31.68 
36.54 
42.00 
48.10 
54.89 
62.45 
70.82 
80.07 
90.26 
101.47 
113.76 
127.20 
141.86 
157.83 
175.18 
193.99 
214.35 
236.33 
260.02 
285.51 
312.88 
342.23 
373.64 
407.20 
443.01 
481.16 
521.75 
564.86 
610.59 
659.05 
710.33 
764.53 
821.74 
882.08 
945.65 

formulations 

Entropy, 
Sf 

-0.3625 
-0.3491 
-0.3360 
-0.3231 
-0.3103 
-0.2977 
-0.2851 
-0.2727 
-0.2604 
-0.2481 
-0.2360 
-0.2239 
-0.2118 
-0.1998 
-0.1878 
-0.1759 
-0.1640 
-0.1521 
-0.1403 
-0.1284 
-0.1166 
-0.1049 
-0.0931 
-0.0814 
-0.0697 
-0.0580 
-0.0463 
-0.0347 
-0.0231 
-0.0115 
0.0000 
0.0115 
0.0230 
0.0344 
0.0457 

Equations," 

Liquid, 
pf kg/m3 
1494.01 
1488.26 
1482.43 
1476.50 
1470.48 
1464.36 
1458.14 
1451.82 
1445.40 
1438.88 
1432.25 
1425.51 
1418.66 
1411.69 
1404.62 
1397.42 
1390.10 
1382.66 
1375.09 
1367.40 
1359.57 
1351.60 
1343.49 
1335.23 
1326.83 
1318.27 
1309.56 
1300.68 
1291.63 
1282.41 
1273.01 
1263.42 
1253.63 
1243.64 
1233.44 

Downing, 

kJ1kg.K 
S g  

1.0917 
1.0804 
1.0693 
1.0586 
1.0482 
1.0381 
1.0283 
1.0187 
1.0094 
1.0003 
0.9915 
0.9829 
0.9745 
0.9662 
0.9582 
0.9504 
0.9427 
0.9352 
0.9279 
0.9207 
0.9137 
0.9068 
0.9001 
0.8935 
0.8870 
0.8806 
0.8743 
0.8682 
0.8622 
0.8562 
0.8503 
0.8446 
0.8389 
0.8332 
0.8277 

by R. 

Vapor, 
ug L/ke 
0.6355 
0.5561 
0.4883 
0.4301 
0.3801 
0.3368 
0.2994 
0.2668 
0.2385 
0.2136 
0.1919 
0.1727 
0.1558 
0.1409 
0.1277 
0.1159 
0.1054 
0.0961 
0.0877 
0.0802 
0.0735 
0.0674 
0.0620 
0.0570 
0.0525 
0.0485 
0.0448 
0.0415 
0.0384 
0.0356 
0.0331 
0.0307 
0.0286 
0.0266 
0.0248 

vol. 80, 

Enthalpy, 
hl 

-73.91 
-71.59 
-69.27 
-66.96 
-64.65 
-62.35 
-60.03 
-57.72 
-55.39 
-53.06 
-50.71 
-48.35 
-45.97 
-43.58 
-41.17 
-38.75 
-36.30 
-33.84 
-31.36 
-28.85 
-26.33 
-23.78 
-21.22 
-18.63 
-16.03 
-13.40 
-10.76 
-8.10 
-5.42 
-2.72 
-0.00 
2.73 
5.48 
8.25 

11.03 
in 

kJ/kg 
h, 

177.88 
178.79 
179.68 
180.57 
181.44 
182.30 
183.14 
183.97 
184.79 
185.59 
186.37 
187.14 
187.90 
188.63 
189.35 
190.05 
190.74 
191.40 
192.05 
192.68 
193.29 
193.88 
194.45 
195.00 
195.53 
196.04 
196.52 
196.99 
197.43 
197.85 
198.25 
198.63 
198.97 
199.30 
199.59 

"Refrigerant 
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Table A.15. (concl.) Properties of R-23 saturated liquid and 
vapor in SI units. 

Liquid, 
~f k / m 3  
1223.02 
1212.37 
1201.47 
1190.33 
1178.91 
1167.21 
1155.22 
1142.91 
1130.26 
1117.25 
1103.86 
1090.05 
1075.79 
1061.03 
1045.74 
1029.86 
1013.31 
996.01 
977.87 
958.74 
938.46 
916.80 
893.42 
867.87 
839.38 
806.63 
766.91 
712.57 

Vapor, 
vg L/kg 
0.0231 
0.0216 
0.0202 
0.0189 
0.0176 
0.0165 
0.0154 
0.0145 
0.0136 
0.0127 
0.0119 
0.0112 
0.0104 
0.0098 
0.0092 
0.0086 
0.0080 
0.0075 
0.0070 
0.0065 
0.0061 
0.0056 
0.0052 
0.0048 
0.0044 
0.0039 
0.0035 
0.0030 

Temp., 
" C 

Entropy, 

31 

0.0571 
0.0684 
0.0796 
0.0908 
0.1020 
0.1131 
0.1242 
0.1353 
0.1464 
0.1575 
0.1686 
0.1797 
0.1909 
0.2022 
0.2135 
0.2250 
0.2367 
0.2487 
0.2610 
0.2736 
0.2868 
0.3006 
0.3153 
0.3311 
0.3484 
0.3679 
0.3909 
0.4209 

Press., 
kPa 

kJ1kg.K 
s g  

0.8222 
0.8167 
0.8113 
0.8059 
0.8006 
0.7952 
0.7899 
0.7845 
0.7791 
0.7737 
0.7682 
0.7626 
0.7569 
0.7511 
0.7452 
0.7390 
0.7326 
0.7259 
0.7189 
0.7115 
0.7035 
0.6948 
0.6853 
0.6746 
0.6624 
0.6478 
0.6293 
0.6025 

Enthalpy, 

hj  
-30 
-28 
-26 
-24 
-22 
-20 
-18 
-16 
-14 
-12 
-10 
-8 
-6 
-4 
-2 
-0 
2 
4 
6 
8 
10 
12 
14 
16 
18 
20 
22 
24 

kJ/kg 
h9 

199.86 
200.10 
200.31 
200.48 
200.63 
200.73 
200.79 
200.82 
200.79 
200.72 
200.59 
200.41 
200.15 
199.82 
199.41 
198.91 
198.31 
197.58 
196.71 
195.68 
194.45 
192.98 
191.22 
189.07 
186.40 
182.98 
178.33 
171.12 

1012.6 
1082.9 
1156.8 
1234.4 
1315.7 
1401.0 
1490.2 
1583.7 
1681.5 
1783.7 

13.83 
16.64 
19.47 
22.32 
25.18 
28.07 
30.97 
33.89 
36.84 
39.81 

1890.5 
2002.0 
2118.5 
2240.1 
2367.0 
2499.4 
2637.5 
2781.5 
2931.7 
3088.4 
3251.8 
3422.3 
3600.2 
3785.8 
3979.6 
4181.9 
4393.2 
4614.0 

42.82 
45.86 
48.94 
52.07 
55.26 
58.52 
61.87 
65.31 
68.87 
72.58 
76.47 
80.59 
84.98 
89.74 
94.99 
100.9 
108.0 
117.1 
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Table A.16. Properties of R-23 saturated liquid and vapor in 
I-P units*. 

Temp. 
OF 

-160 
-155 
-150 
-145 
-140 
-135 
-130 
-125 
-120 
-115 
-110 
-105 
-100 
-95 
-90 
-85 
-80 
-75 
-70 
-65 
-60 
-55 
-50 
-45 
-40 
-35 
- 30 
-25 
-20 
-15 
-10 
- 5 

*From 

1 Pre5 
psia 
2.77 
3.44 
4.24 
5.18 
6.28 
7.57 
9.06 
10.78 
12.75 
15.00 
17.56 
20.45 
23.71 
27.36 
31.43 
35.96 
40.99 
46.53 
52.64 
59.34 
66.67 
74.67 
83.37 
92.81 

103.02 
114.06 
125.95 
138.74 
152.46 
167.17 
182.90 
199.70 

ormul 

ure, 
psig 
24.31 
22.91 
21.31 
19.4f 
17.lt 
14.5j 
l l . 5 f  
8.0t 
4.0t 
0.3 
2.9 
5.8 
9.0 

12.7 
16.7 
21.3 
26.3 
31.8 
37.9 
44.6 
52.0 
60.0 
68.7 
78.1 
88.3 
99.4 

111.3 
124.0 
137.8 
152.5 
168.2 
185.0 - 
;ions 

Enthal 

h f 
-35.17 
-33.76 
-32.35 
-30.96 
-29.58 
-28.20 
-26.82 
-25.44 
-24.05 
-22.66 
-21.25 
-19.84 
-18.41 
-16.96 
-15.50 
-14.03 
-12.53 
-11.02 
-9.50 
-7.95 
-6.40 
-4.82 
-3.23 
-1.62 
0.00 
1.64 
3.28 
4.95 
6.62 
8.31 

10.01 
11.73 

n "Ref] 

Entropy, Btu/lb.E Liquid, 1 Vapor, 

vol. 80, part 2, ASHRAE ~r&sac t ions ,  pp. 158-169, 1974. 
-, 

t indicates pressure in inches of mercury, vacuum. 
The zero values of enthalpy and entropy are of saturated liquid at  -40°F. 



710 Industrial Refrigeration Handbook 

Table A.16. (concl.) Properties of R-23 saturated liquid and 
vapor in I-P units. 

Temp., 
" F 
0 
5 

10 
15 
20 
25 
30 
35 
40 
45 
50 
55 
60 
65 
70 
75 

( Pressure, ] Enthalpy, , Btu/lb 1 Entropy, Btu/lb.R I Liquid, ( Vapor, 
v ,  it3/1b 

0.2457 
0.2243 
0.2049 
0.1872 
0.1710 
0.1562 
0.1426 
0.1300 
0.1183 
0.1074 
0.0971 
0.0874 
0.0780 
0.0688 
0.0594 
0.0488 
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Table A.17. Properties of R-125 saturated liquid and vapor in 
SI units*. 

Temp 
C - 

-45 
-44 
-43 
-42 
-41 
- 40 
-39 
-38 
-37 
-36 
-35 
-34 
-33 
-32 
-31 
-30 
-29 
- 28 
-27 
-26 
-25 
-24 
-23 
-22 
-21 
-20 
-19 
- 18 
-17 
-16 
-15 
- 14 
-13 
-12 
-11 
-10 
- 9 
- 8 
- 7 

., ] Press., ( Enthalpy, kJ/kg 

551.78 192.98 
algorithms of Geni 

309.60 
310.18 
310.76 
311.33 
311.91 
312.48 
313.05 
313.62 
314.20 
314.77 
315.33 
315.90 
316.47 
317.03 
317.60 
318.16 
318.72 
319.29 
319.84 
320.40 
320.96 
321.52 
322.07 
322.62 
323.17 
323.72 
324.27 
324.81 

I 325.36 
325.90 

I 326.44 
I 326.98 
' 327.52 
I 328.05 

328.58 1 329.11 
1 329.64 
1 330.17 

330.69 
'e, Allied 

Entro j Liquid, 

0.9744 1.4898 1346.32 
Signal, Inc. Morristown, KJ. 

Vapor, 

The  enthalpy base is 200 kJ/kg of saturated liquid a t  -40°C, 
and the entropy base is 1.0 kJ/kg.K of saturated liquid a t  -40°C. 
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Table A . 1 7 .  (cont.) Properties of R-125 saturated liquid and 
vapor in SI units. 

Temp. 
" C 

-5 
- 4 
-3 
-2 
-1 
0 
1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 
12 
13 
14 
15 
16 
17  
18 
19 
20 
21 
22 
2 3 
24 
2 5 
2 6 
2 7 
28 
29 
3 0 
31 
32 
3 3 
3 4 

I Enthalpy, kJ/kg ., Liquid, 
Pf kg/m3 
1341.89 
1337.42 
1332.92 
1328.38 
1323.82 
1319.22 
1314.58 
1309.91 
1305.19 
1300.44 
1295.65 
1290.82 
1285.95 
1281.04 
1276.08 
1271.07 
1266.02 
1260.92 
1255.76 
1250.56 
1245.30 
1239.99 
1234.62 
1229.19 
1223.70 
1218.14 
1212.52 
1206.83 
1201.07 
1195.24 
1189.33 
1183.34 
1177.26 
1171.10 
1154.85 
1158.51 
1152.06 
1145.51 
1138.85 
1132.08 

Press., 
kPa 

570.26 
589.21 
608.64 
628.56 
648.97 
669.88 
691.30 
713.25 
735.71 
758.72 
782.27 
806.37 
831.03 
856.26 
882.06 
908.45 
935.44 
963.02 
991.22 
1020.0 
1049.5 
1079.6 
1110.3 
1141.7 
1173.7 
1206.4 
1239.8 
1273.9 
1308.7 
1344.2 
1380.4 
1417.3 
1455:O 
1493.4 
1532.5 
1572.5 
1613.2 
1654.6 
1696.9 
1740.0 

Vapor, 

"9 L/kg 
0.0281 
0.0272 
0.0263 
0.0255 
0.0247 
0.0239 
0.0232 
0.0224 
0.0218 
0.0211 
0.0204 
0.0198 
0.0192 
0.0186 
0.0181 
0.0175 
0.0170 
0.0165 
0.0160 
0.0155 
0.0151 
0.0146 
0.0142 
0.0138 
0.0134 
0.0130 
0.0126 
0.0122 
0.0119 
0.0115 
0.0112 
0.0109 
0.0106 
0.0103 
0.0100 
0.0097 
0.0094 
0.0091 
0.0089 
0.0086 
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Table A.17. (concl.) Properties of R-125 saturated liquid and 
vapor in SI units. 

Temp., 
OC 
35 
36 
37 
38 
39 
40 
41 
42 
43 
44 
45 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 
60 

Press., 
kPa 

1783.8 
1828.5 
1874.0 
1920.4 
1967.6 
2015.6 
2064.6 
2114.4 
2165.1 
2216.6 
2269.1 
2322.5 
2376.9 
2432.1 
2488.3 
2545.5 
2603.6 
2662.7 
2722.8 
2783.9 
2846.0 
2909.1 
2973.2 
3038.3 
3104.6 
3171.8 

Entropy, 

Sf 
1.1599 
1.1649 
1.1699 
1.1750 
1.1801 
1.1853 
1.1905 
1.1958 
1.2011 
1.2065 
1.2120 
1.2176 
1.2232 
1.2289 
1.2347 
1.2407 
1.2467 
1.2529 
1.2592 
1.2658 
1.2725 
1.2794 
1.2866 
1.2941 
1.3021 
1.3105 
- - 

Enthalpy, 
h f  

247.44 
249.03 
250.63 
252.25 
253.89 
255.55 
257.23 
258.94 
260.67 
262.43 
264.22 
266.04 
267.89 
269.78 
271.71 
273.68 
275.70 
277.76 
279.89 
282.08 
284.34 
286.69 
289.14 
291.70 
294.40 
297.28 
-- 

Liquid, 
Pf kg/m3 
1125.19 
1118.16 
1111.01 
1103.71 
1096.27 
1088.66 
1080.89 
1072.93 
1064.78 
1056.43 
1047.85 
1039.03 
1029.96 
1020.60 
1010.93 
1000.93 
990.56 
979.77 
968.53 
956.76 
944.41 
931.38 
917.57 
902.83 
886.96 
869.72 

kJ/kg.K 
Ss 

1.4897 
1.4896 
1.4895 
1.4893 
1.4892 
1.4890 
1.4888 
1.4886 
1.4884 
1.4881 
1.4879 
1.4876 
1.4872 
1.4869 
1.4865 
1.4860 
1.4855 
1.4850 
1.4844 
1.4838 
1.4831 
1.4823 
1.4814 
1.4804 
1.4793 
1.4780 
- - 

kJ/kg 
hg 

349.08 
349.42 
349.74 
350.06 
350.36 
350.66 
350.95 
351.22 
351.49 
351.74 
351.98 
352.21 
352.42 
352.62 
352.80 
352.96 
353.11 
353.23 
353.33 
353.40 
353.45 
353.46 
353.44 
353.37 
353.26 
353.08 
- - 

Vapor, 
v g  L/kg 
0.0083 
0.0081 
0.0079 
0.0076 
0.0074 
0.0072 
0.0070 
0.0068 
0.0066 
0.0064 
0.0062 
0.0060 
0.0058 
0.0056 
0.0054 
0.0053 
0.0051 
0.0049 
0.0048 
0.0046 
0.0044 
0.0043 
0.0041 
0.0039 
0.0038 
0.0036 

- 



ENTHALPY [kl lkg) 
120 160 200 240 280 320 360 4 0 0  440 480 520 

-.-- Y.YI  

120 160 200 240 280 320 360 400 440 480 520 
ENTHALPY (kJlkg) 

Fig. A.5. Pressure-enthalpy diagram for R-125 in SI units. (Reprinted 
with permission from 1997 ASHRAE Handbook-Fundamentals) 
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Table A.18. Properties of R-125 saturated liquid and vapor 
in I-P units.* 

I Temp., 1 Pressure, I Enthal 

7.2 -0.00 
8.3 0.46 
9.5 0.91 

10.6 1.38 
11.9 1.84 
13.1 2.31 
14.4 2.78 
15.8 3.25 
17.2 3.73 
18.7 4.21 
20.2 4.69 
21.8 5.17 
23.4 5.66 
25.1 6.15 
26.8 6.64 
28.6 7.14 
30.5 7.64 
32.4 8.14 
34.4 8.65 
36.4 9.16 
38.5 9.67 
40.7 10.18 
43.0 10.70 
45.3 11.22 
47.7 11.75 
50.1 12.28 
52.7 12.81 
55.3 13.34 
58.0 13.88 
60.7 14.42 
63.6 14.97 
66.5 15.52 
69.5 16.07 
hms of Geni 

PY, Btu/lE 
h, 

65.09 
65.36 
65.64 
65.91 
66.19 
66.46 ' 66.74 
67.01 
67.28 
67.56 
67.83 
68.10 
68.37 
68.64 
68.91 
69.18 
69.45 
69.72 
69.99 
70.25 
70.52 
70.78 
71.05 
71.31 
71.57 
71.83 
72.09 
72.35 
72.61 
72.87 
73.13 
73.38 
73.64 
73.89 
74.14 
74.39 
74.64 
74.89 

ie, Allied 

t I Entrcrpy, Btu/lb.R / Liquid, I 

0.0353 0.1569 1 83.62 
Signal, Inc., Morristown, N 

1.9441 
1.8541 
1.7690 
1.6885 
1.6124 
1.5404 
1.4722 
1.4075 
1.3463 
1.2882 
1.2330 
1.1807 
1.1310 
1.0838 
1.0389 
0.9962 
0.9556 
0.9169 
0.8801 
0.8450 
0.8116 
0.7798 
0.7494 
0.7204 
0.6927 
0.6663 
0.6411 
0.6170 
0.5939 
0.5719 
0.5508 
0.5306 
0.5113 
0.4928 
0.4751 
0.4581 
0.4418 

J. The 
zero values of enthalpy and entropy are of saturated liquid at -40°F. 
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Table A.18. (cont.) Properties of R-125 saturated liquid and 
vapor in I-P units. 

Temp., 
O F  

26 
28 
30  
32 
34 
36 
38 
40 
42 
44 
46 
48 
50 
52 
54 
56 
58 
60 
62 
64 
66 
68 
70 
72 
74 
76 
78 
80 
82 
84 
86 
88 
90 
92 
94 
96 
98 

Entropy, 
Sf 

0.0364 
0.0375 
0.0387 
0.0398 
0.0410 
0.0421 
0.0433 
0.0444 
0.0456 
0.0467 
0.0179 
0.0491 
0.0502 
0.0514 
0.0526 
0.0538 
0.0550 
0.0562 
0.0574 
0.0586 
0.0598 
0.0610 
0.0622 
0.0634 
0.0647 
0.0659 
0.0671 
0.0684 
0.0696 
0.0709 
0.0722 
0.0735 
0.0748 
0.0761 
0.0774 
0.0787 
0.0800 

Liquid, 
p j  1b/ft3 

83.31 
82.99 
82.68 
82.36 
82.03 
81.71 
81.38 
81.05 
80.72 
80.38 
80.04 
79.70 
79.35 
79.00 
78.65 
78.29 
77.92 
77.56 
77.19 
76.81 
76.43 
76.05 
75.66 
75.26 
74.86 
74.45 
74.04 
73.62 
73.20 
72.76 
72.32 
71.88 
71.42 
70.96 
70.48 
70.00 
69.51 

Btu/lb.R 

sg 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1570 
0.1570 
0.1570 
0.1570 
0.1570 
0.1570 
0.1570 
0.1570 
0.1570 
0.1570 
0.1570 
0.1570 
0.1570 
0.1569 
0.1569 
0.1569 
0.1569 
0.1569 
0.1568 
0.1568 

Pressure, 
psia 

87.33 
90.52 
93.79 
97.16 
100,61 
104.16 
107.81 
111.55 
115.39 
119.33 
123.37 
127.51 
131.76 
136.11 
140.57 
145.15 
149.83 
154.63 
159.54 
164.56 
169.71 
174.98 
180.36 
185.87 
191.51 
197.27 
203.17 
209.19 
215.35 
221.64 
228.06 
234.63 
241.33. 
248.18 
255.17 
262.31 
269.59 

Enthalpy, 

hf 
16.63 
17.19 
17.75 
18.32 
18.89 
19.47 
20.05 
20.63 
21.22 
21.81 
22.41 
23.01 
23.62 
24.23 
24.84 
25.46 
26.09 
26.72 
27.35 
27.99 
28.64 
29.29 
29.95 
30.61 
31.28 
31.96 
32.64 
33.33 
34.02 
34.73 
35.44 
36.15 
36.88 
37.61 
38.36 
39.11 
39.87 

psig 
72.6 
75.8 
79.1 
82.5 
85.9 
89.5 
93.1 
96.9 

100.7 
104.6 
108.7 
112.8 
117.1 
121.4 
125.9 
130.5 
135.1 
139.9 
144.8 
149.9 
155.0 
160.3 
165.7 
171.2 
176.8 
182.6 
188.5 
194.5 
200.7 
206.9 
213.4 
219.9 
226.6 
233.5 
240.5 
247.6 
254.9 

Btu/lb 

h ,  
75.14 
75.38 
75.63 
75.87 
76.11 
76.35 
76.59 
76.83 
77.06 
77.30 
77.53 
77.76 
77.99 
78.21 
78.44 
78.66 
78.88 
79.10 
79.31 
79.52 
79.73 
79.94 
80.15 
80.35 
80.55 
80.75 
80.94 
81.13 
81.32 
81.51 
81.69 
81.87 
82.04 
82.21 
82.37 
82.54 
82.69 

Vapor, 
v, ft3/lb 

0.4262 
0.4112 
0.3968 
0.3830 
0.3698 
0.3570 
0.3448 
0.3331 
0.3218 
0.3109 
0.3004 
0.2904 
0.2807 
0.2714 
0.2624 
0.2537 
0.2454 
0.2373 
0.2296 
0.2221 
0.2149 
0.2079 
0.2012 
0.1947 
0.1884 
0.1823 
0.1765 
0.1708 
0.1653 
0.1600 
0.1549 
0.1499 
0.1451 
0.1404 
0.1359 
0.1315 
0.1272 

1 
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Table A.18. (concl.) Properties of R-125 saturated liquid and 
vapor in I-P units. 

Temp., 
O l ?  

100 
102 
104 
106 
108 
110 
112 
114 
116 
118 
120 
122 
124 
126 
128 
130 
132 
134 
136 
138 
140 

Liquid, 
PJ lb/ft3 
69.00 
68.49 
67.96 
67.42 
66.87 
66.30 
65.71 
65.11 
64.49 
63.85 
63.18 
62.49 
61.76 
61.01 
60.22 
59.39 
58.51 
57.58 
56.57 
55.49 
54.29 

Vapor, 
u, ft3/lb 

0.1230 
0.1190 
0.1151 
0.1113 
0.1076 
0.1040 
0.1005 
0.0971 
0.0938 
0.0905 
0.0873 
0.0842 
0.0812 
0.0782 
0.0752 
0.0723 
0.0695 
0.0666 
0.0638 
0.0609 
0.0580 

Pressure, 
psia 
277.02 
284.61 
292.34 
300.24 
308.29 
316.49 
324.86 
333.39 
342.09 
350.95 
359.99 
369.19 
378.56 
388.11 
397.84 
407.75 
417.83 
428.10 
438.56 
449.20 
460.03 

psig 
262.3 
269.9 
277.6 
285.5 
293.6 
301.8 
310.2 
318.7 
327.4 
336.3 
345.3 
354.5 
363.9 
373.4 
383.1 
393.1 
403.1 
413.4 
423.9 
434.5 
445.3 

Enthdpy, 
h 

40.64 
41.42 
42.22 
43.02 
43.84 
44.67 
45.52 
46.38 
47.26 
48.16 
49.08 
50.02 
50.98 
51.98 
53.00 
54.06 
55.16 
56.31 
57.52 
58.80 
60.17 

Btu/lb 

h9 
82.85 
82.99 
83.14 
83.27 
83.40 
83.53 
83.65 
83.76 
83.86 
83.96 
84.05 
84.13 
84.19 
84.25 
84.30 
84.33 
84.34 
84.34 
84.31 
84.26 
84.18 

Entropy, 

0.0814 
0.0827 
0.0841 
0.0855 
0.0869 
0.0883 
0.0898 
0.0912 
0 0927 
0.0942 
0.0958 
0.0973 
0.0989 
0.1006 
0.1023 
0.1040 
0.1059 
0.1077 
0.1097 
0.1118 
0.1140 

Btu/lb.R 

sg 
0.1568 
0.1567 
0.1567 
0.1566 
0.1566 
0.1565 
0.1565 
0.1564 
0.1563 
0.1562 
0.1561 
0.1560 
0.1558 
0.1557 
0.1555 
0.1554 
0.1552 
0.1549 
0.1547 
0.1544 
0.1541 
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Table A.19. Properties of R-134a saturated liquid and 
vapor in SI units*. 

Press., 
kPa 

51.64 
54.38 
57.24 
60.22 
63.32 
66.55 
69.91 
73.40 
77.04 
80.82 
84.74 
88.82 
93.05 
97.44 

101.99 
106.71 
111.60 
116.67 
121.93 
127.36 
132.99 
138.81 
144.83 
151.05 
157.49 
164.13 
171.00 
178.08 
185.40 
192.95 
200.73 
208.76 
217.04 
225.57 
234.36 
243.42 
252.74 
262.33 
272.21 

Enthalpy, kJ/kg 1 Liquid, 
I P I  kg/m3 
I 1417.38 
1 1414.52 

1411.64 
1408.76 
1405.86 
1402.96 
1400.05 
1397.14 
1394.21 
1391.28 
1388.33 
1385.38 
1382.42 
1379.45 
1376.47 
1373.48 
1370.48 
1367.47 
1364.45 
1361.42 
1358.38 
1355.33 
1352.27 
1349.19 
1346.11 
1343.02 
1339.91 
1336.79 
1333.66 
1330.52 
1327.37 
1324.20 
1321.02 
1317.83 
1314.63 
1311.41 
1308.18 
1304.93 
1301.67 

-1 1 282.37 1 198.68 1 396.51 10.9952 1 1.7221 1 1298.40 
'From algorithms of Genie, Allied Signal, Inc., Morristown, NJ, 

Vapor, 

The enthalpy base is 200 kJ/kg of saturated liquid at -40°C, 
and the entropy base is 1.0 kJ/kg.K of saturated liquid at -40°C. 
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Table A.19. (cont.) Properties of R-134a saturated liquid and 
vapor in SI units. 

Temp., I Press., ( Entha 'y, kJ/kg Entropy, kJ/kg. Liquid, Vapor, 
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Table A.19. (cont.) Properties of R-134a saturated liquid and  

Temp., 
"C 
40 
41 
42 
43 
44 
45 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 
60 
61 
62 
63 
64 
65 
66 
67 
68 
69 
70 
71 
72 
73 
74 
75 
76 
77 
78 
79 

Press., 

kPa 
1016.41 
1043.95 
1072.04 
1100.69 
1129.91 
1159.71 
1190.09 
1221.07 
1252.64 
1284.83 
1317.63 
1351.06 
1385.12 
1419.82 
1455.17 
1491.17 
1527.84 
1565.19 
1603.22 
1641.94 
1681.36 
1721.49 
1762.34 
1803.92 
1846.24 
1889.31 
1933.13 
1977.72 
2023.09 
2069.26 
2116.22 
2163.99 
2212.58 
2262.01 
2312.29 
2363.42 
2415.43 
2468.32 
2522.11 
2576.81 

vapor in SI 

Enthalpy, 
hf 

256.14 
257.64 
259.14 
260.65 
262.16 
263.68 
265.21 
266.74 
268.28 
269.83 
271.39 
272.95 
274.51 
276.09 
277.67 
279.26 
280.86 
282.47 
284.08 
285.71 
287.34 
288.98 
290.64 
292.30 
293.97 
295.66 
297.35 
299.06 
300.78 
302.51 
304.26 
306.02 
307.79 
309.58 
311.39 
313.21 
315.05 
316.91 
318.79 
320.69 

kJ/kg 
h, 

418.09 
418.53 
418.98 
419.42 
419.85 
420.27 
420.70 
421.11 
421.52 
421.92 
422.31 
422.70 
423.08 
423.45 
423.82 
424.18 
424.52 
424.86 
425.19 
425.51 
425.82 
426.12 
426.41 
426.69 
426.95 
427.21 
427.45 
427.67 
427.89 
428.08 
428.26 
428.43 
428.57 
428.70 
428.81 
428.90 
428.96 
429.00 
429.01 
429.00 

units. 

Liquid, 
~f kg/m3 
1147.44 
1143.20 
1138.91 
1134.59 
1130.23 
1125.83 
1121.38 
1116.90 
1112.36 
1107.78 
1103.16 
1098.48 
1093.75 
1088.97 
1084.13 
1079.24 
1074.29 
1069.27 
1064.20 
1059.05 
1053.84 
1048.56 
1043.20 
1037.76 
1032.25 
1026.65 
1020.95 
1015.17 
1009.29 
1003.30 
997.21 
991.00 
984.68 
978.22 
971.63 
964.90 
958.02 
950.97 
943.76 
936.35 

Entropy, 
sf 

1.1895 
1.1942 
1.1989 
1.2036 
1.2083 
1.2131 
1.2178 
1.2225 
1.2272 
1.2319 
1.2366 
1.2414 
1.2461 
1.2508 
1.2556 
1.2603 
1.2651 
1.2699 
1.2746 
1.2794 
1.2842 
1.2890 
1.2939 
1.2987 
1.3035 
1.3084 
1.3133 
1.3182 
1.3231 
1.3280 
1.3330 
1.3380 
1.3430 
1.3480 
1.3531 
1.3582 
1.3633 
1.3685 
1.3737 
1.3789 

Vapor, 
vg m3/kg 

0.0199 
0.0193 
0.0188 
0.0182 
0.0177 
0.0173 
0.0168 
0.0163 
0.0159 
0.0154 
0.0150 
0.0146 
0.0142 
0.0138 
0.0135 
0.0131 
0.0127 
0.0124 
0.0121 
0.0117 
0.0114 
0.0111 
0.0108 
0.0105 
0.0102 
0.0099 
0.0097 
0.0094 
0.0091 
0.0089 
0.0086 
0.0084 
0.0082 
0.0079 
0.0077 
0.0075 
0.0073 
0.0071 
0 0069 
0.0066 

kJ1kg.K 
8 ,  

1.7067 
1.7064 
1.7061 
1.7058 
1.7056 
1.7053 
1.7050 
1.7046 
1.7043 
1.7040 
1.7037 
1.7034 
1.7030 
1.7027 
1.7023 
1.7019 
1.7016 
1.7012 
1.7008 
1.7003 
1.6999 
16995 
1.6990 
1.6985 
1.6980 
1.6974 
1.6969 
1.6963 
1.6957 
1.6951 
1.6944 
1.6937 
1.6929 
1.6922 
1.6913 
1.6905 
1.6895 
1.6886 
1.6875 
1.6865 
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Table A.19. (concl.) Properties of R-134a saturated liquid and 
vapor in SI units. 

Vapor, 
vg m3/kg 

0.0064 
0.0063 
0.0061 
0.0059 
0.0057 
0.0055 
0.0053 
0.0051 
0.0050 
0.0048 
0.0046 

Temp., 
"C 
80 
81 
82 
83 
84 
85 
86 
87 
88 
89 
90 

Liquid, 
Pf kg/m3 

928.75 
920.93 
912.88 
904.58 
896.00 
887.11 
877.89 
868.31 
858.31 
847.84 
836.84 

Press., 
kPa 

2632.44 
2689.01 
2746.54 
2805.04 
2864.54 
2925.05 
2986.59 
3049.18 
3112.85 
3177.61 
3243.50 

Entropy, kJ/kg-K 
3f 

1.3842 
1.3895 
1.3949 
1.4003 
1.4059 
1.4114 
1.4171 
1.4229 
1.4287 
1.4347 
1.4408 

Enthalpy, kJ/kg 
99 

1.6853 
1.6841 
1.6828 
1.6814 
1.6799 
1.6783 
1.6766 
1.6747 
1.6727 
1.6705 
1.6682 

hf 
322.61 
324.56 
326.53 
328.54 
330.57 
332.63 
334.73 
336.87 
339.06 
341.29 
343.58 

hg 
428.95 
428.88 
428.77 
428.62 
428.43 
428.20 
427.92 
427.58 
427.18 
426.71 
426.16 
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Table A.20. Properties of R-134a saturated liquid and vapor 
in I-P units*. 

ITernp., ( Pressure, 
psia psig w 

17 131.07 1 16.4 
IFrom algorithms of 

Entropy 

S f  
-0.000~ 
0.0013 
0.0027 
0.0040 
0.0053 
0.0066 
0.0080 
0.0093 
0.0106 
0.0119 
0.0133 
0.0146 
0.0159 
0.0172 
0.0185 
0.0198 
0.0212 
0.0225 
0.0238 
0.0251 
0.0264 
0.0270 
0.0277 
0.0283 
0.0290 
0.0296 
0.0303 
0.0309 
0.0316 
0.0322 
0.0329 
0.0335 
0.0342 
0.0348 
0.0355 
0.0361 
0.0368 
0.0374 

Btu/lb.R I Liquid, 

0.2207 1 82.54 
)rrisotwn, NJ.  

t Inches of mercury below one standard atmosphere. 
The zero values of enthalpy and entropy are at -40°F, saturated liquid. 
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Table A.20. (cont.) Properties of R-134a saturated liquid and 

Temp., 
O F  

18 
19 
20 
21 
22 
23 
24 
25 
26 
27 
28 
29 
30 
31 
32 
33 
34 
35 
36 
37 
38 
39 
40 
41 
42 
43 
44 
45 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 

units. 

Liquid, 
PI lb/ft3 

82.42 
82.31 
82.20 
82.09 
81.98 
81.87 
81.76 
81.64 
81.53 
81.42 
81.31 
81.19 
81.08 
80.97 
80.85 
80.74 
80.62 
80.51 
80.39 
80.28 
80.16 
80.04 
79.93 
79.81 
79.69 
79.58 
79.46 
79.34 
79.22 
79.10 
78.98 
78.86 
78.74 
78.62 
78.50 
78.38 
78.26 
78.14 
78.02 
77.90 
77.77 
77.65 

Entropy, 

Sf 
0.0381 
0.0387 
0.0393 
0.0400 
0.0406 
0.0413 
0.0419 
0.0426 
0.0432 
0.0438 
0.0445 
0.0451 
0.0458 
0.0464 
0.0470 
0.0477 
0.0483 
0.0490 
0.0496 
0.0502 
0.0509 
0.0515 
0.0521 
0.0528 
0.0534 
0.0541 
0.0547 
0.0553 
0.0560 
0.0566 
0.0572 
0.0579 
0.0585 
0.0591 
0.0598 
0.0604 
0.0610 
0.0617 
0.0623 
0.0629 
0.0636 
0.0642 

Pressure, 
psia 

31.75 
32.44 
33.14 
33.85 
34.57 
35.30 
36.05 
36.81 
37.58 
38.36 
39.16 
39.97 
40.79 
41.62 
42.47 
43.33 
44.21 
45.09 
45.99 
46.91 
47.84 
48.78 
49.74 
50.71 
51.70 
52.70 
53.71 
54.74 
55.79 
56.85 
57.93 
59.02 
60.13 
61.25 
62.39 
63.54 
64.71 
65.90 
67.11 
68.33 
69.57 
70.82 

Vapor, 
v g  ft3/lt  

1.4595 
1.4299 
1.4010 
1.3728 
1.3452 
1.3184 
1.2922 
1.2666 
1.2416 
1.2172 
1.1934 
1.1701 
1.1474 
1.1252 
1.1035 
1.0824 
1.0617 
1.0415 
1.0217 
1.0024 
0.9835 
0.9651 
0.9470 
0.9294 
0.9122 
0.8953 
0.8788 
0.8627 
0.8469 
0.8315 
0.8164 
0.8016 
0.7871 
0.7730 
0.7591 
0.7456 
0.7323 
0.7193 
0.7066 
0.6942 
0.6820 
0.6701 

vapor in I-P 

Btu1lb.R 

sg 
0.2206 
0.2205 
0.2205 
0.2204 
0.2203 
0.2202 
0.2201 
0.2200 
0.2200 
0.2199 
0.2198 
0.2197 
0.2196 
0.2196 
0.2195 
0.2194 
0.2194 
0.2193 
0.2192 
0.2191 
0.2191 
0.2190 
0.2189 
0.2189 
0.2188 
0.2187 
0.2187 
0.2186 
0.2186 
0.2185 
0.2184 
0.2184 
0.2183 
0.2183 
0.2182 
0.2182 
0.2181 
0.2180 
0.2180 
0.2179 
0.2179 
0.2178 

psig 
17.1 
17.7 
18.4 
19.2 
19.9 
20.6 
21.4 
22.1 
22.9 
23.7 
24.5 
25.3 
26.1 
26.9 
27.8 
28.6 
29.5 
30.4 
31.3 
32.2 
33.1 
34.1 
35.0 
36.0 
37.0 
38.0 
39.0 
40.0 
41.1 
42.2 
43.2 
44.3 
45.4 
46.6 
47.7 
48.8 
50.0 
51.2 
52.4 
53.6 
54.9 
56.1 

Enthalpy, 

hf 
17.12 
17 .43  
17.74 
18.05 
18.36 
18.68 
18.99 
19.30 
19.61 
19.93 
20.24 
20.56 
20.87 
21.19 
21.50 
21.82 
22.14 
22.46 
22.77 
23.09 
23.41 
23.73 
24.05 
24.37 
24.69 
25.01 
25.34 
25.66 
25.98 
26.31 
26.63 
26.95 
27.28 
27.60 
27.93 
28.26 
28.58 
28.91 
29.24 
29.57 
29.90 
30.23 

Btu/lb 

h,  
104.33 
104.47 
104.62 
104.76 
104.90 
105.04 
105.18 
105.32 
105.46 
105.60 
105.74 
105.88 
106.02 
106.16 
106.29 
106.43 
106.57 
106.71 
106.85 
106.98 
107.12 
107.26 
107.39 
107.53 
107.66 
107.80 
107.93 
108.07 
108.20 
108.34 
108.47 
108.60 
108.74 
108.87 
109.00 
109.14 
109.27 
109.40 
109.53 
109.66 
109.79 
109.92 
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Table A.20. (cont.) Properties of R-134a saturated liquid and 
vapor in I-P units. 

Liquid, 
p,  lb/ft3 

77.53 
77.40 
77.28 
77.15 
77.03 
76.90 
76.78 
76.65 
76.53 
76.40 
76.27 
76.14 
76.01 
75.89 
75.76 
75.63 
75.50 
75.37 
75.23 
75.10 
74.97 
74.84 
74.70 
74.57 
74.44 
74.30 
74.17 
74.03 
73.89 
73.76 
73.62 
73.48 
73.34 
73.20 
73.07 
72.92 
72.78 
72.64 
72.50 
72.36 

Temp., 
O F  
60 
61 
62 
63 
64 
65 
66 
67 
68 
69 
70 
71 
72 
73 
74 
75 
76 
77 
78 
79 
80 
8 1  
82 
8 3  
84 
85 
86 
87 
88 
89 
90 
91 
92 
93 
94 
95 
96 
97 
98 
99 

Vapor, 
v, ft3/lb 

0.6584 
0.6469 
0.6357 
0.6247 
0.6140 
0.6034 
0.5931 
0.5830 
0.5731 
0.5633 
0.5538 
0.5445 
0.5353 
0.5263 
0.5175 
0.5089 
0.5004 
0.4921 
0.4840 
0.4760 
0.4682 
0.4605 
0.4530 
0.4456 
0.4383 
0.4312 
0.4242 
0.4174 
0.4106 
0.4040 
0.3975 
0.3912 
0.3849 
0.3788 
0.3728 
0.3668 
0.3610 
0.3553 
0.3497 
0.3442 

Entropy, 
sf 

0.0648 
0.0654 
0.0661 
0.0667 
0.0673 
0.0680 
0.0686 
0.0692 
0.0698 
0.0705 
0.0711 
0.0717 
0.0724 
0.0730 
0.0736 
0.0742 
0.0749 
0.0755 
0.0761 
0.0767 
0.0774 
0.0780 
0.0786 
0.0792 
0.0799 
0.0805 
0.0811 
0.0817 
0.0824 
0.0830 
0.0836 
0.0842 
0.0849 
0.0855 
0.0861 
0.0867 
0.0873 
0.0880 
0.0886 
0.0892 

Btu/lb.R 

s, 
0.2178 
0.2177 
0.2177 
0.2176 
0.2176 
0.2175 
0.2175 
0.2174 
0.2174 
0.2174 
0.2173 
0.2173 
0.2172 
0.2172 
0.2171 
0.2171 
0.2170 
0.2170 
0.2170 
0.2169 
0.2169 
0.2168 
0.2168 
0.2168 
0.2167 
0.2167 
0.2166 
0.2166 
0.2166 
0.2165 
0.2165 
0.2164 
0.2164 
0.2164 
0.2163 
0.2163 
0.2162 
0.2162 
0.2162 
0.2161 

Pressure, 
psia 

72.09 
73.38 
74.69 
76.01 
77.36 
78.72 
80.09 
81.49 
82.90 
84.34 
85.79 
87.26 
88.75 
90.26 
91.79 
93.33 
94.90 
96.49 
98.09 
99.72 

101.37 
103.04 
104.73 
106.43 
108.16 
109.92 
111.69 
113.48 
115.30 
117.13 
118.99 
120.87 
122.78. 
124.70 
126.65 
128.62 
130.62 
132.63 
134.68 
136.74 

Enthalpy, 
h f  

30.56 
30.89 
31.22 
31.55 
31.88 
32.22 
32.55 
32.88 
33.22 
33.55 
33.89 
34.22 
34.56 
34.90 
35.24 
35.57 
35.91 
36.25 
36.59 
36.93 
37.27 
37.62 
37.96 
38.30 
38.65 
38.99 
39.33 
39.68 
40.03 
40.37 
40.72 
41.07 
41.42 
41.77 
42.12 
42.47 
42.82 
43.17 
43.52 
43.88 

psig 
57.4 
58.7 
60.0 
61.3 
62.7 
64.0 
65.4 
66.8 
68.2 
69.6 
71.1 
72.6 
74.1 
75.6 
77.1 
78.6 
80.2 
81.8 
83.4 
85.0 
86.7 
88.3 
90.0 
91.7 
93.5 
95.2 
97.0 
98.8 

100.6 
102.4 
104.3 
106.2 
108.1 
110.0 
112.0 
113.9 
115.9 
117.9 
120.0 
122.0 

Btu/lb 

h, 
110.05 
110.18 
110.31 
110.44 
110.57 
110.70 
110.82 
110.95 
111.08 
111.20 
111.33 
111.46 
111.58 
111.71 
111.83 
111.95 
112.08 
112.20 
112.32 
112.44 
112.57 
112.69 
112.81 
112.93 
113.05 
113.17 
113.29 
113.40 
113.52 
113.64 
113.76 
113.87 
113.99 
114.10 
114.22 
114.33 
114.44 
114.56 
114.67 
114.78 
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Table A.20. (cont.) Properties of R-134a saturated liquid and 
vapor in I-P units. 

Temp., 
O F  
100 
101 
102 
103 
104 
105 
106 
107 

Entropy, Btuf1b.R Liquid, 
PI 1b/ft3 

72.21 
72.07 
71.92 
71.78 
71.63 
71.49 
71.34 
71.19 

s f  
0.0898 
0.0905 
0.0911 
0.0917 
0.0923 
0.0930 
0.0936 
0.0942 

Pressure, ' Vapor, 
v, rt3/lb 
0.3388 
0.3335 
0.3283 
0.3231 
0.3181 
0.3131 
0.3083 
0.3035 

Enthalpy, Btuflb 

ss 
0.2161 
0.2161 
0.2160 
0.2160 
0.2159 
0.2159 
0.2159 
0.2158 

psia 
138.83 
140.94 
143.07 
145.23 
147.42 
149.63 
151.86 
154.12 

hf 
44.23 
44.59 
44.94 
45.30 
45.65 
46.01 
46.37 
46.73 

psig 
124.1 
126.2 
128.4 
130.5 
132.7 
134.9 
137.2 
139.4 

h, 
114.89 
115.00 
115.11 
115.22 
115.33 
115.43 
115.54 
115.65 
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Table A.20. (concl.) Properties of R-134a saturated liquid and 

Temp., 

O F  

140 
142 
144 
146 
148 
150 
152 
154 
156 
158 
160 
162 
164 
166 
168 
170 
172 
174 
176 
178 
180 
182 
184 
186 
188 
190 
192 
194 
196 
198 
200 

Pressure, 
psia 

243.86 
250.33 
256.94 
263.67 
270.54 
277.54 
284.67 
291.95 
299.37 
306.93 
314.64 
322.49 
330.49 
338.65 
346.96 
355.43 
364.05 
372.84 
381.80 
390.93 
400.22 
409.70 
419.35 
429.18 
439.20 
449.41 
459.82 
470.43 
481.24 
492.27 
503.52 

psig 
229.2 
235.6 
242.2 
249.0 
255.8 
262.8 
270.0 
277.3 
284.7 
292.2 
299.9 
307.8 
315.8 
324.0 
332.3 
340.7 
349.4 
358.1 
367.1 
376.2 
385.5 
395.0 
404.7 
414.5 
424.5 
434.7 
445.1 
455.7 
466.5 
477.6 
488.8 

vapor in I-P 

Enthalpy, 
h j 

59.08 
59.86 
60.65 
61.45 
62.25 
63.06 
63.87 
64.70 
65.52 
66.36 
67.20 
68.05 
68.90 
69.77 
70.65 
71.53 
72.43 
73.33 
74.25 
75.18 
76.13 
77.09 
78.07 
79.06 
80.08 
81.12 
82.18 
83.27 
84.40 
85.56 
86.78 

units. 

Btu/lb 

h9 

118.66 
118.80 
118.94 
119.07 
119.19 
119.31 
119.42 
119.52 
119.62 
119.71 
119.78 
119.85 
119.91 
119.96 
119.99 
120.02 
120.03 
120.02 
120.00 
119.97 
119.91 
119.83 
119.74 
119.61 
119.46 
119.28 
119.06 
118.80 
118.49 
118.13 
117.70 

Liquid, 
PI lb/ft3 

65.79 
65.42 
65.05 
64.67 
64.29 
63.89 
63.50 
63.09 
62.68 
62.25 
61.82 
61.38 
60.93 
60.47 
60.00 
59.52 
59.02 
58.51 
57.98 
57.44 
56.88 
56.29 
55.69 
55.06 
54.41 
53.72 
53.00 
52.24 
51.43 
50.57 
49.64 

Entropy, 
s 1 

0.1150 
0.1162 
0.1175 
0.1188 
0.1201 
0.1214 
0.1227 
0.1240 
0.1253 
0.1266 
0.1279 
0.1293 
0.1306 
0.1320 
0.1333 
0.1347 
0.1361 
0.1375 
0.1389 
0.1403 
0.1417 
0.1432 
0.1446 
0.1461 
0.1476 
0.1492 
0.1508 
0.1524 
0.1540 
0.1558 
0.1575 

Vapor, 
u, fi3/1b 

0.1827 
0.1772 
0.1719 
0.1667 
0.1616 
0.1567 
0.1519 
0.1473 
0.1428 
0.1384 
0.1341 
0.1299 
0.1258 
0.1218 
0.1180 
0.1142 
0.1105 
0.1068 
0.1033 
0.0998 
0.0964 
0.0931 
0.0898 
0.0865 
0.0833 
0.0802 
0.0771 
0.0740 
0.0709 
0.0678 
0.0647 

Btu/lb.R 

sg 
0.2143 
0.2142 
0.2141 
0.2139 
0.2138 
0.2137 
0.2135 
0.2133 
0.2132 
0.2130 
0.2128 
0.2126 
0.2124 
0.2122 
0.2119 
0.2117 
0.2114 
0.2111 
0.2108 
0.2105 
0.2101 
0.2098 
0.2094 
0.2089 
0.2084 
0.2079 
0.2074 
0.2067 
0.2060 
0.2053 
0.2044 
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Table A.21. Properties of R-404a saturated liquid and vapor in SI units*. 

l ~ e r n ~ . ,  Pressure, k~alEnthalpy,  k ~ / k ~ / ~ n t r o p y ,  kJJkg.1 Liquid, 

gerant," 

Vapor, 

0.2856 
0.2244 
0.2045 
0.1866 
0.1706 
0.1563 
0.1434 
0.1374 
0.1317 
0.1263 
0.1212 
0.1163 
0.1117 
0.1073 
0.1031 
0.0991 
0.0953 
0.0917 
0.0882 
0.0849 
0.0818 
0.0788 
0.0759 
0.0732 
0.0705 
0.0680 
0.0656 
0.0633 
0.0611 
0.0589 
0.0569 
0.0550 
0.0531 
0.0513 
0.0496 
0.0479 
0.0463 
0.0448 
0.0433 
0.0419 
0.0405 

'-HP62-$ 

Vapor 
48.3 
63.4 
82.1 
90.7 

100.0 
110.1 
120.9 
132.5 
138.6 
144.9 
151.1 
158.3 
165.3 
172.6 
179.1 
187.8.156.3 
195.8 
204.1 
212.5 
221.3 
230.3 
239.7 
249.3 
259.2 
269.4 
279.9 
290.7 
301.8 
313.3 
325.1 
337.2 
349.7 
362.5 
375.7 
389.2 
403.1 
417.4 
432.1 
447.2 
462.6 
478.5 
494.7 

"Thermodynamic 
Fluorochemicals, 

O C  
-60 
-55 
-50 
-48 
-46 
-44 
-42 
-40 
-39 
-38 
-37 
-36 
-35 
-34 
-33 
-32 
-31 
-30 
-29 
-28 
-27 
-26 
-25 
-24 
-23 
-22 
-21 
-20 
-19 
-18 
-17 
-16 
-15 
-14 
-13 
-12 
-11 
-10 
-9 
-8 
-7 
-6 

*From 
DuPont 

h f  

121.0 
127.1 
133.1 
135.6 
138.1 
140.6 
143.1 
145.6 
146.9 
148.1 
149.4 
150.7 
152.4 
153.7 
155.0 

157.5 
159.9 
161.2 
162.5 
163.7 
165.0 
166.3 
167.6 
168.9 
170.2 
171.5 
172.8 
174.1 
175.4 
176.7 
178.0 
179.4 
180.7 
182.1 
183.4 
184.7 
186.1 
187.5 
188.8 
190.2 
191.6 

' ~ i ~ u i d  
50.5 
66.1 
85.2 
94.0 

103.5 
113.8 
124.8 
136.7 
142.9 
149.4 
156.1 
163.0 
170.1 
177.5 
185.2 
193.0 
201.2 
209.5 
218.2 
227.0 
236.2 
245.7 
255.4 
265.4 
275.8 
286.4 
297.4 
308.7 
320.3 
332.2 
344.5 
357.1 
370.1 
383.4 
397.1 
411.1 
425.6 
440.4 
455.6 
471.2 
487.2 
503.6 

Sf 

0.6764 
0.7042 
0.7318 
0.7427 
0.7537 
0.7645 
0.7754 
0.7862 
0.7916 
0.7970 
0.8024 
0.8077 
0.8150 
0.8203 
0.8256 
0.8309 
0.8362 
0.8460 
0.8512 
0.85'63 
0.8615 
0.8667 
0.8718 
0.8769 
0.8821 
0.8872 
0.8924 
0.8975 
0.9026 
0.9078 
0.9129 
0.9180 
0.9231 
0.9282 
0.9334 
0.9385 
0.9436 
0.9487 
0.95'38 
0.9589 
0.9641 
0.9692 

S U V A ~  
Delaware, 

hg 
330.8 
334.0 
337.3 
338.6 
339.9 
341.2 
342.5 
343.8 
344.5 
345.1 
345.8 
346.4 
347.0 
347.7 
348.3 
349.0 
349.6 
350.3 
350.9 
351.5 
352.2 
352.8 
353.4 
354.0 
354.7 
355.3 
355.9 
356.5 
357.1 
357.8 
358.4 
359.0 
359.6 
360.2 
360.8 
361.4 
362.0 
362.6 
363.2 
363.8 
364.3 
364.9 

Properties of 

39 

1.6628 
1.6552 
1.6487 
1.6463 
1.6440 
1.6419 
1.6399 
1.6380 
1.6371 
1.6362 
1.6353 
1.6345 
1.6337 
1.6630 
1.6322 
1.6315 
1.6308 
1.6301 
1.6295 
1.6289 
1.6283 
1.6277 
1.6271 
1.6265 
1.6260 
1.6255 
1.6250 
1.6245 
1.6240 
1.6235 
1.6231 
1.6228 
1.6222 
1.6218 
1.6214 
1.6210 
1.6206 
1.6202 
1.6198 
1.6195 
1.6191 
1.6188 

HP62 Re1 
1995. WiImington, 
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Table A.21. (cont.) Properties of R-404a saturated liquid and vapor in 
SI units. 

Temp. 
" C - 
-5 
-4 
- 3 
- 2 
-1 
0 
1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 
12 
13 
14 
15 
16 
17 
18 
19 
2 0 
2 1 
22 
23 
24 
25 
26 
27 
28 
29 
30 
31  
32 
33 
34 - 

Pressu~ 
Liquid 
520.5 
537.7 
555.4 
573.5 
592.1 
611.1 
630.6 
650.6 
671.0 
691.9 
713.3 
735.1 
757.5 
780.4 
803.8 
827.8 
852.2 
877.2 
902.8 
928.9 
955.6 
982.8 
1010.6 
1039.0 
1068.1 
1097.7 
1127.9 
1158.7 
1190.2 
1222.3 
1255.0 
1288.4 
1322.5 
1357.2 
1392.6 
1428.7 
1465.4 
1502.9 
1541.1 
1580.0 

.e, kPa 
Vapor 
511.4 

, 528.5 
546.1 
564.1 
582.5 
601.3 
620.7 
640.5 
660.7 
681.5 
702.7 
724.5 
746.7 
769.5 
792.7 
816.5 
840.8 
865.7 
891.1 
917.1 
943.6 
970.7 
998.4 

1026.7 
1055.6 
1085.1 
1115.2 
1145.9 
1177.2 
1209.2 
1241.8 
1275.1 
1309.1 
1343.7 
1379.0 
1415.0 
1451.7 
1489.1 
1527.2 
1566.0 

Liquid, 
Pf kglm3 

1169.2 
1165.7 
1162.2 
1158.6 
1155.1 
1151.5 
1147.8 
1144.2 
1140.5 
1136.8 
1133.0 
1129.1 
1125.4 
1121.6 
1117.7 
1113.7 
1109.8 
1105.7 
1101.7 
1097.5 
1093.4 
1089.1 
1084.9 
1080.5 
1076.1 
1071.7 
1067.2 
1062.6 
1057.9 
1053.2 
1048.4 
1043.5 
1038.5 
1033.5 
1028.3 
1023.1 
1017.8 
1012.3 
1006.8 
1001.1 

Entropy, 

S f  

0.9743 
0.9794 
0.9846 
0.9897 
0.9948 
1.0000 
1.0051 
1.0102 
1.0154 
1.0205 
1.0257 
1.0308 
1.0360 
1.0412 
1.0464 
1.0515 
1.0567 
1.0619 
1.0671 
1.0723 
1.07.76 
1.0828 
1.0880 
1.0933 
1.0985 
1.1038 
1.1091 
1.1144 
1.1197 
1.1250 
1.13-04 
1.1356 
1.1411 
1.1465 
1.1519 
1.1574 
1.1628 
1.1683 
1.1738 
1.1793 

Vapor, 
us m3/kg, 

0.0392 
0.0380 
0.0368 
0.0356 
0.0345 
0.0334 
0.0323 
0.0313 
0.0304 
0.0294 
0.0285 
0.0276 
0.0268 
0.0260 
0.0252 
0.0244 
0.0237 
0.0230 
0.0223 
0.0216 
0.0210 
0.0204 
0.0198 
0.0192 
0.0186 
0.0181 
0.0176 
0.0171 
0.0166 
0.0161 
0.0156 
0.0152 
0.0147 
0.0143 
0.0139 
0.0135 
0.0131 
0.0127 
0.0123 
0.0120 

Enthalpy, 

hf 
193.0 
194.4 
195.8 
197.2 
198.6 
200.0 
201.4 
202.9 
204.3 
205.7 
207.2 
208.6 
210.1 
211.6 
213.1 
214.5 
216.0 
217.5 
219.1 
220.6 
222.1 
223.6 
225.2 
226.7 
228.3 
229.9 
231.5 
233.0 
234.6 
236.3 
237.9 
239.5 
241.1 
242.8 
244.5 
246.1 
247.9 
249.6 
251.3 
253.0 

kJ1kg.h 
S9 

1.6184 
1.6181 
1.6178 
1.6175 
1.6171 
1.6168 
1.6165 
1.6162 
1.6159 
1.6156 
1.6153 
1.6150 
1.6147 
1.6144 
1.6142 
1.6138 
1.6135 
1.6132 
1.6129 
1.6126 
1.6123 
1.6120 
1.6116 
1.6113 
1.6110 
1.6106 
1.6103 
1.6099 
1.6095 
1.6091 
1.6087 
1.6083 

' 1.6079 
1.6075 
1.6070 
1.6065 
1.6060 
1.6055 
1.6050 
1.6044 

kJ/kg 
hg 

365.5 
366.1 
366.6 
367.2 
367.7 
368.3 
368.9 
369.4 
369.9 
370.5 
371.0 
371.5 
372.1 
372.6 
373.1 
363.6 
374.1 
374.6 
375.1 
375.6 
376.0 
376.5 
377.0 
377.4 
377.9 
378.3 
378.7 
379.2 
379.6 
380.0 
380.4 
380.8 
381.1 
381.5 
381.9 
382.2 
382.6 
382.9 
383.2 
383.5 
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Table A.21. (concl.) Properties of R-404a saturated liquid and vapor in 
SI units. 

Temp., 
OC 
35 
36 
37 
38 
39 
40 
41 
42 
43 
44 
46 
48 
50 
52 
54 
56 
58 
60 
62 
64 

Pressure, 
Liquid 
1619.7 
1660.1 
1701.2 
1743.1 
1785.8 
1829.2 
1873.4 
1918.4 
1964.2 
2010.8 
2106.6 
2205.6 
2308.2 
2414.2 
2523.8 
2637.1 
2754.2 
2875.1 
2999.9 
3128.7 

kPa 
Vapor 
1605.6 
1645.9 
1687.0 
1728.8 
1771.4 
1814.8 
1859.0 
1904.0 
1949.8 
1996.4 
2092.2 
2191.3 
2294.0 
2400.2 
2510.0 
2623.7 
2741.1 
2862.6 
2988.0 
3117.6 

Enthalpy, 
h j  

254.8 
256.5 
258.3 
260.1 
361.9 
263.8 
265.6 
267.5 
269.4 
271.3 
275.1 
279.1 
283.2 
287.4 
291.7 
296.2 
300.9 
305.8 
311.0 
316.5 

kJ/kg 
hg 

383.8 
384.1 
384.3 
384.6 
384.8 
385.0 
385.2 
385.4 
385.6 
385.7 
385.9 
386.1 
386.2 
386.0 
385.8 
385.5 
384.9 
384.2 
383.1 
381.8 

Entropy, 
s f  

1.1848 
1.1904 
1.1960 
1.2O.l6 
1.2073 
1.2130 
1.2187 
1.2245 
1.2303 
1.2362 
1.2480 
1.2600 
1.2723 
1.2839 
1.2977 
1.3110 
1.3247 
1.3389 
1.3539 
1.3697 

Liquid, 
Pf kg/m3 

995.4 
989.5 
983.5 
977.4 
971.1 
964.7 
958.2 
951.5 
944.6 
937.6 
923.0 
907.7 
891.5 
874.3 
856.0 
836.5 
815.6 
792.9 
768.3 
741.0 

kJ/kg.K 
59 

1.6038 
1.6032 
1.6026 
1.6019 
1.6012 
1.6005 
1.5998 
1.5990 
1.5981 
1.5973 
1.5954 
1.5933 
1.5910 
1.5884 
1.5855 
1.5822 
1.5784 
1.5742 
1.5692 
1.5633 

Vapor, 
vg m 3 / k  

0.0116 
0.0113 
0.0110 
0.0106 
0.0103 
0.0110 
0.0097 
0.0094 
0.0092 
0.0089 
0.0084 
0.0079 
0.0074 
0.0069 
0.0065 
0.0061 
0.0057 
0.0053 
0.0049 
0.0045 
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Table A.22. Properties of R-404a saturated liquid and vapor in I-P units*. 

Temp., 1 Pressure, psis 
OF Liquid. Vapo: * 

From 'Thermodynan 

1 Enthalpy, Btu/ll 

-29.3 69.1 
-28.0 69.9 
-26.7 70.6 
-25.4 71.3 
-24.1 72.1 
-22,7 72.9 
-21.4 73.6 
-20.0 74.4 
-18.7 75.2 
-17.3 75.9 
-15,9 76.7 
-14.5 77.5 
-13.1 78.3 
-11.7 79.0 
-10.3 79.8 
-8.8 80.6 
-7.4 81.4 
-5.9 82.2 
-4.5 82.9 
-3.0 83.7 
-2.4 84.0 
-1.8 84.3 
-1.2 84.7 
-0.6 85.0 
0.0 85.3 
0.6 85.6 
1.2 85.9 
1.8 86.2 
2.6 86.5 
3.2 86.8 
3.8 87.1 
4.5 87.4 
5.1 87.7 
6.2 88.0 
6.8 88.4 
7.4 88.7 
8.0 89.0 
8.6 89.3 
9.2 89.6 
9.8 89.9 

c Properties of S 

Entropy 
Sf 

-0.0842 
-0.0800 
-0.0759 
-0.0719 
-0.0678 
-0.0638 
-0.0599 
-0.0559 
-0.0520 
-0.0482 
-0.0443 
-9.0405 
-0.0367 
-0.0330 
-0.0292 
-0.0255 
-0.0218 
-0.0181 
-0.0145 
-0.0108 
-0.0072 
-0.0058 
-0.0043 
-0.0029 
-0.0014 
0.0000 
0.0014 
0.0029 
0.0043 
0.0062 
0.0076 
0:0090 
0.0104 
0.0118 
0,0143 
0.0157 
0.0170 
0.0184 
0.0198 
0.0211 
0,0225 

V A ~  HF 

Btu/lb.R I Liquid, Vapor, 
v, t-t3/1b 
94.3396 
74.6269 
59.5238 
47.6190 
38.4615 
31.3480 
25.7732 
21.3220 
17.7305 
14.8368 
12.5000 
10.5920 
9.0171 
7.7160 
6.6357 
5.7307 
4.9727 
4.3328 
3.7893 
3.3256 
2.9300 
2.7196 
2.6539 
2.5278 
2.4085 
2.2962 
2.1906 
2.0603 
1.9960 
1.9066 
1.8222 
1.7422 
1.6665 
1.5946 
1.5267 
1.4626 
1.4025 
1.3436 

0.2341 
0.2315 
0.2290 
0.2267 
0.2245 
0.2225 
0.2206 
0.2188 
0.2172 
0.2156 
0.2142 
0.2128 
0.2116 
0.2104 
0.2093 
0.2083 
0.2073 

0.02065 
0.2057 
0.2049 
0.2046 
0.2044 
0.2041 
0.2038 
0.2036 
0.2033 
0.2031 
0.2029 
0.2027 
0.2025 
0.2023 
0.2021 
0.2019 
0.2017 
0.2015 
0.2014 
0.2012 
0.2011 
0.2009 
0.2008 

2 Refrigerant," 
T-HP62-ENG, DuPont Fluorochemicals, Wilmington Delaware, 1995. 

89.53 
89.25 
88.95 
88.62 
88.26 
87.88 
87.49 
87.07 
86.64 
86.19 
85.74 
85.26 
84.78 
84.29 
83.79 
83.28 
82.77 
82.24 
81.72 
81.19 
80.87 
80.76 
80.54 
80.33 
80.11 
79.89 
79.68 
79.46 
79.24 
79.02 
78.80 
78.58 
78.36 
78.14 
77.92 
77.70 
77.48 
77.26 
77.03 
76.81 
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Table A.22 (cont.) Properties of R-404a saturated liquid and vapor 
in I-P units. 

Temp., 

O F  
- 8 
- 6 
-4 
- 2 
0 
1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 
12 
13 
14 
15 
16 
17 
18 
19 
20 
21 
22 
23 
24 
25 
26 
27 
28 
29 
30 
3 1 
32 
33 
34 
35 
36 
37 
3 8 
39 

Liquid, 
PI 1b/ft3 

76.59 
76.36 
76.14 
75.91 
75.68 
75.57 
75.46 
75.34 
75.23 
75.11 
75.00 
74.88 
74.76 
74.65 
74.53 
74.42 
74.30 
74.18 
74.06 
73.95 
73.83 
73.71 
73.59 
73.47 
73.35 
73.23 
73.11 
72.99 
72.87 
72.75 
72.63 
72.50 
72.38 
72.26 
72.13 
72.01 
71.88 
71.76 
71.63 
71.52 
71.38 
71.25 
71.22 
70.99 

/lb Pressure, 
Liquid 
41.20 
42.95 
44.77 
46.46 
48.57 
49.56 
50.57 
51.59 
52,62 
53.67 
54.74 
55.82 
56.92 
58.04 
59.17 
60.32 
61.49 
62.67 
63.87 
65.09 
66.33 
67.58 
68.85 
70.14 
71.45 
72.78 
74.12 
75.49 
76.87 
78.27 
79.69 
81.13 
82.60 
84.08 
85.58 
87.10 
88.64 
90.20 
91.78 
93.38 
95.01 
96.65 
98.32 

100.01 

Vapor, 
v, Ct3/lt 
1.1390 

I 1.0937 
1.0506 
1.0096 
0.9705 
0.9516 ' 0.9332 
0.9152 
0.8975 
0.8803 
0.8635 
0.8470 
0.8310 
0.8153 
0.7999 
0.7849 
0.7702 
0.7559 
0.7418 
0.7281 
0.7146 
0.7015 
0.6887 
0.6761 
0.6637 
0.6517 
0.6399 
0.6284 
0.6171 
0.6060 
0.5952 

I 0.5845 
0.5742 
0.5640 ' 0.5540 
0.5442 ' 0.5347 
0.5253 

1 0.5161 
0.5071 
0.4983 
0.4896 
0.4812 
0.4729 

psia 
Vapor 
40.25 
41.98 
43.78 
45.63 
47.54 
48.51 
49.51 
50.51 
51.54 
52.58 
53.63 
54.70 
55.79 
56.90 
58.02 
59.16 
60.31 
61.48 
62.67 
63.88 
65.10 
66.34 
67.60 
68.88 
70.18 
71.49 
72.82 
74.18 
75.55 
76.94 
78.35 
79.78 
81.22 
82.69 
84.18 
85.69 
87.22 
88.77 
90.34 
91.93 
93.54 
95.17 
96.83 
98.51 

h 
10.4 
11.1 
11.7 
12.3 
12.9 
13.3 
13.6 
13.9 
14.2 
14.5 
14.9 
15.2 
15.5 
15.8 
16.1 
16.5 
16.8 
17.1 
17.4 
17.8 
18.1 
18.4 
18.7 
19.1 
19.4 
19.7 
20.1 
20.4 
20.7 
21.0 
21.4 
21.7 
22.1 
22.4 
22.7 
23.1 
23.4 
23.7 
24.1 
24.4 
24.8 
25.1 
25.5 
25.8 

Enthalpy, Btu 

h, 
90.2 
90.5 
90.7 
91.0 
91.3 
91.5 
91.6 
91.8 
91.9 
92.1 
92.2 
92.3 
92.5 
92.6 
92.8 
92.9 
93.1 
93.2 
93.3 
93.5 
93.6 
93.8 
93.9 
94.0 
94.2 
94.3 
94.5 
94.6 
94.7 
94.9 
95.0 
95.1 
95.3 
95.4 
95.5 
95.7 
95.8 
95.9 
96.1 
96.2 
96.3 
96.5 
96.6 
96.7 

Entropj 
Sf 

0.0239 
0.0252 
0.0266 
0.0280 
0.0293 
0.0300 
0.0307 
0.0314 
0.0320 
0.0327 
0.0334 
0.0341 
0.0348 
0.0354 
0.0361 
0.0368 
0.0375 
0.0382 
0.0388 
0.0395 
0.0402 
0.0409 
0.0416 
0.0422 
0.0429 
0.0436 
0.0443 
0.0450 
0.0456 
0.0463 
0.0470 
0.0477 
0.0484 
0.0490 
0.0497 
0.0504 
0.0511 
0.0518 
0.0525 
0.0531 
0.0538 
0.0545 
0.0552 
0.0559 

- 
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Table A.22 (cont.) Properties of R-404a saturated liquid and vapor 
in I-P units. 

Temp., 
OF 
40 
41 
42 
43 
44 
45 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 
60 
61 
62 
63 
64 
65 
66 
67 
68 
69 
70 
71 
72 
73 
74 
75 
76 
77 
78 
79 
80 
81 

Pressure, 
Liquid 
101.72 
103.45 
105.20 
106.98 
108.78 
110.60 
112.45 
114.31 
116.20 
118.12 
120.06 
122.02 
124.00 
126.02 
128.05 
130.11 
132.19 
134.30 
136.44 
138.59 
140.78 
142.99 
145.23 
147.49 
149.78 
152.09 
154.44 
156.81 
159.20 
161.63 
164.08 
166.56 
169.06 
171.60 
174.16 
176.75 
179.37 
182.02 
184.70 
187.41 
190.15 
192.92 

psia 
Vapor 
100.20 
101.92 
103.67 
105.43 
107.22 
109.03 
110.86 
112.72 
114.60 
116.50 
118.43 
120.38 
122.35 
124.35 
126.37 
128.42 
130.49 
132.59 
134.70 
136.86 
139.04 
141.24 
143.46 
145.71 
147.99 
150.30 
152.63 
154.99 
157.38 
159.79 
162.23 
164.70 
167.20 
169.72 
172.28 
174.86 
177.47 
180.11 
182.78 
185.48 
188.21 
190.97 

hf 
26.1 
26.5 
26.8 
27.2 
27.5 
27.9 
28.2 
28.6 
29.0 
29.3 
29.7 
30.0 
30.4 
30.7 
31.1 
31.5 
31.8 
32.2 
32.5 
32.9 
33.3 
33.6 
34.0 
34.4 
34.8 
35.1 
35.5 
35.9 
36.3 
36.6 
37.0 
37.4 
37.8 
38.2 
38.5 
38.9 
39.3 
39.7 
40.1 
40.5 
40.9 
41.3 

Enthalpy, Btu/lb 

h , 
96.8 
97.0 
97.1 
97.2 
97.4 
97.5 
97.6 
97.7 
97.8 
98.0 
98.1 
98.2 
98.3 
98.4 
98.6 
98.7 
98.8 
98.9 
99.0 
99.1 
99.2 
99.4 
99.5 
99.6 
99.7 
99.8 
99.9 
100.0 
100.1 
100.2 
100.3 
100.4 
100.5 
100.6 
100.7 
100.8 
100.9 
101.0 
101.1 
101.2 
101.3 
101.4 

Entropy, 

Sf 
0.0566 
0.0572 
0.0579 
0.0586 
0.0593 
0.0600 
0.0607 
0.0614 
0.0620 
0.0627 
0.0634 
0.0641 
0.0648 
0.0655 
0.0662 
0.0669 
0.0676 
0.0683 
0.0689 
0.0696 
0.0703 
0.0710 
0.0717 
0.0724 
0.0731 
0.0738 
0.0745 
0.0752 
0.0759 
0.0766 
0.0773 
0.0780 
0.0787 
0.0794 
0.0801 
0.0808 
0.0816 
0.0823 
0.0830 
0.0837 
0.0844 
0.0851 
- 

Liquid, 
p j  lb/ft3 
70.86 
70.73 
70.60 
70.47 
70.34 
70.20 
70.07 
69.94 
69.80 
69.67 
69.53 
69.39 
69.25 
69.11 
68.97 
68.83 
68.69 
68.55 
68.40 
68.26 
68.11 
67.96 
67.82 
67.67 
67.52 
67.36 
67.21 
67.06 
66.90 
66.75 
66.58 
66.43 
66.27 
66.11 
65.95 
65.78 
65.61 
65.45 
65.28 
65.11 
64.94 
64.76 

Btu1lb.R 
S, 

0.1982 
0.1982 
0.1981 
0.1981 
0.1980 
0.1980 
0.1980 
0.1979 
0.1979 
0.1978 
0.1978 
0.1978 
0.1977 
0.1977 
0.1976 
0.1976 
0.1976 
0.1975 
0.1975 
0.1974 
0.1974 
0.1974 
0.1973 
0.1973 
0.1972 
0.1972 
0.1971 
0.1971 
0.1970 
0.1970 
0.1969 
0.1969 
0.1969 
0.1968 
0.1968 
0.1967 
0.1966 
0.1966 
0.1965 
0.1965 
0.1964 
0.1964 

Vapor, 
II, ft3/lb 
0.4647 
0.4567 
0.4489 
0.4412 
0.4337 
0.4263 
0.4191 
0.4120 
0.4050 
0.3982 
0.3915 
0.3849 
0.3784 
0.3721 
0.3659 
0.3598 
0.3538 
0.3479 
0.3421 
0.3365 
0.3309 
0.3255 
0.3201 
0.3148 
0.3096 
0.3046 
0.2996 
0.2947 
0.2898 
0.2851 
0.2804 
0.2759 
0.2714 
0.2670 
0.2626 
0.2584 
0.2542 
0.2500 
0.2460 
0.2420 
0.2381 
0.2342 
- 
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Table A.22 (cont.) Properties of R-404a saturated liquid and vapor 
in I-P units. 

Temp. 
" F - 
82 
83 
84 
85 
86 
87 
88 
89 
90 
91 
92 
93 
94 
9 5 
96 
97 
98 
99 
100 
101 
102 
103 
104 
105 
106 
107 
108 
109 
110 
111 
112 
113 
114 
116 
118 
120 
122 
124 
126 
130 
135 
140 
145 
150 - 

, ( Pressure, psia 
Liquid Vapor * Enthalpy, Btu/lb I Entrop! Liquid, 

p, lb/ft3 

64.59 
64.41 
64.23 
64.05 
63.87 
63.69 
63.50 
63.31 
63.12 
62.93 
62.74 
62.54 
62.34 
62.14 
61.94 
61.73 
61.53 
61.32 
61.10 
60.89 
60.67 
60.45 
60.23 
60.00 
59.77 
59.54 
59.31 
59.07 
58.83 
58.58 
58.34 
58.08 
57.83 
57.31 
56.77 
56.22 
55.65 
55.06 
54.46 
53.18 
51.43 
49.50 
47.32 
44.79 

Vapor, 
v, ft3/lt  

0.2304 
0.2267 
0.2230 
0.2194 
0.2159 
0.2124 
0.2089 
0.2055 
0.2022 
0.1989 
0.1957 
0.1925 
0.1894 
0.1863 
0.1833 
0.1803 
0.1774 
0.1745 
0.1716 
0.1688 
0.1661 
0.1633 
0.1607 
0.1580 
0.1554 
0.1528 
0.1503 
0.1478 
0.1454 
0.1429 
0.1405 
0.1382 
0.1359 
0.1313 
0.1269 
0.1225 
0.1183 
0.1142 
0.1102 
0.1025 
0.0932 I 0.0844 
0.0579 
0.0676 
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Table A.23. Properties of R-507 saturated liquid and vapor in SI units*. 

Temp., 
"C 
-60 
-59 
-58 
-57 
-56 
-55 
- 54 
-53 
-52 
-51 
-50 
-49 
-48 
- 47 
-46 
-45 
-44 
-43 
-42 
-41 
-40 
-39 
-38 
-37 
-36 
-35 
-34 
-33 
-32 
-31 
-30 
-29 
-28 
-27 
-26 
-25 
- 24 
-23 
-22 
-21 

'From a 

Entropy, kJ/kg.K Press., 
kPa 

50.31 
53.24 
56.30 
59.49 
62.83 
66.31 
69.95 
73.74 
77.69 
81.80 
86.08 . 
90.53 
95.16 
99.97 

104.97 
110.16 
115.54 
121.13 
126.92 
132.93 
139.15 
145.59 
152.26 
159.16 
166.29 
173.67 
181.30 
189.17 
197.31 
205.71 
214.37 
223.31 
232.54 
242.04 
251.84 
261.93 
272.33 
283.03 
294.04 
305.38 
,orithms 

0.8919 1 1.6064 
ignal, Inc., Morris1 

Enthal 

hf 
117.56 
118.94 
120.32 
121.69 
123.07 
124.45 
125.83 
127.21 
128.59 
129.97 
131.35 
132.73 
134.12 
135.50 
136.88 
138.26 
139.65 
141.03 
142.41 
143.79 
145.17 
146.56 
147.94 
149.32 
150.70 
152.08 
153.46 
154.84 
156.22 
157.59 
158.97 
160.35 
161.72 
163.10 
164.47 
165.85 
167.22 
168.60 
169.97 
171.34 
of Gen 

1 Liqnid, 

Pf kg/m3 
1360.32 1 1357.19 
1354.05 
1350.91 
1347.76 
1344.61 

1 1341.45 
1338.28 
1335.10 
1331.92 
1328.73 
1325.53 
1322.33 
1319.11 
1315.89 
1312.66 
1309.43 
1306.18 
1302.92 
1299.66 
1296.39 
1293.10 
1289.81 
1286.51 
1283.19 
1279.87 
1276.54 
1273.19 
1269.84 
1266.47 
1263.10 
1259.71 
1256.30 
1252.89 
1249.46 
1246.02 
1242.57 
1239.10 
1235.62 
1232.13 [ 

Iwn, N J .  T: 

Vapor, 
us m3/kg 

0.3465 
0.3286 
0.3119 

1 0.2961 
0.2813 
0.2674 

1 0.2544 
0.2421 
0.2305 
0.2196 
0.2093 
0.1996 
0.1905 
0.1819 
0.1737 
0.1660 
0.1587 
0.1518 
0.1452 
0.1390 
0.1331 
0.1276 
0.1223 
0.1173 
0.1125 
0.1079 
0.1036 
0.0995 
0.0956 
0.0919 
0.0884 
0.0850 
0.0818 
0.0787 
0.0758 
0.0730 
0.0703 
0.0678 
0.0653 
0.0630 1 

he enthalpy 
base is 200 kJ/kg of saturated liquid at  O°C; and the entropy base is 
1.0 kJ/kg.K of saturated liquid at O°C. 
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Table A.23. (cont.) Properties of R-507 saturated liquid and vapor in 
SI units. 

Temp., 
" C 
-20 

'-19 
-18 
-17 
-16 
-15 
-14 
-13 
-12 
-11 
- 10 
-9 
- 8 
-7 
- 6 
- 5 
- 4 
-3 
-2 
- 1 
0 
1 
2 
3 
4 
5 
6 
7 
8 
9 

10 
11 
12 
13 
14 
15 
16 
17 
18 
19 

I Enthalpy, kJ/kg , Liquid, 
Pf wrn3 
1228.62 
1225.10 
1221.56 
1218.00 
1214.43 
1210.85 
1207.24 
1203.62 
1199.98 
1196.32 
1192.65 
1188.95 
1185.24 
1181.50 
1177.75 
1173.97 
1170.17 
1166.35 
1162.51 
1158.64 
1154.75 
1150.83 
1146.89 
1142.92 
1138.93 
1134.90 
1130.85 
1126.77 
1122.65 
1118.51 
1114.33 
1110.12 
1105.87 
1101.59 
1097.27 
1092.91 
1088.52 
1084.08 
1079.60 
1075.08 

Press., 
kPa 

317.04 
329.03 
341.37 
354.04 
367.06 
380.44 
394.18 
408.29 
422.77 
437.64 
452.89 
468.53 
484.58 
501.03 
517.90 
535.18 
552.90 
571.05 
589.64 
608.68 
628.17 
648.13 
668.56 
689.47 
710.86 
732.74 
755.13 
778.03 
801.44 
825.38 
849.85 
824.86 
900.43 
926.55 
953.24 
980.51 

1008.37 
1036.81 
1065.87 
1095.54 

Vapor, 
Vs m3/kg 

0.0608 
0.0586 
0.0566 
0.0546 
0.0528 
0.0510 
0.0492 
0.04'76 
0.0460 
0.0445 
0.0430 
0.0416 
0.0403 
0.0390 
0.0377 
0.0365 

0.0342 0.0324 I 
0.0332 
0.03?1 
0.0312 
0.0302 
0.0293 
0.0284 
0.0275 
0.0267 
0.0259 
0.0251 
0.0244 
0.0237 
0.0230 
0.0223 
0.0216 
0.0210 
0.0204 
0.0198 
0.0193 
0.0187 
0.0182 
0.0176 
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Table A.23. (cont.) Properties of R-507 saturated liquid and vapor in 
SI units. 

Temp., 
"C 
20 
21 
22 
23 
24 
25 
26 
27 
28 
29 
30 
31 
32 
33 
34 
35 
36 
37 
38 
39 
40 
41 
42 
43 
44 
45 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 

Press., 
kPa 

1125.83 
1156.76 
1188.33 
1220.55 
1253.44 
1287.01 
1321.26 
1356.21 
1391.87 
1428.25 
1465.36 
1503.21 
1541.82 
1581.20 
1621.36 
1662.32 
1704.08 
1746.66 
1790.08 
1834.35 
1879.47 
1925.48 
1972.38 
2020.19 
2068.92 
2118.59 
2169.22 
2220.82 
2273.41 
2327.01 
2381.63 
2437.29 
2494.02 
2551.83 
2610.74 
2670.77 
2731.94 
2794.27 
2857.78 
2922.50 

Enthalpy, 
hr 

227.56 
228.97 
230.38 
231.81 
233.23 
234.67 
236.11 
237.56 
239.01 
240.48 
241.95 
243.44 
244.93 
246.44 
247.96 
249.49 
251.04 
252.60 
254.18 
255.77 
257.38 
259.02 
260.67 
262.34 
264.04 
265.77 
267.53 
269.31 
271.13 
272.98 
274.87 
276.80 
278.78 
280.81 
282.90 
285.04 
287.25 
289.54 
291.91 
294.37 

Entropy, 

3f 

1.0958 
1.1005 
1.1052 
1.1099 
1.1146 
1.1193 
1.1240 
1.1288 
1.1335 
1.1382 
1.1430 
1.1477 
1.1525 
1.1573 
1.1622 
1.1670 
1.1719- 
1.1768 
1.1817 
1.1867 
1.1917 
1.1967 
1.2018 
1.2070 
1.2122 
1.2175 
1.2228' 
1.2282 
1.2337 
1.2393 
1.2450 
1.2507 
1.2566 
1.2627 
1.2688 
1.2752- 
1.2817 
1.2884 
1.2953 
1.3025 

Liquid, 

~j kg/m3 
1070.51 
1065.89 
1061.23 
1056.52 
1051.75 
1046.93 
1042.05 
1037.11 
1032.11 
1027.05 
1021.92 
1016.73 
1011 46 
1006.11 
1000.68 
995.17 
989.58 
983.89 
978.11 
972.22 
966.23 
960.12 
953.90 
947.55 
941.06 
934.43 
927.65 
920.71 
913.60 
906.30 
898.79 
891.07 
883.12 
874.91 
866.42 
857.62 
848.48 
838.97 
829.04 
818.62 

kJ/kg 
h g 

372.94 
373.40 
373.84 
374.29 
374.72 
375.15 
375.58 
376.00 
376.41 
376.82 
377.22 
377.61 
378.00 
378.38 
378.75 
379.11 
379.46 
379.81 
380.14 
380.47 
380.79 
381.09 
381.39 
381.67 
381.94 
382.20 
382.44 
382.67 
382.88 
383.08 
383.26 
383.42 
383.56 
383.68 
383.78 
383.85 
383.90 
383.92 
383.90 
383.85 

kJ1kg.K 

3, 

1.5917 
1.5915 
1.5913 
1.5910 
1.5908 
1.5905 
1.5903 
1.5900 
1.5897 
1.5895 
1.5892 
1.5889 
1.5886 
1.5883 
1.5880 
1.5876 
1.5873 
1.5869 
1.5866 
1.5862 
1.5858 
1.5853 
1.5849 
1.5844 
1.5839 
1.5834 
1.5829 
1.5823 
1.5817 
1.5811 
1.5804 
1.5797 
1.5789 
1.5781 
1.5772 
1.5763 
1.5753 
1.5743 
1.5731 
1.5719 

Vapor, 
vg m3/kg 
0.0171 
0.0167 
0.0162 
0.0157 
0.0153 
0.0149 
0.0144 
0.0140 
0.0136 
0.0133 
0.0129 
0.0125 
0 0122 
0.0118 
0 0115 
0.0112 
0.0109 
0.0106 
0.0103 
0.0100 
0.0097 
0.0094 
0.0091 
0.0089 
0.0086 
0.0084 
0.0081 
0.0079 
0.0077 
0.0074 
0.0072 
0.0070 
0.0068 
0.0066 
0.0063 
0.0061 
0.0059 
0.0057 
0.0055 
0.0053 
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Table A.23. (concl.) Properties of R-507 saturated liquid and vapor in 
in SI units. 

Temp., 
OC 
60 
61 
62 
63 
64 
65 
66 
67 
68 
69 
70 

Press., 
kPa  

2988.45 
3055.64 
3124.11 
3193.88 
3264.97 
3337.40 
3411.21 
3486.42 
3563.05 
3641.13 
3720.70 

Entropy, kJ/kg.K Enthalpy, kJ/kg Liquid, 

Pf kg/m3 
807.67 
796.09 
783.79 
770.62 
756.41 
740.89 
723.71 
704.28 
681.59 
653.59 
614.54 

sf . 
1.3100 
1.3179 
1.3261 
1.3348 
1.3442 
1.3543 
1.3653 
1.3777 
1.3920 
1.4096 
1.4343 

hl 
296.95 
299.65 
302.50 
305.52 
308.75 
312.25 
316.09 
320.40 
325.39 
331.51 
340.11 

Vapor, 
us m3/kg 

0.0052 
0.0050 
0.0048 
0.0046 
0.0044 
0.0042 
0.0040 
0.0038 
0.0036 
0.0033 
0.0030 

39 

1.5706 
1.5692 
1.5676 
1.5659 
1.5639 
1.5618 
1.5593 
1.5565 
1.5530 
1.5486 
1.5422 

hg 
383.75 
383.62 
383.42 
383.17 
382.84 
382.43 
381.90 
381.22 
380.32 
379.08 
377.15 
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Table A.24. Properties of R-507 saturated liquid and vapor in I-P 
units*. 

Temp., 
O F  

-70 
-68 
-66 
-64 
-62 
-60 
-58 
-56 
-54 
-52 
-50 
-49 
-48 
-47 
-46 
-45 
-44 
-43 
-42 
-41 
-40 
-39 
-38 
-37 
-36 
-35 
-34 
-33 
-32 
-31 
-30 
-29 
-28 
-27 
-26 
-25 
-24 
-23 

*From 
t indicates 
The zero values of enthalpy and entropy are of saturated Equid a t  -40°C. 

psia 
8.79 
9.33 
9.91 

10.51 
11.14 
11.80 
12.48 
13.20 
13.95 
14.74 
15.56 
15.98 
16.41 
16.85 
17.30 
17.75 
18.22 
18.70 
19.18 
19.68 
20.18 
20.70 
21.22 
21.76 
22.30 
22.86 
23.42 
24.00 
24.59 
25.19 
25.80 
26.42 
27.05 
27.70 
28.35 
29.02 
29.70 
30.39 

algorithms 
inches 

Pressure, 
psig 
12.0t 
10.9t 
9.7t 
8.5t 
7.2t 
5.9t 
4.5t 
3.0t 
1.5t 
0.0 
0.9 
1.3 
1.7 
2.2 
2.6 
3.1 
3.5 
4.0 
4.5 
5.0 
5.5 
6.0 
6.5 
7.1 
7.6 
8.2 
8.7 
9.3 
9.9 

10.5 
11.1 
11.7 

' 12.4 
13.0 
13.7 
14.3 
15.0 
15.7 

of 
of 

Enthalpy, 

h /  
-9.91 
-9.25 
-8.59 
-7.93 
-7.27 
-6.61 
-5.95 
-5.29 
-4.63 
-3.97 
-3.31 
-2.98 
-2.65 
-2.32 
-1.98 
-1.65 
-1.32 
-0.99 
-0.66 
-0.33 
0.00 
0.33 
0.66 
0.99 
1.32 
1.65 
1.98 
2.31 
2.64 
2.97 
3.30 
3.63 
3.96 
4-29 
4.62 
4.95 
5.27 
5.60 

Genie, 
mercury, 

Btu/lb 

h g  

79.66 
79.95 
80.24 
80.53 
80.82 
81.11 
81.40 
81.69 
81.98 
82.27 
82.55 
82.70 
82.84 
82.99 
83.13 
83.27 
83.42 
83.56 
83.70 
83.84 
83.99 
84.13 
84.27 
84.41 
84.56 
84.70 
84.84 
84.98 
85.12 
85.26 
85.40 
85.55 
85.69 
85.83 
85.97 
86.11 
86.25 
86.39 

Allied Signal, 
vacuum. 

Entropy, 

sf 
-0.0245 
- 0.0228 
-0.0211 
-0.0194 
-0.0178 
-0.0161 
-0.0145 
-0.0128 
-0.0112 
-0.0096 
-0.0080 
-0.0072 
-0.0064 
-0.0056 
-0.0048 
-0.0040 
-0,0032 
-0.0024 
-0.0016 
-0.0008 
0.0000 
0.0007 
0.0015 
0.0023 
0.0031 
0.0038 
0.0046 
0.0054 
0.0062 
0.0069 
0.0077 
0.0085 
0.0092 
0.0100 
0.0107 
0.0115 
0.0122 
0.0130 

Inc., 

Liquid, 
p, lb/ft3 

84.27 
84.05 
83.83 
83.61 
83.39 
83.17 
82.95 
82.73 
82.51 
82.28 
82.06 
81.95 
81.83 
81.72 
81.61 
81.50 
81.38 
81.27 
81.16 
81.04 
80.93 
80.82 
80.70 
80.59 
80.47 
80.36 
80.25 
80.13 
80.02 
79.90 
79.78 
79.67 
79.55 
79.44 
79.32 
79.20 
79.09 
78.97 
K J.  

Btu/lb.R 

s, 
0.2054 
0.2049 
0.2045 
0.2041 
0.2037 
0.2034 
0.2030 
0.2026 
0.2023 
0.2019 
0.2016 
0.2014 
0.2013 
0.2011 
0.2010 
0.2008 
0.2007 
0.2005 
0.2004 
0.2002 
0.2001 
0.1999 
0.1998 
0.1997 
0.1995 
0.1994 
0.1993 
0.1992 
0.1990 
0.1989 
0.1988 
0.1987 
0.1986 
0.1984 
0.1983 
0.1982 
0.1981 
0.1980 

Morristown, 

Vapor, 
v g  ft3/ll 

4.6627 
4.4059 
4.1662 
3.9422 
3.7327 
3.5367 
3.3532 
3.1812 
3.0200 
2.8686 
2.7264 
2.6586 
2.5928 
2.5290 
2.4672 
2.4072 
2.3489 
2.2924 
2.2376 
2.1844 
2.1327 
2.0825 
2.0337 
1.9864 
1.9404 
1.8957 
1.8523 
1.8101 
1.7690 
1.7291 
1.6903 
1.6526 
1.6159 
1.5802 
1.5455 
1.5117 
1.4788 
1.4468 
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Table A.24. (cont.) Properties of R-507 saturated liquid and vapor 
in I-P units. 

Temp., 
OF 
-22 
-21 
-20 
-19 
-18 
-17 
-16 
-15 
-14 
-13 
-12 
-11 
-10 
-9 
-8 
-7 
-6 i -5 
-4 
-3 
-2 
-1 
0 
1 
2 
3 
4 ' 

5 
6 
7 
8 
9 

10 
11 
12 
13 
14 
15 
16 
17 
18 
19 

Pressure, 
psia 

31.09 
31.81 
32.54 
33.28 
34.03 
34.79 
35.57 
36.37 
37.17 
37.99 
38.82 
39.67 
40.53 
41.40 
42.29 
43.19 
44.11 
45.04 
45.98 
46.94 
47.92 
48.91 
49.91 
50.94 
51.97 
53.03 
54.09 
55.18 
56.28 
57.40 
58.53 
59.68 
60.85 
62.03 
63.23 
64.45 
65.69 
66.94 
68.21 
69.50 
70.81 
72.13 

psig 
16.4 
17.1 
17.8 
18.6 
19.3 
20.1 
20.9 
21.7 
22.5 
23.3 
24.1 
25.0 
25.8 
26.7 
27.6 
28.5 
29.4 
30.3 
31.3 
32.2 
33.2 
34.2 
35.2 
36.2 
37.3 
38.3 
39.4 
40.5 
41.6 
42.7 
43.8 
45.0 
46.2 
47.3 
48.5 
49.8 
51.0 
52.2 
53.5 
54.8 
56.1 
57.4 

Enthalpy, 
h 

5.93 
6.26 
6.59 
6.92 
7.25 
7.58 
7.91 
8.24 
8.56 
8.89 
9.22 
9.55 
9.88 

10.20 
10.53 
10.86 
11.19 
11.52 
11.84 
12.17 
12.50 
12.83 
13.15 
13.48 
13.81 
14.13 
14.46 
14.79 
15.11 
15.44 
15.77 
16.09 
16.42 
16.75 
17.07 
17.40 
17.72 
18.05 
18.38 
18.70 
19.03 
19.35 

Btu/lb 

h g 

86.53 
86.67 
86.81 
86.94 
87.08 
87.22 
87.36 
87.50 
87.64 
87.78 
87.91 
88.05 
88.19 
88.33 
88.46 
88.60 
88.74 
88.87 
89.01 
89.14 
89.28 
89.42 
89.55 
89.69 
89.82 
89.95 
90.09 
90.22 
90.36 
90.49 
90.62 
90.76 
90.89 
91.02 
91.15 
91.29 
91.42 
91.55 
91.68 
91.81 
91.94 
92.07 

Entropy, 
sf 

0.0137 
0.0145 
0.0152 
0.0160 
0.0167 
0.0175 
0.0182 
0.0189 
0.0197 
0.0204 
0.0211 
0.0219 
0.0226 
0.0233 
0.0240 
0.0247 
0.0255 
0.0262 
0.0269 
0.0276 
0.0283 
0.0290 
0.0297 
0.0304 
0.0311 
0.0318 
0.0325 
0.0332 
0.0339 
0.0346 
0.0353 
0.0360 
0.0367 
0.0374 
0.0381 
0.0388 
0.0394 
0.0401 
0.0408 
0.0415 
0.0422 
0.0428 

Liquid, 
lb/ft3 

78.85 
78.74 
78.62 
78.50 
78.38 
78.26 
78.14 
78.03 
77.91 
77.79 
77.67 
77.55 
77.43 
77.31 
77.19 
77.06 
76.94 
76.82 
76.70 
76.58 
76.46 
76.33 
76.21 
76.09 
75.96 
75.84 
75.72 
75.59 
75.47 
75.34 
75.22 
75.09 
74.96 
74.84 
74.71 
74.58 
74.45 
74.33 
74.20 
74.07 
73.94 
73.81 

Btu/lb.R 

s, 
0.1979 
0.1978 
0.1977 
0.1976 
0.1975 
0.1974 
0.1973 
0.1972 
0.1971 
0.1970 
0.1969 
0.1968 
0.1967 
0.1966 
0.1966 
0.1965 
0.1964 
0.1963 
0.1962 
0.1962 
0.1961 
0.1960 
0.1959 
0.1959 
0.1958 
0.1957 
0.1957 
0.1956 
0.1955 
0.1955 
0.1954 
0.1953 
0.1953 
0.1952 
0.1951 
0.1951 
0.1950 
0.1950 
0.1949 
0.1949 
0.1948 
0.1948 

Vapor, 
v, ft3/lb 

1.4156 
, 1.3853 
1.3557 
1.3269 
1.2989 
1.2716 
1.2450 
1.2191 
1.1938 
1.1692 
1.1452 
1.1218 
1.0990 
1.0767 
1.0550 
1.0338 
1.0132 
0.9930 
0.9734 
0.9542 
0.9355 
0.9172 
0.8994 
0.8819 
0.8649 
0.8483 
0.8321 
0.8162 
0.8008 
0.7856 
0.7708 
0.7564 
0.7423 
0.7285 
0.7150 
0.7018 
0.6889 
0.6763 
0.6640 
0.6519 
0.6401 
0.6286 
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Table A.24. (cont.) Properties of R-507 saturated liquid and vapor 
in I-P units. 

Temp., 
O F  

20 
21 
22 
23 
24 
25 
26 
27 
28 
29 
30 
31 
32 
33 
34 
35 
36 
37 
38 
39 
40 
41 
42 
43 
44 
45 
46 
47 
48 
49 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 

Entropy, 

s f  
0.0435 
0.0442 
0.0449 
0.0455 
0.0462 
0.0468 
0.0475 
0.0482 
0.0488 
0.0495 
0.0502 
0.0508 
0.0515 
0.0521 
0.0528 
0.0534 
0.0541 
0.0547 
0.0554 
0.0560 
0.0567 
0.0573 
0.0579 
0.0586 
0.0592 
0.0599 
0.0605 
0.0611 
0.0618 
0.0624 
0.0630 
0.0637 
0.0643 
0.0649 
0.0656 
0.0662 
0.0668 
0.0675 
0.0681 
0.0687 

Liquid, 
PI lb/ft3 

73.68 
73.55 
73.42 
73.29 
73.16 
73.03 
72.89 
72.76 
72.63 
72.49 
72.36 
72.22 
72.09 
71.95 
71.82 
71.68 
71.54 
71.41 
71.27 
71.13 
70.99 
70.85 
70.71 
70.57 
70.43 
70.28 
70.14 
70.00 
69.85 
69.71 
69.57 
69.42 
69.27 
69.13 
68.98 
68.83 
68.68 
68.53 
68.38 
68.23 

Btu/lb.R 

5, 

0.1947 
0.1947 
0.1946 
0.1946 
0.1945 
0.1945 
0.1944 
0.1944 
0.1943 
0.1943 
0.1942 
0.1942 
0.1941 
0.1941 
0.1941 
0.1940 
0.1940 
0.1939 
0.1939 
0.1939 
0.1938 
0.1938 
0.1937 
0.1937 
0.1937 
0.1936 
0.1936 
0.1936 
0.1935 
0.1935 
0.1935 
0.1934 
0.1934 
0.1934 
0.1933 
0.1933 
0.1933 
0.1932 
0.1932 
0.1932 

Pressure, 
psia 

73.48 
74.84 
76.22 
77.62 
79.04 
80.48 
81.94 
83.42 
84.91 
86.43 
87.97 
89.53 
91.11 
92.71 
94.33 
95.97 
97.63 
99.32 

101.02 
102.75 
104.50 
106.27 
108.07 
109.89 
111.73 
113.59 
115.48 
117.39 
119.32 
121.28 
123.26 
125.27 
127.30' 
129.35 
131.43 
133.53 
135.67 
137.82 
140.00 
142.21 

Vapor, 
vg ft3/lb 

0.6173 
0.6062 
0.5954 
0.5848 
0.5744 
0.5643 
0.5544 
0.5447 
0.5351 
0.5258 
0.5167 
0.5077 
0.4990 
0.4904 
0.4820 
0.4737 
0.4657 
0.4578 
0.4500 
0.4424 
0.4349 
0.4276 
0.4205 
0.4135 
0.4066 
0.3998 
0.3932 
0.3867 
0.3803 
0.3740 
0.3679 
0.3619 
0.3560 
0.3502 
0.3445 
0.3389 
0.3334 
0.3280 
0.3227 
0.3175 

psig 
58.8 
60.1 
61.5 
62.9 
64.3 
65.8 
67.2 
68.7 
70.2 
71.7 
73.3 
74.8 
76.4 
78.0 
79.6 
81.3 
82.9 
84.6 
86.3 
88.1 
89.8 
91.6 
93.4 
95.2 
97.0 
98.9 

100.8 
102.7 
104.6 
106.6 
108.6 
110.6 
112.6 
114.7 
116.7 
118.8 
121.0 
123.1 
125.3 
127.5 

Enthalpy, 

hf 
19.68 
20.00 
20.33 
20.66 
20.98 
21.31 
21.63 
21.96 
22.28 
22.61 
22.93 
23.26 
23.59 
23.91 
24.24 
24.56 
24.89 
25.22 
25.54 
25.87 
26.19 
26.52 
26.85 
27.17 
27.50 
27.83 
28.16 
28.48 
28.81 
29.14 
29.47 
29.80 
30.13 
30.45 
30.78 
31.11 
31.44 
31.77 
32.11 
32.44 

B tu / l b  

hg 
92.20 
92.33 
92.46 
92.59 
92.72 
92.85 
92.97 
93.10 
93.23 
93.36 
93.48 
93.61 
93.74 
93.86 
93.99 
94.11 
94.24 
94.36 
94.48 
94.61 
94.73 
94.85 
94.98 
95.10 
95.22 
95.34 
95.46 
95.58 
95.70 
95.82 
95.94 
96.06 
96.17 
96.29 
96.41 
96.53 
96.64 
96.76 
96.87 
96.99 
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Table A.24. (cont.) Properties of R-507 saturated liquid a n d  vapor 
in I-P units. 

Temp., 

"F 
60 
6 1 
62 
63 
64 
65 
66 
67 
68 
69 
70 
71 
72 
73 
74 
75 
76 
77 
78 
79 
80 
81 
82 
83 
84 
85 
86 
87 
88 
89 
90 
9 1 
9 2 
93 
94 
95 
96 
97 
98 
99 

Enth 
h f - 

32.77 
33.10 
33.43 
33.77 
34.10 
34.43 
34.77 
35.11 
35.44 
35.78 
36.12 
36.45 
36.79 
37.13 
37.47 
37.81 
38.16 
38.50 
38.84 
39.19 
39.53 
39.88 
40.23 
40.58 
40.93 
41.28 
41.63 
41.99 
42.34 
42.70 
43.06 
43.42 
43.78 
44.14 
44.51 
44.88 
45.25 
45.62 
45.99 
46.36 

Pressure, 
psia 

144.44 
146.70 
148.99 
151.31 
153.65 
156.01 
158.41 
160.83 
163.29 
165.77 
168.28 
170.81 
173.38 
175.98 
178.60 
181.26 
183.95 
186.66 
189.41 
192.19 
195.00 
197.84 
200.71 
203.62 
206.56 
209.53 
212.53 
215.57 
218.64 
221.74 
224.88 
228.05 
231.26 
234.50 
237.78 
241.10 
244.45 
247.83 
251.26 
254.72 

Liquid, 
p j  1b/ft3 

68.08 
67.92 
67.77 
67.62 
67.46 
67.30 
67.15 
66.99 
66.83 
66.67 
66.51 
66.35 
66.19 
66.02 
65.86 
65.69 
65.53 
65.36 
65.19 
65.02 
64.85 
64.68 
64.50 
64.33 
64.15 
63.98 
63.80 
63.62 
63.44 
63.25 
63.07 
62.88 
62.70 
62.51 
62.32 
62.13 
61.93 
61.74 
61.54 
61.34 

psig 
129.7 
132.0 
134.3 
136.6 
139.0 
141.3 
143.7 
146.1 
148.6 
151.1 
153.6 
156.1 
158.7 
161.3 
163.9 
166.6 
169.3 
172.0 
174.7 
177.5 
180.3 
183.1 
186.0 
188.9 
191.9 
194.8 
197.8 
200.9 
203.9 
207.0 
210.2 
213.4 
216.6 
219.8 
223.1 
226.4 
229.8 
233.1 
236.6 
240.0 

Vapor, 
v, ft3/lb 

0.3124 
0.3074 
0.3025 
0.2976 
0.2929 
0.2882 
0.2836 
0.2791 
0.2747 
0.2703 
0.2661 
0.2618 
0.2577 
0.2536 
0.2497 
0.2457 
0.2419 
0.2381 
0.2343 
0.2306 
0.2270 
0.2235 
0.2200 
0.2165 
0.2131 
0.2098 
0.2065 
0.2033 
0.2001 
0.1970 
0.1939 
0.1908 
0.1878 
0.1849 
0.1820 
0.1791 
0.1763 
0.1735 
0.1708 
0.1681 
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Table A.24. (cont.) Properties of R-507 saturated liquid and vapor 
in I-P 

Temp., 
OF 

100 
101 
102 
103 
104 
105 
106 
107 
108 
109 
110 
111 
112 
113 
114 
115 
116 
117 
118 
119 
120 
121 
122 
123 
124 
125 
126 
127 
128 
129 
130 
131 
132 
133 
134 
135 
136 
137 
138 
139 

Liquid, 
P, lb/ft3 

61.14 
60.94 
60.73 
60.53 
60.32 
60.11 
59.90 
59.68 
59.46 
59.24 
59.02 
58.79 
58.57 
58.33 
58.10 
57.86 
57.62 
57.38 
57.13 
56.88 
56.63 
56.37 
56.11 
55.84 
55.57 
55.30 
55.02 
54.73 
54.44 
54.15 
53.85 
53.54 
53.23 
52.90 
52.58 
52.24 
51.90 
51.54 
51.18 
50.81 

Vapor, 
v g  ft3/l t  

0.1655 
0.1628 
0.1603 
0.1577 
0.1552 
0.1527 
0.1503 
0.1479 
0.1455 
0.1432 
0.1409 
0.1386 
0.1363 
0.1341 
0.1319 
0.1298 
0.1276 
0.1255 
0.1234 
0.1214 
0.1193 
0.1173 
0.1153 
0.1134 
0.1114 
0.1095 
0.1076 
0.1057 
0.1038 
0.1020 
0.1001 
0.0983 
0.0965 
0.0947 
0.0930 
0.0912 
0.0895 
0.0877 
0.0860 
0.0843 

units. 

Pressure, 
psia 

258.22 
261.75 
265.33 
268.94 
272.59 
276.28 
280.02 
283.79 
287.60 
291.45 
295.34 
299.28 
303.25 
307.27 
311.34 
315.44 
319.59 
323.78 
328.02 
332.30 
336.63 
341.00 
345.42 
349.89 
354.40 
358.97 
363.57 
368.23 
372.94 
377.70 
382.50 
387.36 
392.27 
397.23 
402.24 
407.30 
412.42 
417.59 
422.82 
428.10 

Enthalpy, 

h j 
46.74 
47.12 
47.50 
47.89 
48.27 
48.66 
49.05 
49.45 
49.84 
50.25 
50.65 
51.06 
51.47 
51.88 
52.30 
52.72 
53.15 
53.58 
54.01 
54.45 
54.89 
55.34 
55.80 
56.26 
56.72 
57.19 
37.67 
58.16 
58.65 
59.15 
59.65 
60.17 
60.70 
61.23 
61.77 
62.33 
62.90 
63.47 
64.07 
64.67 

psig 
243.5 
247.1 
250.6 
254.2 
257.9 
261.6 
265.3 
269.1 
272.9 
276.8 
280.6 
284.6 
288.6 
292.6 
296.6 
300.7 
304.9 
309.1 
313.3 
317.6 
321.9 
326.3 
330.7 
335.2 
339.7 
344.3 
348.9 
353.5 
358.2 
363.0 
367.8 
372.7 
377.6 
382.5 
387.5 
392.6 
397.7 
402.9 
408.1 
413.4 

Btu/lb 

h,  
101.05 
101.13 
101.21 
101.29 
101.36 
101.44 
101.51 
101.58 
101.65 
101.71 
101.78 
101.85 
101.91 
101.97 
102.03 
102.08 
102.14 
102.19 
102.24 
102.29 
102.34 
102.38 
102.43 
102.47 
102.50 
102.54 
102.57 
102.60 
102.62 
102.65 
102.67 
102.68 
102.69 
102.70 
102.71 
102.71 
102.70 
102.70 
102.68 
102.66 

Entropy, 

s f  
0.0946 
0.0953 
0.0959 
0.0966 
0.0973 
0.0979 
0.0986 
0.0993 
0.1000 
0.1007 
0.1013 
0.1020 
0.1027 
0.1034 
0.1041 
0.1049 
0.1056 
0.1063 
0.1070 
0.1078 
0.1085 
0.1092 
0.1100 
0.1108 
0.1115 
0.1123 
0.1131 
0.1139 
0.1147 
0.1155 
0.1164 
0.1172 
0.1181 
0.1190 
0.1198 
0.1207 
0.1217 
0.1226 
0.1236 
0.1246 

Btu1lb.R 

s, 
0.1917 
0.1916 
0.1916 
0.1915 
0.1915 
0.1914 
0.1913 
0.1913 
0.1912 
0.1912 
0.1911 
0.1910 
0.1910 
0.1909 
0.1908 
0.1908 
0.1907 
0.1906 
0.1905 
0.1904 
0.1904 
0.1903 
0.1902 
0.1901 
0.1900 
0.1899 
0.1898 
0.1897 
0.1896 
0.1894 
0.1893 
0.1892 
0.1891 
0.1889 
0.1888 
0.1887 
0.1885 
0.1883 
0.1882 
0.1880 
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Table A.24. (concl.) Properties of R-507 saturated liquid and vapor 
in I-P units. 

Temp., 
O F  

140 
142 
144 
146 
148 
150 
152 
154 
156 
158 

Pressure, Liquid, 
P, lb/ft3 

50.42 
49.62 
48.75 
47.82 
46.80 
45.67 
44.39 
42.89 
41.02 
38.36 

psia 
433.44 
444.28 
455.34 
466.65 
478.19 
489.97 
502.00 
514.29 
526.83 
539.64 

Enthalpy, Btu/lb Vapor, 
v, ft3/lb 

0.0826 
0.0792 
0.0758 
0.0723 
0.0689 
0.0653 
0.0616 
0.0577 
0.0533 
0.0476 

psig 
418.7 
429.6 
440.6 
451.9 
463.5 
475.3 
487.3 
499.6 
512.1 
524.9 

h 
65.29 
66.59 
67.96 
69.43 
71.02 
72.77 
74.74 
77.02 
79.84 
83.86 

Entropy, Btu/lb.R 

h 9 

102.64 
102.57 
102.47 
102.34 
102.17 
101.95 
101.65 
101.26 
100.70 
99.80 

Sf 
0.1256 
0.1276 
0.1299 
0.1322 
0.1348 
0.1376 
0.1407 
0.1443 
0.1488 
0.1553 

sg 
0.1878 
0.1874 
0.1870 
0.1866 
0.1860 
0.1854 
0.1847 
0.1838 
0.1827 
0.1811 
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Table A.25. Properties of ammonia saturated liquid and vapor in 
SI units* 

I Temp., I Press., I Enthdpy, kJ/kg Entropy 

6.92 -140.37 1345.93 
8.08 -130.44 1349.65 
9.41 -121.44 1353.35 

10.91 -112.18 1357.02 
12.61 -103.16 1360.67 
14.54 -94.37 1364.29 
16.70 -85.57 1367.88 
19.13 -76.40 1371.45 
21.85 -67.95 1374.98 
23.32 -63.58 1376.74 
24.88 -59.06 1378.48 
26.53 -54.68 1380.22 
28.26 -50.46 1381.95 
30.09 -46.08 1383.68 
32.01 -41.96 1385.39 
34.03 -37.49 1387.10 
36.16 -32.95 1388.79 
38.40 -28.68 1390.48 
40.76 -24.54 1392.16 
43.23 -20.19 1393.83 
45.82 -15.67 1395.49 
48.54 -11.25 1397.14 
51.39 -6.94 1398.78 
54.38 -2.42 1400.41 
57.51 1.85 1402.03 
60.78 6.13 1403.64 
64.21 10.56 1405.24 
67.79 15.14 1406.83 
71.54 19.50 1408.41 
75.45 23.92 1409.98 
79.54 28.43 1411.54 
83.80 32.59 1413.09 
88.25 37.13 1414.62 
92.89 41.42 1416.15 
97.72 46.02 1417.67 

102.76 50.34 1419.17 
108.01 54.85 1420.66 
113.47 59.25 1422.15 

equations of Haar and Gal 

Liquid, Vapor, 

Vs L/k( 
16084. 
13853. 
11974. 
10385. 
9036.2 
7887.6 
6906.2 
6064.7 
5341.1 
4716.9 
4437.2 
4176.8 
3934.3 
3708.2 
3497.3 
3300.4 
3116.5 
2944.6 
2783.9 
2633.4 
2492.5 
2360.4 
2236.6 
2120.5 
2011.4 
1909.0 
1812.7 
1722.1 
1636.9 
1556.7 
1481.1 
1409.9 
1342.7 
1279.4 
1219.5 
1163.0 
1109.7 
1059.2 

6.0847 1 678.8 1 1011.4 1 
rhermodynarnic Properties of 

Ammonia," Journal of Phys. and Chem. Reference Data, v. 7, no. 3, 1978. 
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Table A.25. (cont.) Properties of ammonia saturated liquid and 
vapor in SI units. 

-30 119.15 63.95 1 1423.62 0.4745) 6.0676 677.5 966.25 

Enthalpy, kJ/kg 

hf 1 hg 

Entropy, kJ/kg.K 

3s 1 39 

Temp., 
OC 

Press., 
kPa 

Liquid, 
Pf kg/m3 

Vapor, 
vg L/kg 
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Table A.25. (cont.) Properties of ammonia saturated liquid and 
vapor in SI units. 

Temp. 
" C 
10 
11 
12 
13 
14 
15 
16 
17 
18 
19 
20 
21 
22 
23 
24 
25 
26 
27 
28 
29 
30 
31 
3 2 
3 3 
34 
35 
36 
3 7 
3 8 
39 
40 
41 
42 
43 
44 
45 
46 
47 
48 
49 

, [ Press., I Enthalpy, kJ/kg ] Entrop! Liquid, 

Pf kg/m3 
624.8 
623.4 
622.0 
620.6 
619.1 
617.7 
616.3 
614.8 
613.3 
611.9 
610.4 
608.9 
607.5 
606.0 
604.5 
603.0 
601.5 
600.0 
598.4 
596.9 
595.4 
593.8 
592.3 
590.7 
589.1 
587.6 
586.0 
584.4 
582.8 
581.2 
579.6 
577.9 
576.3 
574.7 
573.0 
571.3 
569.7 
568.0 
566.3 
564.6 

Vapor, 

V s  L/kg 
206.10 
199.42 
193.01 
186.84 
180.91 
175.20 
169.71 
164.42 
159.33 
154.43 
149.71 
145.16 
140.77 
136.54 
132.47 
128.53 
124.74 
121.08 
117.55 
114.13 
110.84 
107.66 
104.58 
101.61 
98.74 
95.96 
93.28 
90.68 
88.17 
85.74 
83.39 
81.11 
78.91 
76.77 
74.70 
72.70 
70.76 
68.88 
67.05 
65.28 
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Table A.25. (concl.) Properties of ammonia saturated liquid and 
vapor in SI units. 

Temp 
OC - 
50 
51 
52 
53 
54 
55 
56 
57 
58 
59 
60 
62 
64 
66 
68 
70 
72 
74 
76 
78 
80 
82 
84 
86 
88 
90 
92 
94 
96 
98 

100 
105 
110 
115 
120 
125 
130 

., I Press., 1 Enthdpy, kJ/kg I Entropy, kJjkg.1 Liquid, 
P I  kg/m3 1 562.9 

561.2 
559.4 
557.7 
555.9 
554.2 
552.4 
550.6 
548.8 
547.0 
545.2 
541.5 
537.8 
534.0 
530.1 
526.2 
522.2 
518.2 
514.1 
509.9 
505.6 
501.3 
496.8 
492.3 
487.6 
482.8 
477.9 
472.9 
467.7 
462.4 
456.9 - 
442.2 
425.9 
407.5 
385.8 
358.5 
317.4 

Vapor, 
us Like 
63.57 
61.90 
60.29 
58.72 
57.20 
55.73 
54.29 
52.90 
51.55 
50.24 
48.96 
46.52 
44.21 
42.03 
39.96 
38.01 
36.15 
34.39 
32.72 
31.14 
29.63 
28.20 
26.84 
25.54 
24.30 
23.12 
21.99 
20.91 
19.88 
18.89 
17.95 
15.74 
13.73 
11.88 
10.14 
8.456 
6.701 
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Table A.26. Prope r t i e s  of supe rhea t ed  a m m o n i a  in S1 units. 

S a t u r a t i o n ,  t=-50°C p=40.78 k P a  
Temp.  E m t h d p ~  Entropy S r .  Vol. 

S a t u r a t i o n ,  t=-40°C,  p=71.54 k P a  
Temp. Enthrlpy Entropy Sp.  Vol .  

O C  k I / k &  k I / ( k g . K )  L / k s  
-40 1408.4 6.2464 1556.7 
- 35 1419.3 6.2925 1593.3 
- 30 1430.1 6.3375 1629.7 
- 25 1440.9 6.3815 1665.9 
- 20 1451.7 6.4245 1701 8 
- 15 1462.4 6.4665 1737.6 
-10 1473.2 - 6.5077 1773.3 
-5 1483.9 6.5481 1808.8 
0 1494.6 6.5877 1844.1 
5 1505.3 ., 6.6265 1879.4 

10  1516.0 6.6647 1914.5 

S a t u r a t i o n ,  t=-SO0C,p=110.15 k P a  
Temp. Enth.lpy Entropy S p .  Vol. 

' C  kJ /k& kJ / (kg .K)  L/kg 
-30 1423.6 6.0676 966.2 
- 25 1434.9 6.1136 988.9 
- 20 1446.1 6.1584 1011.2 
- 15 1457.3 6.2021 1033.5 
- 10 1468.4 6.2448 1055.5 
- 5 1479.5 6.2864 1077.4 
0 1490.5 6.3272 1099.2 
5 1501.5 6.3670 1120.8 

10  1512.5 6.4061 1142.4 
15  1523.4 6.4444 1163 8 
20 1534.4 6.4820 1185.2 

S a t u r a t i o n ,  t=-4S°C,  p=54.38 k P a  
Temp. Enthdpy Entropy S p .  Vol. 

O C  k I / k &  k I / ( k & . K )  L / k g  
-45 1400.4 6.3429 2011.4 
-40 1411.1 6.3892 2059.0 
- 35 1421.7 6.4345 2106.4 
-30 1432.4 6.4787 2153.5 
- 25 1443.0 6.5220 2200.4 
- 20 1453.6 6.5644 2247.1 
-15 1464.3 6.6059 2293.6 
-10 1474.9 6.6466 2340.0 
- 5 1485.5 6.6865 2386.3 
0 1496.1 6.7257 2432.4 
5 1506.7 6.7642 2478.4 

S a t u r a t i o n ,  t=-35'C, p=02.80 k P a  
Tcmp. Enthhlpy Entropy Sp.  Vol. 

O C  k I / k &  k I / ( k g . K )  L/kK 
- 35 1416.1 6.1547 1219.5 
- 30 1427.2 6.2007 1248.1 
- 25 1438.2 6.2456 1276.5 
-20 1449.2 6.2894 1304.6 
- 15 1460.2 6.3322 1332.6 
- 10 1471.1 6.3740 1360.4 
- 5 1481.9 6.4150 1388.1 
0 1492.8 6.4551 1415.6 
5 1503.6 6.4944 1443.1 

10  1514.4 6.5329 1470.4 
15  1525.3 6.5708 1497.6 

S a t u r a t i o n ,  t = - 2 S ° C , p = 1 5 1 . 1 0 k P a  
Temp. Enthrlpy Entropy Sp.  Vol. 

O C  k J / k g  k l / ( k g . K )  L / k g  
-25 1430.8 5.9846 773.6 
-20 1442.3 6.0307 791.7 
- 15 1453.8 6.0756 809.6 
-10 1465.2 6.1192 827.4 
- 5  1476.5 6.1618 844.9 
0 1487.7 6.2033 862.4 
5 1498.9 6.2439 879.7 

10 1510.1 6.2836 897.0 
15  1521.2 6.3225 914.1 
20 1532.2 6.3606 931.2 
25 1543.3 6.3980 948.1 
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Table A.26. (cont.) Properties o f  superheated ammonia in SI units. 

S a t u r a t i o n ,  t= -20°C ,  p=189.59 k P a  
Temp. Enthrlpy Entropy Sp. Vol. 

O C  k l / k g  k J / ( k p K )  L / k g  
-20 1437.7 5.9055 625.3 
- 15 1449.5 5.9517 640.0 
- 10 1461.2 5.9967 654.5 
- 5 1472.8 6.0404 668.9 
0 1484.3 6.0829 683.1 
5 1495.8 6.1244 697.2 

10 1507.1 6.1649 711.1 
15  1518.4 6.2044 725.0 
20 1529.7 6.2432 738.8 
25 1540.9 6.2811 752.48 
30 1552.1 6.3183 766.11 

S a t u r a t i o n ,  t= -10°C ,  p=289.93 k P a  
Tcmp. Enthdpy Entropy Sp. Vol. 

O C  J kI/(k.q.K) L /kg  

-10 1450.5 5.7574 419.5 
-5 1462.9 5.8043 429.5 
0 1475.2 5.8496 439.3 
5 1487.3 5.8935 449.0 

10 1499.3 5.9362 458.5 
15 1511.1 5.9777 468.0 
20 1522.9 6.0181 477.3 
25 1534.5 6.0575 486.6 
30 1546.1 6.0961 495.8 
35  1557.6 6.1338 505.0 
40 1569.1 6.1707 514.1 

S a t u r a t i o n ,  t=-15OC, p=235.54 k P a  
Tcmp. Emthalpy Entropy S p .  Vol. 

O C  k l / k g  kJ/(k. .K) L/kg 
- 15 1444.2 5.8298 510.1 
-10 1456.4 5.8764 522.1 
- 5 1468.3 5.9214 534.0 
0 1480.2 5.9652 545.7 
5 1491.9 6.0078 557.3 
10 1503.6 6.0493 568.8 
15  1515.1 6.0897 580.1 
20 1526.6 6.1292 591.4 
25 1538.0 6.1678 602.6 
30 1549.4 6.2056 613.8 
35  1560.7 6.2427 624.8 

S a t u r a t i o n ,  t=-S°C,  p=353.77 k P a  
Tcmp. Enthalpy Entropy S p .  Vol. 

O C  kJ /kg  kJ / (k&.K)  L /ks  
-5 1456.4 5.6879 347.7 
0 1469.1 5.7352 356.0 
5 1481.7 5.7808 364.2 

10 1494.1 5.8249 372.3 
15 1506.3 5.8677 380.3 
20 1518.4 5.9093 388.1 
25 1530.4 5.9497 395.9 
30  1542.2 5.9892 403.6 
3 5  1554.0 6.0277 411.2 
40 1565.7 6.0653 418.8 
45  1577.3 6.1022 426.332 

S a t u r a t i o n ,  t = o0C, p=428.18 k P a  S a t u r a t i o n ,  t = S ° C ,  p=514.29 k P a  
Tcmp. Enthrlpy Entropy S p .  Vol. Tcmp. Enthrlpy Entropy S p .  Vol. 

O C  k g  kJ / (k&.K)  L /k& 'C hJ/k.q k l / (k .q .K)  L /ks  
0 1461.9 5.6212 290.2 5 1467.0 5.5568 243.8 
5 1475.0 5.6689 297.2 10 1480.6 5.6051 249.8 
10 1487.9 5.7148 304.2 15  1493.8 5.6515 255.7 
15  1500.6 5.7592 311.0 20 1506.8 5.6962 261.5 
20 1513.1 5.8022 317.7 25 1519.6 5.7394 267.2 
25 1525.4 5.8439 324.3 30  1532.2 5.7812 272.8 
30  1537.6 5.8844 330.8 35  1544.6 5.8219 278.3 
35 1549.7 5.9239 337.2 40 1556.9 5.8614 283.7 
40 1561.6 5.9624 343.6 45  1569.0 5.9000 289.1 
45 1573.5 6.0000 350.0 50 1581.1 5.9376 294.5 
50 1585.3 6.0368 356.2 55  1593.1 5.9744 300.0 
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Table A.26. (cont.) Properties of superheated ammonia in SI units. 

Saturation, t = 10DC,p=813.19 kPa 
Temp. Enthdpy E.t,opy Sp. Vol. 

Saturation, t = 20°C, p=855.01 kPa 
Temp. . Enthdpy Entropy Sp. Vol. 

O C  k I / k g  J ( K )  L / k s  
20 - 1479.9 5.3763 149.7 
25 1494.8 5.4266 153.6 
30 1509.2 5.4746 157.5 
35 1523.3 5.5206 161.2 
40 1637.0 5.5648 164.8 
45 1550.5 5.6074 168.4 
50 1563.7 5.6486 171.9 
55 1576.7 5.6886 175.3 
60 1589.5 5.7274 178.7 
65 1602.2 5.7652 182.1 
70 1614.8 5.8021 185.4 

Saturation, t = 30°C,p=1183.8 kPa 
Temp. Enlhrlpy Entropy Sp. VoI. 

O C  kJ/kg  k l / ( k c K )  L/kg 

30 1486.1 5.2641 110.8 
35 1502.0 5.3162 113.9 
40 1517.4 5.3656 116.9 
45 1532.3 5.4127 119.8 
50 1546.7 5.4579 122.6 
55 1560.8 5.5012 125.3 
60 1574.7 5.5430 128.0 
65 1588.2 5.5834 130.7 
70 1601.6 5.6227 133.3 
75 1614.8 5.6607 135.8 
80 1627.8 5.6979 138.3 

Saturation, t = 16°C, p=718.43 kPa 
Temp. Enthdpy Entropy Sp.  Vol. 

Saturation, t = 25"C, p=1000.3 kPa 
Temp. Enthdpy Entropy Sp. Vol. 

O C  kJ /kg  k l / (kr .K)  L/kg 
25 1483.3 5.3195 128.5 
30 1498.7 5.3707 132.0 
35 1513.5 5.4193 135.4 
40 1528.0 5.4659 138.6 
45 1542.1 5.5105 141.8 
50 1555.8 5.5535 144.9 
55 1569.4 5.5949 148.0 
60 1582.6 5.6351 151.0 
65 1595.7 5.6741 154.0 
70 1608.7 5.7120 156.9 
75 1621.4 5.7490 159.8 

Saturation, t = 3B°C, p=1348.9 kPa 
Temp. Enthdpy Entropy Sp.  Vol. 

O C  kJ/kg  k l / (kg .K)  L /kg  
35 1488.4 5.2099 95.96 
40 1504.9 5.2630 98.72 
45 1520.8 5.3132 101.37 
50 1536.1 5.3610 103.93 
55 1551.0 5.4067 106.43 
60 1565.4 5.4505 108.86 
65 1579.6 5.4927 111.24 
70 1593.5 5.5334 113.57 
75 1607.1 5.5728 115.86 
80 1620.5 5.6111 118.12 
85 1633.8 5.6484 120.34 
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Table A.26. (cont.) Properties of superheated ammonia in SI units. 

Saturation t = 40°C, p=1550.8 kPa 
Temp. Enthalpy Entropy S p .  VoL 

Oc k g  k l / ( k g . K )  L / k g  

40 1490.1 5.1565 83.389 
45 1507.2 5.2108 85.867 
50 1523.6 5.2620 88.247 
55 1539.4 5.3106 90.545 
60 1554.7 5.3568 92.774 
65 1569.6 5.4011 94.943 
70 1584.1 5.4437 97 061 
75 1598.3 5 4848 99.135 
80 1612.2 5.5245 101.17 
85 1625.9 5.5630 103.17 
90 1639.4 5.6005 105.14 

Saturation t = 50°C, p=2028.1 kPa 
Temp. Enthdpy Entropy S p .  Vol. 

OC k l / k ~  k l / ( k g . K )  L /kg  
50 1491.4 5.0518 63.567 

Saturation t = 60°C, p=2607.8 kPa 
Temp. Enthrlpy Entropy Sp.  Vol. 

'C kJ /kg  kJ / (kg .K)  L / k g  
60 1489.8 4.9484 48.965 
65 1510.1 5.0090 50.716 
70 1529.2 5.0652 52.370 
75 1547.4 5.1177 53.945 
80 1564.8 5.1672 55.455 
85 1581.5 5.2142 56.911 
90 1597.6 5.2591 58.320 
95 1613.3 5.3020 59.690 
100 1628.7 5.3433 61.025 
105 1643.6 5.3832 62.331 
110 1658.3 5.4218 63.611 

Saturation t = 4S°C, p=1777.5 kPa 
Tcmp. Enthalpy Entropy Sp. Vol. 

'c k I / k g  ( K )  L/kg 
45 1491.1 5.1039 72.699 

Saturation t = 55OC, p=2304.3 kPa 
Tcmp. Enthrlpy Entropy Sp.  Vol. 

O C  k I / k s  k J / ( k r K )  L/ky 
55 1491.0 5.0001 55.727 
60 1510.4 5.0588 57.618 
65 1528.8 5.1135 59.412 
70 1546.3 5.1649 61.127 
75 1563.1 5.2135 62.777 
80 1579.3 5.2597 64.372 
85 1595.0 5.3038 65.919 
90 1610.3 5.3462 67.427 
95 1625.2 5.3871 68.899 
100 1639.8 5.4266 70.340 
105 1654.2 5.4648 71.754 

Saturation t = 6S°C, p=2840.3 kPa 
Tcmp. Enthrlpy Entropy Sp.  Vo1. 

"C kJ /kg  k J / ( k s . K )  L / k g  
65 1487.6 4.8965 43.105 
70 1509.0 4.9593 44.739 
75 1529.0 5.0171 46.273 
80 1547.9 5.0710 47.728 
85 1565.9 5.1216 49.117 
90 1583.1 5.1695 50.453 
95 1599.8 5.2150 51.743 
100 1615.9 5.2586 52.994 
105 1631.6 5.3004 54.212 
110 1647.0 5.3408 55.401 
115 1662.0 5.3798 56.564 
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Table A.26. (concl.) Properties of superheated ammonia in SI units.  

Saturation t = 70°C, p=3303.4 kPa 
T t m p .  Entha lpy  Entropy S p .  Vol. 

*C k J / k s  kJ / (kg .K)  L / k s  
70 1484.5 4.8443 38.006 
75 1507.1 4.9095 39.540 
80  1528.0 4.9692 40.972 
85 1547.7 5.0245 42.323 
90 1566.3 5.0763 43.609 
95 1584.2 5.1252 44.841 

100 1601.4 5.1716 46.028 
105 1618.0 5.2158 47.176 
110 1634.2 5.2582 48.292 
115 1649.9 5.2991 49.379 
120 1665.3 5.3385 50.441 

Saturation t = 80°C,p=4120.2 kPa 
T e m p .  Enlha lpy  Entropy S p .  Vol. 

O C  kJ /kg  kJ / (kg .K)  L/kg 
80 1475.0 4.7374 29.632 
85  1500.4 4.8088 31.017 
90 1523.5 4.8731 32.289 . 
95 1545.1 4.9320 33.474 

100 1565.3 4.9866 34.592 
105 1584.5 5.0377 35.656 
110 1602.9 5.0860 36.674 
115 1620.6 5.1318 37.655 
120 1637.7 5.1756 38.604 
125 1654.3 5.2176 39.525 
130 1670.5 5.2581 40.422 

Saturation t = 80°C, p=5100.5 kPa 

Temp. Enlha lpy  Ehlropy S p .  Vol. 

Saturation t = 75*C, p=3689.1 kPa 
T t m p .  Enthalpy Entropy S p .  Vol. 

O C  k J / k s  k l / ( k g . K )  L / k s  
75 1480.3 4.7913 33.547 
80  1504.2 4.8594 35.000 
85 1526.2 4.9213 36.344 
90 1546.8 4.9783 37.606 
95 1566.2 5.0314 38.802 

100 1584.7 5.0813 39.944 
105 1602.4 5.1286 41.041 
110 1619.6 5.1736 42.100 
115 1636.2 5.2167 43.127 
120 1652.4 5.2581 44.125 
125 1668.2 5.2980 45.100 

Saturation t = 85"C, p=4595.6 kPa 
T c m p  Enthalpy Entropy S p .  Vol. 

O C  kJ/kg k J / ( k s . K )  L /ks  
85 1468.3 4.6820 26.179 
90 1495.4 4.7574 27.510 
95 1520.0 4.8245 28.720 

100 1542.6 4.8855 29.840 
105 1563.7 4.9418 30.891 
110 1583.7 4.9942 31.886 
-115 1602.7 5.0436 32.836 
120 1621.0 5.0904 33.749 
125 1638.6 5.1350 34.629 
130 1655.8 5.1777 35.482 
135 1672.4 5.2187 36.312 

Saturation t = B5'C, p=5646.2 kPa 
T e m p .  E n l h d p y  Entropy S p .  Vol. 

O C  kJ /kg  k J / ( k s . K )  L /kg  
95 1450.1 4.5651 20.392 

100 1481.9 4.6509 21.658 
105 1509.7 4.7251 22.776 
110 1534.9 4.7913 23.793 
115 1558.2 4.8516 24.735 
120 1579.9 4.9072 25.619 
125 1600.5 4.9592 26.456 
130 1620.1 5.0081 27.255 
135 1638.9 5.0545 28.022 
140 1657.1 5.0987 28.762 
145 1674.7 5.1412 29.479 
150 1691.9 5.1820 30.175 
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Table A.27. Properties of ammonia saturated liquid and vapor in 
I-P units*. 

Temp., 
OF 

-105 
-100 
-95 
-90 
-85 
-80 
-78 
-76 
-74 
-72 
-70 
-68 
-66 
-64 
-62 
-60 
-59 
-58 
-57 
-56 
-55 
-54 
-53 
-52 
-51 
-50 
-49 
-48 
-47 
-46 
-45 
-44 
-43 
-42 
-41 
-40 
-39 
-38 
-37 
-36 

Pressure, 
psia 

0.9947 
1.2334 
1.5191 
1.8589 
2.2608 
2.7335 
2.9444 
3.1688 
3.4073 
3.6607 
3.9295 
4.2147 
4.5168 
4.8367 
5.1752 
5.5331 
5.7193 
5.9112 
6.1081 
6.3104 
6.5182 
6.7317 
6.9508 
7.1758 
7.4068 
7.6438 
7.8870 
8.1366 
8.3926 
8.6552 
8.9245 
9.2006 
9.4837 
9.7739 
10.071 
10.376 
10.688 
11.008 
11.336 
11.671 

Enthalp 

h f 
-68.756 
-63.128 
-57.424 
-52.295 
-47.067 
-41.679 
-39.673 
-37.496 
-35.495 
-33.415 
-31.341 
-29.173 
-27.091 
-25.123 
-22.958 
-20.809 
-19.856 
-18.887 
-17.835 
-16.796 
-15.694 
-14.683 
-13.568 
-12.520 
-11.603 
-10.431 
-9.357 
-8.356 
-7.338 
-6.255 
-5.274 
-4.290 
-3.033 
-2.088 
-1.009 
0.000 
1.030 
2.111 
3.234 
4.231 

-35 1 12.015 1 5.201 1 539.00 / 0.0124 ( 
*From equations of Haar and Gallagher, "Therm( 

) Liquid, 
PI 1b/ft3 
45.709 
45.517 
45.322 
45.130 
44.931 
44.727 
44.649 
44.570 
44.491 
44.408 
44.327 
44.247 
44.161 
44.079 
43.997 
43.911 
43.869 
43.529 
43.787 
43.745 
43.702 
43.659 
43.621 
43.577 
43.538 
43.493 
43.450 
43.408 
43.364 
43.323 
43.281 
43.241 
43.196 
43.154 
43.111 
43.069 
43.026 
42.983 
42.941 
42.896 

Vapor, 
v, ft3/lb 
223.74 
182.85 
150.40 
124.48 
103.63 
86.761 
80.932 
75.557 
70.599 
66.019 
61.785 
57.869 
54.242 
50.881 
47.764 
44.871 
43.502 
42.183 
40.911 
39.684 
35.501 
37.359 
36.257 
35.194 
34.167 
33.177 
32.220 
31.295 
30.402 
29.540 
28.706 
27.900 
27.122 
26.368 
25.640 
24.936 
24.255 
23.595 
22.957 
22.340 

Entropy, 

Sf 

-0.1776 
-0.1623 
-0.1465 
-0.1327 
-0.1182 
-0.1041 
-0.0989 
-0.0933 
-0.0881 
-0.0827 
-0.0773 
-0.0718 
-0.0665 
-0.0613 
-0.0561 
-0.0507 
-0.0484' 
-0.0459 
-0.0431 
-0.0407 
-0.0379 
-0.0354 
-0.0328 
-0.0302 
-0.0280 
-0.0251. 
-0.0225 
-0.0201 
-0.0176 
-0.0149 
-0.0126 
-0.0100 
-0.0072 
-0.0049 
-0.0023 
0.0000 
0.0025 
0.0051 
0.0077 
0.0101 

1.4109 1 42.855 1 21.742 
>dynamic Properties of 

. 

Ammonia," Journal of P h y s .  and Chem. Reference Data, vol. 7 ,  no. 3, 1978. 
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